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Piston-engine cycles
of operation

Heinz Heisler

1.1.1 The internal-combustion
engine

The piston engine is known as an internal-combustion
heat-engine. The concept of the piston engine is that
a supply of air-and-fuel mixture is fed to the inside of the
cylinder where it is compressed and then burnt. This
internal combustion releases heat energy which is then
converted into useful mechanical work as the high gas
pressures generated force the piston to move along its
stroke in the cylinder. It can be said, therefore, that
a heat-engine is merely an energy transformer.

To enable the piston movement to be harnessed, the
driving thrust on the piston is transmitted by means of
a connecting-rod to a crankshaft whose function is to
convert the linear piston motion in the cylinder to
a rotary crankshaft movement (Fig. 1.1-1). The piston
can thus be made to repeat its movement to and fro, due
to the constraints of the crankshaft crankpin’s circular
path and the guiding cylinder.

The backward-and-forward displacement of the
piston is generally referred to as the reciprocating motion
of the piston, so these power units are also known as
reciprocating engines.

1.1.1.1 Engine components and terms

The main problem in understanding the construction of
the reciprocating piston engine is being able to identify
and name the various parts making up the power unit. To
this end, the following briefly describes the major
components and the names given to them (Figs. 1.1-1
and 1.1-2).

Cylinder block  This is a cast structure with cylin-
drical holes bored to guide and support the pistons and to

Vehicle and Engine Technology, ISBN: 9780340691861

» ﬁu{ Piston
o —.gi Gudgeon-pin

Connecting-rod

Fig. 1.1-1 Pictorial view of the basic engine.

harness the working gases. It also provides a jacket to
contain a liquid coolant.

Cylinder head  This casting encloses the combus-
tion end of the cylinder block and houses both the inlet
and exhaust poppet-valves and their ports to admit air—
fuel mixture and to exhaust the combustion products.

Crankcase  This is a cast rigid structure which sup-
ports and houses the crankshaft and bearings. It is usually
cast as a mono-construction with the cylinder block.

Sump  This is a pressed-steel or cast-aluminium-
alloy container which encloses the bottom of the crank-
case and provides a reservoir for the engine’s lubricant.

Copyright © 1998 Heinz Heisler. All rights of reproduction, in any form, reserved.
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Fig. 1.1-2 Sectional view of the basic engine.

Piston  This is a pressure-tight cylindrical plunger
which is subjected to the expanding gas pressure. Its
function is to convert the gas pressure from combustion
into a concentrated driving thrust along the connecting-
rod. It must therefore also act as a guide for the small-
end of the connecting-rod.

Piston rings  These are circular rings which seal the
gaps made between the piston and the cylinder, their
object being to prevent gas escaping and to control the
amount of lubricant which is allowed to reach the top of
the cylinder.

Gudgeon-pin  This pin transfers the thrust from the
piston to the connecting-rod small-end while permitting
the rod to rock to and fro as the crankshaft rotates.

Connecting-rod ~ This acts as both a strut and a tie
link-rod. It transmits the linear pressure impulses acting
on the piston to the crankshaft big-end journal, where
they are converted into turning-effort.

Crankshaft A simple crankshaft consists of a cir-
cular-sectioned shaft which is bent or cranked to form
two perpendicular crank-arms and an offset big-end
journal. The unbent part of the shaft provides the main
journals. The crankshaft is indirectly linked by the
connecting-rod to the piston — this enables the straight-
line motion of the piston to be transformed into a rotary
motion at the crankshaft about the main-journal axis.

Crankshaft journals  These are highly finished cy-
lindrical pins machined parallel on both the centre axes
and the offset axes of the crankshaft. When assembled,
these journals rotate in plain bush-type bearings mounted
in the crankcase (the main journals) and in one end of the
connecting-rod (the big-end journal).

Small-end  Thisrefers to the hinged joint made by the
gudgeon-pin between the piston and the connecting-rod

Sump

so that the connecting-rod is free to oscillate relative to the
cylinder axis as it moves to and fro in the cylinder.

Big-end  This refers to the joint between the
connecting-rod and the crankshaft big-end journal which
provides the relative angular movement between the two
components as the engine rotates.

Main-ends  This refers to the rubbing pairs formed
between the crankshaft main journals and their re-
spective plain bearings mounted in the crankcase.

Line of stroke  The centre path the piston is forced
to follow due to the constraints of the cylinder is known
as the line of stroke.

Inner and outer dead centres ~ When the crankarm
and the connecting-rod are aligned along the line of
stroke, the piston will be in either one of its two ex-
treme positions. If the piston is at its closest position to
the cylinder head, the crank and piston are said to be at
inner dead centre (IDC) or top dead centre (TDC).
With the piston at its furthest position from the cyl-
inder head, the crank and piston are said to be at outer
dead centre (ODC) or bottom dead centre (BDC).
These reference points are of considerable importance
for valve-to-crankshaft timing and for either ignition or
injection settings.

Clearance volume  The space between the cylinder
head and the piston crown at TDC is known as the
clearance volume or the combustion-chamber space.

Crank-throw  The distance from the centre of the
crankshaft main journal to the centre of the big-end
journal is known as the crank-throw. This radial length
influences the leverage the gas pressure acting on the
piston can apply in rotating the crankshaft.

Piston stroke = The piston movement from IDC to
ODC is known as the piston stroke and corresponds
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to the crankshaft rotating half a revolution or 180°. It is
also equal to twice the crank-throw.

ie. L=2R
where L = piston stroke
and R = crank-throw

Thus a long or short stroke will enable a large or small
turning-effort to be applied to the crankshaft
respectively.

Cylinder bore  The cylinder block is initially cast
with sand cores occupying the cylinder spaces. After the
sand cores have been removed, the rough holes are ma-
chined with a single-point cutting tool attached radially
at the end of a rotating bar. The removal of the unwanted
metal in the hole is commonly known as boring the cyl-
inder to size. Thus the finished cylindrical hole is known
as the cylinder bore, and its internal diameter simply as
the bore or bore size.

1.1.1.2 The four-stroke-cycle
spark-ignition (petrol) engine

The first internal-combustion engine to operate suc-
cessfully on the four-stroke cycle used gas as a fuel and
was built in 1876 by Nicolaus August Otto, a self-taught
German engineer at the Gas-motoreufabrik Deutz
factory near Cologne, for many years the largest manu-
facturer of internal-combustion engines in the world. It
was one of Otto’s associates — Gottlieb Daimler — who
later developed an engine to run on petrol which was
described in patent number 4315 of 1885. He
also pioneered its application to the motor vehicle
(Fig. 1.1-3).

Petrol engines take in a flammable mixture of air and
petrol which is ignited by a timed spark when the charge
is compressed. These engines are therefore sometimes
called spark-ignition (S.I.) engines.

These engines require four piston strokes to complete
one cycle: an air-and-fuel intake stroke moving outward
from the cylinder head, an inward movement towards
the cylinder head compressing the charge, an outward
power stroke, and an inward exhaust stroke.

Induction stroke (Fig. 1.1-3(a))  The inlet valve is
opened and the exhaust valve is closed. The piston
descends, moving away from the cylinder head
(Fig. 1.1-3(a)). The speed of the piston moving along
the cylinder creates a pressure reduction or depression
which reaches a maximum of about 0.3 bar below at-
mospheric pressure at one-third from the beginning of
the stroke. The depression actually generated will
depend on the speed and load experienced by the
engine, but a typical average value might be 0.12 bar
below atmospheric pressure. This depression induces
(sucks in) a fresh charge of air and atomised petrol in

proportions ranging from 10 to 17 parts of air to one
part of petrol by weight.

An engine which induces fresh charge by means of
a depression in the cylinder is said to be ‘normally aspi-
rated’ or ‘naturally aspirated’.

Compression stroke (Fig. 1.1-3(b))  Both the inlet
and the exhaust valves are closed. The piston begins to
ascend towards the cylinder head (Fig. 1.1-3(b)). The
induced air-and-petrol charge is progressively com-
pressed to something of the order of one-eighth to one-
tenth of the cylinder’s original volume at the piston’s
innermost position. This compression squeezes the air
and atomised-petrol molecules closer together and not
only increases the charge pressure in the cylinder but
also raises the temperature. Typical maximum cylinder
compression pressures will range between 8 and 14 bar
with the throttle open and the engine running under
load.

Power stroke (Fig. 1.1-3(c))  Both the inlet and the
exhaust valves are closed and, just before the piston ap-
proaches the top of its stroke during compression,
a spark-plug ignites the dense combustible charge
(Fig. 1.1-3(c)). By the time the piston reaches the in-
nermost point of its stroke, the charge mixture begins to
burn, generates heat, and rapidly raises the pressure in
the cylinder until the gas forces exceed the resisting load.
The burning gases then expand and so change the piston’s
direction of motion and push it to its outermost position.
The cylinder pressure then drops from a peak value of
about 60 bar under full load down to maybe 4 bar near
the outermost movement of the piston.

Exhaust stroke (Fig. 1.1-3(d)) At the end of the
power stroke the inlet valve remains closed but the ex-
haust valve is opened. The piston changes its direction of
motion and now moves from the outermost to the in-
nermost position (Fig. 1.1-3(d)). Most of the burnt gases
will be expelled by the existing pressure energy of the
gas, but the returning piston will push the last of the
spent gases out of the cylinder through the exhaust-valve
port and to the atmosphere.

During the exhaust stroke, the gas pressure in the
cylinder will fall from the exhaust-valve opening pressure
(which may vary from 2 to 5 bar, depending on the engine
speed and the throttle-opening position) to atmospheric
pressure or even less as the piston nears the innermost
position towards the cylinder head.

Cycle of events in a four-cylinder engine (Figs.
1.1-3(e)-(g))  Fig. 1.1-3(e) illustrates how the cycle of
events — induction, compression, power, and exhaust — is
phased in a four-cylinder engine. The relationship
between cylinder pressure and piston stroke position
over the four strokes is clearly shown in Figs. 1.1-3(f) and
(g) and, by following the arrows, it can be seen that
a figures of eight is repeatedly being traced.
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Fig. 1.1-3 Four-stroke-cycle petrol engine.

1.1.1.3 Valve timing diagrams

In practice, the events of the four-stroke cycle do not
start and finish exactly at the two ends of the strokes - to
improve the breathing and exhausting, the inlet valve is
arranged to open before TDC and to close after BDC and

6

the exhaust valve opens before BDC and closes after
TDC. These early and late opening and closing events can
be shown on a valve timing diagram such as Fig. 1.1-4.

Valve lead  This is where a valve opens so many
degrees of crankshaft rotation before either TDC or
BDC.
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Fig. 1.1-4 Valve timing diagram.

Valve lag  This is where a valve closes so many de-
grees of crankshaft rotation after TDC or BDC.

Valve overlap  This is the condition when both the
inlet and the exhaust valves are open at the same time
during so many degrees of crankshaft rotation.

1.1.2 The two-stroke-cycle petrol
engine

The first successful design of a three-port two-stroke
engine was patented in 1889 by Joseph Day & Son of
Bath. This employed the underside of the piston in
conjunction with a sealed crank-case to form a scavenge
pump (‘scavenging’ being the pushing-out of exhaust gas
by the induction of fresh charge) (Fig. 1.1-5).

This engine completes the cycle of events — induction,
compression, power, and exhaust — in one revolution of
the crankshaft or two complete piston strokes.

Crankcase-to-cylinder mixture transfer (Fig. 1.1-5(a))
The piston moves down the cylinder and initially uncovers
the exhaust port (E), releasing the burnt exhaust gases to
the atmosphere. Simultaneously the downward move-
ment of the underside of the piston compresses the pre-
viously filled mixture of air and atomised petrol in the
crankcase (Fig. 1.1-5(a)). Further outward movement of
the piston will uncover the transfer port (T), and the
compressed mixture in the crankcase will then be trans-
ferred to the combustion-chamber side of the cylinder.
The situation in the cylinder will then be such that the fresh
charge entering the cylinder will push out any remaining
burnt products of combustion — this process is generally
referred to as cross-flow scavenging.

Cylinder compression and crankcase induction
(Fig. 1.1-5(b))  The crankshaft rotates, moving the
piston in the direction of the cylinder head. Initially the

piston seals off the transfer port, and then a short time
later the exhaust port will be completely closed. Further
inward movement of the piston will compress the mix-
ture of air and atomised petrol to about one-seventh to
one-eighth of its original volume (Fig. 1.1-5(b)).

At the same time as the fresh charge is being com-
pressed between the combustion chamber and the piston
head, the inward movement of the piston increases the
total volume in the crank-case so that a depression is
created in this space. About half-way up the cylinder
stroke, the lower part of the piston skirt will uncover the
inlet port (I), and a fresh mixture of air and petrol pre-
pared by the carburettor will be induced into the crank-
case chamber (Fig. 1.1-5(b)).

Cylinder combustion and crankcase compression
(Fig. 1.1-5(c))  Just before the piston reaches the top
of its stroke, a spark-plug situated in the centre of the
cylinder head will be timed to spark and ignite the dense
mixture. The burning rate of the charge will rapidly raise
the gas pressure to a maximum of about 50 bar under full
load. The burning mixture then expands, forcing the
piston back along its stroke with a corresponding
reduction in cylinder pressure (Fig. 1.1-5(c)).

Considering the condition underneath the piston in the
crankcase, with the piston initially at the top of its stroke,
fresh mixture will have entered the crankcase through the
inlet port. As the piston moves down its stroke, the piston
skirt will cover the inlet port, and any further downward
movement will compress the mixture in the crankcase in
preparation for the next charge transfer into the cylinder
and combustion-chamber space (Fig. 1.1-5(c)).

The combined cycle of events adapted to a three-
cylinder engine is shown in Fig. 1.1-5(d). Figs. 1.1-5(e)
and (f) show the complete cycle in terms of opening and
closing events and cylinder volume and pressure changes
respectively.

1.1.2.1 Reverse-flow (Schnuerle)
scavenging

To improve scavenging efficiency, a loop-scavenging
system which became known as the reverse-flow or (after
its inventor, Dr E. Schnuerle) as the Schnuerle scaveng-
ing system was developed (Fig. 1.1-6). This layout has
a transfer port on each side of the exhaust port, and these
direct the scavenging charge mixture in a practically
tangential direction towards the opposite cylinder wall.
The two separate columns of the scavenging mixture
meet and merge together at this wall to form one inward
rising flow which turns under the cylinder head and then
flows down on the entry side, thus forming a complete
loop. With this form of porting, turbulence and inter-
mixing of fresh fuel mixture with residual burnt gases
will be minimal over a wide range of piston speeds.

7
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Fig. 1.1-5 Two-stroke-cycle petrol engine.

Note that in this particular design the charge mixture is
transferred through ports formed in the piston skirt. Al-
ternatively, extended transfer passages may be preferred
so that the piston skirt plays no part in the timed transfer.

1.1.2.2 Crankcase disc-valve and
reed-valve inlet charge control

An alternative to the piston-operated crankcase inlet port
is to use a disc-valve attached to and driven by the
crankshaft (Fig. 1.1-7(a)). This disc-valve is timed to

8

(d)

open and close so that the fresh charge is induced to
enter the crankcase as early as possible, and only at the
point when the charge is about to be transferred into the
cylinder is it closed. This method of controlling crankcase
induction does not depend upon the piston displacement
to uncover the port — it can therefore be so phased as to
extend the filling period (Fig. 1.1-7).

A further method of improving crankcase filling is the
use of reed-valves (Fig. 1.1-7(b)). These valves are not
timed to open and close, but operate automatically when
the pressure difference between the crankcase and the
air intake is sufficient to deflect the reed-spring. In other
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Fig. 1.1-6 Reverse flow or Schnuerle scavenging.

words, these valves sense the requirements of the
crankcase and so adjust their opening and closing fre-
quencies to match the demands of the engine.

1.1.2.3 Comparison of two- and four-
stroke-cycle petrol engines

The following remarks compare the main points re-
garding the effectiveness of both engine cycles.

a) The two-stroke engine completes one cycle of
events for every revolution of the crankshaft, com-
pared with the two revolutions required for the
four-stroke engine cycle.

b) Theoretically, the two-stroke engine should develop
twice the power compared to a four-stroke engine of
the same cylinder capacity.

c) In practice, the two-stroke engine’s expelling of
the exhaust gases and filling of the cylinder with
fresh mixture brought in through the crankcase is
far less effective than having separate exhaust and
induction strokes. Thus the mean effective cylin-
der pressures in two-stroke units are far lower
than in equivalent four-stroke engines.

d) With a power stroke every revolution instead of
every second revolution, the two-stroke engine

-Disc-valve

Reed stop

Reed spring

Reed-valve

(b} Crankcase reed-valve induction

Fig. 1.1-7 Crankcase disc-valve and reed-valve induction.

will run smoother than the four-stroke power unit
for the same size of flywheel.

e) Unlike the four-stroke engine, the two-stroke
engine does not have the luxury of separate ex-
haust and induction strokes to cool both the cylin-
der and the piston between power strokes. There is
therefore a tendency for the piston and small-end to
overheat under heavy driving conditions.

f) Due to its inferior scavenging process, the two-
stroke engine can suffer from the following:

i) inadequate transfer of fresh mixture into the
cylinder,

ii) excessively large amounts of residual exhaust gas
remaining in the cylinder,
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iii) direct expulsion of fresh charge through the
exhaust port.

These undesirable conditions may occur under dif-
ferent speed and load situations, which greatly
influences both power and fuel consumption.

g) Far less maintenance is expected with the two-
stroke engine compared with the four-stroke
engine, but there can be a problem with the prod-
ucts of combustion carburising at the inlet, transfer,
and exhaust ports.

h) Lubrication of the two-stroke engine is achieved by
mixing small quantities of oil with petrol in pro-
portions anywhere between 1:16 and 1:24 so that,
when crankcase induction takes place, the various
rotating and reciprocating components will be
lubricated by a petroil-mixture mist. Clearly a
continuous proportion of oil will be burnt in the
cylinder and expelled into the atmosphere to add to
unwanted exhaust emission.

i) There are fewer working parts in a two-stroke
engine than in a four-stroke engine, so two-stroke
engines are generally cheaper to manufacture.

1.1.3 Four-stroke-cycle
compression-ignition (diesel) engine

Compression-ignition (C.1.) engines burn fuel oil which
is injected into the combustion chamber when the air
charge is fully compressed. Burning occurs when the
compression temperature of the air is high enough to
spontaneously ignite the finely atomised liquid fuel. In
other words, burning is initiated by the self-generated
heat of compression (Fig. 1.1-8).

Engines adopting this method of introducing and
mixing the liquid fuel followed by self-ignition are also
referred to as ‘oil engines’, due to the class of fuel burnt,
or as ‘diesel engines’ after Rudolf Diesel, one of the many
inventors and pioneers of the early C.I. engine. Note: in
the United Kingdom fuel oil is known as ‘DERV’, which
is the abbreviation of ‘diesel-engine road vehicle’.

Just like the four-stroke-cycle petrol engine, the C.I.
engine completes one cycle of events in two crankshaft
revolutions or four piston strokes. The four phases of
these strokes are (i) induction of fresh air, (ii) com-
pression and heating of this air, (iii) injection of fuel and
its burning and expansion, and (iv) expulsion of the
products of combustion.

Induction stroke (Fig. 1.1-8(a))  With the inlet
valve open and the exhaust valve closed, the piston
moves away from the cylinder head (Fig. 1.1-8(a)).

The outward movement of the piston will establish
a depression in the cylinder, its magnitude depending on
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the ratio of the cross-sectional areas of the cylinder and
the inlet port and on the speed at which the piston is
moving. The pressure difference established between
the inside and outside of the cylinder will induce air at
atmospheric pressure to enter and fill up the cylinder.
Unlike the petrol engine, which requires a charge of air-
and-petrol mixture to be drawn past a throttle valve, in
the diesel-engine inlet system no restriction is necessary
and only pure air is induced into the cylinder. A maxi-
mum depression of maybe 0.15 bar below atmospheric
pressure will occur at about one-third of the distance
along the piston’s outward stroke, while the overall
average pressure in the cylinder might be 0.1 bar or
even less.

Compression stroke (Fig. 1.1-8(b))  With both the
inlet and the exhaust valves closed, the piston moves
towards the cylinder head (Fig. 1.1-8(b)).

The air enclosed in the cylinder will be compressed
into a much smaller space of anything from 1/12 to 1/24
of its original volume. A typical ratio of maximum to
minimum air-charge volume in the cylinder would be
16:1, but this largely depends on engine size and designed
speed range.

During the compression stroke, the air charge initially
at atmospheric pressure and temperature is reduced in
volume until the cylinder pressure is raised to between
30 and 50 bar. This compression of the air generates heat
which will increase the charge temperature to at least
600 °C under normal running conditions.

Power stroke (Fig. 1.1-8(c))  With both the inlet
and the exhaust valves closed and the piston almost at
the end of the compression stroke (Fig. 1.1-8(c)), diesel
fuel oil is injected into the dense and heated air as
a high-pressure spray of fine particles. Provided that
they are properly atomised and distributed throughout
the air charge, the heat of compression will then quickly
vaporise and ignite the tiny droplets of liquid fuel.
Within a very short time, the piston will have reached
its innermost position and extensive burning then
releases heat energy which is rapidly converted into
pressure energy. Expansion then follows, pushing the
piston away from the cylinder head, and the linear
thrust acting on the piston end of the connecting-rod
will then be changed to rotary movement of the
crankshaft.

Exhaust stroke ~ When the burning of the charge is
near completion and the piston has reached the out-
ermost position, the exhaust valve is opened. The piston
then reverses its direction of motion and moves towards
the cylinder head (Fig. 1.1-8(d)).

The sudden opening of the exhaust valve towards the
end of the power stroke will release the still burning
products of combustion to the atmosphere. The pressure
energy of the gases at this point will accelerate their
expulsion from the cylinder, and only towards the end of
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Fig. 1.1-8 Four-stroke-cycle diesel engine.

the piston’s return stroke will the piston actually catch
up with the tail-end of the outgoing gases.

Fig. 1.1-8(e) illustrates the sequence of the four op-
erating strokes as applied to a four-cylinder engine, and
the combined operating events expressed in terms of
cylinder pressure and piston displacement are shown in

Figs. 1.1-8(f) and (g).

1.1.3.1 Historical background to the
C.l. engine

Credit for the origination of the C.I. engine is contro-
versial, as eminent engineers cannot agree amongst
themselves as to which of the patents by Herbert
Akroyd-Stuart or Rudolf Diesel contributed most to the

Ll
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instigation and evolution of the high-speed C.I. engine
burning heavy fuel oil. A brief summary of the back-
ground and achievements of these two pioneers is as
follows.

Herbert Akroyd-Stuart, born 1864, was trained as an
engineer in his father’s works at Fenny Stratford, England.
Between 1885 and 1890 he took out several patents for
improvements to oil engines, and later, in conjunction
with a Charles R. Binney of London, he took out patent
number 7146 of 1890 describing the operation of his
engine. Air alone was drawn into the cylinder and com-
pressed into a separate combustion chamber (known as
the vaporiser) through a contracted passage or bottle-
neck. A liquid fuel spray was then injected into the
compressed air near the end of the compression stroke by
means of a pump and a spraying nozzle. The combination
of the hot chamber and the rise in temperature of the
compressed air provided automatic ignition and rapid
combustion at nearly constant volume — a feature of the
C.I. engines of today.

These early engines were of low compression, the
explosion taking place mainly due to the heat of the
vaporiser chamber itself so that these engines became
known as ‘hot-bulb’ or ‘surface-ignition’ engines. At
starting, the separate combustion chamber was heated
externally by an oil-lamp until the temperature attained
was sufficient to ignite a few charges by compression.
Then the chamber was maintained at a high enough
temperature by the heat retained from the explosion
together with the heat of the compressed air.

Rudolf Diesel was born in Paris in 1858, of German
parents, and was educated at Augsburg and Munich. His
works training was with Gebrii-der Sulzer in Winterthur.
Dr Diesel’s first English patent, number 7421, was dated
1892 and was for an engine working on the ideal Carnot
cycle and burning all kinds of fuel — solid, liquid, and
gas — but the practical difficulties of achieving this ther-
modynamic cycle proved to be far too much. A reliable
diesel oil engine was built in 1897 after four years of
experimental work in the Mashinen-fabrik Augsburg
Niirnberg (MAN) workshops.

In this engine, air was drawn into the cylinder and was
compressed to 35-40 bar. Towards the end of the com-
pression stroke, an air blast was introduced into the
combustion space at a much higher pressure, about
68-70 bar, thus causing turbulence in the combustion
chamber. A three-stage compressor driven by the engine
(and consuming about 10% of the engine’s gross power)
supplied compressed air which was stored in a reservoir.
This compressed air served both for starting the engine
and for air-injection into the compressed air already in
the cylinder — that is, for blasting air to atomise the oil
fuel by forcing it through perforated discs fitted around
a fluted needle-valve injector. The resulting finely divided
oil mist ignites at once when it contacts the hot
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compressed cylinder air, and the burning rate then tends
to match the increasing cylinder volume as the piston
moves outwards — expansion will therefore take place at
something approaching constant pressure.

A summary of the combustion processes of Akroyd-
Stuart and Diesel is that the former inventor used a low
compression-ratio, employed airless liquid-fuel injection,
and relied on the hot combustion chamber to vaporise and
ignite the fuel; whereas Diesel employed a relatively high
compression-ratio, adopted air-injection to atomise the
fuel, and made the hot turbulent air initiate burning. It
may be said that the modern high-speed C.I. engine em-
braces both approaches in producing sparkless automatic
combustion — combustion taking place with a combined
process of constant volume and constant pressure known
as either the mixed or the dual cycle.

1.1.4 Two-stroke-cycle diesel
engine

The pump scavenge two-stroke-cycle engine designed by
Sir Dugald Clerk in 1879 was the first successful two-
stroke engine; thus the two-stroke-cycle engine is
sometimes called the Clerk engine. Uniflow scavenging
took place - fresh charge entering the combustion
chamber above the piston while the exhaust outflow
occurred through ports uncovered by the piston at its
outermost position.

Low- and medium-speed two-stroke marine diesels
still use this system, but high-speed two-stroke diesels
reverse the scavenging flow by blowing fresh charge
through the bottom inlet ports, sweeping up through the
cylinder and out of the exhaust ports in the cylinder head
(Fig. 1.1-9(a)).

With the two-stroke-cycle engine, intake and exhaust
phases take place during part of the compression and
power stroke respectively, so that a cycle of operation is
completed in one crankshaft revolution or two piston
strokes. Since there are no separate intake and exhaust
strokes, a blower is necessary to pump air into the
cylinder for expelling the exhaust gases and to supply the
cylinder with fresh air for combustion.

Scavenging (induction and exhaust) phase (Fig.
1.1-9(a))  The piston moves away from the cylinder
head and, when it is about half-way down its stroke, the
exhaust valves open. This allows the burnt gases to escape
into the atmosphere. Near the end of the power stroke,
a horizontal row of inlet air ports is uncovered by the
piston lands (Fig. 1.1-9(a)). These ports admit pressur-
ised air from the blower into the cylinder. The space above
the piston is immediately filled with air, which now blows
up the cylinder towards the exhaust valves in the cylinder
head. The last remaining exhaust gases will thus be forced
out of the cylinder into the exhaust system. This process
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of fresh air coming into the cylinder and pushing out
unwanted burnt gas is known as scavenging.
Compression phase (Fig. 1.1-9(b))  Towards the
end of the power stroke, the inlet ports will be un-
covered. The piston then reaches its outermost position
and reverses its direction of motion. The piston now
moves upwards so that the piston seals and closes the

inlet air ports, and just a little later the exhaust valves
close. Any further upward movement will now compress
the trapped air (Fig. 1.1-9(b)). This air charge is now
reduced to about 1/15 to 1/18 of its original volume as
the piston reaches the innermost position. This change in
volume corresponds to a maximum cylinder pressure of

about 30-40 bar.
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Power phase (Fig. 1.1-9(c))  Shortly before the
piston reaches the innermost position to the cylinder
head on its upward compression stroke, highly pressur-
ised liquid fuel is sprayed into the dense intensely heated
air charge (Fig. 1.1-9(c)). Within a very short period of
time, the injected fuel droplets will vaporise and ignite,
and rapid burning will be established by the time the
piston is at the top of its stroke. The heat liberated from
the charge will be converted mainly into gas-pressure
energy which will expand the gas and so do useful work in
driving the piston outwards.

An overall view of the various phases of operation in
a two-stroke-cycle three-cylinder diesel engine is shown
in Figs. 1.1-9(d), and Figs. 1.1-9(e) and (f) show the
cycle of events in one crankshaft revolution expressed in
terms of piston displacement and cylinder pressure.

1.1.4.1 Comparison of two- and
four-stroke-cycle diesel engines

A brief but critical comparison of the merits and limi-
tations of the two-stroke-cycle diesel engine compared
with the four-stroke power unit is made below.

a) Theoretically, almost twice the power can be devel-
oped with a two-stroke engine compared with
a four-stroke engine.

b) A comparison between a typical 12 litre four-stroke
engine and a 7 litre two-stroke engine having the
same speed range would show that they would de-
velop similar torque and power ratings. The ratio of
engine capacities for equivalent performance for
these four-stroke and two-stroke engines would
be 1.7:1.

c) In a four-stroke engine, the same parts generate
power and empty and fill the cylinders. With the
two-stroke engine, the emptying and filling can be
carried out by light rotary components.

d) With a two-stroke engine, 40-50% more air con-
sumption is necessary for the same power output;
therefore the air-pumping work done will be
proportionally greater.

e) About 10-20% of the upward stroke of a two-stroke
engine must be sacrificed to emptying and filling the
cylinder.

f) The time available for emptying and filling a cylinder
is considerably less in a two-stroke-cycle engine —
something like 33% of the completed cycle as
compared to 50% in a four-stroke engine. Therefore
more power will be needed to force a greater mass
of air into the cylinder in a shorter time.

g) Compared with a two-stroke engine, more power is
needed by the piston for emptying and filling the
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cylinder in a four-stroke engine, due to pumping and
friction losses at low speeds. At higher engine
speeds the situation is reversed, and the two-
stroke’s Rootes blower will consume proportionally
more engine power — this could be up to 15% of the
developed power at maximum speed.

h) With reduced engine load for a given speed, a two-
stroke engine blower will consume proportionally
more of the power developed by the engine.

i) A two-stroke engine runs smoother and relatively
quietly, due to the absence of reversals of loading
on bearings as compared with a four-stroke
engine.

1.1.5 Comparison of S.l.
and C.l. engines

The pros and cons of petrol and C.I. engines are now
considered.

Fuel economy  The chief comparison to be made
between the two types of engine is how effectively each
engine can convert the liquid fuel into work energy.
Different engines are compared by their thermal effi-
ciencies. Thermal efficiency is the ratio of the useful
work produced to the total energy supplied. Petrol
engines can have thermal efficiencies ranging between
20% and 30%. The corresponding diesel engines generally
have improved efficiencies, between 30% and 40%. Both
sets of efficiency values are considerably influenced by
the chosen compression-ratio and design.

Power and torque  The petrol engine is usually
designed with a shorter stroke and operates over a much
larger crankshaft-speed range than the diesel engine. This
enables more power to be developed towards the upper
speed range in the petrol engine, which is necessary for
high road speeds; however, a long-stroke diesel engine
has improved pulling torque over a relatively narrow
speed range, this being essential for the haulage of heavy
commercial vehicles.

At the time of writing, there was a trend to in-
corporate diesel engines into cars. This new generation of
engines has different design parameters and therefore
does not conform to the above observations.

Reliability = Due to their particular process of com-
bustion, diesel engines are built sturdier, tend to run
cooler, and have only half the speed range of most petrol
engines. These factors make the diesel engine more re-
liable and considerably extend engine life relative to the
petrol engine.

Pollution  Diesel engines tend to become noisy and
to vibrate on their mountings as the operating load is
reduced. The combustion process is quieter in the petrol
engine and it runs smoother than the diesel engine. There
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is no noisy injection equipment used on the petrol engine,
unlike that necessary on the diesel engine.

The products of combustion coming out of the ex-
haust system are more noticeable with diesel engines,
particularly if any of the injection equipment compo-
nents are out of tune. It is questionable which are the
more harmful: the relatively invisible exhaust gases from
the petrol engine, which include nitrogen dioxide, or the
visible smoky diesel exhaust gases.

Safety  Unlike petrol, diesel fuels are not flammable
at normal operating temperature, so they are not a han-
dling hazard and fire risks due to accidents are minimised.

Cost  Due to their heavy construction and injection
equipment, diesel engines are more expensive than
petrol engines.

1.1.6 Engine-performance
terminology

To enable intelligent comparisons to be made between
different engines’ ability to pull or operate at various
speeds, we shall now consider engine design parameters
and their relationship in influencing performance
capability.

1.1.6.1 Piston displacement or swept
volume

When the piston moves from one end of the cylinder to
the other, it will sweep or displace air equal to the cylinder
volume between TDC and BDC. Thus the full stroke
movement of the piston is known as either the swept
volume or the piston displacement.

The swept or displaced volume may be calculated as
follows:

7d’L
V= 4000
where V= piston displacement (cm®)
m = 3.142
d = cylinder diameter (mm)
and L = cylinder stroke (mm)

1.1.6.2 Mean effective pressure

The cylinder pressure varies considerably while the gas
expands during the power stroke. Peak pressure will
occur just after TDC, but this will rapidly drop as the
piston moves towards BDC. When quoting cylinder
pressure, it is therefore more helpful to refer to the
average or mean effective pressure throughout the whole
power stroke. The units used for mean effective pressure

may be either kilonewtons per square metre (kN/m?) or
bars (note: 1 bar = 100 kN/m?).

1.1.6.3 Engine torque

This is the turning-effort about the crankshaft’s axis of
rotation and is equal to the product of the force acting
along the connecting-rod and the perpendicular distance
between this force and the centre of rotation of the
crankshaft. It is expressed in newton metres (N m);

ie. T=Fr
where T =engine torque (N m)

F = force applied to crank (N)
and r = effective crank-arm radius (m)

During the 180° crankshaft movement on the power
stroke from TDC to BDC, the effective radius of the
crank-arm will increase from zero at the top of its
stroke to a maximum in the region of mid-stroke and
then decrease to zero again at the end of its downward
movement (Fig. 1.1-10). This implies that the torque
on the power stroke is continually varying. Also, there
will be no useful torque during the idling strokes. In
fact some of the torque on the power stroke will be
cancelled out in overcoming compression resistance and
pumping losses, and the torque quoted by engine
manufacturers is always the average value throughout
the engine cycle.

The average torque developed will vary over the
engine’s speed range. It reaches a maximum at about
mid-speed and decreases on either side (Fig. 1.1-11).

1.1.6.4 Engine power

Power is the rate of doing work. When applied to engines,
power ratings may be calculated either on the basis of
indicated power (i.p.), that is the power actually de-
veloped in the cylinder, or on the basis of brake power
(b.p.), which is the output power measured at the
crankshaft. The b.p. is always less than the i.p., due to
frictional and pumping losses in the cylinders and the
reciprocating mechanism of the engine.

Since the rate of doing work increases with piston
speed, the engine’s power will tend to rise with crank-
shaft speed of rotation, and only after about two-thirds of
the engine’s speed range will the rate of power rise drop
off (Fig. 1.1-11).

The slowing down and even decline in power at the
upper speed range is mainly due to the very short time
available for exhausting and for inducing fresh charge into
the cylinders at very high speeds, with a resulting re-
duction in the cylinders’ mean effective pressures.

Different countries have adopted their own
standardised test procedures for measuring engine per-
formance, so slight differences in quoted output figures
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Fig. 1.1-10 Torque variation during crankshaft rotation (p =
cylinder gas pressure; F = connecting-rod thrust; R = crank-
throw; r = effective crank radius; T = turning-effort or torque).

Torque and power

Speed (rev/min)

Fig. 1.1-11 Torque and power variation over engine speed range.

will exist. Quoted performance figures should therefore
always state the standard used. The three most important
standards are those of the American Society of Automo-
tive Engineers (SAE), the German Deutsch Industrie
Normale (DIN), and the Italian Commissione technica di
Unificazione nell Automobile (CUNA).
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The two methods of calculating power can be
expressed as follows:

. pLANn
P~ 60000
where  i.p. = indicated power (kW)
p = effective pressure (kN/m?)
L = length of stroke (m)
A = cross-sectional area of piston (m?)
N = crankshaft speed (rev/min)
and n = number of cylinders
2w TN
P~ 60000
where  b.p. = brake power (kW)
T =3.142
T =engine torque (N m)
and N = crankshaft speed (rev/min)

The imperial poweris quoted in horsepower (hp) and is
defined in terms of foot pounds per minute. In imperial
units one horsepower is equivalent to 33 000 ft 1b per
minute or 550 ft Ib per second. A metric horsepower is
defined in terms of Newton-metres per second and is
equal to 0.986 imperial horsepower. In Germany the ab-
breviation for horsepower is PS derived from the trans-
lation of the words 'Pferd-Stirke’ meaning horse strength.

The international unit for power is the watt, W, or
more usually the kilowatt, kW, where 1 kW = 1000 W.

Conversion from watt to horsepower and vice versa is:

1 kW = 1.35 hp and 1 hp = 0.746 kW

1.1.6.5 Engine cylinder capacity

Engine sizes are compared on the basis of total cylinder
swept volume, which is known as engine cylinder
capacity. Thus the engine cylinder capacity is equal to the
piston displacement of each cylinder times the number
of cylinders,

where VE = engine cylinder capacity (litre)
V = piston displacement (cm”)
and n = number of cylinders

Piston displacement is derived from the combination
of both the cross-sectional area of the piston and its
stroke. The relative importance of each of these di-
mensions can be demonstrated by considering how they
affect performance individually.

The cross-sectional area of the piston crown influences
the force acting on the connecting-rod, since the product
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of the piston area and the mean effective cylinder pres-
sure is equal to the total piston thrust;

ie. F = pA

where  F = piston thrust (kN)
p = mean effective pressure (kN/m?)
and A = cross-sectional area of piston (m?)

The length of the piston stroke influences both the
turning-effort and the angular speed of the crankshaft.
This is because the crank-throw length determines the
leverage on the crankshaft, and the piston speed divided
by twice the stroke is equal to the crankshaft speed;

i v

ie. N = 5L

N = crankshaft speed (rev/min)
v = piston speed (m/min)

and L = piston stroke (m)

where

This means that making the stroke twice as long
doubles the crankshaft turning-effort and halves the
crankshaft angular speed for a given linear piston speed.

The above shows that the engine performance is de-
cided by the ratio of bore to stroke chosen for a given
cylinder capacity.

1.1.7 Compression-ratio

In an engine cylinder, the gas molecules are moving about
at considerable speed in the space occupied by the gas,
colliding with other molecules and the boundary surfaces
of the cylinder head, the cylinder walls, and the piston
crown. The rapid succession of impacts of many millions
of molecules on the boundary walls produces a steady
continuous force per unit surface which is known as
pressure (Fig. 1.1-12).

When the gas is compressed into a much smaller
space, the molecules are brought closer to one another.
This raises the temperature and greatly increases the
speed of the molecules and hence their kinetic energy, so
more violent impulses will impinge on the piston crown.
This increased activity of the molecules is experienced as
increased opposition to movement of the piston towards
the cylinder head.

The process of compressing a constant mass of gas into
a much smaller space enables many more molecules to
impinge per unit area on to the piston. When burning of
the gas occurs, the chemical energy of combustion is
rapidly transformed into heat energy which considerably
increases the kinetic energy of the closely packed gas
molecules. Therefore the extremely large number of
molecules squeezed together will thus bombard the
piston crown at much higher speeds. This then means
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Fig. 1.1-12 lllustration of compression-ratio.

that a very large number of repeated blows of consider-
able magnitude will strike the piston and so push it to-
wards ODC.

This description of compression, burning, and expan-
sion of the gas charge shows the importance of utilising
a high degree of compression before burning takes place,
to improve the efficiency of combustion. The amount of
compression employed in the cylinder is measured by the
reduction in volume when the piston moves from BDC to
TDC, the actual proportional change in volume being
expressed as the compression-ratio.

The compression-ratio may be defined as the ratio of
the maximum cylinder volume when the piston is at its
outermost position (BDC) to the minimum cylinder
volume (the clearance volume) with the piston at its
innermost position (TDC) - that is, the sum of the
swept and clearance volumes divided by the clearance
volume,

Vs + Ve
ie. CR = ——
ie -
where  CR = compression ratio

V, = swept volume (cm®)
Ve = clearance volume (cm?®)

Petrol engines have compression-ratios of the order of
7:1 to 10:1; but, to produce self-ignition of the charge,
diesel engines usually double these figures and may have
values of between 14:1 and 24:1 for naturally aspirated
(depression-induced filling) types, depending on the
design.
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Measurement of torque, power,
speed and fuel consumption;
acceptance and type tests,
accuracy of the measurements

AJ. Martyr and M.A. Plint

2.1.1 Introduction

The torque produced by a prime mover under test is
resisted and measured by the dynamometer to which it is
connected. The accuracy with which a dynamometer
measures both torque and speed is fundamental to all the
other derived measurements made in the test cell.

In this chapter the principles of torque measurement
are reviewed and then the types of dynamometer are
reviewed in order to assist the purchaser in the selection
of the most appropriate machine.

2.1.2 Measurement of torque:
trunnion-mounted (cradie)
machines

The essential feature of trunnion-mounted or cradled
dynamometers is that the power absorbing element of
the machine is mounted on bearings coaxial with the
machine shaft and the torque is restrained and measured
by some kind of transducer acting tangentially at a known
radius from the machine axis.

Until the beginning of the present century, the great
majority of new and existing dynamometers used this
method of torque measurement. In traditional machines
the torque measurement was achieved by physically
balancing a combination of dead weights and a spring
balance against the torque absorbed (Fig. 2.1-1). As the
stiffness of the balance was limited, it was necessary to
adjust its position depending on the torque, to ensure
that the force measured was accurately tangential.

Modern trunnion-mounted machines, shown di-
agrammatically in Fig. 2.1-2, use a force transducer,

Engine Testing, 3rd edn; ISBN: 9780750684392

almost invariably of the strain gauge type, together with
an appropriate bridge circuit and amplifier. The strain
gauge transducer or ‘load cell’ has the advantage of being
extremely stiff, so that no positional adjustment is nec-
essary, but the disadvantage of a finite fatigue life after
a (very large) number of load applications. The backlash
and ‘stiction’-free mounting of the transducer between
carcase and base is absolutely critical.

The trunnion bearings are either a combination of
a ball bearing (for axial location) and a roller bearing
or hydrostatic type. These bearings operate under

Fig. 2.1-1 Diagram of Froude type, trunnion-mounted, sluice-
gate dynamometer measuring torque with dead weights and
spring balance.

Copyright © 2007 Elsevier Ltd. All rights of reproduction, in any form, reserved.
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Fixed
base

Fig. 2.1-2 Diagram of trunnion-mounted dynamometer
measuring torque with a load cell.

unfavourable conditions, with no perceptible angular
movement, and the rolling element type is consequently
prone to brinelling, or local indentation of the races, and
to fretting. This is aggravated by vibration that may be
transmitted from the engine and periodical inspection
and turning of the outer bearing race is recommended in
order to avoid poor calibration. A Schenck dynamometer
design (Fig. 2.1-3) replaces the trunnion bearings by two
radial flexures, thus eliminating possible friction and
wear, but at the expense of the introduction of torsional
stiffness, of reduced capacity to withstand axial loads
and of possible ambiguity regarding the true centre of
rotation, particularly under side loading.

2.1.3 Measurement of torque using
in-line shafts or torque flanges

A torque shaft dynamometer is mounted in the drive
shaft between engine and brake device. It consists
essentially of a flanged torque shaft fitted with strain
gauges and designs are available both with slip rings and
with RF signal transmission. Fig. 2.1-4 is a brushless
torque shaft unit intended for rigid mounting.

More common in automotive testing is the ‘disc’ type
torque transducer, commonly known as a torque flange
(Fig. 2.1-5), which is a device that is bolted directly to
the input flange of the brake and transmits data to a static
antenna encircling it.

A perceived advantage of the in-line torque mea-
surement arrangement is that it avoids the necessity,
discussed below, of applying torque corrections under
transient conditions of torque measurement. However,
not only are such corrections, using known constants,
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trivial with modern computer control systems, but
there are also important problems that may reduce the
inherent accuracy of this arrangement.

For steady state testing, a well-designed and main-
tained trunnion machine will give more consistently
auditable and accurate torque measurements than the
inline systems; the justification for this statement can be
listed as follows:

The in-line torque sensor has to be oversized for the
rating of its dynamometer and being oversized the
resolution of the signal is lower. The transducer has
to be overrated because it has to be capable of dealing
with the instantaneous torque peaks of the engine
which are not experienced by the load cell of a
trunnion-bearing machine.

The transducer forms part of the drive line and
requires very careful installation to avoid the
imposition of bending or axial stresses on the torsion
sensing element from other components or its own
clamping device.

The in-line device is difficult to protect from
temperature fluctuations within and around the
drive line.

Calibration checking of these devices is not as
easy as for a trunnion-mounted machine; it re-
quires a means of locking the dynamometer shaft
in addition to the fixing of a calibration arm in
a horizontal position without imposing bending
stresses.

Unlike the cradled machine and load cell, it is not
possible to verify the measured torque of an in-line
device during operation.

It should be noted that, in the case of modern alternating
current (a.c.) dynamometer systems, the tasks of torque
measurement and torque control may use different data
acquisition paths. In some installations the control of the
trunnion-mounted machine may use its own torque cal-
culation and control system, while the test values are
taken from an inline transducer such as a torque shaft.

2.1.4 Calibration and the
assessment of errors in torque
measurement

We have seen that in a conventional dynamometer,
torque T is measured as a product of torque arm radius
R and transducer force F.

Calibration is invariably performed by means of
a calibration arm, supplied by the manufacturer, which
is bolted to the dynamometer carcase and carries dead
weights which apply a load at a certified radius. The
manufacturer certifies the distance between the axis of
the weight hanger bearing and an axis defined by a line
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Fig. 2.1-3 Schenck, dry gap, disc type eddy-current dynamometer 1, rotor; 2, rotor shaft; 3, coupling flange; 4, water outlet with

thermostat; 5, excitation coil; 6, dynamometer housing; 7, cooling chamber; 8, air gap; 9, speed pick-up; 10, flexure support; 11, base;
12, water inlet; 13, joint; 14, water outlet pipe.

A

1

A = Mounting flange

B = Flange for torque
introduction

1 =Torsion element (rotor)

. 2 = Applied SGs

NN 2 3 = Spindle bearing

4 = Housing (stator)

5 = Elastic seal

/ 8 6 = Capacitive transmission

7 = Inductive transmission

8 = Toothed ring for speed
measurement

9 = Speed pick-up

| 10 10 = Cable connection box

Fig. 2.1-4 Brushless torque-shaft for mounting in shaft-line between engine and ‘brake’.
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Antenna segments

Adaptor flange

Measuring body

Fig. 2.1-5 Shaft-line components of a torque flange.

joining the centres of the trunnion bearings (not the axis
of the dynamometer, which indeed need not precisely
coincide with the axis of the trunnions).

There is no way, apart from building an elaborate fix-
ture, in which the dynamometer user can check the
accuracy of this dimension: he is entirely in the hands of
the manufacturer. The arm should be stamped with its
effective length. For R&D machines of high accuracy the
arm should be stamped for the specific machine.

The ‘dead weights’ should in fact be more correctly
termed ‘standard masses’. They should be certified by an
appropriate standards authority located as near as possi-
ble to the geographical location in which they are used.
The force they exert on the calibration arm is the product
of their mass and the local value of ‘g’. This is usually
assumed to be 9.81 m/s? and constant: in fact this value is
only correct at sea level and a latitude of about 47° N. It
increases towards the poles and falls towards the equator,
with local variations. As an example, a machine calibrated
in London, where g = 9.81 m/s”, will read 0.13 per cent
high if recalibrated in Sydney, Australia and 0.09 per cent
low if recalibrated in St Petersburg without correcting for
the different local values of g.

These are not negligible variations if one is hoping for
accuracies better than 1 per cent. The actual process of
calibrating a dynamometer with dead weights, if treated
rigorously, is not entirely straightforward. We are
confronted with the facts that no transducer is perfectly
linear in its response, and no linkage is perfectly fric-
tionless. We are then faced with the problem of adjusting
the system so as to ensure that the (inevitable) errors are
at a minimum throughout the range.

A suitable calibration procedure for a machine using
a typical strain-gauge load cell for torque measurement is
as follows.

The dynamometer should not be coupled to the
engine. After the system has been energized long enough
to warm up the load cell output is zeroed with the
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machine in its normal no-load running condition (cooling
water on, etc.) and the calibration arm weight balanced
by equal and opposite force. Dead weights are then
added to produce approximately the rated maximum
torque of the machine. This torque is calculated and the
digital indicator set to this value.

The weights are removed, the zero reading noted, and
weights are added, preferably in 10 equal increments, the
cell readings being noted. The weights are removed in
reverse order and the readings again noted.

The procedure described above means that the load
cell indicator was set to read zero before any load was
applied (it did not necessarily read zero after the weights
had been added and removed), while it was adjusted to
read the correct maximum torque when the appropriate
weights had been added.

We now ask: is this setting of the load cell indicator
the one that will minimize errors throughout the range
and are the results within the limits of accuracy claimed
by the manufacturer?

Let us assume we apply this procedure to a machine
having a nominal rating of 600 Nm torque and that we
have six equal weights, each calculated to impose
a torque of 100N m on the calibration arm. Table 2.1-1
shows the indicated torque readings for both increasing
and decreasing loads, together with the calculated
torques applied by the weights. The corresponding
errors, or the differences between torque applied by the
calibration weights and the indicated torque readings are
plotted in Figs. 2.1-6 and 2.1-7.

The machine is claimed to be accurate to within
£0.25 per cent of nominal rating and these limits are
shown. It will be clear that the machine meets the
claimed limits of accuracy and may be regarded as sat-
isfactorily calibrated.

calibration (example taken from actual

machine)
Applied

Mass torque Reading Error Error (% Error (%
(kg) (Nm) (Nm) (Nm) reading) full scale)

0 0 0.0 0.0 0.0 0.0
10 100 99.5 -05 -05 —0.083
30 300 299.0 -1.0 -0.33 —0.167
50 500 500.0 0.0 0.0 0.0
60 600 600.0 0.0 0.0 0.0
40 400 400.5 +0.5 +0.125 +0.083
20 200 200.0 0.0 0.0 0.0

0 0 0.0 0.0 0.0 0.0
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Fig. 2.1-6 Dynamometer calibration error as percentage of
applied torque.

It is usually assumed, though it is not necessarily the
case, that hysteresis effects, manifested as differences
between observed torque with rising load and with falling
load, are eliminated when the machine is running, due to
vibration, and it is a common practice when calibrating to
knock the machine carcase lightly with a soft mallet after
each load change to achieve the same result.

It is certainly not wise to assume that the ball joints
invariably used in the calibration arm and torque trans-
ducer links are frictionless. These bearings are designed
for working pressures on the projected area of the con-
tact in the range 15 to 20 MN/m? and a ‘stick slip’ co-
efficient of friction at the ball surface of, at a minimum,
0.1 is to be expected. This clearly affects the effective
arm length (in either direction) and must be relaxed by
vibration.

Some large dynamometers are fitted with torque
multiplication levers, reducing the size of the calibration
masses. In increasingly litigious times and ever more
stringent health and safety legislation, the frequent han-
dling of multiple 20 or 25 kg weights may not be advisable.
It is possible to carry out torque calibration by way of
‘master’ load cells or proving rings.* These devices have to
be mounted in a jig attached to the dynamometer and give
an auditable measurement of the force being applied on
the target load cell by means of a hydraulic actuator. Such
systems produce a more complex ‘audit trail’ in order to
refer the calibration back to national standards.

It is important when calibrating an eddy-current ma-
chine that the water pressure in the casing should be at
operational level, since pressure in the transfer pipes can
give rise to a parasitic torque. Similarly, any disturbance to
the run of electrical cables to the machine must be avoided
once calibration is completed. Finally, it is possible, par-
ticularly with electrical dynamometers with forced
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Fig. 2.1-7 Dynamometer calibration error as percentage of full
scale.

cooling, to develop small parasitic torques due to air
discharged non-radially from the casing. It is an easy matter
to check this by running the machine uncoupled under its
own power and noting any change in indicated torque.

Experience shows that a high grade dynamometer
such as would be used for research work, after careful
calibration, may be expected to give a torque indication
that does not differ from the absolute value by more than
about +0.1 per cent of the full load torque rating of the
machine.

Systematic errors such as inaccuracy of torque arm
length or wrong assumptions regarding the value of g will
certainly diminish as the torque is reduced, but other
errors will be little affected: it is safer to assume a band of
uncertainty of constant width. This implies, for example,
that a machine rated at 400 Nm torque with an accuracy
of £0.25 per cent will have an error band of £ 1N. At
10 per cent of rated torque, this implies that the true
value may lie between 39 and 41 Nm. It is as well to
match the size of the dynamometer as closely as possible
with the rating of the engine.

All load cells used by reputable dynamometer man-
ufacturers will compensate for changes in temperature,
though their rate of response to a change may vary. They
will not, however, be able to compensate for internal
temperature gradients induced, for example, by air
blasts from ventilation fans or radiant heat from exhaust
pipes.

The subject of calibration and accuracy of dyna-
mometer torque measurement has been dealt with in
some detail, but this is probably the most critical mea-
surement that the test engineer is called upon to make,
and one for which a high standard of accuracy is expected
but not easily achieved. Calibration and certification of
the dynamometer and its associated system should be

* A proving ring is a hollow steel alloy ring whose distortion under a rated range of compressive loads is known and measured by means of an

internal gauge.
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carried out at the very least once a year, and following any
system Change or major component replacement.

2.1.5 Torque measurement under
accelerating and decelerating
conditions

With the increasing interest in transient testing it is
essential to be aware of the effect of speed changes on
the ‘apparent’ torque measured by a trunnion-mounted
machine.

The basic principle is simple:

Inertia of dynamometer rotor I kg m?
Rate of increase in speed ~ w rad/s’

N rpm/s
Input torque to dynamometer Tj Nm

Torque registered by dynamometer T Nm
2wNI
T —T, =Iv =——N
1 2 w 60 m
= 0.1047NI Nm

To illustrate the significance of this correction, a typi-
cal eddy-current dynamometer capable of absorbing
150 kW with a maximum torque of 500 N m has a rotor
inertia of 0.11 kgm?. A direct current (d.c.) regenerative
machine of equivalent rating has a rotational inertia of
0.60 kg m.

If these machines are coupled to an engine that is
accelerating at the comparatively slow rate of 100 rpm/s
the first machine will read the torque low during the
transient phase by an amount:

Ty —T; = 0.1047 x 100 x 0.11 = 1.15Nm

while the second will read low by 6.3 Nm.

If the engine is decelerating, the machines will read
high by the equivalent amount.

Much larger rates of speed change are demanded in
some transient test sequences and this can represent
a serious variation of torque indication, particularly when
using high inertia dynamometers.

With modern computer processing of the data, cor-
rections for these and other electrically induced transient
effects can be made with software supplied by test plant
manufacturers.

2.1.6 Measurement of rotational
speed

Rotational speed of the dynamometer is measured either
by a system using a toothed wheel and a pulse sensor
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within its associated electronics and display or, more
recently, by use of an optical encoder system. While the
pulse pick-up system is robust and, providing the wheel
to transducer gap is correctly set and maintained, reli-
able, the optical encoders, which use the sensing of very
fine lines etched on a small disk, need more care in
mounting and operation. Since the commonly used op-
tical encoders transmit over 1000 pulses per revolution,
misalignment of its drive may show up as a sinusoidal
speed change, therefore they are normally mounted as
part of an accurately machined assembly forming part of
the machine housing.

It should be remembered that with bidirectional dy-
namometers and modern electrical machines operating
in four quadrants (Fig. 2.1-8), it is necessary to measure
not only speed but also direction of rotation. Encoder
systems can use separate tracks of their engraved disks to
sense rotational direction. It is extremely important that
the operator uses a common and clearly understood
convention describing direction of rotation throughout
the facility, particularly in laboratories operating rever-
sible prime movers.

As with torque measurement, specialized instrumen-
tation systems may use separate transducers for the
measurement of speed or for the control of the dynamo-
meter. In many cases, engine speed is monitored sepa-
rately and in addition to dynamometer speed. The control
system can use these two signals to shut down automati-
cally in the case of a shaft failure.

Measurement of power, which is the product of
torque and speed, raises the important question of
sampling time. Engines never run totally steadily and the
torque transducer and speed signals invariably fluctuate.
An instantaneous reading of speed will not necessarily, or
even probably, be identical with a longer-term average.
Choice of sampling time and of the number of samples to
be averaged is a matter of experimental design and
compromise.

Torque
Anticlockwise, Clockwise,
absorb absorb
torque torque

{ dk
\ 3|4

) Rotation

Anticlockwise, Clockwise,
develop develop
torque torque

Fig. 2.1-8 Dynamometer operating quadrants.
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2.1.7 Choice of dynamometer

Perhaps the most difficult question facing the engineer
setting up a test facility is the choice of the most suitable
dynamometer. In this part of the chapter the character-
istics, advantages and disadvantages of the various types
are discussed and a procedure for arriving at the correct
choice is described.

The earliest form of dynamometer, the rope brake
dates back to the early years of the last century. An ex-
tremely dangerous device, it was nevertheless capable of
giving quite accurate measurements of power. Its succes-
sor, the Prony brake, also relied on mechanical friction and
like the rope brake required cooling by water introduced
into the hollow brake drum and removed by a scoop.

Both these devices are only of historical interest. Their
successors may be classified according to the means
adopted for absorbing the mechanical power of the prime
mover driving the dynamometer.

2.1.8 Classification
of dynamometers

1. Hydrokinetic or ‘hydraulic’ dynamometers (water
brakes). With the exception of the disc dynamometer,
all machines work on similar principles (Fig. 2.1-9).

Fixed

: Rotation
casing
a - = = r
Dynamometer
iy e

@)

Fixed §
casing FfR,

© T (d)

Fig. 2.1-9 Hydrokinetic dynamometer, principle of operation:
(@) section through dynamometer; (b) end view of rotor;

(c) development of section a—a of rotor and casing;

(d) representation of toroidal vortex.

A shaft carries a cylindrical rotor which revolves in
a watertight casing. Toroidal recesses formed half in the
rotor and half in the casing or stator are divided into
pockets by radial vanes set at an angle to the axis of the
rotor. When the rotor is driven, centrifugal force sets up
an intensive toroidal circulation as indicated by the
arrows in Fig. 2.1-9a. The effect is to transfer momentum
from rotor to stator and hence to develop a torque re-
sistant to the rotation of the shaft, balanced by an equal
and opposite torque reaction on the casing.

A forced vortex of toroidal form is generated as
a consequence of this motion, leading to high rates of
turbulent shear in the water and the dissipation of power
in the form of heat to the water. The centre of the vortex
is vented to atmosphere by way of passages in the rotor
and the virtue of the design is that power is absorbed
with minimal damage to the moving surfaces, either from
erosion or from the effects of cavitation.

The machines are of two kinds, depending on the
means by which the resisting torque is varied.

1(a) Constant fill machines: the classical Froude or
sluice plate design, Fig. 2.1-10. In this machine, torque is
varied by inserting or withdrawing pairs of thin sluice
plates between rotor and stator, thus controlling the
extent of the development of the toroidal vortices.

1(b) Variable fill machines, Fig. 2.1-11. In these
machines, the torque absorbed is varied by adjusting the
quantity (mass) of water in circulation within the casing.
This is achieved by a valve, usually on the water outlet,
associated with control systems of widely varying com-
plexity. The particular advantage of the variable fill ma-
chine is that the torque may be varied much more rapidly
than is the case with sluice plate control. Amongst this
family of machines are the largest dynamometers ever
made with rotors of around 5 m diameter. There are
several designs of water control valve and valve actuating
mechanisms depending on the range and magnitude of
the loads absorbed and the speed of change of load re-
quired. For the fastest response, it is necessary to have
adequate water available to fill the casing rapidly and it
may be necessary to fit both inlet and outlet control
valves with an integrated control system.

1(c) ‘Bolt-on’ variable fill machines. These ma-
chines, available for many years in the USA, operate on
the same principle as those described in 1(b) above, but
are arranged to bolt directly on to the engine clutch
housing or into the truck chassis. Machines are available
for ratings up to about 1000 kW. In these machines, load
is usually controlled by an inlet control valve associated
with a throttled outlet. By nature of their simplified
design and lower mass, these machines are not capable of
the same level of speed holding or torque measurement
as the more conventional 1(b) designs.

1(d) Disc dynamometers. These machines, not very
widely used, consist of one or more flat discs located

27



Measurement of torque, power, speed and fuel consumption

o) () (») (-

@

AT

U

&)

Typical cross-section through casing of Froude dynamometer, type DPX

(1) Rotor
(2) Water outlet valve

(3) Water inlet valve

(4) Sluice plates for load control

(5) Water inlet holes in vanes

Fig. 2.1-10 Froude sluice-plate dynamometer.

between flat stator plates, with a fairly small clearance.
Power is absorbed by intensive shearing of the water and
torque is controlled as in variable fill machines. Disc
dynamometers have comparatively poor low speed per-
formance but may be built to run at very high speeds,
making them suitable for loading gas turbines. A variation
is the perforated disc machine, in which there are holes
in the rotor and stators, giving greater power dissipation
for a given size of machine.

2. Hydrostatic dynamometers. Not very widely
used, these machines consist generally of a combination
of a fixed stroke and a variable stroke positive displace-
ment hydraulic pump/motor similar to that found in
large off-road vehicle transmissions. The fixed stroke
machine forms the dynamometer. An advantage of this
arrangement is that, unlike most other, non-electrical
machines, it is capable of developing full torque down to
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(6) Casing liners
(7) Casing trunnion bearing
(8) Shaft bearing

(9) Tachometer

zero speed and is also capable of acting as a source of
power to ‘motor’ the engine under test.

3. Electrical motor-based dynamometers. The
common feature of all these machines is that the power
absorbed is transformed into electrical energy, which is
‘exported’ from the machine via its associated ‘drive’
circuitry. The energy loss within both the motor and its
drive in the form of heat is transferred to a cooling
medium, which may be water or is more commonly
forced air flow.

All motor-based dynamometers have associated with
them large drive cabinets that produce heat and noise.
The various sections of these cabinets contain high volt-
age/power devices and complex electronics; they have to
be housed in suitable conditions which have a clean and
non-condensing atmosphere with sufficient space for
access and cooling. When planning a facility layout, the
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Fig. 2.1-11 Variable fill hydraulic dynamometer controlled by fast acting outlet valve at bottom of the stator.

designer should remember that these large and heavy
cabinets have to be positioned after the building work has
been completed. The position of the drives should
normally be within 15 m of the dynamometer, but this
should be minimized so far as is practical to reduce the
high cost of the connecting power cables.

3(a) D.c. dynamometers. These machines consist
essentially of a trunnion-mounted d.c. motor generator.
Control is almost universally by means of a thyristor
based a.c. —>d.c.—a.c. converter.

These machines have a long pedigree in the USA, are
robust, easily controlled, and capable of motoring and
starting as well as of absorbing power. Disadvantages
include limited maximum speed and high inertia, which
can present problems of torsional vibration (see Chapter
2.1a) and limited rates of speed change. Because they
contain a commutator, the maintenance of d.c. machines
may be higher than those based on a.c. squirrel cage
motors.

3(b) Asynchronous or a.c. dynamometers. These
asynchronous machines consist essentially of an induction
motor with squirrel cage rotor, the speed of which is
controlled by varying the supply frequency. The modern
power control stage of the control will invariably be based
upon insulated gate bipolar transistor (IGBT) technology.

The squirrel cage rotor machines have a lower rota-
tional inertia than d.c. machines of the same power and
are therefore capable of better transient performance.
Being based on an asynchronous motor they have proved
very robust in service requiring low maintenance.

However, it is misleading to think that any motor’s
mechanical design may be used without adaptation as
a dynamometer. During the first decade of their wide
industrial use, it was discovered that several different
dynamometer/motor designs suffered from bearing fail-
ures caused by an electrical arcing effect within the
rolling elements; this was due to the fact that, in their
dynamometer role, a potential difference developed
between the rotor and the stator (ground). Ceramic
bearing elements and other design features are now used
to prevent such damage occurring.

3(c) Synchronous, permanent magnet dynamo-
meters. The units represent the latest generation of
dynamometer development and while using the same
drive technology as the asynchronous dynamometers are
capable of higher dynamic performance because of their
inherently lower rotational inertia. It is this generation of
machine that will provide the high dynamic test tools
required by engine and vehicle system simulation in the
test cell.

Acceleration rates of 160000 rpm/s and air-gap
torque rise times of less than 1 ms have been achieved,
which makes it possible to use these machines as engine
simulators where the full dynamic fluctuation speed
and torque characteristic of the engine is required for
drive line component testing.

3(d) Eddy-current dynamometers, Fig.2.1-3. These
machines make use of the principle of electromagnetic
induction to develop torque and dissipate power. A
toothed rotor of high-permeability steel rotates, with a fine
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clearance, between water-cooled steel loss plates. A mag-
netic field parallel to the machine axis is generated by two
annular coils and motion of the rotor gives rise to changesin
the distribution of magnetic flux in the loss plates. This in
turn gives rise to circulating eddy currents and the dissi-
pation of power in the form of electrical resistive losses.
Energy is transferred in the form of heat to cooling water
circulating through passages in the loss plates, while some
cooling is achieved by the radial flow of air in the gaps be-
tween rotor and plates.

Power is controlled by varying the current supplied to
the annular exciting coils and rapid load changes are
possible. Eddy-current machines are simple and robust,
the control system is simple and they are capable of
developing substantial braking torque at quite low
speeds. Unlike a.c. or d.c. dynamometers, however, they
are unable to develop motoring torque.

There are two common forms of machine both having
air circulating in the gap between rotor and loss (cooling)
plates, hence ‘dry gap’:

1. Dry gap machines fitted with one or more tooth disc
rotors. These machines have lower inertia than the
drum machines and a very large installed user base,
particularly in Europe. However, the inherent design
features of their loss plates place certain operational
restrictions on their use. It is absolutely critical to
maintain the required water flow through the
machines at all times; even a very short loss of cooling
will cause the loss plates to distort leading to the
rotor/plate gap closing with disastrous results. These
machines must be fitted with flow detection devices
interlocked with the cell control system; pressure
switches should not be used since in a closed water
system it is possible to have pressure without flow.

2. Dry gap machines fitted with a drum rotor. These
machines usually have a higher inertia than the
equivalent disc machine, but may be less sensitive to
cooling water conditions.

Fig. 2.1-12 Water-cooled friction brake used as a dynamometer.
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Although no longer so widely used, an alternative form of
eddy-current machine is also available. This employs
a simple disc or drum design of rotor in which eddy
currents are induced and the heat developed is trans-
ferred to water circulated through the gaps between
rotor and stator. These ‘wet gap’ machines are liable to
corrosion if left static for any length of time, have higher
inertia, and have a high level of minimum torque, arising
from drag of the cooling water in the gap.

4. Friction dynamometers, Fig. 2.1-12. These ma-
chines, in direct line of succession from the original
rope brake, consist essentially of water-cooled, multidisc
friction brakes. They are useful for low-speed appli-
cations, for example for measuring the power output
of a large, off-road vehicle transmission at the wheels,
and have the advantage, shared with the hydrostatic
dynamometer, of developing full torque down to zero
speed.

5. Air brake dynamometers. These devices, of which
the Walker fan brake was the best-known example, are
now largely obsolete. They consisted of a simple ar-
rangement of radially adjustable paddles that imposed
a torque that could be approximately estimated. They
survive mainly for use in the field testing of helicopter
engines, where high accuracy is not required and the
noise is no disadvantage.

2.1.8.1 Hybrid and tandem
dynamometers

For completeness, mention should be made of both
a combined design that is occasionally adopted for cost
reasons and the use of two dynamometers in line for
special test configurations.

The d.c. or a.c. electrical dynamometer is capable of
generating a motoring torque almost equal to its braking
torque. However, the motoring torque required in engine
testing seldom exceeds 30 per cent of the engine power
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output. Since, for equal power absorption, a.c. and d.c.
machines are more expensive than other types, it is
sometimes worth running an electrical dynamometer in
tandem with, for example, a variable fill hydraulic ma-
chine. Control of these hybrid machines is a more com-
plex matter and the need to provide duplicate services,
both electrical power and cooling water, is a further
disadvantage. The solution may, however, on occasion be
cost-effective.

Tandem machines are used when the torque/speed
envelope of the prime mover cannot be covered by
a standard dynamometer, usually this is found in gas
turbine testing when the rotational speed is too high for
a machine fitted with a rotor capable of absorbing full
rated torque. The first machine in line has to have
a shaft system capable of transmitting the combine
torques.

Tandem machines are also used when the prime mover
is producing power through two contrarotating shafts as
with some aero and military applications; in these cases
the first machine in line is of a special design with
a hollow rotor shaft to allow the housing of a quill shaft
connecting the second machine.

2.1.8.2 One, two or four quadrant?

Fig. 2.1-8 illustrates diagrammatically the four ‘quad-
rants’ in which a dynamometer may be required to
operate. Most engine testing takes place in the first
quadrant, the engine running anticlockwise when viewed
on the flywheel end. On occasions it is necessary for
a test installation using a unidirectional water brake to
accept engines running in either direction; one solution is
to fit the dynamometer with couplings at both ends
mounted on a turntable. Large and some ‘medium speed’
marine engines are usually reversible.

All types of dynamometer are naturally able to run in
the first (or second) quadrant. Hydraulic dynamometers
are usually designed for one direction of rotation, though
they may be run in reverse at low fill state without
damage. When designed specifically for bidirectional
rotation they may be larger than a single-direction ma-
chine of equivalent power and torque control may not be
as precise as that of the unidirectional designs. The
torque measuring system must of course operate in
both directions. Eddy-current machines are inherently
reversible.

When it is required to operate in the third and fourth
quadrants (i.e. for the dynamometer to produce power as
well as to absorb it) the choice is effectively limited to
d.c. or a.c. machines, or to the hydrostatic or hybrid
machine. These machines are generally reversible and
therefore operate in all four quadrants.

Type of machine Quadrant
Hydraulic sluice plate 1or2
Variable fill hydraulic 1or2
‘Bolt on’ variable fill hydraulic Tlor2
Disc type hydraulic 1and 2
Hydrostatic 1,234
d.c. electrical 1,2,3, 4
a.c. electrical 1,2,3,4
Eddy current 1and 2
Friction brake 1and 2
Air brake 1and 2
Hybrid 1,234

There is an increasing requirement for four-quadrant
operation as a result of the growth in transient testing,
with its call for very rapid load changes and even for
torque reversals.

If mechanical losses in the engine are to be measured
by ‘motoring’, a four-quadrant machine is obviously
required.

A useful feature of such a machine is its ability also to
start the engine. Table 2.1-2 summarizes the perfor-
mance of machines in this respect.

2.1.9 Matching engine and
dynamometer characteristics

The different types of dynamometer have significantly
different torque-speed and power—speed curves, and this
can affect the choice made for a given application.
Fig. 2.1-13 shows the performance curves of a typical
hydraulic dynamometer. The different elements of the
performance envelope are as follows:

Dynamometer full (or sluice plates wide open).
Torque increases with square of speed, no torque at
rest.

Performance limited by maximum permitted shaft
torque.

Performance limited by maximum permitted power,
which is a function of cooling water throughput and
its maximum permitted temperature rise.
Maximum permitted speed.
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Fig. 2.1-13 Engine torque curves plotted on hydraulic dynamometer torque curves.

Minimum torque corresponding to minimum

Fig. 2.1-15 shows the performance curves for an eddy-

permitted water flow. current machine, which lie between those of the previous
Fig. 2.1-14 shows the considerably different perfor-  two machines:

mance envelope of an electrical machine, made up of the
following elements:

Constant torque corresponding to maximum current
and excitation.
Performance limited by maximum permitted power
output of machine.
Maximum permitted speed.
Since these are ‘four-quadrant’ machines, power
absorbed can be reduced to zero and there is no mini-
mum torque curve.

Low speed torque corresponding to maximum
permitted excitation.

Performance limited by maximum permitted shaft
torque.

Performance limited by maximum permitted power,
which is a function of cooling water throughput and
its maximum permitted temperature rise.
Maximum permitted speed.

Minimum torque corresponding to residual magneti-
zation, windage and friction.
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Fig. 2.1-14 Performance curve shapes of electrical motor-based dynamometers.
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Fig. 2.1-15 Performance curve shapes of an eddy-current dynamometer.
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In choosing a dynamometer for an engine or range of
engines, it is essential to superimpose the maximum
torque— and power—speed curves on to the dynamometer
envelope. See the example in Fig. 2.1-13 which dem-
onstrates a typical problem: the hydraulic machine is
incapable of developing sufficient torque at the bottom
end of the speed range.

For best accuracy, it is desirable to choose the smallest
machine that will cope with the largest engine to be
tested. Hydraulic dynamometers are generally able to deal
with a moderate degree of overload and overspeed, but it
is undesirable to run electrical machines beyond their
rated limits: this can lead to damage to commutators,
overheating and distortion of eddy-current loss plates.

Careful attention must also be given to the arrange-
ments for coupling engine and dynamometer, see
Chapter 2.1a.

2.1.10 Engine starting and cranking

Starting an engine when it is connected to a dynamome-
ter may present the cell designer and operator with
a number of problems, and is a factor to be borne in mind
when selecting the dynamometer. If the engine is fitted
with a starter motor, the cell system must provide the
high current d.c. supply and associated switching; in the
absence of an engine mounted starter a complete system
to start and crank the engine must be available which
compromises neither the torsional characteristics (see
Chapter 2.1a) nor the torque measurement accuracy.

2.1.10.1 Engine cranking, no starter
motor

The cell cranking system must be capable of accelerating
the engine to its normal starting speed and, in most cases,
of disengaging when the engine fires. A four-quadrant
dynamometer, suitably controlled, will be capable of
starting the engine directly. The power available from any
four-quadrant machine will always be greater than that
required, therefore excessive starting torque must be
avoided by an alarm system otherwise an engine locked
by seizure or fluid in a cylinder may cause damage to the
drive line.

The preferred method of providing other types of
dynamometer with a starting system is to mount an
electric motor at the non-engine end of the dynamom-
eter shaft, driving through an over-running or remotely
engaged clutch, and generally through a speed-reducing
belt drive. The clutch half containing the mechanism

should be on the input side, otherwise it will be af-
fected by the torsional vibrations usually experienced by
dynamometer shafts. The motor may be mounted
above, below or alongside the dynamometer to save cell
length.

The sizing of the motor must take into account
the maximum break-away torque expected, usually es-
timated as twice the average cranking torque, while the
normal running speed of the motor should correspond to
the desired cranking speed. The choice of motor and
associated starter must take into account the maximum
number of starts per hour that may be required, both in
normal use and when dealing with a faulty engine. The
running regime of the motor is demanding, involving
repeated bursts at overload, with the intervening time at
rest, and an independent cooling fan may be necessary.

Some modern diesel engines, when ‘green’,* require
cranking at more than the normal starting speed, some-
times as high as 1200 rev/min, in order to prime the fuel
system. In such cases a two-speed or fully variable speed
starter motor may be necessary.

The system must be designed to impose the mini-
mum parasitic torque when disengaged, since this
torque will not be sensed by the dynamometer mea-
suring system.

In some cases, to avoid this source of inaccuracy, the
motor may be mounted directly on the dynamometer
carcase and permanently coupled to the dynamometer
shaft by a belt drive. This imposes an additional load on
the trunnion bearings, which may lead to brinelling, and
it also increases the effective moment of inertia of the
dynamometer. However, it has the advantage that
motoring and starting torque may be measured by the
dynamometer system.

An alternative solution is to use a standard vehicle
engine starter motor in conjunction with a gear ring car-
ried by a ‘dummy flywheel’ carried on a shaft with sep-
arate bearings incorporated in the drive line, but this
may have the disadvantage of complicating the torsional
behaviour of the system.

2.1.10.2 Engine-mounted starter
systems

If the engine is fitted with its own starter motor on
arrival at the test stand, all that must be provided is the
necessary 12 or 24 V supply. The traditional approach
has been to locate a suitable battery as close as possible
to the starter motor, with a suitable battery charger
supply. This system is not ideal, as the battery needs to
be in a suitably ventilated box, to avoid the risk of

“ A green engine is one that has never been run. The rubbing surfaces may be dry, the fuel system may need priming, and there is always the

possibility that it, or its control system, is faulty and incapable of starting.
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accidental shorting, and will take up valuable space.
Special transformer/rectifier units designed to replace
batteries for this duty are on the market. They will
include an ‘electrical services box’ to provide power in
addition for ignition systems and diesel glow plugs. In
large integrated systems there may be a bus bar system
for the d.c. supplies.

The engine starter will be presented with a situation
not encountered in normal service: it will be required to
accelerate the whole dynamometer system in addition to
the engine while a ‘green’ engine may exhibit a very high
breakaway torque and require prolonged cranking at high
speed to prime the fuel system before it fires.

2.1.10.3 Non-electrical starting systems

Diesel engines larger than the automotive range are
usually started by means of compressed air, admitted to
the cylinders by way of starting valves. In some cases it is
necessary to move the crankshaft to the correct starting
position, either by barring or using an engine-mounted
inching motor. The test facility should include

a compressor and a receiver of capacity at least as large as
that recommended for the engine in service.

Compressed air or hydraulic motors are sometimes
used instead of electric motors to provide cranking power
but have no obvious advantages over a d.c. electric motor,
apart from a marginally reduced fire risk in the case of
compressed air, provided the supply is shut off auto-
matically in the case of fire.

In Chapter 2.1a, attention is drawn to the possibility
of overloading flexible couplings in the drive line during
the starting process, and particularly when the engine
first fires. This should not be overlooked.

2.1.11 Choice of dynamometer

Table 2.1-3 lists the various types of dynamometer and
indicates their applicability for various classes of engine
being tested in steady or mild transient states.

In most cases, several choices are available and it will
be necessary to consider the special features of each
type of dynamometer and to evaluate the relative

Table 2.1-3 Dynamometers: advantages and disadvantages of available types

Dynamometer type

Froude sluice plate

Variable fill water brakes

‘Bolt-on’ variable fill
water brakes

Disc type hydraulic
Hydrostatic

d.c. electrical motor

asychronous motor (a.c.)

Permanent magnet motor

Eddy current

Friction brake

Air brake
Hybrid
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Advantages

Obsolete, but many cheap and reconditioned
models in use worldwide, robust

Capable of medium speed load change,
automated control, robust and tolerant of
overload. Available for largest prime-movers

Cheap and simple installation. Up to 1000 kW

Suitable for high speeds

For special applications, provides four quadrant
performance

Mature technology. Four quadrant performance

Lower inertia than d.c. Four quadrant
performance

Lowest inertia, most dynamic four quadrant
performance. Small size in cell

Low inertia (disc type air gap). Well adapted to
computer control. Mechanically simple

Special purpose applications for very high
torques at low speed

Cheap. Very little support services needed

Possible cost advantage over sole electrical
machine

Disadvantages

Slow response to change in load. Manual control not
easy to automate

‘Open’ water system required. Can suffer from
cavitation or corrosion damage

Lower accuracy of measurement and control than fixed
machines

Poor low speed performance

Mechanically complex, noisy and expensive. System
contains large volumes of high pressure oil

High inertia, commutator may be fire and maintenance
risk

Expensive. Large drive cabinet needs suitable housing
Expensive. Large drive cabinet needs suitable housing
Vulnerable to poor cooling supply. Not suitable for
sustained rapid changes in power (thermal cycling)

Limited speed range

Noisy. Limited control accuracy

Complexity of construction and control
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importance of these in the particular case. These fea-
tures are listed in Table 2.1-3 and other special factors
are considered later.

2.1.12 Some additional
considerations

The final choice of dynamometer for a given application
may be influenced by some of the following factors:

1.

The speed of response required by the test
sequences being run: steady state, transient,
dynamic or high dynamic. This will determine the
technology and probably the number of quadrants
of operation required.

. Load factor. If the machine is to spend long periods

out of use, the possibilities of corrosion must be
considered, particularly in the case of hydraulic or
wet gap eddy-current machines. Can the machine
be drained readily? Should the use of corrosion
inhibitors be considered?

. Overloads. If it may be necessary to consider

occasional overloading of the machine a hydraulic
machine may be preferable, in view of its greater
tolerance of such conditions. Check that the torque
measuring system has adequate capacity.

. Large and frequent changes in load. This can give

rise to problems with eddy- current machines,
due to expansion and contraction with possible
distortion of the loss plates.

. Wide range of engine sizes to be tested. It may be

difficult to achieve good control and adequate
accuracy when testing the smallest engines, while
the minimum dynamometer torque may also be
inconveniently high.

. How are engines to be started? If a non-motoring

dynamometer is favoured it may be necessary to fit

2.1a. Coupling the engine
to the dynamometer

2.1a.1 Introduction

The selection of suitable couplings and shaft for the
connection of the engine to the dynamometer is by no

a separate starter to the dynamometer shaft. This
represents an additional maintenance commitment
and may increase inertia.

7. Is there an adequate supply of cooling water of
satisfactory quality? Hard water will result in
blocked cooling passages and some water treat-
ments can give rise to corrosion. This may be a good
reason for choosing d.c. or a.c. dynamometers,
despite extra cost.

8. Is the pressure of the water supply subject to
sudden variations? Sudden pressure changes or
regular pulsations will affect the stability of
control of hydraulic dynamometers. Eddy-current
and indirectly cooled machines are unaffected
providing inlet flow does not fall below emergency
trip levels.

9. Is the electrical supply voltage liable to vary as
the result of other loads on the same circuit?
With the exception of air brakes and manually
controlled hydraulic machines, all dynamometers
are affected by electrical interference and voltage
changes.

10. Is it proposed to use a shaft docking system for
coupling engine and dynamometer? Are there
any special features or heavy overhung or axial
loads associated with the coupling system?

Such features should be discussed with the
dynamometer manufacturer before making

a decision. Some machines, notably the Schenck
flexure plate mounting system, are not suited to
taking axial loads.

The supplier of any new dynamometer should offer
an acceptance test and basic training in operation, cali-
bration and safety of the new machine. A careful check
should be made on the level of technical support, in-
cluding availability of calibration services, spares and
local service facilities, offered by the manufacturer.

means a simple matter. Incorrect choice or faulty system
design may give rise to a number of problems:

torsional oscillations;

vibration of engine or dynamometer;
whirling of coupling shaft;

damage to engine or dynamometer bearings;
excessive wear of shaft line components;
catastrophic failure of coupling shafts;
engine starting problems.
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This whole subject, the coupling of engine and dyna-
mometer, can give rise to more trouble than any other
routine aspect of engine testing, and a clear un-
derstanding of the many factors involved is desirable.

2.1a.2 The nature of the problem

The special feature of the problem is that it must be
considered afresh each time an engine not previously
encountered is installed. It must also be recognized
that unsatisfactory torsional behaviour is associated
with the whole system - engine, coupling shaft and
dynamometer — rather than with the individual com-
ponents, all of which may be quite satisfactory in
themselves.

Problems arise partly because the dynamometer is
seldom equivalent dynamically to the system driven by
the engine in service. This is particularly the case with
vehicle engines. In the case of a vehicle with rear axle
drive, the driveline consists of a clutch, which may itself
act as a torsional damper, followed by a gearbox, the
characteristics of which are low inertia and some
damping capacity. This is followed by a drive shaft and
differential, itself having appreciable damping, two half
shafts and two wheels, both with substantial damping
capacity and running at much slower speed than the
engine, thus reducing their effective inertia.

When coupled to a dynamometer this system,
Fig. 2.1a-1, with its built-in damping and moderate in-
ertia, is replaced by a single drive shaft connected to
a single rotating mass, the dynamometer, running at the
same speed as the engine. The clutch may or may not be
retained.

Particular care is necessary where the moment of
inertia of the dynamometer is more than about twice
that of the engine. A further consideration that must be
taken seriously concerns the effect of the difference
between the engine mounting arrangements in the ve-
hicle and on the testbed. This can lead to vibrations of
the whole engine that can have a disastrous effect on the
drive shaft.

2.1a.2.1 Overhung mass on engine
and dynamometer bearings

Care must be taken when designing and assembling
a shaft system that the loads imposed by the mass and
unbalanced forces do not exceed the overhung weight
limits of the engine bearing at one end and the dyna-
mometer at the other. Steel adaptor plates required to
adapt the bolt holes of the shaft to the dynamometer
flange or engine flywheel can increase the load on bear-
ings significantly and compromise the operation of the
system. Dynamometer manufacturers produce tables
showing the maximum permissible mass at a given dis-
tance from the coupling face of their machines; the
equivalent details for most engines is more difficult to
obtain, but the danger of overload should be kept in mind
by all concerned.

2.1a.3 Background reading

The mathematics of the subﬂ'ect is complex and not
readily accessible. Den Hartog' gives what is possibly the
clearest exposition of fundamentals. Ker Wilson’s clas-
sical treatment in five volumes? is probably still the best
source of comprehensive information; his abbreviated
version® is sufficient for most purposes. Mechanical
Engineering Publications have published a useful practi-
cal handbook” while Lloyd’s Register® gives rules for the
design of marine drives that are also useful in the present
context. A listing of the notation used is to be found at
the end of this chapter.

2.1a.4 Torsional oscillations
and critical speeds

In its simplest form, the engine—-dynamometer system
may be regarded as equivalent to two rotating masses
connected by a flexible shaft, Fig. 2.1a-2. Such a system
has an inherent tendency to develop torsional oscillations.

L] [N

Fig. 2.1a-1 Simple form of dynamometer/engine drive line.
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c

Fig. 2.1a-2 Two mass system (compare with Fig. 2.1a-1).

The two masses can vibrate 180° out of phase about
a node located at some point along the shaft between
them. The oscillatory movement is superimposed on any
steady rotation of the shaft. The resonant or critical fre-
quency of torsional oscillation of this system is given by:

6_0 Ce(le + 1)

~ 27\ L ()

Ne

If an undamped system of this kind is subjected to an
exciting torque of constant amplitude T, and frequency
n, the relation between the amplitude of the induced
oscillation @ and the ratio n/n. is as shown in Fig. 2.1a-3.

At low frequencies, the combined amplitude of
the two masses is equal to the static deflection of the
shaft under the influence of the exciting torque,
6y = Tex/Cs. As the frequency increases, the amplitude

rises and at n = n. it becomes theoretically infinite: the
shaft may fracture or non-linearities and internal
damping may prevent actual failure. With further in-
creases in frequency the amplitude falls and at n—+/2n, it
is down to the level of the static deflection. Amplitude
continues to fall with increasing frequency.

The shaft connecting engine and dynamometer must
be designed with a suitable stiffness C to ensure that
the critical frequency lies outside the normal operating
range of the engine, and also with a suitable degree of
damping to ensure that the unit may be run through the
critical speed without the development of a dangerous
level of torsional oscillation. Fig. 2.1a-3 also shows the
behaviour of a damped system. The ratio 6/6( is known
as the dynamic magnifier M. Of particular importance is
the value of the dynamic magnifier at the critical fre-
quency, M.. The curve of Fig. 2.1a-3 corresponds to
a value M. = 5.

Torsional oscillations are excited by the variations in
engine torque associated with the pressure cycles in the
individual cylinders (also, though usually of less impor-
tance, by the variations associated with the movement of
the reciprocating components).

Fig. 2.1a-4 shows the variation in the case of a typical
single cylinder four-stroke diesel engine. It is well
known that any periodic curve of this kind may be
synthesized from a series of harmonic components, each
a pure sine wave of a different amplitude having a fre-
quency corresponding to a multiple or submultiple of
the engine speed and Fig. 2.1a-4 shows the first six
components.

T
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Fig. 2.1a-3 Relationship between frequency ratio, amplitude and dynamic amplifier M.
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Fig. 2.1a-4 Harmonic components of turning moment, single cylinder four-stoke gasoline engine.

The order of the harmonic defines this multiple. Thus
a component of order Ny = 1/2 occupies two revolu-
tions of the engine, Ng = 1 one revolution and so on. In
the case of a four cylinder four-stroke engine, there are
two firing strokes per revolution of the crankshaft and
the turning moment curve of Fig. 2.1a-4 is repeated
at intervals of 180°. In a multicylinder engine, the
harmonic components of a given order for the indi-
vidual cylinders are combined by representing each
component by a vector for the inertia forces. A com-
plete treatment of this process is beyond the scope of
this book, but the most significant results may be
summarized as follows.

The first major critical speed for a multicylinder,
in-line engine is of order:

Ng = NcyL/2 for a four-stroke engine (2a)

Ny = Ny for a two-stroke engine (2b)
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Thus, in the case of a four cylinder, four-stroke engine
the major critical speeds are of order 2, 4, 6, etc. In the
case of a six cylinder engine, they are of order 3, 6, 9, etc.

The distinction between a major and a minor critical
speed is that in the case of an engine having an infinitely
rigid crankshaft it is only at the major critical speeds that
torsional oscillations can be induced. This, however, by
no means implies that in large engines having a large
number of cylinders, the minor critical speeds may be
ignored.

At the major critical speeds the exciting torques Tey of
all the individual cylinders in one line act in phase and are
thus additive (special rules apply governing the calcula-
tion of the combined excitation torques for Vee engines).

The first harmonic is generally of most significance in
the excitation of torsional oscillations, and for engines of
moderate size, such as passenger vehicle engines, it is
generally sufficient to calculate the critical frequency
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Table 2.1a-1 p factors

Order 1 1 2 2} 3... 8

nN|—=

?
pfactor 216 232 223 191 157 128 0.08

from eq. (1), then to calculate the corresponding engine
speed from:

N = n¢/No )

The stiffness of the connecting shaft between engine
and dynamometer should be chosen so that this speed
does not lie within the range in which the engine is re-
quired to develop power.

In the case of large multicylinder engines, the ‘wind-
up’ of the crankshaft as a result of torsional oscillations
can be very significant and the two-mass approximation is
inadequate; in particular, the critical speed may be
overestimated by as much as 20 per cent and more
elaborate analysis is necessary. The subject is dealt with in
several different ways in the literature; perhaps the eas-
iest to follow is that of Den Hartog.! The starting point is
the value of the mean turning moment developed by the
cylinder, Mean (Fig. 2.1a-4). Values are given for a so-
called ‘p factor’, by which Mean is multiplied to give the
amplitude of the various harmonic excitation forces.
Table 2.1a-1, reproduced from Den Hartog, shows typi-
cal figures for a four-stroke medium speed diesel
engine.

Exciting torque:

Tex = p. Mmean (4)

The relation between Mpean and imep (indicated
mean effective pressure) is given by:

, B’S . 4
for a four-stroke engine M pean = pi.ﬁ.lo
(5a)
2
for a two-stroke engine  Mpean = pi.B—85.10_4
(5b)

Lloyd’s Rulebook,® the main source of data on this
subject, expresses the amplitude of the harmonic com-
ponents rather differently, in terms of a ‘component of
tangential effort’, Ty,. This is a pressure that is assumed
to act upon the piston at the crank radius S/2. Then
exciting torque per cylinder:

2
Tex:TWB S

mT E X 1074 (6)

Lloyd’s give curves of Ty, in terms of the indicated
mean effective pressure p; and it may be shown that the
values so obtained agree closely with those derived from
Table 2.1a-1.

The amplitude of the vibratory torque Ty induced in
the connecting shaft by the vector sum of the exciting
torques for all the cylinders, >~ Teis given by:

_ Z TexMc

= UH Ie/hy) )

The complete analysis of the torsional behaviour of
a multicylinder engine is a substantial task, though
computer programs are available which reduce the
effort required. As a typical example, Fig. 2.1a-5 shows
the ‘normal elastic curves’ for the first and second
modes of torsional oscillation of a 16 cylinder Vee
engine coupled to a hydraulic dynamometer. These
curves show the amplitude of the torsional oscillations
of the various components, relative to that at the
dynamometer which is taken as unity. The natural
frequencies are respectively n. = 4820 c.p.m. and
ne = 6320 c.p.m. The curves form the basis for further
calculations of the energy input giving rise to the oscil-
lation. In the case of the engine under consideration,
these showed a very severe fourth-order oscillation,
Ny = 4, in the first mode. (For an engine having eight
cylinders in line the first major critical speed, from eq.
(2a), is of order Ng = 4.) The engine speed corre-
sponding to the critical frequency of torsional oscillation
is given by:

Nc = nc/Ny (8)

giving, in the present case, N, = 1205 rev/min, well
within the operating speed range of the engine. Further
calculations showed a large input of oscillatory energy
at Ng = 4Y2, a minor critical speed, in the second
mode, corresponding to a critical engine speed of
6320/4Y4 = 1404 rev/min, again within the operating
range. Several failures of the shaft connecting engine
and dynamometer occurred before a safe solution was
arrived at.

This example illustrates the need for caution and for full
investigation in setting up large engines on the test bed.

It is not always possible to avoid running close to or at
critical speeds and this situation is usually dealt with by
the provision of torsional vibration dampers, in which the
energy fed into the system by the exciting forces is
absorbed by viscous shearing. Such dampers are com-
monly fitted at the non-flywheel end of engine crank-
shafts. In some cases it may also be necessary to consider
their use as a component of engine test cell drive lines,
when they are located either as close as possible to the
engine flywheel, or at the dynamometer. The damper
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Fig. 2.1a-5 Normal elastic curves for a particular 16 cylinder V engine coupled to a hydraulic dynamometer (taken from an actual
investigation).

must be ‘tuned’ to be most effective at the critical fre-
quency and the selection of a suitable damper involves dynamometer system is inadequate for large en-
equating the energy fed into the system per cycle with

gines and may lead to overestimation of the critical
the energy absorbed by viscous shear in the damper. This speed.
leads to an estimate of the magnitude of the oscillatory

stresses at the critical speed. For a clear treatment of the

the simple ‘two mass’ approximation of the engine-

theory, see the work by Den Hartog 2.1a.5 Design of coupling shafts
Points to remember: The maximum shear stress induced in a shaft, diameter
As a general rule, it is good practice to avoid running D, by a torque T N'm is given by:
the engine under power at speeds between 0.8 and
1.2 times critical speed. If it is necessary to take the . — ﬂPa
engine through the critical speed, this should be done

= 9a
1 ickl ible. With high inerti

3 oad and as quickly a5 pOSS-lb e. With high inertia In the case of a tubular shaft, bore diameter d, this
ynamometers the transient vibratory torque may

well exceed the mechanical capacity of the drive line

becomes:
and the margin of safety of the drive line components
may need to be increased.

16TD
=————Pa
m(D* — d*)
Problems frequently arise when the inertia of the dy-
namometer much exceeds that of the engine: a de-
tailed torsional analysis is desirable when this factor

(9b)

For steels, the shear yield stress is usually taken as
equal to 0.75 x yield stress in tension. A typical choice of
exceeds 2. This situation usually occurs when it is material would be a nickel-chromium-molybdenum
found necessary to run an engine of much smaller steel, to specification BS 817M40 (previously En 24)
output than the rated capacity of the dynamometer.

heat-treated to the ‘T’ condition.
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The various stress levels for this steel are roughly as
follows:

not less than 850 MPa
(55 t.s.i.)

0.1% proof stress in tension 550 MPa

ultimate shear strength500 MPa

ultimate tensile strength

0.1% proof stress in shear 300 MPa
shear fatigue limit in
reversed stress +200 MPa

It is clear that the permissible level of stress in the shaft
will be a small fraction of the ultimate tensile strength of
the material.

The choice of designed stress level at the maximum
rated steady torque is influenced by two principal factors.

2.1a.6 Stress concentrations,
keyways and keyless hub
connection

For a full treatment of the very important subject of
stress concentration see Ref. 6. There are two particularly
critical locations to be considered:

At a shoulder fillet, such as is provided at the junction
with an integral flange. For a ratio fillet radius/shaft
diameter = 0.1 the stress concentration factor is
about 1.4, falling to 1.2 for /d = 0.2.

At the semicircular end of a typical rectangular

keyway, the stress concentration factor reaches

a maximum of about 2.5x nominal shear stress at an

angle of about 50° from the shaft axis. The authors

have seen a number of failures at this location and

angle.
Cyclic stresses associated with torsional oscillations is an
important consideration and as, even in the most care-
fully designed installation involving an internal combus-
tion engine, some torsional oscillation will be present, it is
wise to select a conservative value for the nominal
(steady state) shear stress in the shaft.

In view of the stress concentration inherent in shaft
keyways and the backlash present that can develop in
splined hubs, the use of keyless hub connection systems
of the type produced by the Ringfeder Corporation are
now widely used. These devices are supported by com-
prehensive design documentation; however, the actual
installation process must be exactly followed for the
design performance to be ensured.

Stress concentration factors apply to the cyclic stresses
rather than to the steady state stresses. Fig. 2.1a-6 shows
diagrammatically the Goodman diagram for a steel having
the properties specified above. This diagram indicates
approximately the relation between the steady shear
stress and the permissible oscillatory stress. The example
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Fig. 2.1a-6 Goodman diagram, steel shaft in shear.

shown indicates that, for a steady torsional stress of 200
MPa, the accompanying oscillatory stress (calculated
after taking into account any stress concentration factors)
should not exceed +120 MPa. In the absence of detailed
design data, it is good practice to design shafts for use in
engine test beds very conservatively, since the conse-
quences of shaft failure can be so serious. A shear stress
calculated in accordance with eq. (9) of about 100 MPa
for a steel with the properties listed should be safe under
all but the most unfavourable conditions. To put this in
perspective, a shaft 100 mm diameter designed on this
basis would imply a torque of 19 600 Nm, or a power of
3100 kW at 1500 rev/min.

The torsional stiffness of a solid shaft of diameter D
and length L is given by:

DG
Cs = T (10a)
for a tubular shaft, bore d:
_ w(D*—d%)
c, =™ L) (10b)

2.1a.7 Shaft whirl

The coupling shaft is usually supported at each end by
a universal joint or flexible coupling. Such a shaft will
‘whirl” at a rotational speed Ny, (also at certain higher
speeds in the ratio 22 Ny, 3% Ny, etc.).

The whirling speed of a solid shaft of length L is
given by:

307 |EwD*
Nw = ?\/ 64W, (1)

It is desirable to limit the maximum engine speed to
about 0.8 Ny. When using rubber flexible couplings it is
essential to allow for the radial flexibility of these cou-
plings, since this can drastically reduce the whirling speed.
It is sometimes the practice to fit self-aligning rigid
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steady bearings at the centre of flexible couplings in high-
speed applications, but these are liable to give fretting
problems and are not universally favoured.

As is well known, the whirling speed of a shaft is
identical with its natural frequency of transverse oscil-
lation. To allow for the effect of transverse coupling
flexibility the simplest procedure is to calculate the
transverse critical frequency of the shaft plus two half
couplings from the equation:

N, = 0 [x

W (12a)

where W=mass of shaft + half couplings and & = com-
bined radial stiffness of the two couplings.

Then whirling speed N taking this effect into account
will be given by:

(o) = (5) (&)

2.1a.8 Couplings

(12b)

The choice of the appropriate coupling for a given ap-
plication is not easy: the majority of drive line problems
probably have their origin in an incorrect choice of
components for the drive line, and are often cured by
changes in this region. A complete discussion would
much exceed the scope of this book, but the reader
concerned with drive line design should obtain a copy of
Ref. 4, which gives a comprehensive treatment together
with a valuable procedure for selecting the best type of
coupling for a given application. A very brief summary of
the main types of coupling follows.

2.1a.8.1 Quill shaft with integral flanges
and rigid couplings

This type of connection is best suited to the situation
where a driven machine is permanently coupled to the
source of power, when it can prove to be a simple and
reliable solution. It is not well suited to test bed use,
since it is intolerant of relative vibration and
misalignment.

2.1a.8.2 Quill shaft with toothed or gear
type couplings

Gear couplings are very suitable for high powers and
speeds, and can deal with relative vibration and some
degree of misalignment, but this must be very carefully
controlled to avoid problems of wear and lubrication.
Lubrication is particularly important as once local tooth to
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Fig. 2.1a-7 Multiple steel disc type flexible coupling.

tooth seizure takes place deterioration may be rapid and
catastrophic. Such shafts are inherently stiff in torsion.

2.1a.8.3 Conventional ‘cardan shaft’ with
universal joints

These shafts are readily available from a number of
suppliers, and are probably the preferred solution in the
majority of cases. However, standard automotive type
shafts can give trouble when run at speeds in excess of
those encountered in vehicle applications. A correct
‘built-in’ degree of misalignment is necessary to avoid
fretting of the needle rollers.

2.1a.8.4 Multiple membrane couplings

These couplings, Fig. 2.1a-7, are stiff in torsion but tol-
erant of a moderate degree of misalighment and relative
axial displacement. They can be used for very high
speeds.

2.1a.8.5 Elastomeric element couplings

There is a vast number of different designs on the market
and selection is not easy. Ref. 8 may be helpful. The great
advantage of these couplings is that their torsional stiff-
ness may be varied widely by changing the elastic ele-
ments and problems associated with torsional vibrations
and critical speeds dealt with (see the next section).

2.1a.9 Damping: the role
of the flexible coupling

The earlier discussion leads to two main conclusions: the
engine—-dynamometer system is susceptible to torsional
oscillations and the internal combustion engine is a
powerful source of forces calculated to excite such
oscillations. The magnitude of these undesirable distur-
bances in any given system is a function of the damping
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Fig. 2.1a-8 Rubber bush type torsionally resilient coupling.

capacities of the various elements: the shaft, the cou-
plings, the dynamometer and the engine itself.

The couplings are the only element of the system, the
damping capacity of which may readily be changed, and
in many cases, for example with engines of automotive
size, the damping capacity of the remainder of the
system may be neglected, at least in an elementary
treatment of the problem, such as will be given here.

The dynamic magnifier M (Fig. 2.1a-3) has already
been mentioned as a measure of the susceptibility of the
engine—-dynamometer system to torsional oscillation.
Now referring to Fig. 2.1a-1, let us assume that there are
two identical flexible couplings, of stiffness C., one at
each end of the shaft, and that these are the only sources
of damping. Fig. 2.1a-8 shows a typical torsionally re-
silient coupling in which torque is transmitted by way of
a number of shaped rubber blocks or bushes which pro-
vide torsional flexibility, damping and a capacity to take
up misalignment. The torsional characteristics of such
a coupling are shown in Fig. 2.1a-9.
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Fig. 2.1a-9 Dynamic torsional characteristic of multiple bush type
coupling.

These differ in three important respects from those
of, say, a steel shaft in torsion:

1. The coupling does not obey Hooke’s law: the stiff-
ness or coupling rate C. = AT/A# increases with
torque. This is partly an inherent property of the
rubber and partly a consequence of the way it is
constrained.

2. The shape of the torque—deflection curve is not in-
dependent of frequency. Dynamic torsional charac-
teristics are usually given for a cyclic frequency of
10 Hz. If the load is applied slowly the stiffness is
found to be substantially less. The following values of
the ratio dynamic stiffness (at 10 Hz) to static stiff-
ness of natural rubber of varying hardness are taken
from Ref. 4.

Shore (IHRD) hardness 40 50 60 70

Dynamic stiffness

Static stiffness 15 18 21 24

Since the value of C. varies with the deflection,
manufacturers usually quote a single figure which
corresponds to the slope of the tangent ab to the torque—
deflection curve at the rated torque, typically one third of
the maximum permitted torque.

3. If a cyclic torque +AT, such as that corresponding to
a torsional vibration, is superimposed on a steady
torque T, Fig. 2.1a-9, the deflection follows a path
similar to that shown dotted. It is this feature, the
hysteresis loop, which results in the dissipation of
energy, by an amount AW proportional to the area of
the loop that is responsible for the damping charac-
teristics of the coupling.

Damping energy dissipated in this way appears as heat in
the rubber and can, under adverse circumstances, lead to
overheating and rapid destruction of the elements. The
appearance of rubber dust inside coupling guards is
a warning sign.

The damping capacity of a component such as a rubber
coupling is described by the damping energy ratio:

This may be regarded as the ratio of the energy dis-
sipated by hysteresis in a single cycle to the elastic energy
corresponding to the wind-up of the coupling at mean
deflection:

1

W:2

To = %TZ /Ce

The damping energy ratio is a property of the
rubber. Some typical values are given in Table 2.1a-2.
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Table 2.1a-2 Damping energy ratio v

Measurement of torque, power, speed and fuel consumption

Table 2.1a-4 Service factors for dynamometer/engine combinations

Shore (IHRD) hardness 50/55  60/65  70/75  75/80
Natural rubber 0.45 0.52 0.70 0.90
Neoprene 0.79
Styrene-butadiene (SBR) 0.90

The dynamic magnifier is a function of the damping
energy ratio: as would be expected a high damping energy
ratio corresponds to a low dynamic magnifier. Some au-
thorities give the relation:

M = 2n/y

However, it is pointed out in Ref. 2 that for damping
energy ratios typical of rubber the exact relation:

= (1-e M)

is preferable. This leads to values of M shown in Table
2.1a-3, which correspond to the values of y given in Table
2.1a-2.

It should be noted that when several components, e.g.
two identical rubber couplings, are used in series the
dynamic magnifier of the combination is given by:

A pYES AR P

(this is an empirical rule, recommended in Ref. 5).

2.1a.10 An example of drive shaft
design

The application of these principles is best illustrated by
a worked example. Fig. 2.1a-1 represents an engine
coupled by way of twin multiple-bush type rubber cou-
plings and an intermediate steel shaft to an eddy current
dynamometer, with dynamometer starting.

Engine specification is as follows:

Four cylinder four-stroke gasoline engine
Swept volume 2.0 litre, bore 86 mm, stroke 86 mm

Table 2.1a-3 Dynamic magnifier M

Shore (IHRD) hardness 50/55 60/65 70/75 75/80
Natural rubber 10.5 8.6 5.2 2.7
Neoprene 4.0

Styrene-butadiene (SBR) 2.7
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Dynamometer type Number of cylinders
Diesel Gasolene
1/2 3/4/5 6 8 10+ 1/23/4/5 6 8 10+
Hydraulic 45 40 3733 3.0 37 33 3027 24

Hyd. + dyno. start 6.0 5.0 43 3.7 3.0 52 43 3.6 3.1 24
Eddy current (EC) 5.0 45 4.035 3.0 42 3.8 3329 24
EC + dyno. start 6.5 55 454.0 3.0 57 48 3834 24
d.c. + dyno. stat 8.0 6.5 5040 3.0 72 58 4334 24

110 Nm at 4000 rev/min

Maximum torque

Maximum speed 6000 rev/min
Maximum power output 65 kW
Maximum bmep 10.5 bar
Moments of inertia I. = 0.25 kgm?
Iq = 0.30 kgm?

Table 2.1a-4 indicates a service factor of 4.8, giving
a design torque of 110 x 4.8 = 530 Nm.

It is proposed to connect the two couplings by a steel
shaft of the following dimensions:

Diameter D = 40 mm
Length L = 500 mm
Modulus of rigidity G = 80 x 10° Pa

From eq. (9a), torsional stress 1 = 42 MPa, very

conservative.
From eq. (10a)

7 x 0.04% x 80 x 109

Cs = 32 %05

= 40 200 Nm/rad

Consider first the case when rigid couplings are
employed:

60 /40200 x 0.55
ne = 5\ 025 w030 — 5185 c.p.m.

For a four cylinder, four-stroke engine, we have seen
that the first major critical occurs at order Ny = 2,
corresponding to an engine speed of 2592 rev/min. This
falls right in the middle of the engine speed range and is
clearly unacceptable. Thisis a typical result to be expected
if an attempt is made to dispense with flexible couplings.

The resonant speed needs to be reduced and it is
a common practice to arrange for this to lie between
either the cranking and idling speeds or between the
idling and minimum full load speeds. In the present case
these latter speeds are 500 and 1000 rev/min, re-
spectively. This suggests a critical speed N of 750 rev/
min and a corresponding resonant frequency n. = 1500
cycles/min.
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This calls for a reduction in the torsional stiffness in
the ratio:

1500\ 2
5185
i.e. to 3364 Nm/rad.

The combined torsional stiffness of several elements
in series is given by:

1 1 1 1
C—C1+C2+C3+ 14)

This equation indicates that the desired stiffness
could be achieved by the use of two flexible couplings
each of stiffness 7480 Nm/rad. A manufacturer’s cata-
logue shows a multi-bush coupling having the following
characteristics:

Maximum torque 814 N'm (adequate)
Rated torque 170 Nm

Maximum continuous

vibratory torque +136 Nm

Shore (IHRD) hardness 50/55
Dynamic torsional stiffness 8400 Nm/rad

Substituting this value in eq. (14) indicates a combined
stiffness of 3800 Nm/rad. Substituting in eq. (1) gives
ne = 1573, corresponding to an engine speed of 786 rev/
min, which is acceptable.

It remains to check on the probable amplitude of any
torsional oscillation at the critical speed. Under no-load
conditions, the imep of the engine is likely to be in the
region of 2 bar, indicating, from eq. (5a), a mean turning
moment Mean = 8 Nm.

From Table 2.1a-1, p factor = 1.91, giving Toyx = 15
Nm per cylinder:

ZTeX = 4x15 = 60Nm

Table 2.1a-3 indicates a dynamic magnifier M = 10.5,
the combined dynamic magnifier from eq. (13) = 7.4.

The corresponding value of the vibratory torque, from
eq. (7), is then:

60 x 7.4
Ty = 2% 44
(1 +0.25/0.30) Nm

This is in fact outside the coupling continuous rating
of 136 Nm, but multiple bush couplings are tolerant of
brief periods of quite severe overload and this solution
should be acceptable provided the engine is run fairly
quickly through the critical speed. An alternative would
be to choose a coupling of similar stiffness using SBR
bushes of 60/65 hardness. Table 2.1a-3 shows that the
dynamic magnifier is reduced from 10.5 to 2.7, with
a corresponding reduction in T.

If in place of an eddy current dynamometer we were
to employ a d.c. machine, the inertia I, would be of the
order of 1 kgm?, four times greater.

This has two adverse effects:

1. Service factor, from Table 2.1a-4 increased from 4.8
to 5.§;

2. The denominator in eq. (7) is reduced from
(1+ 0.25/0.30) = 1.83 to (1 + 0.25/1.0) = 1.25,
corresponding to an increase in the vibratory torque
for a given exciting torque of nearly 50 per cent.

This is a general rule: the greater the inertia of the dy-
namometer the more severe the torsional stresses generated
by a given exciting torque.

An application of eq. (1) shows that for the same
critical frequency the combined stiffness must be in-
creased from 3364 Nm/rad to 5400 Nm/rad. We can
meet this requirement by changing the bushes from
Shore Hardness 50/55 to Shore Hardness 60/65, in-
creasing the dynamic torsional stiffness of each coupling
from 8400 Nm/rad to 14000 Nm/rad (in general, the
usual range of hardness numbers, from 50/55 to 75/80,
corresponds to a stiffness range of about 3:1, a useful
degree of flexibility for the designer).

Eq. (1) shows that with this revised coupling stiffness
ne changes from 1573 cycles/min to 1614 cycles/min,
and this should be acceptable. The oscillatory torque
generated at the critical speed is increased by the two
factors mentioned above, but reduced to some extent
by the lower dynamic magnifier for the harder rubber,
M = 8.6 against M = 10.5. As before, prolonged running
at the critical speed should be avoided.

For completeness, we should check the whirling speed
from eq. (11). The mass of the shaft per unit length is:
W, = 9.80 kg/m.

Ny

9 4
307 ‘foo X100 X 0044 oy

= 0.502 64 x 9.80

The mass of the shaft + half couplings is found to be
12 kg and the combined radial stiffness 33.6 MN/m.
From eq. (12a):

6
N, = 29 33600016600 r.p.m.
T 12

then from eq. (12b), whirling speed = 12 300 rev/min,
which is satisfactory.

Note, however, that, if shaft length were increased
from 500 to 750 mm, whirling speed would be reduced
to about 7300 rev/min, which is barely acceptable. This
is a common problem, usually dealt with by the use of
tubular shafts, which have much greater transverse
stiffness for a given mass.
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There is no safe alternative, when confronted with an
engine of which the characteristics differ significantly from
any run previously on a given test bed, to following through
this design procedure.

2.1a.10.1 An alternative solution

The above worked example makes use of two multiple-
bush type rubber couplings with a solid intermediate
shaft. An alternative is to make use of a conventional
propeller shaft with two universal joints, as used in road
vehicles, with the addition of a coupling incorporating an
annular rubber element in shear to give the necessary
torsional flexibility. These couplings, Fig. 2.1a-10, are
generally softer than the multiple bush type for a given
torque capacity, but are less tolerant of operation near
a critical speed. If it is decided to use a conventional
universal joint shaft, the supplier should be informed of
the maximum speed at which it is to run. This will prob-
ably be much higher than is usual in the vehicle and may
call for tighter than usual limits on balance of the shaft.

2.1a.10.2 Shock loading of couplings
due to cranking, irregular running and
torque reversal

Systems for starting and cranking engines are described
in Chapter 2.1, where it is emphasized that during engine

Fig. 2.1a-10 Annular type rubber coupling.

46

starting severe transient torques can arise. These have
been known to result in the failure of flexible couplings of
apparently adequate torque capacity. The maximum
torque that can be necessary to get a green engine over
t.d.c. or that can be generated at first firing should be
estimated and checked against maximum coupling
capacity.

Irregular running or imbalance between the powers
generated by individual cylinders can give rise to exciting
torque harmonics of lower order than expected in
a multicylinder engine and should be borne in mind as
a possible source of rough running. Finally, there is the
possibility of momentary torque reversal when the
engine comes to rest on shutdown.

However, the most serious problems associated with
the starting process arise when the engine first fires.
Particularly when, as is common practice, the engine is
motored to prime the fuel injection pump, the first firing
impulses can give rise to severe shocks. Annular type
rubber couplings, Fig. 2.1a-10, can fail by shearing under
these conditions. In some cases, it is necessary to fit
a torque limiter or slipping clutch to deal with this
problem.

2.1a.10.3 Axial shock loading

Engine test systems that incorporate automatic shaft
docking systems have to provide for the axial loads on
both the engine and dynamometer imposed by such
a system. In some high volume production facilities, an
intermediate pedestal bearing isolates the dynamometer
from both the axial loads of normal docking operation
and for cases when the docking splines jam ‘nose to nose’;
in these cases the docking control system should be
programmed to back off the engine, spin the dyna-
mometer and retry the docking.

2.1a.10.4 Selection of coupling torque
capacity

Initial selection is based on the maximum rated torque
with consideration given to the type of engine and
number of cylinders, dynamometer characteristics and
inertia. Table 2.1a-4, reproduced by courtesy of Twiflex
Ltd, shows recommended service factors for a range of
engine and dynamometer combinations. The rated
torque multiplied by the service factor must not exceed
the permitted maximum torque of the coupling.

Other manufacturers may adopt different rating
conventions, but Table 2.1a-4 gives valuable guidance as
to the degree of severity of operation for different situ-
ations. Thus, for example, a single cylinder diesel engine
coupled to a d.c. machine with dynamometer start calls
for a margin of capacity three times as great as an eight



Measurement of torque, power, speed and fuel consumption .

10°

107

108

10°

104

Dynamic torsional stiffness (Nm/rad)

103

102

Rubber bush coupling,
108 twin brushes joined by
swinging links

Rubber bush coupling

Twin rigid universal
joints plus annular
type coupling as Fig. 2.1a-10

102 108 104

10° 108 107

Torque capacity (Nm)

Fig. 2.1a-11 Ranges of torsional stiffness for different types of rubber coupling.

cylinder gasoline engine coupled to a hydraulic
dynamometer.

Fig. 2.1a-11 shows the approximate range of torsional
stiffness associated with three types of flexible coupling:
the annular type as illustrated in Fig. 2.1a-10, the mul-
tiple bush design of Fig. 2.1a-8 and a development of the
multiple bush design which permits a greater degree of
misalignment and makes use of double-ended bushed
links between the two halves of the coupling. The stiff-
ness figures of Fig. 2.1a-11 refer to a single coupling.

2.1a.10.5 The role of the engine clutch

Vehicle engines are invariably fitted with a clutch and this
may or may not be retained on the test bed. The ad-
vantage of retaining the clutch is that it acts as a torque
limiter under shock or torsional vibration conditions. The
disadvantages are that it may creep, particularly when
torsional vibration is present, leading to ambiguities in
power measurement, while it is usually necessary, when
the clutch is retained, to provide an outboard bearing.
Clutch disc springs may have limited life under test bed
conditions.

2.1a.10.6 Balancing of drive line
components

This is a matter which is often not taken sufficiently se-
riously and can lead to a range of troubles, including

damage (which can be very puzzling) to bearings, un-
satisfactory performance of such items as torque trans-
ducers, transmitted vibration to unexpected locations
and serious drive line failures. Particular care should be
taken in the choice of couplings for torque shaft dyna-
mometers: couplings such as the multiple disc type,
Fig. 2.1a-7, cannot be relied upon to centre these devices
sufficiently accurately.

It has sometimes been found necessary to carry out in
situ balancing of a composite engine drive line where the
sum of the out of balance forces in a particular radial
relationship causes unacceptable vibration; specialist
companies with mobile plant exist to provide this
service.

Conventional universal joint type cardan shafts are
often required to run at higher speeds in test bed appli-
cations than is usual in vehicles; when ordering, the
maximum speed should be specified and, possibly,
a more precise level of balancing than the standard
specified.

BS 5265, Mechanical Balancing of Rotating Bodies,’
gives a valuable discussion of the subject and specifies 11
Balance Quality Grades. Drive line components should
generally be balanced to Grade G 6.3, or, for high speeds,
to grade G 2.5. The standard gives a logarithmic plot of
the permissible displacement of the centre of gravity of
the rotating assembly from the geometrical axis against
speed. To give an idea of the magnitudes involved, G 6.3
corresponds to a displacement of 0.06 mm at 1000 rev/
min, falling to 0.01 mm at 5000 rev/min.
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2.1a.10.7 Alignment of engine and
dynamometer

This is a fairly complex and quite important matter. For
a full treatment and description of alignment techniques,
see Ref. 4. Differential thermal growth and the move-
ment of the engine on its flexible mountings when on
load should be taken into account and if possible the
mean position should be determined. The laser-based
alignment systems now available greatly reduce the effort
and skill required to achieve satisfactory levels of accu-
racy. In particular, they are able to bridge large gaps be-
tween flanges without any compensation for droop and
deflection of arms carrying dial indicators, a considerable
problem with conventional alignment methods.

There are essentially three types of shaft having dif-
ferent alignment requirements to be considered:

1. Rubber bush and flexible disc couplings should be
aligned as accurately as possible as any misalignment
encourages heating of the elements and fatigue
damage.

2. Gear type couplings require a minimum misalign-
ment of about 0.04° to encourage the maintenance of
an adequate lubricant film between the teeth.

3. Most manufacturers of universal joint propeller
shafts recommend a small degree of misalignment to
prevent brinelling of the universal joint needle
rollers. Note that it is essential, in order to avoid in-
duced torsional oscillations, that the two yokes of the
intermediate shaft joints should lie in the same plane.

Distance between end flanges can be critical, as incorrect
positioning can lead to the imposition of axial loads on
bearings of engine or dynamometer.

2.1a.10.8 Guarding of coupling shafts

Not only is the failure of a high speed coupling shaft po-
tentially dangerous, as very large amounts of energy can be
released, but it is also quite common. The ideal shaft-
guard will contain the debris resulting from a failure of
any part of the drive line and prevent accidental or
casual contact with rotating parts, while being sufficiently
light and adaptable not to interfere with engine rigging
and alignment. A guard system that is very inconvenient to
use will eventually be misused or neglected.

A really substantial guard, preferably a steel tube not
less than 6 mm thick, split and hinged in the horizontal
plane for shaft access, is an essential precaution. The
hinged ‘lid’ should be interlocked with the emergency
stop circuit to prevent engine cranking or running while it
is open. Many designs include shaft restraint devices
loosely fitting around the tubular portion, made of wood
or a non-metallic composite and intended to prevent
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a failing shaft from whirling; these should not be so close
to the shaft as to be touched by it during normal starting
or running otherwise they will be the cause of failure
rather than a prevention of damage.

2.1a.11 Engine to dynamometer
coupling: summary of design
procedure

1. Establish speed range and torque characteristic of
engine to be tested. Is it proposed to run the engine
on load throughout this range?

2. Make a preliminary selection of a suitable drive shaft.
Check that maximum permitted speed is adequate.
Check drive shaft stresses and specify material. Look
into possible stress raisers.

3. Check manufacturer’s recommendations regarding
load factor and other limitations.

4. Establish rotational inertias of engine and dyna-
mometer and stiffness of proposed shaft and cou-
pling assembly. Make a preliminary calculation of
torsional critical speed from eq. (1). (In the case of
large multicylinder engines consider making a com-
plete analysis of torsional behaviour.)

5. Modify specification of shaft components as neces-
sary to position torsional critical speeds suitably. If
necessary, consider use of viscous torsional dampers.

6. Calculate vibratory torques at critical speeds and
check against capacity of shaft components. If nec-
essary specify ‘no go’ areas for speed and load.

7. Check whirling speeds.
8. Specify alignment requirements.

9. Design shaft guards.

2.1a.12 Flywheels

No treatment of the engine/dynamometer drive line
would be complete without mention of flywheels which
may form a discrete part of the shaft system. A flywheel
is a device that stores kinetic energy. The energy stored
may be precisely calculated and is instantly available. The
storage capacity is directly related to the mass moment of
inertia which is calculated by:

I = kxM x R?

where:

I = moment of inertia (kgm?)
k = inertia constant (dependent upon shape)
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M = mass (kg)

R = radius of flywheel mass
In the case of a flywheel taking the form of a uniform
disc, which is the common form found within dyna-
mometer cells and chassis dynamometer designs:

1
I = -MR?
2
The engine or vehicle test engineer would normally
expect to deal with flywheels in two roles:

1. As part of the test object, as in the common case of an
engine flywheel where it forms part of the engine/
dynamometer shaft system and contributes to the
system’s inertial masses taken into account during
a torsional analysis.

2. As part of the test equipment where one or more
flywheels may be used to provide actual inertia that
would, in ‘real life’, be that of the vehicle or some
part of the engine driven system.

No mention of flywheels should be made without consid-
eration of the safety of the application. The uncontrolled
discharge of energy from any storage device is hazardous.
The classic case of a flywheel failing by bursting is now
exceptionally rare and invariably due to incompetent
modification rather than the nineteenth century problems
of poor materials, poor design or overspeeding.

In the case of engine flywheels, the potential danger in
the test cell is the shaft system attached to it. This may
be quite different in mass and fixing detail from its final
application connection, and can cause overload leading to
failure. Cases are on record where shock loading caused
by connecting shafts touching the guard system due to
excessive engine movement has created shock loads that
have led to the cast engine flywheel fracturing, with
severe consequential damage.

The most common hazard of test rig mounted fly-
wheels is caused by bearing or clutch failure where
consequential damage is exacerbated by the considerable
energy available to fracture connected devices or because
of the time that the flywheel and connected devices will
rotate before the stored energy is dissipated and move-
ment is stopped.

It is vital that flywheels are guarded in such a manner
as to prevent absolutely accidental entrainment of
clothing or cables, etc.

A common and easy to comprehend use of flywheels is
as part of a vehicle brake testing rig. In these devices,
flywheels supply the energy that has to be absorbed and
dissipated by the brake system under test. The rig motor

is only used to accelerate the chosen flywheel combina-
tions up to the rotational speed required to simulate the
vehicle axle speed at the chosen vehicle speed. Flywheel
brake rigs have been made up to the size that can provide
the same kinetic energy as fully loaded high speed trains.
Flywheels are also used on rigs used to test automatic
automotive gearboxes.

Test rig flywheel sets need to be rigidly and securely
mounted and balanced to the highest practical standard.
Multiples of flywheels forming a common system that
can be engaged in different combinations and in any
radial relationship require particular care in the design of
both their base frame and individual bearing supports.
Such systems can produce virtually infinite combinations
of shaft balance and require each individual mass to be as
well balanced and aligned on as rigid a base as possible.

2.1a.12.1 Simulation of inertia* versus
iron inertia

Modern a.c. dynamometer systems and control software
have significantly replaced the use of flywheels in chassis
and engine dynamometer systems in the automotive in-
dustry. Any perceived shortcoming in the speed of re-
sponse or accuracy of the simulation is usually considered
to be of less concern than the mechanical simplicity of
the electric dynamometer system and the reduction in
required cell space.

Finally, it should be remembered that, unless engine
rig flywheels are able to be engaged through a clutch, the
engine starting/cranking system will have to be capable of
accelerating engine, dynamometer and flywheel mass up
to engine start speed.

2.1a.13 Notation
Frequency of torsional oscillation  n cycles/min

Critical frequency of

torsional oscillation

Stiffness of coupling shaft Cs Nm/rad
Rotational inertia of engine I. kg m®
Rotational inertia of dynamometer I, kg m”

ne cycles/min

Amplitude of exciting torque Ty Nm
Amplitude of torsional oscillation 6 rad
Static deflection of shaft 0o rad
Dynamic magnifier M
Dynamic magnifier at

critical frequency M,
Order of harmonic component N,

* Some readers may object to the phrase ‘simulation of inertia’ since one is simulating the effects rather than the attribute, but the concept has

wide industrial acceptance.
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Number of cylinders

Mean turning moment

Indicated mean effective pressure
Cylinder bore

Stroke

Component of tangential effort
Amplitude of vibratory torque
Engine speed corresponding to n.
Maximum shear stress in shaft
Whirling speed of shaft
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T.K. Garrett, K. Newton and W. Steels

Attention was first directed to atmospheric pollution in
Los Angeles in 1947. Subsequently, in 1952, Dr Arie
J. Haagen-Smit asserted on the basis of his research that,
at least locally, it was due mainly to automotive exhaust
emissions. It was subsequently said, however, that it
would have cost the USA less to have moved Los Angeles
than to have converted all their vehicles to reduce the
obnoxious emissions to the levels now required by law!
Japan was close behind the USA with emission control
laws, and Europe has practically caught up.

Given complete combustion, each kg of hydrocarbon
fuel when completely burnt produces mainly 3.1 kg of
CO; and 1.3 kg of H>O. Most of the undesirable ex-
haust emissions are produced in minute quantities
(parts per million), and these are: oxides of nitrogen,
generally termed NO,, unburnt hydrocarbons (HCs),
carbon monoxide (CO), carbon dioxide (CO,), lead
salts, polyaromatics, soots, aldehydes ketones and nitro-
olefins. Of these, only the first three are of major
significance in the quantities produced. However, con-
centrations in general could become heavier as in-
creasing numbers of vehicles come onto our roads. By
the end of the 1980s, CO, was beginning to cause
concern, not because it is toxic but because it was
suspected of facilitating the penetration of our atmo-
sphere by ultraviolet rays emitted by the sun. Contro-
versy has raged over lead salts, but no proof has been
found that, in the quantities in which they are present in
the atmosphere, they are harmful. For many years,
manufacturers of catalytic converters pressed for un-
leaded petrol because lead deposits rapidly rendered
their converters ineffective.

Carbon monoxide is toxic because it is absorbed by
the red corpuscles of the blood, inhibiting absorption of

The Motor Vehicle, 13th edn; ISBN: 9780750644495

the oxygen necessary for sustaining life. The toxicity of
hydrocarbons and oxides of nitrogen, on the other hand,
arises indirectly as a result of photochemical reactions
between the two in sunlight, leading to the production of
other chemicals.

There are two main oxides of nitrogen: nitric acid and
nitrogen dioxide, NO and NO, of which the latter is of
greatest significance as regards toxic photochemical ef-
fects. Under the influence of solar radiation, the NO;
breaks down into NO + O, the highly reactive oxygen
atom then combining with O, to make Oz, which of
course is ozone. Normally, this would then rapidly
recombine with the NO to form NO; again, but the
presence of hydrocarbons inhibits this reaction and
causes the concentration of ozone to rise. The ozone then
goes on, in a complex manner, to combine with the other
substances present to form chemicals which, in combi-
nation with moisture in an atmospheric haze, produce
what has been described as the obnoxious smoky fog now
known as smog.

Unburnt hydrocarbons can come from evaporation
from the carburettor float chamber and fuel tank vent
as well as from inefficient combustion due in different
instances to faulty ignition, inadequate turbulence,
poor carburation, an over-rich mixture, or long flame
paths from the point of ignition. The relationships
between emissions and the air:fuel ratio are illustrated
in Fig. 3.1-1. Other factors are overcooling, large
quench areas in the combustion chamber, the un-
avoidable presence of a quench layer of gas a few
hundredths of a millimetre thick clinging to the walls
of the combustion chamber, and quenching in crevices
such as the clearance between the top land of the
piston and the cylinder bore.

Copyright © 2000 Elsevier Ltd. All rights of reproduction, in any form, reserved.
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Fig. 3.1-1 Effect of air:fuel ratio on exhaust emissions.

3.1.1 Early measures for controlling
emissions

A basic essential for spark ignition engine emission con-
trol is a carburettor or injection system capable of
extreme accuracy in metering the fuel supply relative to
the air entering the engine. Diesel engine emissions will
be covered from Section 3.1.18 to the end of the chapter.
All modem fuel injection systems have been developed
from the outset specifically for accuracy of metering, for
minimal emissions and best fuel economy. Irregular
combustion must be avoided during idling and, on the
overrun, the mixture must either be totally combustible
or the fuel supply totally cut off. In the latter event
a smooth return to normal combustion when the throttle
is opened again is essential. Idling speeds are typically
750 rev/min with automatic and 550 rev/min with
manual transmission.

A capsule sensitive to manifold depression could be
used to retard the ignition in the slow-running condition,
the manifold depression tapping being taken from a po-
sition immediately downstream from the edge of the
throttle when it is closed. A centrifugal mechanism
may retard the ignition from about 5° to 15°, while the
depression capsule can further retard it by perhaps
another 15°.

Sudden closing of the throttle, and the consequent
rapid increase in the depression over the slow-running
orifices, may draw off extra fuel that cannot be burned
completely. To overcome this, a gulp valve has been de-
veloped for admitting extra air into the induction mani-
fold in these circumstances.

Coolant thermostats have been set to open at higher
temperatures for improved combustion in cold condi-
tions. Also, thermostatically controlled air-intake valves
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deflect some air from over the exhaust manifold to mix
with the remainder to maintain the overall temperature
at about 40-45°C, thus assisting evaporation in cold
weather.

In the 1970s much effort was devoted to the de-
velopment of various stratified charge engines. By the
1980s, however, high-compression lean-burn systems
had been the main practical outcome. With increasing
pressures for fuel economy as a means of reducing CO;
output, interest in stratified charge began to surface again
in the early 1990s.

Positive crankcase ventilation (PCV), totally elimi-
nated pollution originating from crankcase fumes, and
at a modest cost (Section 3.1.3). By 1968, weakening
the air:fuel ratio, retarding the spark timing, preheating
the air passing into the engine intake, and, on some
models, the installation of a pump to inject air for
oxidising the HC and CO in the exhaust system re-
duced the total emissions about 39-41% by compari-
son with the 1960 cars. In absolute terms, emissions
from General Motors (GM) cars, for example, had
been reduced to 6.3 and 51 gm/mile, respectively, for
HC and CO. However, there were still no controls on
NO,. New developments then being investigated in-
cluded carbon canister systems for the temporary
storage and subsequent combustion of evaporative
emissions of fuel catalytic converters for controlling
exhaust emissions.

3.1.2 Evolution of the US Federal
test procedures

In 1970 the US Congress had adopted regulations re-
quiring by 1975 a reduction of 90% on the then current
emissions requirements. The Federal Environmental
Protection Agency was formed and introduced a better
method of sampling. Previously all the exhaust gas had
been collected in one huge bag and then analysed. This
had the disadvantage that it gave absolutely no indication
of how the engine behaved under the different condi-
tions of operation during the test; moreover, in some
circumstances, some of the gases interacted in the bag,
giving misleading results.

The new requirement was for collection into three
bags, one for each main stage of the test (Fig. 3.1-2).
The first, termed the cold-transient stage, comprised
cycles 1 to 5 of the test, which represented the be-
ginning of a journey starting from cold. Next came
13 cycles, representing the remainder of the journey
with the engine warm and including some operation at
high temperature. After this, the engine was shut down
for 10 min, to represent a hot soak, before starting up
again and repeating the first five cycles, for what is
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Fig. 3.1-2 Top, in 1992, a hot transient mode, (b) was added to the earlier EEC test cycle, (). Sampling begins after 40 s. The lower
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through 6 times. Mid-right, the Japanese 11 mode cycle to be run through 4 times. Below, Japanese hot transient test introduced in the
early 1990s, comprising 24 s idle, the first three modes of its predecessor and a 15 mode high speed, or hot, test. Bottom, US Federal

Test Program (FTP).

termed the hot transient stage of a journey started with
a hot engine.

By applying weighting factors to alter the relative
effects of the three bag analyses on the totals, the results
of the test are easily adjusted to represent different
characteristic types of operation. Obviously HC emis-
sions are high for the period following starting from cold,

while NO, emissions are of little significance except
under hot running conditions.

Conditions that encourage the generation of NO, in
the combustion chamber are principally temperatures
above about 1350°C in the gas at high pressures and
the length of dwell at those temperatures. Exhaust
gas recirculation (EGR) was introduced to lower the
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HC, CO and NO,

Year respectively gm/mile
1975 1.5, 15.0 and 3.1
1977-79 1.5, 15.0 and 2.0
1980 0.41,7.0and 2.0

1981 and beyond 0.41,3.4and 1.0

temperatures of combustion in cars for California in
1972, and extended nationwide in 1973, when legal
limits, at 3.1 gm/mile, were first imposed on NO,
emissions. Subsequently, the overall requirements were
progressively tightened as shown in Table 3.1-1. The
1981 regulations were so tight that, for diesel engines and
innovative power units, a delay of 4 years had to be
allowed for NO, and up to 2 years on CO. Since then the
regulations have been tightened periodically and clearly
this process will continue.

3.1.3 Catalytic conversion

At this point while some other maunfacturers were
promoting the lean-burn concept as the way forward,
GM engineers, accepting the penalty of low Octane
Number, opted for unleaded fuel and catalytic conver-
sion for meeting regulations on both emissions and fuel
economy, while avoiding adverse effects on engine
durability. As a first step, all their car engines for 1971
were designed for fuel rated at 91 Motor Octane No.,
mainly by reducing compression ratios and modifying the
valves and their seats.

They argued that unleaded fuel offers several benefits:
first, the major source of particulate emissions, lead
oxyhalide salts, is eliminated; secondly, there is a conse-
quent reduction in combustion chamber deposits, which
have the effect of thickening the boundary layers in the
gas in the combustion chambers and this, by quenching
them, encourages the formation of HC; thirdly, a further
reduction in HC is obtained because of the additional
oxidation that occurs in the exhaust system owing to the
absence of lead additives and also because the lead salt
deposits tend to cause deterioration of the NO, control
system by adversely affecting the flow characteristics of
the EGR orifices; fourthly, maintenance of spark plugs,
exhaust systems and the frequency of changing lubri-
cating oil are all reduced by the elimination of the lead
salts, as also of course is the generation of acids by the
halide scavengers that have to be used with them; finally,
because catalytic converters call for unleaded fuels
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controversy over the alleged toxic effects of lead salts in
the environment was neatly side-stepped.

3.1.4 Two-way catalytic conversion

The emissions regulations for the 1975 model year re-
quired reductions of 87% in HC, 82% in CO and 24% in
NO, by comparison with 1960 levels. GM concluded
that to meet these requirements while simultaneously
improving not only economy but also driveability, both of
which had deteriorated severely as a result of emission
control by engine modifications, two-way catalytic con-
verters were needed. The term two-way conversion im-
plies oxidation of the two constituents in the exhaust,
HC and CO, to form CO> and H;O. Such a converter
therefore contains only oxidation catalysts and, more-
over, without oxygen in the exhaust cannot function.
Consequently, the air-fuel mixture supplied to the
engine must be at least stoichiometric or, better still,
lean. Incidentally, the earlier practice of feeding air into
the exhaust was intended primarily for burning the
excess hydrocarbons during the first five cycles of the test
after a cold start with engines equipped with carburet-
tors. It is unnecessary with the accurate regulation of
air:fuel ratio by computer-controlled injection.

If a spark plug were to fail, air—fuel mixture would
enter the two-way catalytic converter and burn, seriously
overheating the unit. Consequently, high-energy ignition
systems became a necessary adjunct for the 1975 models,
and copper-cored spark plugs were fitted to obviate cold
fouling. The overall result of all these measures on the
GM models was a reduction in fuel consumption of 28%
by comparison with that of their 1974 cars. By 1977 this
figure had been further improved by 48% and, by 1982,
owing to the stimulus of the Corporate Average Fuel
Economy (CAFE) legislation, by 103%. Incidentally,
under the CAFE legislation the average fuel consumption
of all cars marketed by each corporation in the USA had
to improve in stages, from 18 mpg in 1978, by 1 mpg
each year to 1980, then 2 mpg annually to 1983 and again
by 1 mpg for 1984, and then to 0.5 mpg, to 27.5 mpg, for
1985.

3.1.5 The converter

Two-way catalytic converters comprise a container, usu-
ally of chromium stainless steel, and the catalysts and
their supports, all enclosed in an aluminised steel heat
shield (Fig. 3.1-3). Initially, the alumina pellet type of
support for the catalyst was the most favoured because it
had been developed to an advanced stage in other in-
dustries. The monolithic type (one-piece) did not go into
regular production until 1977.
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Fig. 3.1-3 The AC-Delco stainless steel housing for monolithic catalyst carriers is enclosed in an aluminised steel outer casing.
Sandwiched between top halves of the outer and inner shells is heat insulation material. The perforations in the lower half of the outer shell,

termed the grass shield, facilitate local cooling.

Either platinum (Pt) alone or platinum and palladium
(P1) are used as catalysts. The cost of this noble metal
content is of the order of 15 to 20 times that of the
stainless steel shell that houses them, so other catalysts
such as copper and chromium have been tried, with some
success, but have not come into general use because they
are prone to deterioration owing to attack by the
sulphuric acid formed by combustion of impurities in the
fuel. A typical two-way converter for an American car
contains about 1.6 g of noble metals in the Pt:P1 ratio
of 5:2.

3.1.6 Catalyst support

Considerable development effort has been devoted to
monolithic catalyst supports in the form of one-piece
extruded ceramic honeycomb structures having large
surface areas on to which the noble metal catalysts are
deposited. Gas flow paths through them are well defined
and their mass is smaller than that of the pellet type,
warming up more rapidly to their working temperature
of about 550°C. In some applications, for ease of man-
ufacture two such monoliths are installed in tandem in
a single chamber (Fig. 3.1-4).

Pellet systems are, nevertheless, widely employed in
the USA for trucks, where compactness is not an over-
riding requirement but durability under extremely ad-
verse conditions is. The pellets are relatively insensitive
to thermal stress because they can move to relieve it.
Moreover, the hottest part of such a bed is near its
centre, whereas that of a ceramic monolith is about

25 mm from its leading edge, accentuating thermal stress
problems. Packaging for pellets, on the other hand, is
more complex, so both assembly and servicing of the
monolithic type are easier.

3.1.7 Metallic monoliths
for catalytic converters

Another important aim is of course durability at both
very high and rapidly changing temperatures. Ceramics
do not satisfy all these requirements, so efforts were

Fig. 3.1-4 Two monolithic catalyst carriers being assembled in
series into their casing in the AC-Delco factory at Southampton.

57



Emissions control

Fig. 3.1-5 Comparison between ceramic and metallic monoliths. The thermal stresses in monoliths comprising alternate strips of plain
and corrugated metal foil in looped S-form are considerably lower than those that are simply spirally wound.

directed at producing acceptable metallic matrices.
These offer advantages of compactness, minimum back-
pressure in the exhaust system, rapid warm-up to the
minimum effective operating temperature (widely
termed the light-off temperature) which, for this type of
monolith, is claimed to be about 250°C.

Two obstacles had to be overcome. First was the dif-
ficulty of obtaining adequate corrosion resistance with
the very thin sections needed for both compactness and
acceptably low back-pressure. Secondly, it was difficult
to join the very thin sections while retaining the robust-
ness necessary to withstand the severe thermal loading
and fatigue.

By 1989, these problems had been solved by Emitec,
a GKN-Unicardan company in Germany. They had de-
veloped a special stainless steel alloy, called Emicat, which
they used in foil strips only 0.04 mm thick to construct the
catalyst carriers in monolithic form. These are now made
up into matrices comprising alternate plain and corru-
gated strips, wound in an S-form, as shown in Fig. 3.1-5.
The matrices are inserted into steel casings and the whole
assembly joined by a patented high-temperature brazing
process. S-form matrices proved to be more durable than
spirally wound cylindrical units.
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Emicat is an Fe, 20% Cr, 5% Al, 0.05% Y alloy.
Yttrium, chemical symbol Y, has a melting point of
1250°C. It is a metal but with a strong chemical re-
semblance to rare earths, with which it therefore is
usually classified. Its oxide, Y,Os3, forms on the surface of
the foil and protects the substrate from further oxida-
tion. At a content of 0.05% yttrium is very effective in
enabling the alloy to withstand not only temperatures of
up to 1100°C over long periods, but also the higher peaks
that can be attained in catalytic converters in the event of
a malfunction of the ignition system. Even better pro-
tection, however, can be had by increasing it up to 0.3%,
though at higher cost.

The advantages obtained with the monoliths made of
Emicat include: rapid warm-up; resistance to both ther-
mal shock and rapid cyclical temperature changes up to
well over 1300°C (both due to the good thermal con-
ductivity of the material and low heat capacity of the
assembly); minimal back-pressure, by virtue of the thin
sections of the catalyst carrier foil (Fig. 3.1-5); com-
pactness due to thinness of the sections and the absence
of the mat needed around a ceramic monolith (to absorb
its thermal expansion); large area of the catalyst exposed
to the gas flow (owing to the high surface:volume ratio of



Property Metal Ceramic
Wall thickness, mm 0.04 0.15-0.2
Cell density, cell/in® 400 400
Clear cross section, % 91.6 67.1
Specific surface area, m%/l 3.2 2.4
Thermal conductivity, W/m K 14-22 1-1.08
Heat capacity, kd/kg K 0.5 1.05
Density, g/cm® 7.4 2.2-2.7
Thermal expansion, AL/, 1078 K 15 1

Note: Thicknesses and cross sections are of metals uncoated with catalyst.

the foil); and avoidance of local overheating, by virtue of
both the compactness of the unit and the good thermal
conductivity of the metal as compared with that of ce-
ramic; and, finally, because the complete unit is directly
welded into the exhaust system, the costs of assembling
ceramic monoliths and their wire mesh or fibre mat
elastic supports into their cans are avoided. The

properties of the two types of converter are set out in
Table 3.1-2.

3.1.8 Ford Exhaust Gas Ignition
system for preheating catalysts

Generally, catalysts on ceramic monoliths do not become
reasonably effective until they have attained a tempera-
ture of approximately 350°C, and are not fully so until
a temperature of 450°C is attained. On average, two-
thirds of all car journeys undertaken are less than 5 miles
in length. Indeed, on a short journey, as much as 80% of
the total emissions after starting with a cold engine are
produced during the first 2 min, and the situation is even
worse in cold climates and in urban conditions.

Ford have obtained catalyst light-off consistently in
a few seconds by briefly burning a measured mixture of
fuel and air in an afterburner just upstream of the catalyst.
They have termed their system exhaust gas ignition (EGI).

Immediately after start-up from cold, three actions
are initiated by the electronic control unit (ECU): the
engine is run on a rich mixture; air is delivered to the
afterburner by a pump which is electrically driven, so
that it too can be controlled by the ECU; and sparks are
continuously fired across the points of a plug situated in
the afterburner. Because the mixture is rich, the exhaust
gases contain not only unburned hydrocarbons and
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carbon monoxide, but also hydrogen. The hydrogen gas is
highly inflammable, and therefore is utilised to light up
the other constituents. Once alight, the mixture will
continue to burn and generate the heat needed to bring
the temperature of the catalyst up to its light-off value.

Hydrogen is one of the products of combustion of rich
mixtures at high temperatures. The chemical processes,
which are similar to those occurring during the pro-
duction of water gas, are as follows:

CO+H,O=CO,; +H;
CO; +H, = H,O+CO

These two reactions alternate in the combustion cham-
ber which is why, with the rich mixture, there is always
some hydrogen in the exhaust, especially since some of
the products of combustion are frozen by the cold walls
of the chamber.

Alternative methods of expediting warm-up can be
less satisfactory. For example, placing the catalytic con-
verter close to the engine entails a risk of degradation of
the catalyst due to overheating when the car is driven at
high speed and load. The alternative of electric heating
requires a current of about 500 A at 12 V, and therefore
calls for a significant and costly uprating of the battery
charging system.

3.1.9 Three-way conversion

By 1978 GM had developed a three-way converter, the
term implying the conversion of a third component,
namely the NO,. Whereas two-way conversion is done in
a single stage, three-way conversion calls for two stages.
By 1980 it became necessary for meeting the stringent
requirements for the control of NO, in California and, by
1981, in the rest of the USA.

The additional catalytic bed contains rhodium (Rh)
for reduction of the oxides of nitrogen. An outcome was
an increase to about 3 g in the total noble metal content.
In practice, with a 0.1% rich mixture, about 95% of the
NO, can be removed by such a catalytic converter. A
reducing atmosphere is essential so the mixture must not
be lean, and therefore the conversion of NO, has to
precede the oxidation of the HC and CO.

Oxygen released in the initial reduction process, in the
Rh bed, immediately starts the second stage of the
overall process while the exhaust gas is still in the first
stage. The oxygen that remains unused then passes on
into the Pt or Pt-P1 second stage of the converter, in
a separate housing downstream of the first. Here extra air
is supplied for completion of the oxidation. On the other
hand, if what is termed a dual-bed converter is used, both
stages are in a single housing, though in separate com-
partments between which is sandwiched a third chamber
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into which the extra air is pumped, to join the gas stream
before it enters the Pt, or Pt-P1, stage.

With three-way conversion, a closed-loop control
system is essential, for regulating the supply of fuel ac-
curately in relation to the mass air-flow into the engine.
This entails installing an oxygen sensor in the exhaust,
and an on-board microprocessor to exercise control, both
to correct continuously for divergencies from the stoi-
chiometric ratio and to ensure good driveability.

3.1.10 The electronic control
system

In practice, the electronic control system has to be more
complex than might be assumed from the preceding
paragraph. When the engine is being cranked for starting
it has to switch automatically from a closed- to an open-
loop system, to provide a rich mixture. In this condition
the air supply for the second converter bed is diverted to
the exhaust manifold to oxidise the inevitable HC and
CO content, thus avoiding a rapid rise in temperature in,
and overloading of, the second stage of the converter.
Owing to the low temperatures in the combustion
chambers of the engine, NO, production is minimal or
even zero, so no conversion is required in the first stage.

During warm-up the mixture strength has to be mod-
ified for the transition from rich to stoichiometric mix-
ture. However, to cater to heavy loading, such as
acceleration uphill, it may again have to be enriched,
perhaps with EGR in this condition to inhibit the forma-
tion of NO,. The on-board microprocessor capabilities,
therefore, must include control over idle speed, spark
timing, EGR, purge of hydrocarbons from carbon canister
vapour-traps, early evaporation of fuel by air intake
heating, torque converter lock-up, and a fault-diagnosis
system.

3.1.11 Warm-air intake systems

Apart from setting the coolant thermostat to open at
higher temperatures to improve combustion in cold
conditions, several manufacturers have introduced au-
tomatic control of the temperature of the air drawn into
the carburettor. The GM system is built into a conven-
tional air cleaner. There are two air valves, operated by
vacuum-actuated diaphragm mechanisms, and controlled
by a thermostat. One valve lets warm and the other cold
air into the intake.

The thermostat, mounted on the air cleaner, senses the
temperature inside, maintaining it at 40-45°C. This
thermostat operates a two-way control valve directing
either induction system depression or atmospheric pres-
sure to the actuator, according to whether cool or warm air
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isrequired. The warm air is taken from a jacket around the
exhaust manifold.

Ford have developed a similar system. In this case,
however, the thermostat senses under-bonnet tempera-
ture, and provision is made, by means of a vacuum-actuated
override, to enable maximum power output to be obtained
during warm-up.

The Austin-Rover design is outstanding for its sim-
plicity. It is a banjo-shaped pressed steel box assembly,
the handle of which is represented by the air intake duct
to the air cleaner. In both the upper and lower faces of
the box is a large diameter port, and a flap valve is poised
between them. This flap valve is mounted on a bimetal
strip which, when hot, deflects to close one port and,
when cold, to close the other. The latter port simply
lets air at the ambient temperature into the intake, while
the former is connected by a duct to a metal shroud
over the exhaust manifold and therefore passes hot air
into the intake. It follows that the temperature of the
incoming mixture from both ports is regulated by its
effect on the bimetal strip, which deflects the flap valve
towards the hot or cold port, as necessary.

3.1.12 Evaporative emissions

The evaporative emissions are mostly hydrocarbons
though, with some special fuels and those that have been
modified to increase octane number, alcohols may also be
present. In general, the vapour comes from four sources:

(1) Fuel tank venting system.

(2) Permeation through the walls of plastics tanks.
(8) The carburettor venting system.

(4) Through the crankcase breather.

Fumes from the fuel tank venting system are absorbed in
carbon canisters which are periodically purged (Section
3.1.17). Permeation through the walls of plastics tanks is
controlled by one of four methods. These are:

(1) Fluorine treatment.
(2) Sulphur trioxide treatment.

(8) Du Pont one-shot injection moulding (a laminar
barrier treatment).

(4) Premier Fuel Systems method of lamination.

Plastics tanks are generally moulded by extrusion of what
is termed a parison (a large-diameter tube), which is
suspended in a female mould into which it is then blow-
moulded radially outwards. The chemical treatments are
applied internally, either in the parison or in the blow-
moulding. With either procedure, problems arise owing
to the toxicity of the barrier chemicals and in the disposal
of the chemical waste.
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Fig. 3.1-6 (Left) Sealed Housing for Evaporative Determination (SHED) installed alongside a chassis dynamometer (right) in
a thermostatically controlled chamber at the Shell Thornton Research laboratories.

For the Du Pont laminar barrier technology, a modified
one-shot extruder is used for producing the parison. It
automatically injects into the high-density polyethylene
(HDPE), which forms the walls of the tank, a barrier
resin called Selar RB. This resin forms within the wall an
impermeable layer of platelets, in the form of a layer
about 4-5% of its total thickness. Full details have been
published in Automotive Fuels and Fuel Systems, Vol. 1,
by TK. Garrett, Wiley.

Item (4) in the second list is a patented method of
laminating a plastics tank, which first went into series
production in 1994 for the Jaguar XJ 220. It is pro-
duced by vacuum moulding, and is designed to meet
the Californian requirements which limit the evapora-
tive emissions to 12 parts per million from the whole
car in one hour, during the SHED test (Fig. 3.1-6).
There are three laminations. The outer layer is a fabric
impregnated with a high nitrile polyvinyl chloride
(PVC), while the inner wall is of unreinforced high
nitrile PVC. Sandwiched between them is the layer
that forms the impermeable barrier. This is of fluori-
nated ethane propane (FTP, or Teflon), both faces of
which are etched to facilitate bonding to the outer
layers.

3.1.13 Crankcase emission control

About 55% of the hydrocarbon pollution is in the ex-
haust, crankcase emissions account for a further 25% and
the fuel tank and carburettor evaporation makes up the
other 20%. These figures, of course, vary slightly

according to the ambient temperature. In general un-
burnt hydrocarbons from these two sources amount to no
more than about 4-10% of the total pollutants.

Crankcase fumes are drawn into the induction mani-
fold by a closed-circuit, positive ventilation system. One
pipe is generally taken from the interior of the air filter to
the rocker cover, and another from the crankcase to the
induction manifold. Thus, air that has passed through
a filter is drawn past the rocker gear into the crankcase
and thence to the manifold, whence it is delivered into
the cylinders, where any hydrocarbon fumes picked up
from the crankcase are burnt.

There are three requirements for such a system: first,
the flow must be restricted, to avoid upsetting the slow
running condition; secondly, there must be some safe-
guard to prevent blow-back in the event of a backfire and,
thirdly, the suction in the crankcase has to be limited.
AC-Delco produce a valve for insertion in the suction
line to meet these requirements. It comprises a spring-
loaded disc valve in a cylindrical housing. When there is
no suction — engine off, or backfire condition — the valve
seats on a port at one end, completely closing it. With
high depression in the manifold, slow running or overrun,
the valve seats on a larger diameter port at the other end,
and a limited flow passes through the holes which, be-
cause they are near its periphery, are covered when it
seats on the smaller diameter port. Flow through the
larger port is restricted by the valve stem projecting into
it. In normal driving, the valve floats in equilibrium be-
tween the two seats, and air can pass through the clear-
ance around its periphery as well as through the holes
(Fig. 3.1-7).
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Fig. 3.1-7 AC-Delco crankcase ventilation control valve. With
zero depression in the manifold, the valve seats on the right-hand
orifice and with maximum depression on the left-hand one. In
normal running it floats between the two.

3.1.14 Air injection and gulp valve

A version of the AC-Delco air injection system made in
the UK comprises an engine-driven air pump delivering
into an air manifold, and thence through a nozzle or noz-
zles into either the exhaust ports or, latterly, between the
reducing and oxidising catalytic beds. At the junction
between the delivery pipe and the manifold, there is
a check valve, to prevent back-flow of exhaust gas into the
pump and thence to the engine compartment: this could
happen in the event of failure of the pump or its drive.

A pipe is also taken back from the check valve to a gulp
valve. When the throttle is closed suddenly for rapid de-
celeration, this admits extra air to the induction tract to
ensure that there is enough air passing into the cylinders to
burn the consequent momentary surge of rich mixture
and to prevent explosions in the exhaust system. The gulp
valve comprises two chambers. Of these, the bottom one
is divided into two by a spring-loaded flexible diaphragm,
from the centre of which a stem projects upwards to ac-
tuate a valve in the upper chamber. Air from the pump
enters at the top and, when the valve is open, passes out
through a port in the side, to the induction manifold,
(Fig. 3.1-8).

Manifold depression, introduced through a smaller
port in the side of the housing, is passed into the chamber
above the diaphragm. Therefore, a large transient in-
crease in depression lifts the diaphragm, which sub-
sequently returns under the influence of the spring. The

— To
manifold

__Manifolq

depression

Fig. 3.1-8 AC-Delco gulp valve, for admitting extra air to the
induction tract when the throttle is suddenly closed.
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duration of the lift is determined by the size of a balance
orifice in the centre of the diaphragm. A period of
opening of about 1 and 4 seconds is generally adopted.
Slower variation in depression, which occur in normal
driving, are absorbed by flow through the balance orifice.

In the AC-Delco system, there is also a simple spring-
loaded pressure relief valve, which can be equipped with
a small air silencer. This limits the pump delivery pres-
sure and prevents excess air being injected into the ex-
haust ports under high speed conditions of operation.

Another system is the Lucas-Smiths Man-Air-Ox. This
also comprises an air pump, gulp valve, and check valve. As
with the AC-Delco unit, there is an alternative to the gulp
valve: a dump, or by-pass, valve can be used. This, instead
of admitting a gulp of air to the induction tract, opens to
atmosphere a delivery pipe from the pump. Thus, it ef-
fectively stops the supply through the nozzles, and pre-
vents the possibility of explosions in the exhaust system.
It, too, is suction controlled, but is a two-way valve. The
sudden depression produced by the overrun condition
lifts the valve, venting the air delivery to atmosphere, and
at the same time seating the valve on the port through
which the air was formerly being delivered to the
manifold.

If air injection is employed for emission control it
might also be utilised for cooling the exhaust valves.
However, this is not favoured, because it entails the use
of valves of special steel for avoiding oxidation. After-
burning in the exhaust gases may also be encouraged by
the incorporation of ribs or other forms of hot spot in the
exhaust manifold.

3.1.15 Air management valves

For engines equipped with catalytic converters some-
thing more than a simple gulp valve is needed. Conse-
quently, comprehensive air management systems are
employed to shut off completely the supply of air to the
exhaust system, or to divert it from the catalytic con-
verter into the exhaust manifold, during phases of op-
eration in which a rich mixture is supplied to the engine.
Otherwise, the excessive quantities of unburnt hydro-
carbons passing through may either cause explosions in
the exhaust system or overload, and thus overheat, the
oxidising catalytic converters. Moreover, with carbur-
etted engines the very high depression arising on sudden
closure of the throttle tends to draw off excess fuel,
which can similarly cause damage to the exhaust system,
including the catalytic converter.

One of the simpler of the wide range of air manage-
ment valves available is the Rochester products stand-
ardisation diverter valve (Fig. 3.1-9). During normal
operation of the engine this valve is held open by a spring,
so that the pump delivers air through it to the exhaust
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Fig. 3.1-9 Rochester standardised diverter valve, with high manifold depression applied to the diaphragm to divert air from its normal

route, which is to the exhaust system, into the air cleaner.

manifold to burn off HC and CO. To counter the effects
of over-fuelling due to the very high depression on
sudden closure of the throttle, that depression is trans-
mitted to the chamber above the diaphragm. This lifts
the diaphragm against its return spring and thus closes
a valve in the port through which the pump delivers air to
the exhaust manifold, diverting the flow into the dirty
side of the air cleaner, to silence the discharge. An orifice
in the central plate of the diaphragm assembly allows the
depression to bleed away from the diaphragm chamber,
the duration of diversion of the air to the cleaner being
therefore a function of the sizes of the bleed and de-
pression signal orifices and the volumes of the upper and
lower parts of the diaphragm chamber. At high rotational
speeds of the engine the rate of supply of air exceeds
requirements, so it is this time diverted by the opening of
a pressure relief valve, to the air cleaner.

A variant of this system is the air intake control valve
(Fig. 3.1-10). During sudden deceleration this valve,
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Fig. 3.1-10 Air intake control valve. Some of the air is also
diverted into the induction manifold to reduce CO and HC output
in the exhaust.

instead of closing the outlet to the exhaust manifold,
simply opens a port to divert some of the air to the in-
duction manifold instead of all of it into the air cleaner.
This, by weakening the mixture, not only helps to reduce
the HC and CO content of the exhaust gases but also
reduces the rate of deceleration. At high engine speeds,
again, air in excess of requirements is diverted by the
pressure relief valve into the air cleaner.

3.1.16 Some more complex valve
arrangements

Where a computer-controlled catalytic system is in-
stalled, a solenoid-actuated air-switching valve is
interposed between the output from the normal diverter
valve and the delivery line to the exhaust manifold.
When the system is operating with a cold engine, on the
open-loop principle, the standardised diverter valve
functions exactly as described in the previous section.
However, when the engine is warm and the computer
control switches to closed-loop operation, the solenoid-
actuated valve diverts the output of air from the exhaust
manifold to the second catalytic bed (Fig. 3.1-11), to
enable the reducing catalyst in the first bed to function
efficiently while, at the same time, to further the oxi-
dation process in the second bed.

The functions of air management valves so far de-
scribed have been:

(1) To direct air from the pump to the exhaust manifold
during normal operation.

(2) To divert either all the air from the exhaust mani-
fold to the air intake cleaner, or some of it to the
induction manifold (the gulp-valve function) during
deceleration.

(8) To divert the air excess to requirements, via a blow-
off valve, back to the air cleaner.
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There are also, however, even more complex air manage-

1 Closed i .
0 (Toop ment valves. The additional functions they perform are:

fuel control
18 B e

(5) In response to a low or zero depression signal from
the induction manifold, to divert the air pump
output to the air cleaner when the engine is oper-
ating under heavy load from nearly to fully open
throttle. This is to avoid the overheating of the
catalytic converter that would occur if the excess

R hydrocarbon required to obtain maximum power

pump output were to be oxidised in it.
By-pass air to air cleaner
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(6) In response to a high depression signal from the in-
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® duction manifold, to divert the air pump output to
-:ll (01'059"\1‘—_ the air cleaner during normal road load conditions.
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Oxidising

haust back-pressure and, to a lesser degree, by re-
catalyst

ducing the power required to operate the pump.
The air flow reverts to the exhaust manifold when
the load on the engine increases and therefore the
converter is needed to come back into operation to
control the hydrocarbon emissions.

Reducing

sensor
>

Check valve
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(7) By means of a solenoid-actuated valve, to enable air
to be diverted by electronic control during any
(b) driving mode. With this arrangement, the dia-

. L _ phragm valve is actuated by high depression and
Fig. 3.1-11 System for switching air from the manifold (a) for

open-loop operation to the oxidising catalytic converter, (b) for a SpI.'ll’lg, in the normal way, ex.cept when jche elec-
closed-loop operation. tronic control opens the solenoid valve to introduce

air pump delivery pressure beneath the diaphragm
to override its spring return mode.

pump
By-pass air to air cleaner

(4) Where control is exercised by computer, the solenoid-

actuated air switching valve diverts air from the There are other variants of these valves, but not
exhaust to the second stage catalytic converter for enough space here to describe them all. Their modes of
closed-loop operation or back again to the exhaust operation can be deduced from a study of Figs. 3.1-12
manifold for open-loop operation. to 3.1-14. Which type of valve is selected depends
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Fig. 3.1-12 The Rochester normal diverter valve diverts air from the oxidising converter to the air cleaner for operation at heavy load.
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Fig. 3.1-13 This is what Rochester term their high vacuum air-control valve: (a) in the high vacuum mode; (b) in the low vacuum mode. On
sudden closure of the throttle valve with the engine cold it operated in the same way as the standardised diverter valve in Fig. 3.1-8.
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Fig. 3.1-14 The electrically actuated air-control valve, with solenoid energised.

mainly on the engine and emission-control system
characteristics.

3.1.17 Vapour collection
and canister purge systems

Carbon-filled canisters for storing vapours emitted from
fuel tanks and float chambers are of either the open- or
closed-bottom type. The filter in the base of the open-
bottom type (Fig. 3.1-15) has to be changed regularly,
generally every 24 months or 30000 miles. On the
other hand, the purge air for the closed-bottom type (Fig.
3.1-16) is drawn through the engine air intake before

being conducted through a tube to the canister, so its
filters do not need to be changed. A major advantage of
the closed-bottom canister is that water or condensation
cannot enter its base and, in cold weather, freeze in the
filter, restricting the entry of purge air. Even so, canisters
of the closed-bottom type, and also drawing air from
atmosphere, are not unknown.

Either closed- or open-bottom canisters may have
one inlet tube, through which both the fuel tank and
carburettor float chamber fumes enter, and one purge
tube. Alternatively, there may be separate inlet tubes for
these two sources of fumes, making a total of three, as in
Fig. 3.1-16. Generally, the carburettor float chamber
vent tube, as in the illustration, is fitted with a diaphragm
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Fig. 3.1-15 A purge valve canister of the open-bottom type.

valve which is normally held open by a spring. However,
when the engine is started, closure of the throttle un-
covers a hole just downstream of it and transmits mani-
fold depression to close the diaphragm valve, the venting
of the float chamber then being effected directly to the
carburettor air intake. Yet another option is to take the
float chamber vent to a valve on the purge tube, for both
the purging and diversion of the float chamber venting in
the timed manner just described.
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valve
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Filter Purg
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Fig. 3.1-16 Canisters of the closed-bottom type will not let water
in at the base, where it could freeze and inhibit the purge action.
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There may or may not be a central cylindrical or
conical screen around the inlet from the tank vent. The
function of such a screen is to ensure that the fumes
entering from the tank are initially spread into the carbon
particles, instead of being short circuited directly into the
induction manifold, which could cause driveability
problems when the vehicle is being operated slowly
under very light load.

The canister purge tube may be fitted with either of
several types of valve as alternatives to that in Fig. 3.1-15.
Purging takes place through both the timed and constant
purge orifices. When the depression over the diaphragm
falls and the spring lowers the valve on its seat again, the
flow continues, but at a greatly reduced rate, through the
constant purge orifice.

One of the alternatives is the Rochester Products valve
illustrated in Fig. 3.1-17. When the engine is not running,
the spring holds the valve open, allowing the carburettor
float chamber to vent into the canister. As soon as it is
started, the timed manifold depression seats the valve so
that the float chamber is then vented internally through
ducts in the carburettor body to the air intake.

The valve in Fig. 3.1-18 performs two functions: it acts
as both a carburettor vent valve, as described in the pre-
vious paragraph, and a purge valve, as in Fig. 3.1-15. When

Manifold Diaphragm
vacuum assembly
Ny b

Carburettor
bowl

Purge
vacuum

Fig. 3.1-17 The Rochester type 1 canister control valve functions
as a simple vapour vent valve.
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i om— Spn’ng
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Fig. 3.1-18 Canister control valve type 2 performs the functions
not only of the vapour vent valve but also of the purge valve as in
Fig. 3.1-15.
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Fig. 3.1-19 Fuel tank pressure control valve. When the engine is
not running, the valve is closed by the spring and the tank is then
vented only through the restriction.

the engine is started, the lower diaphragm is lifted by the
purge control system depression and this closes the valve
serving the float chamber venting system. As the throttle is
opened further, the depression signal, again timed by the
passage of the throttle valve over a hole in the wall of the
manifold, lifts the upper diaphragm valve to open it and
purge the canister.

When a car is parked for long periods in hot sunshine
there could be a tendency for large volumes of vapour to
pass from the fuel tank into the canister. This would call
for the use of an otherwise unnecessarily large capacity
canister so, to avoid this, a fuel tank pressure control
valve (Fig. 3.1-19) may be fitted. This is a diaphragm
valve the port of which is normally closed by a spring. To
allow for variations in volume of air and vapour in the
tank with changes in ambient temperature, the tank is
then vented through the restricted orifice alongside the
port. Thus, when the engine is not running the major part
of the fumes tends to be kept in the tank. When the
engine is started the manifold depression opens the valve
port, to vent the fuel tank to the canister, which of course
will be cleared when the purge valve opens.

Yet another method of controlling the purge is
available if an electronic control module is installed. A
solenoid-controlled valve can be used and its opening and
closing regulated by the computer.

3.1.18 Diesel engine emissions

Diesel and spark ignition engines produce the same
emission. On the other hand, owing to the low volatility
of diesel fuel relative to that of gasoline and the fact that
carburettors are not employed, evaporative emissions are
not so significant. Crankcase emissions, too, are of less
importance, since only pure air is compressed in the
cylinder and blow-by constitutes only a minute pro-
portion of the total combustion gases produced during
the expansion stroke.

Sulphur, which plays a major part in the production of
particulates and smoke emissions is present in larger
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proportions in diesel fuel than in petrol. This is one of the
reasons why the combustion of diesel fuel produces be-
tween 5 and 10 times more solid particles than that of
petrol.

Because diesel power output is governed by regulating
the supply of fuel without throttling the air supply, there is
excess air and therefore virtually zero CO in the exhaust
under normal cruising conditions. Reduction of NO, on
the other hand can be done only in an oxygen-free atmo-
sphere, so a three-way catalytic converter is impracticable.

As a diesel engine is opened up towards maximum
power and torque, NO, output increases because of the
higher combustion temperatures and pressures. At the
same time HC, CO and sooty particulates also increase.
However, because of the relatively low volatility of diesel
fuel and the extremely short time available for evapora-
tion, problems arise also when the engine is very cold. In
the latter circumstances, under idling or light load con-
ditions, the situation is aggravated by the fact that the
minute volumes of fuel injected per stroke are not so well
atomised as when larger volumes are delivered through
the injector holes.

3.1.19 Reduction of emissions:
conflicting requirements

Measures taken to reduce NO, tend to increase
the quantity of particulates and HC in the exhaust
(Fig. 3.1-20). This is primarily because, while NO, is
reduced by lowering the combustion temperature, both
soot and HC are burned off by increasing it. In conse-
quence, some of the regulations introduced in Europe
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Fig. 3.1-20 Tests done in the late 1980s to demonstrate how NO,

increases when measures are taken to reduce particulates in
different types of engine.
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have placed limits on the total output of both NO, and
HC, instead of on each separately, leaving manufacturers
free to obtain the best compromise between the two.

The problem of emission control, however, is not so
severe as might be inferred from the last paragraph. Both
NO, output and heat to exhaust become significant only as
maximum torque and power are approached. At lighter
loads, the gases tend to be cooled because of both their
excess air content and the large expansion ratio of the
diesel engine. Since the proportion of excess air falls as the
load increases, oxidising catalysts can be used without risk
of overheating, even at maximum power output.

Fuel blending and quality have a profound effect on
emissions. Since fuel properties and qualities are
interrelated, it is generally unsatisfactory to vary one
property unilaterally. Indeed, efforts to reduce one ex-
haust pollutant can increase others and adversely affect
other properties.

3.1.20 Oxides of nitrogen, NO,

To understand the effects of fuel properties on NO,
output certain basic facts must be borne in mind. First, it
depends not only on the peak temperature of combustion

but also on the rate of rise and fall to and from it. Sec-
ondly, the combustion temperatures depend on primarily
the quantity and, to a lesser degree, the cetane number of
the fuel injected.

Increasing the cetane number reduces the delay
period, so the fuel starts to bum earlier, so higher tem-
peratures and therefore more NO, are generated while
the burning gas is still being compressed (Fig. 3.1-21).
However, a smaller quantity of fuel is injected before
combustion begins, and this, by reducing the amount of
fuel burning at around TDC, reduces the peak combus-
tion temperature. The net result of the two effects is
relatively little or even no change in NO, output. An
interesting feature in Fig. 3.1-22 is the enormous dif-
ference between the NO, outputs from direct and in-
direct injection systems.

The popular concept that increasing fuel volatility
reduces NO, is an illusion: what happens in reality is that
the weight of fuel injected is reduced, and the engine is
therefore de-rated. Consequently, combustion tempera-
tures are lowered. This is explained in more detail in
Section 3.1.26, in connection with black smoke.

In the early 1990s, the overall output of NO, from the
diesel engine was, on average, between 5 and 10 times
that of an equivalent gasoline power unit with a catalytic
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Fig. 8.1-22 NO, emissions with direct and indirect injection.

converter, but this differential will be reduced as diesel
combustion a control techniques improve. Efforts are
being made to develop catalysts suitable for diesel
application, but at the time of writing no satisfactory
solution has been found.

Unfortunately, most of the current conventional
methods of reducing NO, also impair efficiency and
therefore increase fuel consumption and therefore the
output of CO>. The relationship between NO, output
and fuel consumption is illustrated in Fig. 3.1-23. In
general, NO, tends to form most readily in fuel-lean
zones around the injection spray.

EGR displaces oxygen that otherwise would be avail-
able for combustion and thus reduces the maximum
temperature. However, it also heats the incoming charge,
reduces power output, causes both corrosion and wear,
and leads to smoke emission at high loads. For these

Advanced injection
timing

Oxides of nitrogen

Retarded
injection timing

Fuel consumption

Fig. 3.1-23 Relationship between fuel consumption and NO,
emissions with (left) and without (right) charge cooling.
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reasons it has to be confined to operation at moderate
loads. Electronic control of EGR is therefore desirable.
Fortunately, heavy commercial vehicles are driven most
of the time in the economical cruising range, maximum
power and torque being needed mostly for brief periods.

Reduction of the rate of swirl is another way of re-
ducing the output of NO,. It increases the time required
for the fuel to mix with the air, and therefore reduces the
concentration of oxygen around the fuel droplets. Con-
sequently, the temperature of combustion does not rise
to such a high peak. Again, however, it also reduces
thermal efficiency. Moreover, unless measures, such as
increasing the number of holes in the injector nozzle and
reducing their diameter, are taken to shorten the lengths
of the sprays, more fuel tends to be deposited on the
combustion chamber walls.

Delaying the start of injection has the effect of re-
ducing peak temperatures, and therefore NO,. This is
because the combustion process builds up to its peak
later in the cycle, when the piston is on its downward
stroke and the gas is therefore being cooled by expansion.
However, to get a full charge of fuel into the cylinder in
the time remaining for it to be completely burnt, higher
injection pressures are needed. Therefore, to avoid in-
creasing the proportion of fuel sprayed on to the com-
bustion chamber walls, the holes in the injector must
again be smaller in diameter and larger in number.

Turbocharging increases the temperature of combus-
tion by increasing both the temperature and quantity of air
entering the cylinder. After-cooling, however, can help by
removing the heat generated by both compression of the
gas and conduction from the turbine. It also increases the
density of the charge, and therefore thermal efficiency
and power output. The net outcome of turbocharging
with charge cooling, therefore, is generally an increase or,
at worst, no reduction in thermal efficiency.

3.1.21 Unburnt hydrocarbons

Hydrocarbons in the exhaust are the principal cause of
the unpleasant smell of a diesel engine, though the lu-
bricating oil also makes a small contribution. There are
three main reasons for this. First, at low temperatures
and light loads, the mixture may be too lean for efficient
burning so the precombustion processes during the ig-
nition delay period are partially inhibited. This is why
some of the mixture subsequently fails to burn.
Secondly, because of the low volatility of diesel fuel
relative to petrol, and the short period of time available
for it to evaporate before combustion begins, HCs are
generated during starting and warming up from cold. In
these circumstances, fuel droplets, together with water
vapour produced by the burning of the hydrogen content
of the remainder of the fuel, issue from the cold exhaust
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pipe in the form of what is generally termed white smoke,
but which is in fact largely a mixture of fuel and water
vapours. At about 10% load and rated speed, both HC
and CO output are especially sensitive to fuel quality
and, in particular, cetane number.

Thirdly, after cold starting and during warm-up,
a higher than normal proportion of the injected fuel,
failing to evaporate, is deposited on the combustion
chamber walls. This further reduces the rate of evapo-
ration of the fuel, so that it fails to be ignited before the
contents of the chamber have been cooled, by expansion
of the gases, to a level such that ignition can no longer
occur. Similarly, the cooling effect of the expansion
stroke when the engine is operating at or near full load
can quench combustion in fuel-rich zones of the mixture.
This is the fourth potential cause of HC emissions.

Unburnt HCs tend to become a problem also at maxi-
mum power output, owing to the difficulty under these
conditions of providing enough oxygen to burn all the fuel.
Asfuel delivery isincreased, a critical limit is reached above
which first the CO and then the HC output rise steeply.
Injection systems are normally set so that fuelling does not
rise up to this limit, though the CO can be removed sub-
sequently by a catalytic converter in the exhaust system.

Another potential cause of HCs is the fuel contained
in the volume between the pintle needle seat and the
spray hole or holes (the sac volume). After the injector
needle has seated and combustion has ceased, some of
the trapped fuel may evaporate into the cylinder. Finally,
the crevice areas, for example between the piston and
cylinder walls above the top ring, also contain unburnt or
quenched fractions of semi-burnt mixture, Expanding
under the influence of the high temperatures due to
combustion and falling pressures during the expansion
stroke, and forced out by the motions of the piston and
rings, these vapours and gases find their way into the
exhaust.

In general, therefore, the engine designer can reduce
HC emissions in three ways. One is by increasing the
compression ratio; secondly, the specific loading can be
increased by installing a smaller, more highly rated,
engine for a given type of operation; and, thirdly, by
increasing the rate of swirl both to evaporate the fuel
more rapidly and to bring more oxygen into intimate
contact with it.

Reduction of lubricating oil consumption is another
important aim as regards not only control of HCs but also,
and more importantly, particulate emissions. Whereas oil
consumption at a rate of 1% of that of fuel was, until the
mid-1980s, been regarded as the norm, the aim now is
generally nearer to 0.2%. Using a lubricant containing a low
proportion of volatile constituents helps too.

Avoidance of cylinder-bore distortion can play a sig-
nificant part in the reduction of oil consumption. The
piston rings tend to ride clear over and therefore fail to
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sweep the oil out of the pools that collect in the hollows
formed by distortion of the bores, thus reducing the ef-
fectiveness of oil control. Other means of reducing con-
tamination by lubricating oil include improving the
sealing around the inlet valve stems, the use of piston
rings designed to exercise better control over the thick-
ness of the oil film on the cylinder walls and, if the engine
is turbocharged, reduction of leakage of oil from the
turbocharger bearings into the incoming air.

3.1.22 Carbon monoxide

Even at maximum power output, there is as much as 38%
of excess air in the combustion chamber. However, al-
though carbon monoxide (CO) should not be formed, it
may in fact be found in small quantities in the exhaust.
The reason is partly that, in local areas of the combustion
chamber, most of the oxygen has been consumed before
injection ceases and, therefore, fuel injected into these
areas cannot burn completely to CO».

3.1.23 Particulates

Regulations define particulates as anything that is
retained, at an exhaust gas temperature of 52°C, by a
filter having certain specified properties. They therefore
include liquids as well as solids. Particle sizes range from
0.01 to 10 um, the majority being well under 1.0 um.
While black smoke comprises mainly carbon, the heavier
particulates comprise ash and other substances, some
combined with carbon. The proportions, however,
depend on types of engine, fuel and lubricant.

Measures appropriate for reducing the fuel and oil
content of the particulates are the same as those already
mentioned in connection with HC emissions (Section
3.1.21). The overall quantity of particulates can be re-
duced by increasing the injection pressure and reducing
the size of the injector holes, to atomise the fuel better.
This however, tends to increase the NO, content. In-
creasing the combustion temperature helps to burn the
loose soot deposited on the combustion chamber walls.
Various measures have been taken to increase the tem-
perature of these particulates, though mostly only ex-
perimentally. They include insulation by introducing an
air gap, or some other form of thermal barrier, between
the chamber and the remainder of the piston, and the
incorporation of ceramic combustion chambers in the
piston crowns.

Reduction of the sulphur content of the fuel also re-
duces particulates. Although the proportion of sulphate
+ water is shown in Table 3.1-3 as being only 2% of the
total, if the insoluble sulphur compounds are added, this
total becomes more like 25%. Because most measures



Fuel-  Oil-
derived derived Insoluble Sulphates

Engine type HC HC ash + water
Ford 1.8 DI 15 13 70 2
Ford 1.8 IDI 48 20 30 2
Average DI HD 14 7 25 4

turbocharged after-
cooled engine

Note: Horrocks (Ford Motor Co.) differentiated between the carbon and other
ash (at 41% and 13%, respectively), making the total 44%.

taken to reduce NO, increase particulates, the most
appropriate solution is to use fuels of high quality, pri-
marily having low sulphur and aromatic contents and
high cetane number. The relationship between fuel
quality and particulate and NO,, output has been dem-
onstrated by Volvo (Fig. 3.1-24).

A small proportion of the particulates is ash, most of
which comes from burning the lubricating oil. Reduction
of sulphur in the fuel reduces the need for including, in
lubricating oils, additives that neutralise the acid prod-
ucts of combustion; these additives that are responsible
for a significant proportion of the ash content.

Incidentally, sulphur compounds can also reduce the
efficiency of catalytic converters for the oxidation of
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Fig. 3.1-24 Relationship between particulate emissions and fuel
quality, as established by Volvo.
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CO and HC. In so doing, they form hydrogen disulphide,
which accounts for the unpleasant smell of the exhaust
when fuels with high sulphur content are burnt in an
engine having an exhaust system equipped with a cata-
Iytic converter.

An ingenious method of reducing visible particulates
emitted from a turbocharged engine in a bus has been
investigated by MAN. Compressed air from the vehicle
braking system is injected in a controlled manner into the
combustion chambers to bum off the carbon. This in-
creases the exhaust gas energy content, and therefore
compensates for turbocharger performance falling off
under light load, including initially during acceleration
and while gear changes are being made.

3.1.24 Particle traps

Basically, particle traps are filters, mostly catalytically
coated to facilitate their regeneration (burning off of the
particles that have collected). Many of the filters are
extruded ceramic honeycomb type monoliths, though
some are foamed ceramic tubes. The honeycomb ce-
ramic monoliths generally differ from those used for
catalytic conversion of the exhaust in gasoline engines, in
that the passages through the honeycomb section are
sealed alternately along their lengths with ceramic plugs
(Fig. 3.1-25), so that the gas passes through their porous
walls. These walls may be less than 0.5 mm thick.

Ceramic fibre wound on to perforated stainless steel
tubes has also been used. These are sometimes termed
candle or deep bed-type filters. Their pores are larger
than those of the honeycomb type, and their wall
thicknesses greater.

If catalyst assisted, regeneration is done mostly at
temperatures around 600°C, and if not, at 900°C. Al-
ternatively, special catalysts may be used to lower further
the ignition temperature of the particles. These are
mostly platinum and palladium, which are useful also for
burning HCs and CO. Sulphate deposition adversely
affects the platinum catalyst, but the formation of sul-
phates is largely inhibited by palladium. Copper has been
used too, because it reduces the carbon particle igni-
tion temperature to about 350°C, but it suffers the

Fig. 3.1-25 Diagram showing how the gas flow is diverted in
a particulate trap.
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disadvantage of a limited life. Better results have been
obtained with alloys of copper with silver, vanadium and
titanium.

It is important to regenerate the filters reliably at the
appropriate intervals, otherwise they will become over-
loaded with soot, which can then ignite and burn un-
controllably, developing excessive heat and destroying the
filter. Even with normal burn off, however, local temper-
atures near the centre of the beds can be as high as 1200°C.

Some particulate filters rely solely on excess air in the
exhaust for burning off the particulates. Others have
extra air injected into them, generally at timed intervals,
either from the brake system or by a compressor or
blower. With air injection, burn-off can continue when
the engine is operating at or near maximum power and
therefore with little excess oxygen in the exhaust. At
lighter engine loads and therefore with excess air present,
once ignition has been initiated, combustion can continue
without the burner.

With some systems the engine must be stopped
while regeneration is in progress but with others, which
are regulated by electronic control, either the paticu-
lates are burnt off intermittently while the vehicle is
running or there are two filters in parallel, with
deflector valves directing the exhaust gases first
through one filter, while the other is being regenerated,
and then vice versa. It is also possible to program the
electronic controller to bring both filters into operation
simultaneously as maximum power and torque output
is approached, to cater for the increased exhaust flow
under these conditions. This enables smaller filters to
be used.

Claimed efficiencies of particulate removal range from
about 70-95%, but some of these claims are suspect.
However, since the carbon content is easiest to burn off,
up to 99% of it can be removed. Currently, the useful
lives of the catalytically coated filters vary enormously
from type to type.

Since we are in the early stages of development, the
situation is in a continuous state of flux; some systems no
doubt will soon fall by the wayside, while others will be
developed further. Clearly, however, if particulates can
be removed in the combustion chamber by using better
quality fuel or taking measures to improve combustion, it
will be to the advantage of all concerned, except of
course the manufacturers of particulate filters!

All filter systems are bulky and present burn-off
problems, including high thermal loading. None pro-
duced so far can be regarded as entirely satisfactory and,
at the time of writing, none has been used on cars. In-
terestingly, VW have been investigating the possibility of
using an iron-based additive to reduce the oxidation
temperature of the deposits down to that of the exhaust
gas. A Coming monolithic ceramic filter is used, and the
additive, developed jointly with Pluto GmbH and Veba
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Qel, is carded under pressure in a special container. An
electronic control releases additive automatically, as
needed, into the fuel supply line, so that regeneration
proceeds at temperatures as low as 200°C.

Of the systems currently available for commercial
vehicles, those requiring the engine to be stopped during
burn-off are unsuitable for any automotive applications
other than city buses and large local delivery vehicles
operated on regular schedules. The continuous and cyclic
burn-off filters are generally even more bulky. On the
other hand, many of these systems are claimed to serve
also as a silencer. There is not enough space here to give
details of proprietary filter systems, but most are de-
scribed in Automotive Fuels and Fuel Systems, Vol. 2, by
TK. Garrett, Wiley.

3.1.25 Influence of fuel quality
on diesel exhaust emissions

How individual emissions are influenced by different fuel
properties have been summarised by the UK Petroleum
Industry Association as follows:

NO, Increases slightly with cetane number.
Decreases as aromatic content is
lowered.

CO No significant effects.

HC Decreases slightly as cetane number
increases.

Decreases with density.

Relationship with volatility inconsistent.
Black smoke Increases with fuel density and decreases
with aromatic content.
Is not significantly affected by volatility.
Increases with injection retard (e.g. for
reducing NO,).
Reduced as volatility is lowered.
Reduced as cetane number is lowered,
though inconsistently.
Unaffected by aromatic content.
Reduced as sulphur content is lowered.

Particulates

A good-quality fuel is generally regarded as one having
a cetane number of 50 and a sulphur content of no greater
than 0.05%.

In Sweden, Volvo have shown that by bringing the
sulphur content down from 0.2 to 0.05% particulate
emissions can be reduced by up to 20% and NOy is also
reduced. Furthermore, ignoring the effect of the tax on
fuel prices, the cost of such a reduction is only about 2
pence per gallon whereas to obtain a commensurate im-
provement by reducing the aromatic content and in-
creasing the cetane number would cost about 22 pence
per gallon.



3.1.26 Black smoke

The effect of sulphur content on the formation of par-
ticulates has been covered in Section 3.1.23. Other fac-
tors include volatility and cetane number. As regards
visibility, however, the carbon content is much more
significant. Suggestions that volatility per se influences
black smoke are without foundation. Smoke is reduced
with increasing volatility for two reasons: the first is the
correspondingly falling viscosity, and the second the as-
sociated rising API gravity of the fuel. A consequence of
the first is increased leakage of fuel through the clear-
ances around both the pumping elements and the in-
jector needles and, of the second, the weight of the fuel
injected falls. Therefore, for any given fuel pump de-
livery setting, the power output decreases with in-
creasing volatility. In fact, the real influence of volatility
depends on an extremely complex combination of cir-
cumstances, and varies with factors such as speed, load
and type of engine.

The reason is that each engine is designed to operate
at maximum efficiency over a given range of speeds and
loads with a given grade of fuel. Therefore, at any given
speed and load, a change of fuel might increase the
combustion efficiency, yet at another speed and load
the same change might reduce it. This is because
a certain weight of fuel is required to produce a given
engine power output so, if the API gravity is increased,
a commensurately larger volume of fuel must be
supplied, and this entails injection for a longer period
which, for any given engine operating condition could
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have either a beneficial or detrimental effect on com-
bustion efficiency. Similarly, the resultant change in
droplet size and fuel penetration relative to the air
swirl could have either a beneficial or detrimental
effect.

The reason why the cetane number does not have
a significant effect on the output of black smoke is
simple. It is that smoke density is largely determined
during the burning of the last few drops of fuel to be
injected into the combustion chamber.

3.1.27 White smoke

White smoke is a mixture of partially vaporised droplets
of water and fuel, the former being products of com-
bustion and the latter arising because the temperature of
the droplets fails to rise to that needed for ignition. It
can be measured by passing the exhaust through a box,
one side of which is transparent and the other painted
matt black. A beam of light is directed through the
transparent wall on to the matt black surface. If there is
no white smoke, no light is reflected back to a sensor
alongside the light source; the degree of reflection
therefore is a function of the density of the white
smoke. For testing fuels, the criterion is the time taken,
after starting from a specified low temperature, for the
smoke level to reduce to an acceptable level. After
starting at 0°C, satisfactory smoke levels are generally
obtainable with a Diesel Index of 57 and a cetane
number of 53.5.
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Digital engine control systems

William Ribbens

4.1.1 Introduction

Traditionally, the term powertrain has been thought to
include the engine, transmission, differential, and drive
axle/wheel assemblies. With the advent of electronic
controls, the powertrain also includes the electronic
control system (in whatever configuration it has). In ad-
dition to engine control functions for emissions regula-
tion, fuel economy, and performance, electronic controls
are also used in the automatic transmission to select
shifting as a function of operating conditions. Moreover,
certain vehicles employ electronically controlled clutches
in the differential (transaxle T/A) for traction control.

These electronic controls for these major powertrain
components can either be separate (i.e., one for each
component) or an integrated system regulating the
powertrain as a unit.

This latter integrated control system has the benefit of
obtaining optimal vehicle performance within the con-
straints of exhaust emission and fuel economy regula-
tions. Each of the control systems is discussed separately
beginning with electronic engine control. Then a brief
discussion of integrated powertrain follows. This chapter
concludes with a discussion of hybrid vehicle (HV)
control systems in which propulsive power comes from
an internal combustion engine (ICE) or an electric motor
(EM) or a combination of both. The proper balance of
power between these two sources is a very complex
function of operating conditions and governmental
regulations.

4.1.2 Digital engine control

This chapter explores some practical digital control sys-
tems. There is, of course, considerable variation in the
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configuration and control concept from one manufac-
turer to another. However, this chapter describes rep-
resentative control systems that are not necessarily based
on the system of any given manufacturer, thereby giving
the reader an understanding of the configuration and
operating principles of a generic representative system.
As such, the systems in this discussion are a compilation
of the features used by several manufacturers.

In fact, most modern engine control systems, such as
discussed in this chapter, are digital. A typical engine
control system incorporates a microprocessor and is es-
sentially a special-purpose computer (or microcontroller).

Electronic engine control has evolved from a relatively
rudimentary fuel control system employing discrete
analog components to the highly precise fuel and ignition
control through 32-bit (sometimes more) microprocessor-
based integrated digital electronic powertrain control.
The motivation for development of the more sophisti-
cated digital control systems has been the increasingly
stringent exhaust emission and fuel economy regulations.
It has proven to be cost effective to implement the
powertrain controller as a multimode computer-based
system to satisfy these requirements.

A multimode controller operates in one of many
possible modes, and, among other tasks, changes the
various calibration parameters as operating conditions
change in order to optimize performance. To implement
multimode control in analog electronics it would be
necessary to change hardware parameters (for example,
via switching systems) to accommodate various operating
conditions. In a computer-based controller, however, the
control law and system parameters are changed via pro-
gram (i.e., software) control. The hardware remains fixed
but the software is reconfigured in accordance with op-
erating conditions as determined by sensor measure-
ments and switch inputs to the controller.

Copyright © 2003 Elsevier Ltd; All rights of reproduction, in any form, reserved.
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This chapter explains how the microcontroller under
program control is responsible for generating the elec-
trical signals that operate the fuel injectors and trigger
the ignition pulses. This chapter also discusses secondary
functions (including management of secondary air that
must be provided to the catalytic converter exhaust gas
recirculation (EGR) regulation and evaporative emission
control).

4.1.3 Digital engine control features

The primary purpose of the electronic engine control
system is to regulate the mixture (i.e., air—fuel), the ig-
nition timing, and EGR. Virtually all major manufac-
turers of cars sold in the United States (both foreign and
domestic) use the three-way catalyst for meeting exhaust
emission constraints. For such cars, the air/fuel ratio is
held as closely as possible to the stoichiometric value of
about 14.7 for as much of the time as possible. Ignition
timing and EGR are controlled separately to optimize
performance and fuel economy.

Fig. 4.1-1 illustrates the primary components of an
electronic engine control system. In this figure, the
engine control system is a microcontroller, typically
implemented with a specially designed microprocessor
and operating under program control. Typically, the
controller incorporates hardware multiply and ROM.
The hardware multiply greatly speeds up the multipli-
cation operation required at several stages of engine
control relative to software multiplication routines,
which are generally cumbersome and slow. The

associated ROM contains the program for each mode as
well as calibration parameters and lookup tables. The
earliest such systems incorporated 8-bit microproces-
sors, although the trend is toward implementation with
32-bit microprocessors. The microcontroller under pro-
gram control generates output electrical signals to
operate the fuel injectors so as to maintain the desired
mixture and ignition to optimize performance. The cor-
rect mixture is obtained by regulating the quantity of fuel
delivered into each cylinder during the intake stroke in
accordance with the air mass.

In determining the correct fuel flow, the controller
obtains a measurement or estimate of the mass air flow
(MAF) rate into the cylinder. The measurement is
obtained using an MAF sensor. Alternatively, the MAF
rate is estimated (calculated) using the speed-density
method. This estimate can be found from measurement
of the intake manifold absolute pressure (MAP), the
revolutions per minute (RPM) and the inlet air
temperature.

Using this measurement or estimate, the quantity of
fuel to be delivered is determined by the controller in
accordance with the instantaneous control mode. The
quantity of fuel delivered by the fuel injector is de-
termined by the operation of the fuel injector. A fuel
injector is essentially a solenoid-operated valve. Fuel
that is supplied to each injector from the fuel pump is
supplied to each fuel injector at a regulated fuel pres-
sure. When the injector valve is opened, fuel flows at
a rate Ry (in gal/sec) that is determined by the (con-
stant) regulated pressure and by the geometry of the
fuel injector valve. The quantity of fuel F delivered to

—_—
SENSORS CONTROLLER [—>»] IGNITION DRIVER
— CIRCUITS
FUEL INJECTOR o] =
DRIVER CIRCUITS [“] ["I]
EGR
FUEL
ARy X war INJECTORS ENGINE s
EGR TFUEL

Fig. 4.1-1 Components of an electronically controlled engine.
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any cylinder is proportional to the time T that this valve
is opened:

F =RT

The engine control system, then, determines the
correct quantity of fuel to be delivered to each cylinder
(for a given operating condition) via measurement of
MAF rate. The controller then generates an electrical
signal that opens the fuel injector valve for the appro-
priate time interval T to deliver this desired fuel quantity
to the cylinder such that a stoichiometric air/fuel ratio is
maintained.

The controller also determines the correct time for
fuel delivery to correspond to the intake stroke for the
relevant cylinder. This timing is determined by mea-
surements of crankshaft and camshaft position using
sensors such as those described in Chapter 6.

4.1.4 Control modes for fuel control

The engine control system is responsible for controlling
fuel and ignition for all possible engine operating condi-
tions. However, there are a number of distinct categories
of engine operation, each of which corresponds to a sep-
arate and distinct operating mode for the engine control
system. The differences between these operating modes
are sufficiently great that different software is used for
each. The control system must determine the operating
mode from the existing sensor data and call the particular
corresponding software routine.

For a typical engine, there are seven different engine
operating modes that affect fuel control: engine crank,
engine warm-up, open-loop control, closed-loop control,
hard acceleration, deceleration, and idle. The program
for mode control logic determines the engine operating
mode from sensor data and timers.

In the earliest versions of electronic fuel control
systems, the fuel metering actuator typically consisted of
one or two fuel injectors mounted near the throttle
plate so as to deliver fuel into the throttle body. These
throttle body fuel injectors (TBFIs) were in effect an
electromechanical replacement for the carburetor.
Requirements for the TBFIs were such that they only had
to deliver fuel at the correct average flow rate for any
given MAF. Mixing of the fuel and air, as well as distri-
bution to the individual cylinders, took place in the
intake manifold system.

The more stringent exhaust emissions regulations of
the late 1980s and the 1990s have demanded more
precise fuel delivery than can normally be achieved by
TBFI. These regulations and the need for improved
performance have led to timed sequential port fuel
injection (TSPFI). In such a system there is a fuel
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injector for each cylinder that is mounted so as to spray
fuel directly into the intake of the associated cylinder.
Fuel delivery is timed to occur during the intake stroke
for that cylinder.

The digital engine control system requires sensors for
measuring the engine variables and parameters. Referring
to Fig. 4.1-1, the set of sensors may include, for example,
MAF, exhaust gas oxygen (EGO) concentration, and
crankshaft angular position (CPS), as well as RPM,
camshaft position (possibly a single reference point for
each engine cycle), coolant temperature (CT), throttle
plate angular position (TPS), intake air temperature, and
exhaust pressure ratio (EPR) for EGR control.

In the example configuration of Fig. 4.1-1, fuel de-
livery is assumed to be TSPFI (i.e., via individual fuel
injectors located so as to spray fuel directly into the
intake port and timed to coincide with the intake stroke).
Air flow measurement is via an MAF sensor. In addition
to MAF, sensors are available for the measurement of
EGO concentration, RPM, inlet air and CTs, throttle
position, crankshaft (and possibly camshaft) position,
and exhaust differential pressure (DP) (for EGR calcu-
lation). Some engine controllers involve vehicle speed
sensors and various switches to identify brake on/off and
the transmission gear, depending on the particular con-
trol strategy employed.

When the ignition key is switched on initially, the
mode control logic automatically selects an engine start
control scheme that provides the low air/fuel ratio re-
quired for starting the engine. Once the engine RPM rises
above the cranking value, the controller identifies the
“engine started” mode and passes control to the program
for the engine warm-up mode. This operating mode
keeps the air/fuel ratio low to prevent engine stall during
cool weather until the engine CT rises above some min-
imum value. The instantaneous air/fuel is a function of
CT. The particular value for the minimum CT is specific
to any given engine and, in particular, to the fuel metering
system. (Alternatively, the low air/fuel ratio may be
maintained for a fixed time interval following start,
depending on start-up engine temperature.)

When the CTrises sufficiently, the mode control logic
directs the system to operate in the open-loop control
mode until the EGO sensor warms up enough to provide
accurate readings. This condition is detected by moni-
toring the EGO sensor’s output for voltage readings
above a certain minimum rich air/fuel mixture voltage
set point. When the sensor has indicated rich at least
once and after the engine has been in open loop for
a specific time, the control mode selection logic selects
the closed-loop mode for the system. (Note: other
criteria may also be used.) The engine remains in the
closed-loop mode until either the EGO sensor cools and
fails to read a rich mixture for a certain length of time or
a hard acceleration or deceleration occurs. If the sensor
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cools, the control mode logic selects the open-loop mode
again.

During hard acceleration or heavy engine load, the
control mode selection logic chooses a scheme that
provides a rich air/fuel mixture for the duration of the
acceleration or heavy load. This scheme provides maxi-
mum torque but relatively poor emissions control and
poor fuel economy regulation as compared with a stoi-
chiometric air/fuel ratio. After the need for enrichment
has passed, control is returned to either open-loop or
closed-loop mode, depending on the control mode logic
selection conditions that exist at that time.

During periods of deceleration, the air/fuel ratio is
increased to reduce emissions of HC and CO due to
unburned excess fuel. When idle conditions are present,
control mode logic passes system control to the idle
speed control mode. In this mode, the engine speed is
controlled to reduce engine roughness and stalling that
might occur because the idle load has changed due to air
conditioner compressor operation, alternator operation,
or gearshift positioning from park/neutral to drive,
although stoichiometric mixture is used if the engine is
warm.

In modern engine control systems, the controller is
a special-purpose digital computer built around a micro-
processor. A block diagram of a typical modern digital
engine control system is depicted in Fig. 4.1-2. The
controller also includes ROM containing the main
program (of several thousand lines of code) as well as
rRAM for temporary storage of data during computation.
The sensor signals are connected to the controller via an
input/output (I/O) subsystem. Similarly, the I/O
subsystem provides the output signals to drive the fuel
injectors (shown as the fuel metering block of Fig. 4.1-2)
as well as to trigger pulses to the ignition system (de-
scribed later in this chapter). In addition, this solid-state
control system includes hardware for sampling and
analog-to-digital conversion such that all sensor mea-
surements are in a format suitable for reading by the
microprocessor.

The sensors that measure various engine variables for
control are as follows:

MAF

CT Engine temperature as represented by
coolant temperature

Mass air ﬂOW sensor

CONTROLLER
AAA/
EGR YYYY
CONTROL (_I | l
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\fZ%IIE\II:I'ROL IGNITION ]
' YYVYV
FUEL |MIXTURE POWER
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CONTROL
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Fig. 4.1-2 Digital engine control system diagram.

80



HEGO (One or two) heated EGO sensor(s)

POS/RPM  Crankshaft angular position and RPM
sensor cycle camshaft position sensor for
determining start of each engine cycle

TPS Throttle position sensor

DPS Differential pressure sensor (exhaust to

intake) for EGR control

The control system selects an operating mode based on
the instantaneous operating condition as determined
from the sensor measurements. Within any given
operating mode the desired air/fuel ratio (A/F )4 is
selected. The controller then determines the quantity
of fuel to be injected into each cylinder during each
engine cycle. This quantity of fuel depends on the
particular engine operating condition as well as the
controller mode of operation, as will presently be
explained.

4.1.4.1 Engine crank

While the engine is being cranked, the fuel control
system must provide an intake air/fuel ratio of any-
where from 2:1 to 12:1, depending on engine tem-
perature. The correct [A/F]y is selected from an ROM
lookup table as a function of CT. Low temperatures
affect the ability of the fuel metering system to at-
omize or mix the incoming air and fuel. At low tem-
peratures, the fuel tends to form into large droplets in
the air, which do not burn as efficiently as tiny drop-
lets. The larger fuel droplets tend to increase the ap-
parent air/fuel ratio, because the amount of usable fuel
(on the surface of the droplets) in the air is reduced,;
therefore, the fuel metering system must provide
a decreased air/fuel ratio to provide the engine with
a more combustible air/fuel mixture. During engine
crank the primary issue is to achieve engine start as
rapidly as possible. Once the engine is started the
controller switches to an engine warm-up mode.

Digital engine control systems .

4.1.4.2 Engine warm-up

While the engine is warming up, an enriched air/fuel
ratio is still needed to keep it running smoothly, but the
required air/fuel ratio changes as the temperature in-
creases. Therefore, the fuel control system stays in the
open-loop mode, but the air/fuel ratio commands con-
tinue to be altered due to the temperature changes. The
emphasis in this control mode is on rapid and smooth
engine warm-up. Fuel economy and emission control are
still a secondary concern.

A diagram illustrating the lookup table selection of
desired air/fuel ratios is shown in Fig. 4.1-3. Essentially,
the measured CT is converted to an address for the
lookup table. This address is supplied to the ROM
table via the system address bus (A/B). The data stored
at this address in the ROM are the desired (A/F )4 for
that temperature. These data are sent to the controller
via the system data bus (D/B).

There is always the possibility of a CT failure. Such
a failure could result in excessively rich or lean mix-
tures, which can seriously degrade the performance of
both the engine and the three-way catalytic converter
(3wcc). One scheme that can circumvent a tempera-
ture sensor failure involves having a time function to
limit the duration of the engine warm-up mode. The
nominal time to warm the engine from cold soak at
various temperatures is known. The controller is con-
figured to switch from engine warm-up mode to an
open-loop (warmed-up engine) mode after a sufficient
time by means of an internal timer.

It is worthwhile at this point to explain how the
quantity of fuel to be injected is determined. This
method is implemented in essentially all operating
modes and is described here as a generic method, even
though each engine control scheme may vary somewhat
from the following. The quantity of fuel to be injected
during the intake stroke of any given cylinder (which we
call F) is determined by the mass of air (A) drawn into
that cylinder (i.e., the air charge) during that intake

ROM
LOOKUP TABLE
CONTROLLER T
S Tc —»(A/F)p| TIME
(AIF)p=F(Tc) _AlFp _

Fig. 4.1-3 lllustration of lookup table for desired air/fuel ratio.
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stroke. That quantity of fuel is given by the air charge
divided by the desired air/fuel ratio:

A
(A/F)y

The quantity of air drawn into the cylinder, A, is
computed from the MAF rate and the RPM. The
MAF rate will be given in kg/sec. If the engine speed is
RPM, then the number of revolutions/second (which we
call r) is:

_ RPM
"= 760

F:

Then, the MAF is distributed approximately uni-
formly to half the cylinders during each revolution. If the
number of cylinders is N then the air charge (mass) in
each cylinder during one revolution is:

_ MAF
- r(N/2)

In this case, the mass of fuel delivered to each
cylinder is:

MAF

P =N,

This computation is carried out by the controller
continuously so that the fuel quantity can be varied
quickly to accommodate rapid changes in engine oper-
ating condition. The fuel injector pulse duration T
corresponding to this fuel quantity is computed using the
known fuel injector delivery rate Ry

F
y
Ry
This pulse width is known as the base pulse width. The
actual pulse width used is modified from this according
to the mode of operation at any time, as will presently be
explained.

4.1.4.3 Open-loop control

For a warmed-up engine, the controller will operate in an
open loop if the closed-loop mode is not available for any
reason. For example, the engine may be warmed suffi-
ciently but the EGO sensor may not provide a usable
signal. In any event, it is important to have a stoichio-
metric mixture to minimize exhaust emissions as soon as
possible. The base pulse width Ty is computed as
described above, except that the desired air/fuel ratio
(A/F )4 is 14.7 (stoichiometry):

MAF

T = r(N/2)(14.7)R;

base pulse width
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Corrections of the base pulse width occur whenever
anything affects the accuracy of the fuel delivery. For
example, low battery voltage might affect the pressure in
the fuel rail that delivers fuel to the fuel injectors. Cor-
rections to the base pulse width are then made using the
actual battery voltage.

An alternate method of computing MAF rate is the
speed—density method. Although this method has es-
sentially been replaced by direct MAF measurements,
there will continue to be a number of cars employing
this method for years to come, so it is arguably worth-
while to include a brief discussion in this chapter. This
method, which is illustrated in Fig. 4.1-4, is based on
measurements of MAP, RPM, and intake air tempera-
ture T;. The air density d, is computed from MAP and
T;, and the volume flow rate R, of combined air and
EGR is computed from RPM and volumetric efficiency,
the latter being a function of MAP and RPM. The
volume rate for air is found by subtracting the EGR
volume flow rate from the combined air and EGR.
Finally, the MAF rate is computed as the product of the
volume flow rate for air and the intake air density. Given
the complexity of the speed-density method it is easy to
see why automobile manufacturers would choose the
direct MAF measurement once a cost-effective MAF
sensor became available.

The speed-density method can be implemented either
by computation in the engine control computer or via
lookup tables. Fig. 4.1-5 is an illustration of the lookup
table implementation. In this figure, three variables need
to be determined: volumetric efficiency (n,), intake
density (d,), and EGR volume flow rate (Rg). The volu-
metric efficiency is read from ROM with an address de-
termined from RPM and MAP measurements. The intake
air density is read from another section of ROM with an
address determined from MAP and T; measurements.
The EGR volume flow rate is read from still another
section of ROM with an address determined from DP and
EGR valve position. These variables are combined to yield
the MAF rate:

42 2

where D is the engine displacement.

4.1.4.4 Closed-loop control

Perhaps the most important adjustment to the fuel in-
jector pulse duration comes when the control is in the
closed-loop mode. In the open-loop mode the accuracy
of the fuel delivery is dependent on the accuracy of the
measurements of the important variables. However, any
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Fig. 4.1-4 Engine control system using the speed-density method.

physical system is susceptible to changes with either
operating conditions (e.g., temperature) or with time
(aging or wear of components).

In any closed-loop control system a measurement of
the output variables is compared with the desired value

for those variables. In the case of fuel control, the vari-
ables being regulated are exhaust gas concentrations of
HC, CO, and NO,. Although direct measurement of
these exhaust gases is not feasible in production auto-
mobiles, it is sufficient for fuel control purposes to

ROM ROM
LOOKUP TABLE VAR MAp | LOOKUP TABLE
1 MAP | Dy [<€ CONTROLLER > _MAP | RPM | Ny
I S N B R
e, el
1 L] 1 D: ‘NV
DPy EGRY  ARe
ROM
LOOKUP TABLE
DP | EGR | Re

Fig. 4.1-5 Lookup table determination of d,, Rg, and n,,
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measure the EGO concentration. These regulated gases
can be optimally controlled with a stoichiometric mix-
ture. The EGO sensor is, in essence, a switching sensor
that changes output voltage abruptly as the input mixture
crosses the stoichiometric mixture of 14.7.

The closed-loop mode can only be activated when the
EGO (or HEGO) sensor is sufficiently warmed. That is,
the output voltage of the sensor is high (approximately
1 volt) when the exhaust oxygen concentration is low
(i.e., for a rich mixture relative to stoichiometry). The
EGO sensor voltage is low (approximately 0.1 volt)
whenever the exhaust oxygen concentration is high (i.e.,
for a mixture that is lean relative to stoichiometry).

The time-average EGO sensor output voltage provides
the feedback signal for fuel control in the closed-loop
mode. The instantaneous EGO sensor voltage fluctuates
rapidly from high to low values, but the average value is
a good indication of the mixture.

As explained earlier, fuel delivery is regulated by the
engine control system by controlling the pulse duration
(T) for each fuel injector. The engine controller contin-
uously adjusts the pulse duration for varying operating
conditions and for operating parameters. A representa-
tive algorithm for fuel injector pulse duration for
a given injector during the nth computation cycle, T(n), is
given by:

T(n) = Ty(n) x [1 + Cp.(n)]

where

Ty(n) is the base pulse width as determined from
measurements of MAF rate and the desired air/fuel
ratio

Cr(n) is the closed-loop correction factor

For open-loop operation, Cr.(n) equals O; for closed-loop
operation, Cp is given by:

Cr(n) = al(n) + BP(n)

where

I(n) is the integral part of the closed-loop correction

P(n) is the proportional part of the closed-loop

correction

o and B are constants

These latter variables are determined from the output
of the EGO sensor.

Whenever the EGO sensor indicates a rich mixture
(i.e., EGO sensor voltage is high), then the integral term
is reduced by the controller for the next cycle,

In+1) =1(n)—1
for a rich mixture.
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Whenever the EGO sensor indicates a lean mixture
(i.e., low output voltage), the controller increments I(n)
for the next cycle,

In+1) =1I(n)+1

for a lean mixture. The integral part of Cy continues
to increase or decrease in a limit-cycle operation.

The computation of the closed-loop correction factor
continues at a rate determined within the controller. This
rate is normally high enough to permit rapid adjustment
of the fuel injector pulse width during rapid throttle
changes at high engine speed. The period between suc-
cessive computations is the computation cycle described
above.

In addition to the integral component of the closed-
loop correction to pulse duration is the proportional
term. This term, P(n), is proportional to the deviation of
the average EGO sensor signal from its mid-range value
(corresponding to stoichiometry). The combined terms
change with computation cycle as depicted in Fig. 4.1-6.
In this figure the regions of lean and rich (relative to
stoichiometry) are depicted. During relatively lean pe-
riods the closed-loop correction term increases for each
computation cycle, whereas during relatively rich in-
tervals this term decreases.

Once the computation of the closed-loop correction
factor is completed, the value is stored in a specific
memory location (RAM) in the controller. At the
appropriate time for fuel injector activation (during the
intake stroke), the instantaneous closed-loop correction
factor is read from its location in RAM and an actual
pulse of the corrected duration is generated by the engine
control.

4.1.4.5 Acceleration enrichment

During periods of heavy engine load such as during hard
acceleration, fuel control is adjusted to provide an
enriched air/fuel ratio to maximize engine torque and
neglect fuel economy and emissions. This condition of
enrichment is permitted within the regulations of the
EPA as it is only a temporary condition. It is well rec-
ognized that hard acceleration is occasionally required for
maneuvering in certain situations and is, in fact, related at
times to safety.

The computer detects this condition by reading the
throttle angle sensor voltage. High throttle angle corre-
sponds to heavy engine load and is an indication that
heavy acceleration is called for by the driver. In some
vehicles a switch is provided to detect wide open
throttle. The fuel system controller responds by in-
creasing the pulse duration of the fuel injector signal for
the duration of the heavy load. This enrichment enables
the engine to operate with a torque greater than that
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Fig. 4.1-6 Closed-loop correction factor.

allowed when emissions and fuel economy are con-
trolled. Enrichment of the air/fuel ratio to about 12:1 is
sometimes used.

4.1.4.6 Deceleration leaning

During periods of light engine load and high RPM such as
during coasting or hard deceleration, the engine operates
with a very lean air/fuel ratio to reduce excess emissions
of HC and CO. Deceleration is indicated by a sudden
decrease in throttle angle or by closure of a switch when
the throttle is closed (depending on the particular vehicle
configuration). When these conditions are detected by
the control computer, it computes a decrease in the pulse
duration of the fuel injector signal. The fuel may even be
turned off completely for very heavy deceleration.

4.1.4.7 Idle speed control

Idle speed control is used by some manufacturers to
prevent engine stall during idle. The goal is to allow the

engine to idle at as low an RPM as possible, yet keep the
engine from running rough and stalling when power-
consuming accessories, such as air conditioning com-
pressors and alternators, turn on.

The control mode selection logic switches to idle
speed control when the throttle angle reaches its zero
(completely closed) position and engine RPM falls
below a minimum value, and when the vehicle is sta-
tionary. Idle speed is controlled by using an electroni-
cally controlled throttle bypass valve (Fig. 4.1-7a) that
allows air to flow around the throttle plate and pro-
duces the same effect as if the throttle had been
slightly opened.

There are various schemes for operating a valve to
introduce bypass air for idle control. One relatively
common method for controlling the idle speed bypass air
uses a special type of motor called a stepper motor. A
stepper motor moves in fixed angular increments when
activated by pulses on its two sets of windings (i.e., open
or close). Such a motor can be operated in either di-
rection by supplying pulses in the proper phase to the
windings. This is advantageous for idle speed control
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Fig. 4.1-7 Idle air control.

since the controller can very precisely position the idle
bypass valve by sending the proper number of pulses of
the correct phasing.

The engine control computer can precisely know the
position of the valve in a number of ways. In one way
the computer can send sufficient pulses to completely
close the valve when the ignition is first switched on.
Then it can send open pulses (phased to open the valve)
to a specified (known) position.

A block diagram of a simplified idle speed control
system is shown in Fig. 4.1-7b. Idle speed is detected by
the RPM sensor, and the speed is adjusted to maintain
a constant idle RPM. The computer receives digital on/
off status inputs from several power-consuming devices
attached to the engine, such as the air conditioner clutch
switch, park-neutral switch, and the battery charge in-
dicator. These inputs indicate the load that is applied to
the engine during idle.
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When the engine is not idling, the idle speed control
valve may be completely closed so that the throttle plate
has total control of intake air. During periods of de-
celeration leaning, the idle speed valve may be opened to
provide extra air to increase the air/fuel ratio in order to
reduce HC emissions.

4.1.5 EGR control

A second electronic engine control subsystem is the
control of exhaust gas that is recirculated back to the
intake manifold. Under normal operating conditions,
engine cylinder temperatures can reach more than
3,000°F. The higher the temperature, the more is the
chance that the exhaust will have NOy emissions. A
small amount of exhaust gas is introduced into the
cylinder to replace normal intake air. This results in



lower combustion temperatures, which reduces NOy
emissions.

The control mode selection logic determines when
EGRis turned off or on. EGR s turned off during cranking,
cold engine temperature (engine warm-up), idling, accel-
eration, or other conditions demanding high torque.

Since EGR was first introduced as a concept for re-
ducing NO, exhaust emissions, its implementation has
gone through considerable change. There are in fact many
schemes and configurations for EGR realization. We
discuss here one method of EGR implementation that
incorporates enough features to be representative of all
schemes in use today and in the near future.

Fundamental to all EGR schemes is a passageway or
port connecting the exhaust and intake manifolds. A
valve is positioned along this passageway whose position
regulates EGR from zero to some maximum value.
Typically, the valve is operated by a diaphragm connected
to a variable vacuum source. The controller operates
a solenoid in a periodic variable-duty-cycle mode. The
average level of vacuum on the diaphragm varies with the
duty cycle. By varying this duty cycle, the control system
has proportional control over the EGR valve opening and
thereby over the amount of EGR.

In many EGR control systems the controller monitors
the DP between the exhaust and intake manifold via
a differential pressure sensor (DPS). With the signal
from this sensor the controller can calculate the valve
opening for the desired EGR level. The amount of EGR
required is a predetermined function of the load on the
engine (i.e., power produced).

A simplified block diagram for an EGR control system
is depicted in Fig. 4.1-8a. In this figure the EGR valve
is operated by a solenoid-regulated vacuum actuator
(coming from the intake). The engine controller
determines the required amount of EGR based on the
engine operating condition and the signal from the DPS
between intake and exhaust manifolds. The controller

Digital engine control systems '

then commands the correct EGR valve position to
achieve the desired amount of EGR.

4.1.6 Variable valve timing control

An earlier work introduced the concept and relative
benefits of variable valve timing for improved volumetric
efficiency. There it was explained that performance im-
provement and emissions reductions could be achieved if
the opening and closing times (and ideally the valve lift)
of both intake and exhaust valves could be controlled as
a function of operating conditions. The mechanism for
varying camshaft phasing, which is in production in cer-
tain vehicles, is used for varying exhaust camshaft phas-
ing. This system improves volumetric efficiency by
varying valve overlap from exhaust closing to intake
opening. In addition to improving volumetric efficiency,
this variable valve phasing can achieve desired EGR
fraction.

The amount of valve overlap is directly related to the
relative exhaust-intake camshaft phasing. Generally,
minimal overlap is desired at idle. The desired optimal
amount of overlap is determined during engine de-
velopment as a function of RPM and load (e.g., by engine
mapping).

The desired exhaust camshaft phasing is stored in
memory (ROM) in the engine control system as
a function of RPM and load. Then during engine oper-
ation the correct camshaft phasing can be found via
table lookup and interpolation based on measurements
of RPM and load. The RPM measurement is achieved
using a noncontacting angular speed sensor. Load is
measured either using an MAP sensor directly or it is
computed from MAF as well as RPM.

Once the desired camshaft phasing has been de-
termined, the engine control system sends an appropriate
electrical control signal to a solenoid operated valve. The

ENGINE g
CONTROLLER =
EGR
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¢ TO 3WCC AND
INTAKE EXHAUST
AIR EGR
ENGINE VALVE DPS %‘
EXHAUST SYSTEM
GAS

Fig. 4.1-8a EGR control.
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Fig. 4.1-8b Closed-loop control system.

camshaft phasing is regulated by the axial position of
a helical spline gear. This axial position is determined by
the pressure of (engine) oil action on one face of the
helical spline gear acting against a spring. This oil pressure
is regulated by the solenoid-operated valve.

Control of camshaft phasing can be either open loop
or closed loop. In the open-loop case, the correct cam-
shaft phasing depends on the relationship between axial
position of the helical spline gear and the oil pressure/
return spring relationship.

Since this cam closed phasing system is in fact a posi-
tion control system, loop control of exhaust camshaft
operation requires a measurement of camshaft phase
relative to intake. This phase measurement can be ac-
complished by measuring axial displacement of the he-
lical gear because there is a unique mechanical
relationship between this axial displacement and exhaust
camshaft phasing. Fig. 4.1-8b depicts a block diagram of
a representative camshaft phasing control system.

The control system shown in Fig. 4.1-8b presumes
a closed-loop control system. This VVT control system
could also be an open-loop control system in which no
position sensor would be required.

For the hypothetical control system, the engine control
system calculates desired camshaft angular displacement
(as a function of load and RPM) and compares that with
actual angular displacement. The difference between
these represents an error signal from which solenoid cur-
rent I is determined. The solenoid regulates oil supplied
to the chamber that moves the helical gear. This gear
moves until actual exhaust camshaft phasing matches the
desired value, thereby optimizing engine performance.

4.1.7 Electronic ignition control

An engine must be provided with fuel and air in correct
proportions and the means to ignite this mixture in the
form of an electric spark. Before the development of
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electronic ignition the traditional ignition system in-
cluded spark plugs, a distributor, and a high-voltage
ignition coil. The distributor would sequentially connect
the coil output high voltage to the correct spark plug. In
addition, it would cause the coil to generate the spark by
interrupting the primary current (ignition points) in the
desired coil, thereby generating the required spark. The
time of occurrence of this spark (i.e., the ignition timing)
in relation of the piston to top dead center (TDC)
influences the torque generated.

In most present-day electronically controlled engines
the distributor has been replaced by multiple coils.
Each coil supplies the spark to either one or two cyl-
inders. In such a system the controller selects the ap-
propriate coil and delivers a trigger pulse to ignition
control circuitry at the correct time for each cylinder.
(Note: In some cases the coil is on the spark plug as an
integral unit.)

Fig. 4.1-9a illustrates such a system as an example of
a 4-cylinder engine. In this example a pair of coils pro-
vides the spark for firing two cylinders for each coil.
Cylinder pairs are selected such that one cylinder is on its
compression stroke while the other is on exhaust.
The cylinder on compression is the cylinder to be fired
(at a time somewhat before it reaches TDC). The other
cylinder is on exhaust.

The coil fires the spark plugs for these two cylinders
simultaneously. For the former cylinder, the mixture is
ignited and combustion begins for the power stroke that
follows. For the other cylinder (on exhaust stroke), the
combustion has already taken place and the spark has no
effect.

Although the mixture for modern emission-regulated
engines is constrained by emissions regulations, the spark
timing can be varied in order to achieve optimum per-
formance within the mixture constraint. For example,
the ignition timing can be chosen to produce the best
possible engine torque for any given operating condition.
This optimum ignition timing is known for any given
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engine configuration from studies of engine performance
as measured on an engine dynamometer.

Fig. 4.1-9a is a schematic of a representative electronic
ignition system. In this example configuration the spark
advance (SA) value is computed in the main engine

control (i.e., the controller that regulates fuel). This
system receives data from the various sensors (as
described above with respect to fuel control) and
determines the correct SA for the instantaneous operat-
ing condition.

The variables that influence the optimum spark timing
at any operating condition include RPM, manifold pres-
sure (or MAF), barometric pressure, and CT. The correct
ignition timing for each value of these variables is stored
in an ROM lookup table. For example, the variation of
SA with RPM for a representative engine is shown in
Fig. 4.1-9b. The engine control system obtains readings
from the various sensors and generates an address to the
lookup table (ROM). After reading the data from the
lookup tables, the control system computes the correct
SA. An output signal is generated at the appropriate time
to activate the spark.

In the configuration depicted in Fig. 4.1-9a, the elec-
tronic ignition is implemented in a stand-alone ignition
module. This solid-state module receives the correct SA
data and generates electrical signals that operate the coil
driver circuitry. These signals are produced in response to
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timing inputs coming from crankshaft and camshaft sig-
nals (POS/RPM).

The coil driver circuits generate the primary current in
windings Py and P; of the coil packs depicted in Fig. 4.1-
9a. These primary currents build up during the so-called
dwell period before the spark is to occur. At the correct
time the driver circuits interrupt the primary currents via
a solid-state switch. This interruption of the primary
current causes the magnetic field in the coil pack to drop
rapidly, inducing a very high voltage (20,000-40,000
volts) that causes a spark. In the example depicted in
Fig. 4.1-9a, a pair of coil packs, each firing two spark
plugs, is shown. Such a configuration would be appro-
priate for a 4-cylinder engine. Normally there would be
one coil pack for each pair of cylinders.

The ignition system described above is known as
a distributorless ignition system (DIS) since it uses no
distributor. There are a number of older car models on
the road that utilize a distributor. However, the elec-
tronic ignition system is the same as that shown in
Fig. 4.1-9a, up to the coil packs. In distributor-equipped
engines there is only one coil, and its secondary is
connected to the rotary switch (or distributor).

In a typical electronic ignition control system, the
total spark advance, SA (in degrees before TDC), is made
up of several components that are added together:

SA = SAs + SAp + SAt

The first component, SAs, is the basic SA, which is
a tabulated function of RPM and MAP The control
system reads RPM and MAP and calculates
the address in ROM of the SAg that corresponds to these
values. Typically, the advance of RPM from idle
to about 1200 RPM is relatively slow. Then, from about
1200 to about 2300 RPM the increase in RPM is
relatively quick. Beyond 2300 RPM, the increase in RPM
is again relatively slow. Each engine configuration has its
own SA characteristic, which is normally a compromise
between a number of conflicting factors (the details of
which are beyond the scope of this book).

The second component, SAp is the contribution to SA
due to manifold pressure. This value is obtained from
ROM lookup tables. Generally speaking, the SA is re-
duced as pressure increases.

The final component, SAy; is the contribution to SA due
to temperature. Temperature effects on SA are relatively
complex, including such effects as cold cranking, cold
start, warm-up, and fully warmed-up conditions, and are
beyond the scope of this book.

4.1.7.1 Closed-loop ignition timing

The ignition system described in the foregoing section is
an open-loop system. The major disadvantage of open-
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loop control is that it cannot automatically compensate
for mechanical changes in the system. Closed-loop
control of ignition timing is desirable from the standpoint
of improving engine performance and maintaining that
performance in spite of system changes.

One scheme for closed-loop ignition timing is based
on the improvement in performance that is achieved by
advancing the ignition timing relative to TDC. For
a given RPM and manifold pressure, the variation in
torque with SA is as depicted in Fig. 4.1-10. One can
see that advancing the spark relative to TDC increases
the torque until a point is reached at which best torque
is produced. This SA is known as mean best torque,
or MBT.

When the spark is advanced too far, an abnormal
combustion phenomenon occurs that is known as
knocking. Although the details of what causes knocking
are beyond the scope of this book, it is generally a result
of a portion of the air—fuel mixture autoigniting, as op-
posed to being normally ignited by the advancing flame
front that occurs in normal combustion following spark
ignition. Roughly speaking, the amplitude of knock is
proportional to the fraction of the total air and fuel
mixture that autoignites. It is characterized by an ab-
normally rapid rise in cylinder pressure during combus-
tion, followed by very rapid oscillations in cylinder
pressure. The frequency of these oscillations is specific to
a given engine configuration and is typically in the range
of a few kilohertz. Fig. 4.1-11 is a graph of a typical
cylinder pressure versus time under knocking conditions.
A relatively low level of knock is arguably beneficial to
performance, although excessive knock is unquestionably
damaging to the engine and must be avoided.

One control strategy for SA under closed-loop control
is to advance the spark timing until the knock level be-
comes unacceptable. At this point, the control system
reduces the SA (retarded spark) until acceptable levels of
knock are achieved. Of course, an SA control scheme
based on limiting the levels of knocking requires a knock

TORQUE
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Fig. 4.1-10 Torque versus SA for typical engine.
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Fig. 4.1-12 Instrumentation and waveforms for closed-loop ignition

sensor. This sensor responds to the acoustical energy in
the spectrum of the rapid cylinder pressure oscillations,
as shown in Fig. 4.1-11.

Fig. 4.1-12 is a diagram of the instrumentation for
measuring knock intensity. Output voltage Vg of the

control.

knock sensor is proportional to the acoustical energy in
the engine block at the sensor mounting point. This
voltage is sent to a narrow band-pass filter that is tuned to
the knock frequency. The filter output voltage VF is
proportional to the amplitude of the knock oscillations,
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TIME

TIME

Fig. 4.1-13 Example integrator circuit diagram.

and is thus a “knock signal.” The envelope voltage of
these oscillations, Vy, is obtained with a detector circuit.
This voltage is sent to the controller, where it is com-
pared with a level corresponding to the knock intensity
threshold. Whenever the knock level is less than the
threshold, the spark is advanced; whenever it exceeds the
threshold, the spark is retarded.

Following the detector in the circuit of Fig. 4.1-12 is
an electronic gate that examines the knock sensor output
at the time for which the knock amplitude is largest
(i.e., shortly after TDC). The gate is, in essence, an
electronic switch that is normally open, but is closed for
a short interval (from 0 to T') following TDC. It is during
this interval that the knock signal is largest in relationship
to engine noise. The probability of successfully detecting
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the knock signal is greatest during this interval. Similarly,
the possibility of mistaking engine noise for true knock
signal is smallest during this interval.

The final stage in the knock-measuring instrumen-
tation is integration with respect to time; this can be
accomplished using an operational amplifier. For exam-
ple, the circuit of Fig. 4.1-13 could be used to integrate
the gate output. The electronic gate actually controls
switches Sy and S. The output voltage Vi at the end of
the gate interval T is given by:

T
Vi = —(1/RC) JO v (0)dt

This voltage increases sharply (negative), reaching
a maximum amplitude at the end of the gate interval, as
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Fig. 4.1-14 Knock level detector circuit.

shown in Fig. 4.1-13, provided that knock occurs.
However, if there is no knock, Vi remains near zero.

The level of knock intensity is indicated by voltage Vi
(T) at the end of the gate interval. The spark control
system compares this voltage with a threshold voltage
(using an analog comparator) to determine whether
knock has or has not occurred (Fig. 4.1-14). The com-
parator output voltage is binary valued, depending on the
relative amplitude of Vi (T ) and the threshold voltage.
Whenever Vi (T) is less than the threshold voltage, the
comparator output is low, indicating no knock. Whenever
Vi (T) is greater than the threshold value, the compar-
ator output is high, indicating knock.

Although this scheme for knock detection has shown
a constant threshold, there are some production

SA

applications that have a variable threshold. The threshold
in such cases increases with RPM because the competing
noises in the engine increase with RPM.

4.1.7.2 SA correction scheme

Although the details of SA control vary from manufac-
turer to manufacturer, there are generally two classes of
correction that are used: fast correction and slow
correction. In the fast correction scheme, the SA is
decreased for the next engine cycle by a fixed amount
(typically from 5° to 10°) whenever knock is detected.
Then the SA is advanced in one-degree increments every
5 to 20 crankshaft revolutions.

KNQCK
R s e

ENGINE CYCLES

Fig. 4.1-15 Fast correction SA.
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Fig. 4.1-16 Slow correction SA.

The fast correction ensures that minimum time is
spent under heavy knocking conditions. Further, this
scheme compensates for hysteresis (i.e., for one degree
of SA to cause knocking, more than one degree must be
removed to eliminate knocking). The fast correction
scheme is depicted in Fig. 4.1-15.

In the slow correction scheme (Fig. 4.1-16), SA is
decreased by one (or more) degree each time knock is
detected, until no knocking is detected. The SA proceeds
in one-degree increments after many engine cycles.

The slow correction scheme is more of an adaptive
closed-loop control than is the fast correction scheme. It
is primarily employed to compensate for relatively slow
changes in engine condition or fuel quality (i.e., octane
rating).

4.1.8 Integrated engine control
system

Each control subsystem for fuel control, spark control,
and EGR has been discussed separately. However, a fully
integrated electronic engine control system can include
these subsystems and provide additional functions.
(Usually the flexibility of the digital control system
allows such expansion quite easily because the computer
program can be changed to accomplish the expanded
functions.) Several of these additional functions are
discussed in the following.

4.1.8.1 Secondary air management

Secondary air management is used to improve the per-
formance of the catalytic converter by providing extra
(oxygen-rich) air to either the converter itself or to the
exhaust manifold. The catalyst temperature must be
above about 200°C to efficiently oxidize HC and CO and
reduce NO,. During engine warm-up when the catalytic
converter is cold, HC and CO are oxidized in the exhaust
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manifold by routing secondary air to the manifold. This
creates extra heat to speed the warm-up of the converter
and EGO sensor, enabling the fuel controller to go to the
closed-loop mode more quickly.

The converter can be damaged if too much heat is
applied to it. This can occur if large amounts of HC and
CO are oxidized in the manifold during periods of heavy
loads, which call for fuel enrichment, or during severe
deceleration. In such cases, the secondary air is directed
to the air cleaner, where it has no effect on exhaust
temperatures.

After warm-up, the main use of secondary air is to
provide an oxygen-rich atmosphere in the second
chamber of the three-way catalyst, dual-chamber con-
verter system. In a dual-chamber converter, the first
chamber contains rhodium, palladium, and platinum to
reduce NOy and to oxidize HC and CO. The second
chamber contains only platinum and palladium. The
extra oxygen from the secondary air improves the
converter’s ability to oxidize HC and CO in the second
converter chamber.

The computer program for the control mode selec-
tion logic can be modified to include the conditions for
controlling secondary air. The computer controls sec-
ondary air by using two solenoid valves similar to the
EGR valve. One valve switches air flow to the air cleaner
or to the exhaust system. The other valve switches air
flow to the exhaust manifold or to the converter. The air
routing is based on engine CT and air/fuel ratio. The

control system diagram for secondary air is shown in
Fig. 4.1-17.

4.1.8.2 Evaporative emissions canister
purge

During engine-off conditions, the fuel stored in the fuel
system tends to evaporate into the atmosphere. To
reduce these HC emissions, the fuel tank is sealed and
evaporative gases are collected by a charcoal filter in
a canister. The collected fuel is released into the intake
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Fig. 4.1-17 Secondary air control system.

through a solenoid valve controlled by the computer.
This is done during closed-loop operation to reduce fuel
calculation complications in the open-loop mode.

4.1.8.3 Automatic system adjustment

Another important feature of microcomputer engine
control systems is their ability to be programmed to
adapt to parameter changes. Many control systems use
this feature to enable the computer to modify lookup
table values for computing open-loop air/fuel ratios.
While the computer is in the closed-loop mode, the
computer checks its open-loop calculated air/fuel ratios
and compares them with the closed-loop average limit-
cycle values. If they match closely, the open-loop
lookup tables are unchanged. If the difference is large,
the system controller corrects the lookup tables so that
the open-loop values more closely match the closed-
loop values. This updated open-loop lookup table is
stored in separate memory (RAM), which is always
powered directly by a car battery so that the new values
are not lost while the ignition key is turned off. The
next time the engine is started, the new lookup table
values will be used in the open-loop mode and will
provide more accurate control of the air/fuel ratio. This
feature is very important because it allows the system
controller to adjust to long-term changes in engine and
fuel system conditions. This feature can be applied in
individual subsystem control systems or in the fully
integrated control system. If not available initially, it
may be added to the system by modifying its control
program.

4.1.8.4 System diagnosis

Another important feature of microcomputer engine
control systems is their ability to diagnose failures in their
control systems and alert the operator. Sensor and ac-
tuator failures or misadjustments can be easily detected
by the computer. For instance, the computer will detect
a malfunctioning MAF sensor if the sensor’s output goes
above or below certain specified limits, or fails to change
for long periods of time. A prime example is the auto-
matic adjustment system just discussed. If the open-loop
calculations consistently come up wrong, the engine
control computer may determine that one of the many
sensors used in the open-loop calculations has failed.

If the computer detects the loss of a primary control
sensor or actuator, it may choose to operate in a different
mode until the problem is repaired. The operator is noti-
fied of a failure by an indicator on the instrument panel
(e.g., check engine). Because of the flexibility of the mi-
crocomputer engine control system, additional diagnostic
programs might be added to accommodate different
engine models that contain more or fewer sensors. Keeping
the system totally integrated gives the microcomputer
controller access to more sensor inputs so they can be

checked.
4.1.9 Summary of control modes

Now that a typical electronic engine control system has
been discussed, let’s summarize what happens in an in-
tegrated system operating in the various modes.
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4.1.9.1 Engine crank (start)

The following list is a summary of the engine operations
in the engine crank (starting) mode. Here, the primary
control concern is reliable engine start.

. Engine RPM at cranking speed.

. Engine coolant at low temperature.
. Air/fuel ratio low.

. Spark retarded.

. EGR off.

. Secondary air to exhaust manifold.

. Fuel economy not closely controlled.
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. Emissions not closely controlled.

4.1.9.2 Engine warm-up

While the engine is warming up, the engine temperature
is rising to its normal operating value. Here, the primary
control concern is rapid and smooth engine warm-up. A
summary of the engine operations during this period
follows:

1. Engine RPM above cranking speed at command of
driver.

. Engine CT rises to minimum threshold.
. Air/fuel ratio low.

. Spark timing set by controller.

. EGR off.

. Secondary air to exhaust manifold.

. Fuel economy not closely controlled.
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. Emissions not closely controlled.

4.1.9.3 Open-loop control

The following list summarizes the engine operations
when the engine is being controlled with an open-loop
system. This is before the EGO sensor has reached the
correct temperature for closed-loop operation. Fuel
economy and emissions are closely controlled.

1. Engine RPM at command of driver.
2. Engine temperature above warm-up threshold.

3. Air/fuel ratio controlled by an open-loop system to

14.7.

4. EGO sensor temperature less than minimum

threshold.
5. Spark timing set by controller.
6. EGR controlled.
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7. Secondary air to catalytic converter.
8. Fuel economy controlled.

9. Emissions controlled.

4.1.9.4 Closed-loop control

For the closest control of emissions and fuel economy
under various driving conditions, the electronic engine
control system is in a closed loop. Fuel economy and
emissions are controlled very tightly. The following is
a summary of the engine operations during this period:

1. Engine RPM at command of driver.

2. Engine temperature in normal range (above warm-up

threshold).
3. Average air/fuel ratio controlled to 14.7, +£0.05.

4. EGO sensor’s temperature above minimum thresh-
old detected by a sensor output voltage indicating
a rich mixture of air and fuel for a minimum amount
of time.

5. System returns to open loop if EGO sensor cools
below minimum threshold or fails to indicate rich
mixture for given length of time.

. EGR controlled.
. Secondary air to catalytic converter.

. Fuel economy tightly controlled.
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. Emissions tightly controlled.

4.1.9.5 Hard acceleration

When the engine must be accelerated quickly or if the
engine is under heavy load, it is in a special mode. Now,
the engine controller is primarily concerned with pro-
viding maximum performance. Here is a summary of the
operations under these conditions:

1. Driver asking for sharp increase in RPM or in engine
power, demanding maximum torque.

. Engine temperature in normal range.
. Air/fuel ratio rich mixture.

. EGO not in loop.

. EGR off.

. Secondary air to intake.

. Relatively poor fuel economy.

0 N O G A WOND

. Relatively poor emissions control.

4.1.9.6 Deceleration and idle

Slowing down, stopping, and idling are combined in an-
other special mode. The engine controller is primarily
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concerned with reducing excess emissions during de-
celeration, and keeping idle fuel consumption at a mini-
mum. This engine operation is summarized in the
following list.

1. RPM decreasing rapidly due to driver command or
else held constant at idle.

. Engine temperature in normal range.
. Air/fuel ratio lean mixture.

. Special mode in deceleration to reduce emissions.

a A ODN

. Special mode in idle to keep RPM constant at idle as
load varies due to air conditioner, automatic trans-
mission engagement, etc.

. EGR on.
. Secondary air to intake.

. Good fuel economy during deceleration.

© 00 N O

. Poor fuel economy during idle, but fuel consumption
kept to minimum possible.

4.1.10 Improvements in electronic
engine control

The digital engine control system in this chapter has been
made possible by a rapid evolution of the state of tech-
nology. Some of this technology has been briefly men-
tioned in this chapter. It is worthwhile to review some of
the technological improvements that have occurred in
digital engine control in greater detail to fully appreciate
the capabilities of modern digital engine control.

4.1.10.1 Integrated engine control
system

One of the developments that has occurred since the
introduction of digital engine control technology is the

integration of the various functions into a single control
unit. Whereas the earlier systems in many cases had
separate control systems for fuel and ignition control, the
trend is toward integrated control. This trend has been
made possible, in part, by improvements in digital
hardware and in computational algorithms and software.
For example, one of the hardware improvements that has
been achieved is the operation of the microprocessor unit
(MPU) at higher clock frequencies. This higher fre-
quency results in a reduction of the time for any given
MPU computation, thereby permitting greater compu-
tational capability. This increased computational capa-
bility has made it possible, in turn, to have more precise
control of fuel delivery during rapid transient engine
operation.

Except for long steady cruise while driving on certain
rural roads or freeways, the automobile engine is oper-
ated under changing load and RPM conditions. The
limitations in the computational capability of early
engine control systems restricted the ability of the con-
troller to continuously maintain the air/fuel ratio at
stoichiometry under such changing operating conditions.
The newer, more capable digital engine control systems
are more precise than the earlier versions at maintaining
stoichiometry and therefore operate more of the time
within the optimum window for the three-way catalytic
converter.

Moreover, since the control of fuel and ignition re-
quires, in some cases, data from the same sensor set, it is
advantageous to have a single integrated system for fuel
and ignition timing control. The newer engine controllers
have the capability to maintain stoichiometry and si-
multaneously optimize ignition timing.

4.1.10.2 Oxygen sensor improvements

Improvements have also been made in the EGO
sensor, which remains today as the primary sensor for
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Fig. 4.1-18 Heated EGO sensor.
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closed-loop operation in cars equipped with the three-
way catalyst. As we have seen, the signal from the oxygen
sensor is not useful for closed-loop control until the
sensor has reached a temperature of about 300°C. Typ-
ically, the temperature of the sensor is too low during the
starting and engine warm-up phase, but it can also be too
low during relatively long periods of deceleration. It is
desirable to return to closed-loop operation in as short
a time as possible. Thus, the oxygen sensor must reach its
minimum operating temperature in the shortest possible
time.

An improved EGO sensor has been developed that
incorporates an electric heating element inside the
sensor, as shown in Fig. 4.1-18. This EGO sensor is
known as the heated exhaust gas oxygen, or HEGO,
sensor. The heat current is automatically switched on and
off depending on the engine operating condition. The
operating regions in which heating is applied are de-
termined by the engine control system as derived from
engine RPM and MAP sensors. The heating element is
made from resistive material and derives heat from the
power dissipated in the associated resistance. The
HEGO sensor is packaged in such a way that this heat is
largely maintained within the sensor housing, thereby
leading to a relatively rapid temperature rise.

Normally, the heating element need only be turned on
for cold-start operations. Shortly after engine start the
exhaust gas has sufficient heat to maintain the EGO
sensor at a suitable temperature.

4.1.10.3 Fuel injection timing

Earlier in this chapter, the fuel control methods and al-
gorithms were explained for a sequential multipoint fuel
injection system. In such a fuel control system, it was
shown that a separate fuel injector is provided for each
cylinder. The fuel injector for each cylinder is typically
mounted in the intake manifold such that fuel is sprayed

directly into the intake port of the corresponding cylin-
der during the intake stroke.

During the intake stroke, the intake valve is opened
and the piston is moving down from TDC. Fig. 4.1-19
illustrates the timing for the fuel injectors for a 4-cylin-
der engine. It can be seen that in two complete engine
revolutions (as indicated by the No. 1 cylinder position),
all four injectors have been switched on for a time T'(n).
This pulse duration results in delivery of the desired
quantity of fuel for the nth engine cycle. This system
provides for highly uniform fueling of all the cylinders
and is superior in performance to either carburetors
or TBFIs.

4.1.10.4 Automatic transmission control

The vast majority of cars and light trucks sold in the
United States is equipped with automatic transmissions.
The majority of these transmissions are controlled
electronically. An automatic transmission consists of
a torque converter and a sequence of planetary gear sets.
Control of an automatic transmission consists of selecting
the appropriate gear ratio from input shaft to output
shaft as a function of operating condition. The operating
condition in this case includes load, engine RPM, and
vehicle speed (or equivalently RPM of the drive shaft).
The gear ratio for the transmission is set by activating
clutches on the components of the various planetary gear
systems.

The relevant clutches are activated by the pressure of
transmission fluid acting on piston-like mechanisms. The
pressure is switched on at the appropriate clutch via
solenoid-activated valves that are supplied with auto-
matic transmission fluid under pressure.

The gear ratio for the planetary gear sets is uniquely
determined by the combination of clutches that are acti-
vated. The electronic transmission controller determines
the desired gear ratio from measurements of engine load
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Fig. 4.1-19 Injector timing for 4-cylinder engine.
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and RPM as well as transmission output shaft RPM. These
RPM measurements are made using noncontacting angu-
lar speed sensors (usually magnetic in nature). Engine load
can be measured directly from MAP or from MAF and
from a somewhat complicated algorithm relating these
measurements to desired gear ratio. Once this desired
gear ratio is determined, the set of clutches to be activated
is uniquely determined, and control signals are sent to the
appropriate clutches.

Normally, the highest gear ratio (i.e., ratio of input
shaft speed to output shaft speed) is desired when the
vehicle is at low speed such as in accelerating from a stop.
As vehicle speed increases from a stop, a switching level
will be reached at which the next lowest gear ratio is
selected. This switching (gear-changing) threshold is an
increasing function of load (i.e., MAP).

At times (particularly under steady vehicle speed
conditions), the driver demands increasing engine power
(e.g., for heavy acceleration). In this case, the controller
shifts to a higher gear ratio, resulting in higher accelera-
tion than would be possible in the previous gear setting.
The functional relationship between gear ratio and op-
erating condition is often termed the “shift schedule.”

4.1.10.5 Torque converter lock-up
control

Automatic transmissions use a hydraulic or fluid coupling
to transmit engine power to the wheels. Because of slip,
the fluid coupling is less efficient than the nonslip cou-
pling of a pressure-plate manual clutch used with
a manual transmission. Thus, fuel economy is usually
lower with an automatic transmission than with a stan-
dard transmission. This problem has been partially rem-
edied by placing a clutch functionally similar to a standard
pressure-plate clutch inside the torque converter of the
automatic transmission and engaging it during periods of
steady cruise. This enables the automatic transmission to
provide fuel economy near that of a manual transmission
and still retain the automatic shifting convenience.

Here is a good example of the ease of adding a function
to the electronic engine control system. The torque con-
verter locking clutch (TCC) is activated by a lock-up so-
lenoid controlled by the engine control system computer.
The computer determines when a period of steady cruise
exists from throttle position and vehicle speed changes. It
pulls in the locking clutch and keeps it engaged until it
senses conditions that call for disengagement.

4.1.10.6 Traction control

It was earlier explained that the transmission output
shaft is coupled to the drive axles via the differential. The
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differential is a necessary component of the drivetrain
because the left and right drive wheels turn at different
speeds whenever the car moves along a curve (e.g.,
turning a corner). Unfortunately, wherever there is
a large difference between the tire/road friction from left
to right, the differential will tend to spin the low friction
wheel. An extreme example of this occurs whenever one
drive wheel is on ice and the other is on dry road. In this
case, the tire on the ice side will spin and the wheel on
the dry side will not. Typically, the vehicle will not move
in such circumstances.

Certain cars are equipped with so-called traction
control devices that can overcome this disadvantage of
the differential. Such cars have differentials that in-
corporate solenoid-activated clutches that can “lock” the
differential, permitting power to be delivered to both
drive wheels. It is only desirable to activate these
clutches in certain conditions and to disable them during
normal driving, permitting the differential to perform its
intended task.

A traction control system incorporates sensors for
measuring wheel speed and a controller that determines
the wheel-slip condition based on these relative speeds.
Wherever a wheel-spin condition is detected, the con-
troller sends electrical signals to the solenoids, thereby
activating the clutches to eliminate the wheel slip.

4.1.10.7 HV powertrain control

The propulsive power coming from an ICE and an EM, is
the basic concept of an HV. The HV combines the low
(ideally zero) emissions of an electric vehicle with the
range and performance capabilities of ICE-powered cars.
However, optimization of emissions performance and/or
fuel economy is a complex control problem.

There are numerous issues and considerations in-
volved in HV powertrain control, including the efficien-
cies of the ICE and EM as a function of operating
condition; the size of the vehicle and the power capacity
of the ICE and EM; the storage capacity and state of
charge (SOC) of the battery pack; accessory load char-
acteristics of the vehicle; and finally, the driving charac-
teristics. With respect to this latter issue, it would be
possible to optimize vehicle emissions and performance
if the exact route, including vehicle speed, acceleration,
deceleration, road inclination, and wind characteristics,
could be programmed into the control memory before
any trip were to begin. It is highly impractical to do such
pre-programming. However, by monitoring in-
stantaneous vehicle operation, it is possible to achieve
good, though suboptimal, vehicle performance and
emissions.

Depending on operating conditions, the controller can
command pure electric vehicle operation, pure ICE
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Fig. 4.1-20 SHV representation.

operation, or a combination. Whenever the ICE is oper-
ating, the controller should attempt to keep it at its peak
efficiency.

Certain special operating conditions should be noted.
For example, the ICE is stopped wherever the vehicle is
stopped. Clearly, such stoppage benefits vehicle fuel
economy and improves air quality when the vehicle is
driven in dense traffic with long stoppages such as those
that occur while driving in large urban areas.

There are two major types of HV vehicles depending
on the mechanism for coupling the ICE and the EM.
Fig. 4.1-20 is a schematic representation of one HV
configuration known as a series hybrid vehicle (SHV).
In this SHV, the ICE drives a generator and has no
direct mechanical connection to the drive axles. The
vehicle is propelled by the EM, which receives its input
electrical power from a high-voltage bus (HVB). This
bus, in turn, receives its power either from the engine-
driven generator (for ICE propulsion) or from the
battery pack (for EM propulsion), or from a combina-
tion of the two.

In this figure, mechanical power is denoted as MP and
electrical power as EP. The mechanical connection from
the EM to the T/A provides propulsive power to the
drive wheels (DWs).

Fig. 4.1-21 is a schematic of an HV type known as
a parallel hybrid. The parallel hybrid of Fig. 4.1-21a can
operate with ICE alone by engaging both solenoid-oper-
ated clutches on either side of the EM but with no elec-
trical power supplied to the EM. In this case, the MP
supplied by the ICE directly drives the T/A, and the EM
rotor spins essentially without any mechanical drag. This
HV can also operate with the EM supplying propulsive
power by switching off the ICE, disengaging clutch Cj,
engaging clutch C,, and providing electrical power to the
EM from the HVB. Of course, if both ICE and EM are to
produce propulsive power, then both clutches are en-
gaged. Not shown in Fig. 4.1-21 is a separate controller for
the brushless DC motor. Also not shown in this figure but
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discussed later in this section is the powertrain controller
that optimizes performance and emissions for the overall
vehicle and engages/disengages clutches as required.

The HV of Fig. 4.1-21b operates similarly to that of
Fig. 4.1-21a except that mechanical power from ICE and
EM are combined in a mechanism denoted coupler. For
the system of Fig. 4.1-21b pure ICE propulsion involves
engaging clutch C; disengaging clutch C;, and providing
no electrical power to the EM. Alternatively, pure EM
propulsion involves disengaging clutch Cj, switching off
the ICE, engaging clutch C,, and providing electrical
power to the EM via the HVB. Simultaneous ICE and
EM propulsion involves running the ICE, providing
electrical power to the EM, and engaging both clutches.

For either series or parallel HV, dynamic braking is
possible during vehicle deceleration, with the EM acting
as a generator. The EM/ generator supplies power to the
HVB, which is converted to the low-voltage bus (LVB)
voltage level by the power electronics subsystem. In this
deceleration circumstance the energy that began as ve-
hicle kinetic energy is recovered with the motor acting as
a generator and is stored in the battery pack. This storage
of energy occurs as an increase in the SOC of the battery
pack. In addition to the lead acid battery in common use
today, there are new energy storage means including
nickel-metal-hydride (NiMH) and even special capaci-
tors called ultra-caps. Each of these electrical energy
storage technologies has advantages and disadvantages for
HV application.

The battery pack has a maximum SOC that is fixed by
its capacity. Dynamic braking is available as an energy
recovery strategy as long as SOC is below its maximum
value. Nevertheless, dynamic braking is an important
part of HV fuel efficiency. It is the only way some of the
energy supplied by the ICE and/or EM can be recovered
instead of being dissipated in the vehicle brakes.

The storage of the energy recovered during dynamic
braking requires that the corresponding electrical energy
be direct current and at a voltage compatible with the
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Fig. 4.1-21 Parallel hybrid schematic.

battery pack. The trend in the worldwide automotive
industry is toward a 42-volt battery pack consisting, for
example, of three 12-volt (rated) batteries connected in
series. The 42-volt system receives this nominal rating
since a fully charged (so-called 12-volt) storage battery as
well as the LVB voltage is approximately 14 volts. Thus,
the 42-volt terminology is a suitable way to represent this
type of battery pack.

On the other hand, efficient EM operation is achieved
for a much higher voltage level than the 42-volt LVB
voltage. The desired HVB voltage for supplying the EM is
something on the order of 250 volts.

Conversion of electrical power from one voltage level
V1 to a second V> is straightforward using a transformer
as long as this power is alternating current. Fig. 4.1-22
schematically illustrates transformer structure and the
conversion of voltages from one level to another.

A transformer consists of a core of magnetically per-
meable material (usually a steel alloy) around which
a pair of closely wrapped coils are formed. One coil
(termed the primary) consists of N turns and the other
(termed the secondary) consists of N turns.

Assuming (arbitrarily) that AC electrical power comes
from a source (e.g., an AC generator) at peak voltage V7,

STEEL CORE

PRIMARY COIL
N, TURNS
O
» q
v T q 5 g
1 C D C
O

SECONDARY COIL N, TURNS

-

o}

b
) TVZ
.

Fig. 4.1-22 Transformer structure and conversion of voltages.
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Fig. 4.1-23 DC to DC converter.

then the power flowing from the transformer secondary
to a load will be at a peak voltage V> where

Vy = (N2/N1)\1

The validity of this simple model for a transformer
depends on many factors, but for an introduction to
transformer operating theory it is sufficient.

Conversion of DC electrical power from one voltage
to another can be accomplished using a transformer only
if the DC power is converted to AC power. Fig. 4.1-23 is
a greatly simplified schematic of a DC to DC converter in
which a transistor is used to convert an input DC signal to
AC that is sent to a transformer for conversion to a dif-
ferent voltage.

The control electronics supplies a pulsating signal to
the base B of transistor Qy, alternately switching it on
and off. When Q) is on (i.e., conducting), voltage V7 is
applied to the transformer primary (i.e., N1). When Q) is
off (i.e., nonconducting), transformer primary voltage is
zero. In this case, the pulsating AC voltage that is alter-
nately V7 and O applied to the primary results in an AC
voltage in the secondary that is essentially No/N7 times
the primary voltage. This secondary voltage is converted
to DC by rectification using diode D; and filtering via
capacitor C. The secondary voltage is fed back to the
control electronics, which varies the relative ON and
OFF times to maintain V> at the desired level.

A variation of the circuit of Fig. 4.1-23 appears in
the power electronics module for conversion between
the LVB and the HVB. Of course, the specific details
of the relevant power electronics depend on the HV
manufacturer.

Powertrain control for an HV is achieved using
a multimode digital control system. It is somewhat more
complicated than the digital engine control system
discussed earlier in this chapter in that it must control an
ICE as well as an EM. In addition, it must achieve the
balance between ICE and EM power, and it must engage
or disengage the solenoid-operated clutches (if present).

The inputs to this controller come from sensors that
measure:

Power demand from driver (accelerator pedal)
SOC of battery pack
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Vehicle speed
ICE RPM and load
EM voltage and current

The system outputs include control signals to:

ICE throttle position

EM motor control inputs
Clutch engage/disengage
Switch ICE ignition on/off

In this vehicle, there is no direct mechanical link from
the accelerator pedal to the throttle. Rather, the throttle
position (as measured by a sensor) is set by the control
system via an electrical signal sent to an actuator (motor)
that moves the throttle in a system called drive-by-wire.

The control system itself is a digital controller using
the inputs and outputs listed above and has the capability
of controlling the hybrid powertrain in many different
modes. These modes include starting from a standing
stop, steady cruise, regenerative braking, recharging
battery pack, and many others that are specific to a par-
ticular vehicle configuration.

In almost all circumstances, it is desirable for the ICE
to be off at all vehicle stops. Clearly, it is a waste of fuel
and an unnecessary contribution to exhaust emissions for
an ICE to run in a stopped vehicle. Exceptions to this rule
involve cold-weather operations in which it is desirable or
even necessary to have some limited engine operations
with a stopped vehicle. In addition, a low-battery SOC
might call for ICE operation at certain vehicle stops.

When starting from a standing start, normally the EM
propulsion is used to accelerate the car to desired speed,
assuming the battery has sufficient charge. If charge is
low, then the controller can engage the clutch to the ICE
such that the EM can begin acceleration and at the same
time crank the ICE to start it. Then, depending on the
time that the vehicle is in motion, the ICE can provide
propulsive power and/or battery charge power. Should
the vehicle go to a steady cruise for engine operation near
its optimum, then the control strategy normally is to
switch off the electric power to the EM and power the
vehicle solely with the ICE. In other cruise conditions,
the controller can balance power between ICE and EM in
a way that maximizes total fuel economy (subject to
emission constraints).
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For urban driving with frequent stops, the control  relative size and power capacity of ICE/EM; and exhaust

strategy favors EM operation as long as SOC is sufficient. ~ emissions and fuel economy of the ICE (as installed in the
In this operating mode regenerative braking (in which  particular vehicle). It is beyond the scope of this book to
energy is absorbed by vehicle deceleration), the re-  attempt to cover all possible operating modes for all HV
covered energy appears as increased SOC. configurations. However, the above discussion has pro-

The various operating modes and control strategies for ~ vided background within which specific HV configurations’
an HV depend on many factors, including vehicle weight;  operating modes and control strategies can be understood.
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Transmissions and driveline

Julian Happian-Smith

The aims of this chapter are to:

demonstrate the need for transmission design and
matching;

give examples of common gearboxes and transmis-
sions available for vehicle design;

indicate the terminology and methods for transmis-
sion design;

aid the designer to understand the elements of the
analysis of transmission systems.

5.1.1 Introduction

This section introduces the transmission systems that can
be found in today’s passenger car. Of course, many car-
derived components and systems can also be found in
small commercial vehicles. Also, larger derivatives, which
have much in common, can be found in heavy goods
and public service vehicles. We have endeavoured to
introduce the main transmission types and some areas of
technology that can be found within the units. In this
chapter, however, we can only hope to introduce the
subject of transmissions to you. In order to make up for
this brevity, we include references to other material so you
are able to follow up any particular subject in greater
detail.

It is probably worth stating that, in practice, the
choice of transmission units for a particular vehicle is
heavily influenced by what is in production and available.
The cost of developing and, more importantly, installing
the equipment to manufacture a new gearbox would be
prohibitive for a small specialist vehicle manufacturer.
Equally, producing a special transmission to support
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a specific model would also be difficult to justify even for
a large vehicle manufacturer.

Current developments are extremely interesting as
technology, particularly electronic control, is very much
blurring the distinction between the conventional classes
of transmission. For example, automatic transmissions
(ATs) are often found now with a manual override
function to allow the car to be driven using the gears
selected by the driver. Conversely, manual gearboxes are
having automation added to operate the clutch or shift
the gears. These developments not only make the
transmission interesting from an engineering perspective,
but also create marketing features from an area of the
vehicle often hidden from view and largely ignored by the
buyer until it causes a problem.

5.1.1.1 Definitions

Transmission — This term can be used to describe one
unit within the driveline of a vehicle, often the main
gearbox, or as a general term for a number of units.
Driveline — This includes all of the assembly(s) between
the output of the engine and the road wheel hubs.
Powertrain — Essentially the driveline and engine to-
gether, and may also be taken to include other related
parts of the vehicle such as the exhaust or fuel system.
Automatic transmission — ATs come in various forms
but have the common ability to change the ratio at
which they are operating with no intervention from the
driver.
Manual transmission — As the name suggests, drivers
have to change the gear ratio setting rather than the
transmission doing the job for them.

Copyright © 2001 Julian Happian-Smith. All rights of reproduction, in any form, reserved.
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Continuously variable transmission (CVT) - CVTs
are able to vary the ratio between input and output in
a stepless manner rather than having a number of discrete
ratios.

Infinitely variable transmission (IVT) - Essentially
a CVT which has the additional ability to operate with
zero output speed, hence negating the need for a separate
starting device.

This chapter is going to look at the transmission
systems used in cars. The rest of the driveline will not be
considered in any detail; so there will be no detail on such
things as axles or 4 x 4 transfer gearboxes.

5.1.2 What the vehicle requires
from the transmission

According to some engine colleagues, the transmission is a
large, expensive bracket to stop the engine from dragging
on the road. However, we will, hopefully, demonstrate
that transmissions are much more interesting than the
other, less significant, part of the power train!

Essentially, the transmission or driveline takes the
power from the engine to the wheels and, in doing so,
actually makes the vehicle usable. The functions that
enable this include:

Allowing the vehicle to start from rest, with the
engine running continuously.

Leting the vehicle stop by disconnecting the drive
when appropriate.

Enabling the vehicle to start at varied rates, under
a controlled manner.

Varying the speed ratio between the engine and wheels.
Allowing this ratio to change when required.
Transmitting the drive torque to the required wheels.

The transmission needs to perform all of the above
functions and others in a refined manner. The structural
aspects of the transmission, predominantly the casing,
often contribute significantly to the structure of the
powertrain and the vehicle as a whole. This is important
when it comes to engineering for the lowest noise and
vibration. The stiffness of the powertrain assembly itself
is important in determining the magnitude and the
frequency of the vibrations at the source (the engine).
This stiffness (and indeed the strength) can also be
important to the integrity of the vehicle in a crash.
Particularly with front-wheel-drive vehicles, the way in
which the body collapses on impact has to be engineered
very carefully, and the presence of a large rigid lump
such as the powertrain has a critical influence on the
way this occurs. The size, shape and orientation of the
unit also affect the intrusion into the passenger space
after an impact.
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5.1.2.1 The layout of the vehicle

The position of the powertrain components within
the vehicle has implications both for the engineering of
the vehicle and the driveline components including the
transmission itself. Effects include:

the space available for the powertrain and how it is
packaged within the vehicle including the location
of ancillary components;

the weight distribution, since the powertrain compo-
nents are relatively heavy;

the structure to support the powertrain and react
against the driving torques;

vehicle handling and ride both from weight distribu-
tion and the location of the driven wheel set;

safety structure and passenger protection.

The choice of vehicle layout is determined principally by
the target market sector and brand image that the vehicle is
required to project. Possible alternatives include saloons,
ranging from large luxury saloons to micro or town cars,
sports coupés or convertibles, estate cars or off-highway
vehicles. In many cases, the same vehicle platform will be
used for several of these variants. The vehicle layout must
also be sufficiently flexible to accommodate different
engine and transmission options that are offered with
many vehicles.

The main vehicle configurations in use are shown in
Fig. 5.1-1. The most widely used currently is the ‘stan-
dard’ front-wheel-drive layout shown in Fig. 5.1-1(a). This
has an engine mounted transversely to the vehicle axis
with the transmission also transverse and in line with
the engine. The differential can be incorporated into
the transmission casing. Another possibility is shown in
Fig. 5.1-1(b) with a longitudinal engine transmission as-
sembly, again including a differential and the drive being
taken to the front wheels. This configuration is used for
larger front-wheel-drive vehicles where the size (i.e.
length) of the engine gearbox assembly makes installation
across the vehicle impossible. It also allows front-, rear-
and four-wheel drive vehicles to be developed easily from
the same vehicle platform as the engine installation and
front structure of the vehicle can remain the same in each.
The main alternative, however, is the classic front-engine
rear-wheel-drive layout as in Fig. 5.1-1(c). The engine and
transmission are still in line but mounted longitudinally
with a connecting shaft to a separate rear mounted final
drive and differential that are a part of the rear axle. A
common variant amongst two-seater sports vehicles is
shown in Fig. 5.1-1(d) with the engine and transmission
transversely mounted to the rear of the vehicle and driving
the rear wheels. If the engine is in front of the rear axle
then this is usually referred to as a mid-engine layout.
The final example shown in Fig. 5.1-1(e) is a four-wheel
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Fig. 5.1-1 Some typical vehicle/powertrain configurations.

(or all-wheel) drive power train frequently used in off-
highway vehicles. The greater height of these vehicles
allows the engine to be mounted above the front axle line
with the front differential alongside. Variants of this also
take the drive to the rear axle directly in line from the
gearbox. These are normally differentiated by virtue of the
transfer gearbox design. ‘Double offset’ being the one il-
lustrated and ‘single offset’ where the drive to the rear axle
is in line with the gearbox output shaft. It is also possible to
derive four-wheel-drive configurations from the two-
wheel-drive layouts. For example, adding a longitudinal
propeller shaft from the front differential of the standard
transverse layout (Fig. 5.1-1(a)) to an additional rear dif-
ferential. There are many more front- and rear-wheel-drive
variants than those included here, but these few
account for the vast majority of vehicles on the road.

The vehicle layout adopted has consequences for the
transmission itself and the necessary controls and in-
terconnections. These include the opportunity for the
differential to be included in the same casing as the
transmission and eliminate the need for an additional
housing. However, the transmission and differential gears
must then share the same lubricating fluid. For manual
gearboxes the routing of the gear-change linkage can be
more complicated for the mid-engined (and other rear-
engined) layouts. These also have greater complication in
ancillary and cooling system layouts that are discussed
in more detail in the environmental considerations in
Section 5.1.6. There is also a particular fuel economy
advantage for transverse layouts that do not have to turn
the drive direction through a right angle. This eliminates
a bevel gear set that is less efficient than parallel shaft
transfer gears.

5.1.2.2 Starting from rest

As the internal combustion engine cannot provide torque
at zero speed, a device is required in the transmission
that will enable the vehicle to start from rest and, when
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propulsion is not required, to disengage the drive be-
tween the engine and road wheels. Several devices are
used in automotive transmissions to achieve this:

The single-plate dry friction clutch — used commonly

with car manual gearboxes.

The multi-plate, wet (oil immersed) clutch - fre-

quently used in motorcycles, variable transmissions

and some large, heavy-duty ATs.

The fluid flywheel — rarely used today.

The torque converter — used in the majority

of ATs.

Electromagnetic clutches — again used in some vari-

able transmissions.
These devices are fitted between the engine output and
transmission input. The design and application of the
dry clutch and the torque converter are discussed in the
sections on manual and ATs, respectively. It should be
pointed out that a smaller multi-plate clutch is often
used in ATs to disconnect or connect particular gears
and hence allow the gear change required; these appli-
cations do not have the capacity of starting the vehicle
from rest.

5.1.2.3 The vehicle requirement — what
the powertrain has to deliver

If we consider the torque requirements (on the engine
and driveline), there are a number of forces acting on the
body of the vehicle that have to be overcome:

The rolling resistance of the tyres.
The aerodynamic drag of the vehicle body.
Any resistance due to the climbing of an incline.
Overcoming the inertia of the vehicle (as a whole)
and the rotating parts, while the vehicle is
accelerating.
This last point indicates that the engine also has to ac-
celerate its own inertia; the effect of this is particularly
significant in the lower gears.
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Consider the first three of these that occur during
steady-state conditions:
Total running resistance force = Fy

Fiot = Frot+Fae = Fcy
where Fg, = rolling resistance = fimg

m = vehicle mass, kg
f = coefficient of rolling resistance — typically
approx 0.013-0.015 for normal road -
however, it does increase with speed.
g=9.81 m/ $? - gravitational acceleration
Fae = aerodynamic resistance = 0.5 pcg A (u + uh)z
p = air density — typically 1.2-1.3 kg/m> (the
latter is at ‘standard temperature and
pressure’)
¢q = drag coefficient, often around 0.3-0.4 for
many cars.
A = frontal area of a vehicle in m?
v = vehicle speed, v}, = headwind speed,
in m/s
Fc| = climbing resistance = mg sin 8
8 = the gradient of the hill being climbed
(degrees)

In addition to these, the engine also has to overcome
any resistive forces from ‘work’ the vehicle may be
doing, for example, towing a trailer. While operating
off road, a vehicle will have to also overcome the
resistance provided by the soft ground. This can vary
greatly and depends on the type of soil, how wet it is
and other factors such as how disturbed or compacted
the ground is. These additional forces acting on a —
vehicle can, in the extreme, be so large as to prevent
the vehicle from moving, severely restrict the speed it
is able to attain or exceed the available traction from
the tyres.

Examples of how the rolling resistance and aero-
dynamic forces add up with increasing road speed, for
a range of vehicles, are illustrated on Fig. 5.1-2. This as-
sumes zero wind speed on level road. For example, if the
vehicle were climbing an incline, the lines would move up
by a constant amount. A few interesting things can be
seen on this graph:

Firstly, just compare the overall resistance of the dif-
ferent cars. It can be seen that both the overall
magnitude and the difference between vehicles in-
crease significantly with speed.

Compare the difference between the older design of
the Mini and the more recent Lupo; this becomes
exaggerated at speed. The drag coefficients have

a more pronounced effect as the speed increases.
The very large load produced by the high weight
combined with the large frontal area of the 4 x 4
vehicle.

The difference between the medium and large can be
seen to cross over as the speed increases. The heavier
large car has the highest resistance load at low
speeds, but then gains an advantage at higher speeds
because of the better aerodynamics — this is almost
certainly helped by the longer length of the body and
the body style.

The load on the transmission

The total rolling resistance that has to be overcome is the
load acting on the vehicle. This is seen as a torque re-
quirement at the driving wheels(s), which can be calcu-
lated if the dynamic rolling radius of the tyre(s) is known:

Torque at the wheel (N m)
= Fior X rolling radius (m)

Care should be taken as to how many wheels share the
drive; hence, the torque seen by any one part of the
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Fig. 5.1-2 Plot of total rolling resistance vs road speed (level road) — data shown for various vehicles.
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driveline may not be the whole figure. The main gearbox,
however, invariably sees the whole of the engine torque;
so, the number of drive wheels can be ignored when
considering this.

This torque value can then be calculated back up the
driveline, taking account of the transmission ratio(s) and
efficiency to give the torque required at the engine (at
the clutch or end of the crank). By considering the rolling
radius of the road wheel and the ratios in the trans-
mission, the engine speed can also be calculated.

There are a variety of conditions at which the vehicle
has to operate that determine the gear ratios to be
chosen. These are likely to be modified by certain prac-
tical considerations within the transmission, but for this
purpose, we can consider the initial requirements in
order to determine the ratio set for the transmission.

5.1.2.4 Changing ratios — matching of the
transmission to the vehicle

It is important to appreciate that the choice of gear ratios in
a transmission is often dictated, in practice, by what is
available or what is already in production. This situation
occurs because of the large expense involved in engineering
new gearsets, and installing or modifying the manufactur-
ing plant to make the new parts. There are some cases that
do necessitate a change, however. These may include
a change in the engine, for example, from petrol to diesel,
or a significant change to the weight of the vehicle in which
the gearbox is to be installed. Obviously, the finances
available within the vehicle manufacturer and the volumes
involved will have a very large influence in this decision.
Where changes can be accommodated, they may be limited
to one or two gear ratios, leaving the intermediate ratios as
is, hence not necessarily optimized. Finally, before looking
at how the ‘ideal’ ratio may be chosen, the other limitation
on ratio choice is the gear design itself. An example is a first
gear pair where there could be a limit on how small the
drive pinion might be in order to withstand the shock
loading which can occur in the gearbox.

There are a number of decisions that need to be made
when deciding what gear ratios should be fitted in a par-
ticular transmission unit. A similar process has to be done
for manual transmissions, automatics and CVTs. There is
more flexibility in an automatic or a CVT because of the
effect of the torque converter and/or the shift map. These,
in addition to the gear ratios, influence the effective, overall
ratio at any point in the operating regime. The factors,
which have to be taken into account, are:

The performance requirements of the vehicle.

The weight, rolling resistance and other parameters
of the vehicle.

The restrictions that exist on the design of the
transmission.
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Packaging restrictions in the vehicle and on the
engine ancillaries, if the casing has to be altered.
Availability — as discussed above.

The performance of a vehicle is very rarely simply
a matter of top speed and acceleration!

Selection of the lowest ratio — Ist gear

This governs the starting performance of the vehicle
and will depend on:

Gradient of hill required to be climbed — worst case.
Gross (fully laden) weight of the vehicle.

Weight of any trailer required.

Characteristics of the engine at low engine revs —i.e.
minimum engine speed for effective air inlet ‘boost’
on pressure-charged engines.

Selection of top gear ratio — typically 5th in passenger cars

Engine characteristics.

Economy requirements at cruise.

In-gear performance — is the driver expected to
change gear on overtaking?

Top speed to be achieved in top or next gear (usually
4th) — is top gear an ‘overdrive’?

The intermediate gears are usually spaced to provide an
even, comfortable spread between these extremes. In
theory, the ratios are often chosen to give constant
speed or varying speed increments, between the gears
(Fig. 5.1-3). By using constant speed increments, the
engine would reduce by a consistent speed change each
time the driver changed up. For example if a driver
changed up while accelerating every time they reached,
say 3000 rev/min, the engine speed would be the same
after each gear shift. With variable speed increments,
this would not be the case, usually meaning that the
change in engine speed with each gearshift would get
progressively smaller as higher gears were engaged. The
following figures illustrate this. The ‘upshift’ points
are shown as constant for illustration, although this is
obviously not necessarily so in practice.

The particular vehicle requirements or limitations of
the transmission selected can modify this spacing, for
example, due to:

Complexity requirements — existing ratio sets

may limit choice on new vehicles, especially for
lower-volume vehicles.

In gear acceleration requirements — provision of par-
ticular characteristics at certain vehicle speeds, for
example, achievement of 0—-60 mph/100 kph with-
out too many gear changes.

Casing limitations on gear sizes.

Emission and fuel economy requirements, i.e. engine
conditions during the legislated drive cycle.
Refinement issues at particular engine or driveline
speeds.
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Fig. 5.1-3 Engine speed vs vehicle speed for differing gear ratio progressions.

All of these factors will influence the selection of the gear
ratios in practice and possibly cause a compromise
between the calculated, ‘ideal’ ratio set for a given car
and what can be used on an existing vehicle.

Example of the considerations in matching a transmission
to a vehicle
For this example, we will look at some of the factors
which would need to be considered when designing
a gearbox for a road car, in this case a large 4 x 4.
Consider the rolling resistance of the 4 x 4 vehicle in
Fig. 5.1-2. Taking a rolling radius of 0.375 m for the
tyre, the torque required at the wheel for any road
speed within the range can be calculated. Consider
Fig. 5.1-4 — this is a fuel consumption chart for a large
petrol engine. (A line can be drawn through the top of

the lines of constant fuel flow to indicate the max
torque line.)
Taking some of the vehicle transmission details as:

Final drive ratio 4.2
Fifth gear 0.75
Fourth 1.0

Third 1.4

Plotting the engine conditions for 120 km/h (motorway)
and assuming a loss of 5% in the transmission system
give the engine conditions shown on the graph for the
different gears. The required tractive force at this speed
is 1100 N; this equates to a torque of 413 Nm (total)
required at the wheels. In theory, this would be a nominal
103 Nm at each wheel in the case of our 4 x 4 example.
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Fig. 5.1-4 Chart of fuel (mass) flow for a large petrol engine — also shows engine conditions for a range of gear ratios.
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We can also calculate how fast the wheels, trans-
mission and engine would be rotating at this speed. The
rolling radius (above) means that the vehicle travels 1 km
every 424 revolutions of the wheel. (Sometimes, it is
easier to consider the speed of the wheel for a given road
speed, in this case 7.1 rev/min per 1 km/h.) This means
our wheels will be rotating at 852 rev/min at 120 km/h.

From these figures, the engine torque and speed at
120 km/h for the various gears quoted can be calculated.
The operating points for the engine in the various gears
show that as the vehicle changes up to 4th and 5th gear,
the engine speed drops, the torque increases and the
indicated fuel mass flow reduces. As we might expect,
the vehicle uses less fuel in top than the lower gears.

What happens if we add an ‘overdrive’ sixth speed
with a ratio of 0.6, or even 0.5? The line on the graph also
indicates how the trend would continue if an overdrive
ratio were to be added to the gearbox. The result in-
dicates that, if taken too far, the fuel used would not
necessarily continue to reduce. The engine conditions as
the speed is reduced and the torque required increases
are such that could find the engine to be unresponsive,
requiring large throttle openings and even higher emis-
sions due to the high engine load.

If we now consider how the tractive force (‘effort’)
provided by the powertrain varies in each gear (by using the
maximum torque values for the engine considered above).
By taking account of the various gear ratios, the force
provided at the road can be compared with the road load
(rolling resistance). In Fig. 5.1-5, the original line from
Fig. 5.1-2 has been added (again considering the 4 x 4
vehicle). An allowance has also been made for the force

Transmissions and driveline .

required to climb hills of various gradients; so additional
rolling resistance lines have been added for the different
gradients.

These graphs can be plotted easily for any vehicle/
transmission/engine combination provided the basic
information referred to above is known or can be esti-
mated. The information provided is varied and useful;
such as:

The maximum speed attainable for different condi-
tions and gears can be seen. In this example, we
may expect the vehicle to go faster in 4th than 5th
gear as the tractive effort line for level ground crosses
the available force line for 5th at a lower speed than
in 4th gear (and before we run out of available engine
speed in the lower gear).

The maximum gradient that the vehicle could be
expected to climb in any one gear can be estimated.
Here it could be assumed that 1 in 5 hills could just
be climbed in 3rd gear — and at a maximum speed of
about 80 km/h.

Where the available force line is just above the re-
quired force, the close proximity of the two lines
indicates that there is little, if any, available torque
from the engine. So if the vehicle were ona 1 in 10
gradient at say 40 km/h in 4th gear, we might expect
to be able to accelerate to nearer 120 km/h by looking
at the graph. The two lines are quite close to each
other, however, indicating that there is little addi-
tional torque available to accelerate the vehicle mass
or accelerate the engine itself. At the very least we
might expect the vehicle to be quite unresponsive.
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Fig. 5.1-5 Graph of tractive effort and rolling resistance vs road speed.
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It should be noted that in the lower gears these graphs
can indicate that very steep hills can be climbed. In
practice, it may not be possible to actually start from
rest on anything like these gradients because of the
capacity of the clutch and the difficulty of achieving
just the correct engine conditions. On two-wheel-drive
vehicles, the available grip from the tyres can also be
a limiting factor. Even on the 4 x 4 example we are
considering, in practice, the low ratio in the transfer
gearbox would be required at gradients much steeper
than, say 1 in 3.

5.1.3 The manual gearbox

Most people who drive will be able to describe some
aspects of one of these. As the name suggests, the driver
has to change between one gear ratio and another, as the
vehicle requires, when using this type of gearbox. The
different gears have different ratios that allow different
relative speeds between the engine and road wheels.
There are several distinct types of these transmissions;
including ‘transverse’ or ‘transaxle’ front-wheel-drive
gearboxes and ‘inline’ gearboxes used in rear and four-
wheel-drive vehicles. Four-wheel-drive vehicles will have
an additional transmission unit on the rear of the gearbox
to enable the drive of both front and rear axles.

Uses

Inline gearboxes are used in a wide range of vehicles from
small passenger cars up to large trucks, while the vast
majority of transverse gearboxes is used in passenger cars
and small vans. It should be noted that manual gearboxes
are nowhere near as common in the US and Japanese
passenger car markets as they are in Europe. This is
particularly the case with small to medium cars. In the
past, the majority of larger passenger and commercial
vehicles in Europe used manual gearboxes of one type or
another. This particular area of the market is changing
and becoming dominated by AT.

Advantages

Usually have high mechanical efficiency.

Arguably the most fuel-efficient type of transmis-
sion, although this depends on the driver selecting
the most appropriate gear.

Relatively cheap to produce — possibly only half of
the equivalent automatic.

Light weight — typically 50-70% of the equivalent au-
tomatic weight.

Smaller and hence usually easier to package in the
vehicle.

Disadvantages

Some driver skill required — ask anyone who only
drives autos!
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Emissions and fuel consumption can be heavily influ-
enced by the driver’s gear selection.

Clutch operation and changing gears can be tiring, es-
pecially when in heavy traffic.

Not suitable for all drivers; controls on larger vehicles
can be heavy and most require some dexterity during
operation.

5.1.3.1 The front-wheel-drive passenger
car gearbox

Fig. 5.1-6 is a cross section of a ‘typical’ front-wheel-
drive transmission. The features it contains are typical of
those found in many, if not all, gearboxes. The essential
elements are the three shafts that take the drive from the
engine (on the centre line of the crankshaft) to the
output of the gearbox. From here, the driveshafts con-
nect the gearbox to the (driven) wheel hubs. As men-
tioned in Section 5.1.2.1, this configuration of gearbox
can also be used in rear-wheel-drive, ‘mid-engined’
vehicles, the installations being very similar. Two of the
obvious features of this gearbox are the integral differ-
ential and the final drive gear pair. The function of the
differential is described in Section 5.1.6. Because of the
final drive, the overall ratio of the front-wheel-drive
gearbox has typical reduction ratios of around 12:1 in Ist
gear and around 3:1 in top gear. In comparison, the
typical rear-wheel-drive gearbox will have a reduction of
3 or 4:1 in 1st and an overdrive ratio of around 0.8 in top
gear. Fig. 5.1-7 is a schematic of the front-wheel-drive
gearbox to show the drive path in the gearbox.

Drive passes from the engine, via the clutch to the
input shaft. The various gear pairs then transmit torque to
the intermediate shaft. The final drive pinion is on or part
of this shaft and in turn drives the final drive wheel. The
final drive wheel is part of the differential assembly. Each
of the driveshafts is connected by a spline to the side gears
in the differential. This allows the two driveshafts (and
hence the wheels) to rotate at differing speeds to each
other although the average speed will always be the same
as the final drive wheel. It should be noted that the three
shafts rarely lie in a single plane, and, viewed from the end
the shafts, would lie in a ‘)’ shape. In this way, the centre
distance and relative position between the input and
output shafts can be designed to suit the installation.

Drive is only engaged between the input and in-
termediate shafts using one set of gears at any one time.
For example, when 1st gear is engaged, only that par-
ticular gear pair carries the drive between the two shafts.
This is achieved using the synchromesh assemblies,
which can be seen in the section illustration above. In this
example, the synchromesh assemblies are on the in-
termediate shaft, although they can be positioned on the
input shaft.



5th gear in separate end case — 1st to 4th
gear in ‘maincase’ — 5 speed gearboxes
often developed from 4 speed units
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Fig. 5.1-6 Cross section of a front-wheel-drive manual gearbox.

The gearbox illustrated in this example is the simplest
form of front-wheel-drive gearbox. Some gearboxes have
two intermediate shafts, which, although more complex
(and hence tend to be more expensive), do shorten the
design which can sometimes allow easier packaging in the
vehicle.

5.1.3.2 The rear wheel drive car
and commercial gearbox

Two key features distinguish the rear-wheel-drive gear-
box from the front-wheel-drive gearbox discussed above;
the lack of a differential, and the absence of the final
drive reduction gear pair. Both of these will be found
within a different unit in the vehicle and this can be seen
in the diagrams in the section on vehicle/power train
layout. As stated earlier, the ratios are typically from 4:1
to about 0.8:1. As discussed below, 4th gear is often
a direct drive between the input and output and so gives
a ratio of 1:1. In some gearboxes, however, this direct
drive is provided in Sth gear to give a more efficient drive
in that gear (there are no friction losses in the gear mesh
points). This means that the final drive needs to be ad-
justed accordingly to provide the same overall gearing
and the ratios in the lower gears will be higher to give the
same ratio spread — a ratio of around 5:1 rather than 4:1
in first gear perhaps. Fig. 5.1-8 is a cross section of

a splines in differential
gears

Integral differential and final
drive gears — contained in
same gearbox casing as
main change gears

a typical rear-wheel-drive gearbox, while Fig. 5.1-9 shows
a schematic of the gear layout.

It can be seen from the diagrams that the gearboxes
have several separate sets of gears with various ratios.
With the gearbox in a particular gear, the power follows
one of the possible paths through the gearbox. When the
driver changes gear, the power will flow along an alter-
native path. The schematic diagram below shows
a simple four-speed gearbox to illustrate the concept.

In these gearboxes, the input shaft is driven, via the
clutch, by the engine. The constant gears are continually
in mesh and the input shaft always drives the layshaft.
With no gear selected, i.e. neutral, all the gears on the
mainshaft are free to rotate on the shaft and no drive can
pass to the mainshaft. The synchromesh mechanism
(discussed later) allows either the gears on the mainshaft
to be connected to the shaft or the input and mainshaft
to be connected together — shown below in Fig. 5.1-10.
This connection by the synchromesh allows the various
gears to provide the different ratios of speed between the
input and output shafts.

5.1.3.3 Gearchanging and the
synchromesh

The mechanism usually used in modern manual gear-
boxes to allow the gears to be changed (when the clutch
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Fig. 5.1-7 Schematic of a front-wheel-drive gearbox gear layout.

disengages the drive from the engine) is the synchro-
mesh. This essentially allows the speed of the compo-
nents to be matched before they are connected together
as the new gear is engaged. If you consider the earlier
diagram of a transverse gearbox (Fig. 5.1-6), it can be
seen that the synchromesh assemblies are on the in-
termediate shaft. This is not a requirement, and they
could easily be on the input shaft or split between
the two. Similarly, the synchromesh mechanisms can
be on the layshaft or mainshaft in a three-shaft, rear-
wheel-drive gearbox.

A good starting point for synchromesh design is the
paper written by Socin and Walters (1968). This not
only explains the function of the synchromesh used in
many gearboxes, but also follows the main calculations
that may be required during the design of single-cone
synchromesh.
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In considering the function of a synchromesh, we need
to refer back to the section on manual gearboxes
above.

You may remember that, in this schematic, the drive
goes via the layshaft, then the mainshaft gears and onto
the mainshaft. Remember, the mainshaft gears are not
permanently attached to the mainshaft — you can see this
in the diagram of a manual gearbox above. Looking at the
1st and 2nd mainshaft gears for a moment, you can work
out that when you are in 1st gear, the 1st mainshaft gear
is coupled to and driving the mainshaft. When in 2nd
gear, the 2nd mainshaft gear is doing the same job. If you
think about it, you can work out that the mainshaft,
because it is connected to the wheels, carries on rotating
at more or less the same speed both before and after any
gearshift. Therefore, if the driver changes gear, say from
Ist to 2nd, the layshaft, input shaft and clutch have to
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Fig. 5.1-8 Cross section of a rear-wheel-drive manual gearbox.
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Fig. 5.1-10 Diagrams to illustrate different gears selected in a simplified gearbox.
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Fig. 5.1-11 Diagram to show the gears involved and ratio implications of a gearchanging between 1st and 2nd gear.

slow down so that the 2nd mainshaft gear can go at the
same speed as the mainshaft. (See Fig. 5.1-11.)

It is this speeding up and slowing down of the input
side of the gearbox that the synchromesh does. The work
done by the synchromesh assembly is to change the
speed of the inertia on the layshaft and input shaft, which
includes the clutch driven plate. The large majority of the
inertia is found in the clutch plate.

The diagram below (Fig. 5.1-12) is a cross section of
single- and triple-cone synchromesh. Synchromesh is

Baulk ring

Synchro sleeve — moved by
gear change mechanism

effectively a cone brake device, and the action of the
driver in applying force to the sleeve allows the two
sides of the assembly to tend towards the same speed.
In the first part of the synchronizing process, the sleeve
applies a load onto the baulk ring, which is rotating at
a different speed to the cone onto which it is pushed.
The friction that is created by this causes the speed of
the two parts to become the same. At this point,
the sleeve is able to move past the baulk ring and
engage with the gear, and the gearshift is complete.

Dog teeth on gear — sleeve
engages to couple shaft to
gear

i Inner and middle
i synchro cones
1

[ Q]

Single-cone
synchromesh

Triple-cone
synchromesh

Fig. 5.1-12 Cross section of a synchromesh.
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The detail of this process is covered in the paper re-
ferred to above.

5.1.83.4 Gear ratios — how they
are achieved

Section 5.1.2 discussed why different ratios were needed
and how they were selected. Given the overall design
package of a transmission, the next task is to design the
gear pairs within the casing to achieve the required ratios
between the input and output shaft.

As an illustration of how the ratios in a gearbox are
achieved, included below are the gear tooth numbers
used in a version of the Land Rover LT77 manual gear-
box. This was used in the Land Rover, Range Rover
Classic and a number of other vehicles in both two- and
four-wheel-drive versions.

The constant gears:

22 teeth on the input shaft/33 on the layshaft ‘con-
stant’ gear (driven gear)

Ratio — 0.666, i.e. layshaft rotates at 0.666 of the
speed of the input shaft (slower)

3rd gear:

29 teeth on layshaft/27 teeth on the mainshaft gear
Ratio — 1.074, i.e. mainshaft rotates at 1.074 of the
speed of the layshaft (quicker)

Combining the ratios gives 0.666 x 1.074 = 0.715,
i.e. mainshaft/output shaft rotates at 0.715 of the
input speed (slower)

The inverse of this is normally quoted to cause a bit
of confusion! So you would see 3rd gear quoted as

being 1/0.715, which is 1.397
2nd gear:

19 teeth on layshaft/27 teeth on the mainshaft gear
Ratio — 0.704, (slower)

Combining the ratios gives 0.666 x 0.704 = 0.469,
i.e. mainshaft/output shaft rotates at 0.469 of the
input speed (slower)

As with 3rd, by convention this is quoted as 2.132 -
(1/0.469)

st gear:

14 teeth on layshaft/31 teeth on the mainshaft gear
Ratio — 0.452, i.e. mainshaft rotates at 0.452 of the
speed of the layshaft (slower)

Combining the ratios gives 0.666 x 0.452 = 0.301,
i.e. mainshaft/output shaft rotates at 0.301 of the
input speed (slower)

As with 2nd and 3rd by convention this is quoted as
3.322 - (1/0.301)
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Sth gear:

Fifth gear on the LT77 is an ‘overdrive’ gear. This means
that the output shaft of the gearbox rotates faster than
the input. The numbers work out as:

37 teeth on layshaft/19 teeth on the mainshaft gear
Ratio — 1.947, i.e. mainshaft rotates at 1.947 times
quicker than the layshaft

Combining the ratios gives 0.666 x 1.947 = 1.297,
i.e. mainshaft/output shaft rotates at 1.297 times the
input speed

The inverse of this is again normally quoted, so you
would see 5th gear quoted as being 1/1.297, which is
0.771

5.1.3.5 The clutch

In vehicles there is a requirement for a device to provide
a coupling from the engine crankshaft to the trans-
mission. This allows the engine to be started and run
without the vehicle moving and the vehicle to be started
from rest under control at various rates of acceleration. In
manual gearboxes, the drive from the engine also has to
be disconnected during gear changes.

Clutches are associated with manual gearboxes and are
normally operated by the driver. Recent developments in
both the passenger car and commercial truck market have
meant that an increasing number of vehicles are auto-
mating the function of the clutch. The vast majority,
however, remains controlled mechanically by the driver.

The spring pressure clamps the pressure plate onto
the driven plate and the flywheel; with the assembly like
this, the drive is passed from the engine to transmission
(see Fig. 5.1-13). When the driver depresses the clutch
pedal, the movement is passed to the release bearing by
either hydraulics or cable and the release bearing then
pushes or pulls the diaphragm spring (depending on
whether the clutch is a ‘push’ or ‘pull’ design), see
Fig. 5.1-14. The outer part of the release bearing is held
(by the release lever) so it does not rotate, and the inner

Pressure plate — rotates with
flywheel and clutch cover and

Engine clamps driven plate to flywheel

flywheel \

Conical diaphragm spring —
/ provides clamp force

[ I ertor i sha

Clutch driven plate —
splined onto input shaft

Friction surfaces —_|
e Clutch cover rotates

with flywheel

Fig. 5.1-13 Diagram of a conventional single-plate clutch.
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Force applied to centre of diaphragm
spring — releases the clamp load on
the driven plate

——

Driven plate allowed to rotate freely when
clamp load is released — gearbox speed
independent of the engine

Fig. 5.1-14 Diagram of clutch when released.

race of the bearing rotates with the diaphragm spring and
clutch cover. The force applied and travel of the bearing
are determined by the lever ratio built into the clutch
pedal, hydraulics (or cable) and release lever. There is
often significant development in this area as the loads and
movement of the pedal have to be as low as possible for
the driver while ensuring the clutch will operate cor-
rectly throughout the life of the clutch plate. As the
clutch plate wears, the position of the various compo-
nents and the load applied by the spring vary. Obviously,
the load has to always be sufficient to clamp the driven
plate and not allow any slip, and yet fully clear to allow

I Hydraulic pipe can
easily be routed round
vehicle — often lower losses
than cable operation

Master cylinder
forces hydraulic fluid
under pressure into pipe

: Slave cylinder

| operates release
I"lever, which in turn
| depresses release
I bearing and thus,
! diaphragm spring

|
L e

Fig. 5.1-15 Diagram of clutch and actuation mechanism.
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the plate to rotate freely when the clutch pedal is
depressed.

Fig. 5.1-15 shows the whole clutch system. By
depressing the diaphragm spring, the pressure on the
driven plate is released. This actuation of the spring is
achieved by hydraulics, cable or, on older vehicles, may
have been mechanical linkage. When the load on the
cover plate is released, the driven plate is allowed to
rotate freely inside the assembly and the drive to the
transmission is disconnected.

5.1.3.6 Automated manual transmission

With the introduction of a number of vehicles recently,
automation of synchromesh, ‘manual’ transmissions is
becoming more popular. The reason for the develop-
ment of these transmissions is twofold; firstly, they can
show an economy benefit over both manual and ATs.
This is because they are more efficient than automatics
and can be programmed to change gear more effectively
than most drivers would. Secondly, automated manual
transmissions are gaining in popularity in the perfor-
mance car market, probably because of the links to
Formula 1 racing and as a result of clever marketing!
Examples include: BMW M3, MMC Smart, VW Lupo
and Alfa 156.

These developments started some time ago with the
introduction of automated clutches on several vehicles
including the Renault Twingo, Saab 900 Sensonic and
Ferrari. These cars retained the normal gear lever but

Clutch pedal

operated by driv

Gearbox casing carries
input shaft, release lever pivot
and sleeve for release bearing
to slide on



automated the clutch so that no pedal was required. At
start-up, they operate as an automatic with the control
system actuating the clutch to achieve a start from rest
when the accelerator pedal is depressed. During gear
changes, the clutch is operated in response to movement
of the gear lever.

Consideration of the mechanics of the automated
manual systems suggests that it may be difficult for these
systems to replace the conventional automatic. The fun-
damental point is that the automated manual systems
need to disconnect the drive from the engine to the
transmission in order to achieve a gear change. With
conventional automatics only a small reduction in the
engine power is required to achieve a smooth transition
form one gear to another because of the action of the
torque converter. There are, however, twin-clutch designs
of transmission, which overcome this limitation by pro-
viding two parallel torque paths through the transmission
where a gearchange simply switches from one path to
another and engages one clutch rather than the other. This
can be done without reducing the engine output (a ‘hot
shift’). This has been used in the past by large automotive
gearboxes, but could be extended to the car market.

In the commercial market, there are a number of
manufacturers now producing automated manual trans-
missions for trucks. Whereas these developments have
needed the driver to indicate the gear selection in the
past, the latest developments have the intelligence to
completely automate the gearchange. In heavy com-
mercial vehicles, this may need to include missing some
gears, especially when unladen, so the control software
required is not trivial.

5.1.4 The AT

The concept of an AT offers considerable advantages to
vehicle drivers since they can be relieved of the burden
of selecting the right gear ratio. This burden, both
mental and physical, has become more significant with
increasing traffic congestion.
Any reduction in driver fatigue and increased opportu-
nity for the driver to concentrate on other aspects of
vehicle control must contribute to increased safety and
a reduction in road traffic accidents. There are also
benefits in terms of economy and emissions if an auto-
mated system can make a better selection of ratio than
a non-expert driver does. There are several alternative
solutions to achieve this automation including auto-
mated layshaft transmissions (described above), CVT
(described in the next section) and the ‘conventional’
AT described here.

The term ‘automatic transmission’ is used to refer to
a combination of torque converter with a ratio change
section that is based on epicyclic gearsets. The use of
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these components can be traced back to the early days of
automotive developments, and in a recognizable combi-
nation to the middle of the last century. Yet, it is an area
that is still seeing extremely rapid development today.
The success of this combination lies in the simplicity of
the torque converter as a device that inherently has ideal
characteristics to start a vehicle from rest, and the op-
portunity that epicyclic gear sets provide to give rela-
tively easy and controllable changes between ratios.

The controllability of these devices has allowed au-
tomatics to be developed with the good shift quality
necessary to satisfy the driver’s expectations for a gear
change. Somehow, drivers of conventional manual-shift
vehicles are always more critical in judging the gear
change of another driver rather than their own where
a misjudged shift can be more easily forgiven. In just the
same way, they are more discerning in judging the quality
of an automated gear change and, thus, high standards are
required. In the past, these have been virtually impossi-
ble to achieve from automated manual gearboxes. This
situation is, however, changing with the greater use and
sophistication of electronic controls.

The downside of an AT in comparison with a manual
gearbox alternative is greater cost, greater weight, larger
size and lower efficiency. It has thus been used most in
larger cars where these penalties are less significant and
the driveability advantages most appreciated. This may
well account for the large proportion of ATs used in the
USA (approaching 90%) in comparison with Europe
(around 20%). However, all these disadvantages have
acted to maintain the pressure for development of the
AT leading to modern designs that achieve a greater
number of gear ratios within the same or even a reduced
space envelope.

5.1.4.1 The jatco JF506E —
a state-of-the-art transmission

An example of today’s typical five-speed automatic
suitable for a medium to large size front-wheel-drive
vehicle, where packaging and space constraints are
severe, is shown as a sectioned view in Fig. 5.1-16. The
input shaft drives first into a three-element torque con-
verter (top right) directly to a pair of epicyclic gears that
give a four-speed change section. A further fifth-speed
change is obtained on the secondary shaft with a final
drive ratio providing the connection to the differential.
The output drive shafts can then be taken either side of
the differential shown at the bottom of the section. This
layout can also be easily extended to give a four-wheel
drive output with an additional gear section. The main
components that make up this transmission are described
in more detail below and the combined operation in
Section 5.1.4.4.
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Fig. 5.1-16 Sectioned view of Jatco JF506E (courtesy of Jatco).

This transmission is electronically controlled by
a control unit interfaced with other vehicle systems,
including engine management, via a CAN link. The
electronic control signals are passed to solenoid valves
that apply hydraulic pressure to control clutches that
select the required ratio. The programmed control
strategy takes inputs from speed and temperature sen-
sors to respond to the driver’s demand. This demand
comes principally from the accelerator pedal position
but is modified by brake application and both the gear
selector (D, 4, 3, 2) and a pattern selector (drive, sport
and snow).

5.1.4.2 The hydrokinetic torque
converter

Hydrokinetic drives involve the transfer of power
through the ‘kinetic energy’ or velocity head of a fluid. In
such devices an impeller element creates the flow kinetic
energy and a turbine element recovers the energy pro-
ducing a torque output. There are two main types of
hydrokinetic devices: fluid coupling and fluid converter.
Both these families provide an automatic adjustment of
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ratio (input speed for a given output speed and load) and
an infinite ratio capability that makes them highly ap-
propriate as a ‘starting device’. Their features include:
stepless variation in torque and speed without external
control, vibration isolation, shock load absorption, low
maintenance and virtually wear-free operation. Disad-
vantages include efficiency, design limitations and great
difficulty to control precisely.

The term torque converter is used here to describe the
converter coupling as most frequently used in automotive
applications. This s also known as a Trilok converter. Itis so
called because, in a part of its operating range, it gives
atorque multiplication (behaving as a converter) and in the
remainder, it behaves as a coupling with a 1:1 torque ratio.

The basic equation defining the fluid torque acting on
impeller or turbine is:

T = Cw?’D?

where T = torque transferred

C = capacity constant
= rotational speed
D = diameter



The capacity factor C, is independent on the detailed
geometry (blade angles, etc.), fluid density and viscosity
and, most importantly, it varies with speed ratio.

5.1.4.2a Fluid coupling

Fluid couplings contain only two rotating elements —
impeller and turbine — within a toroidal casing as shown
in Fig. 5.1-17. Both these elements have radial vanes and
the cavity is filled with hydraulic fluid. The impeller and
casing are driven by the input, and fluid trapped between
the rotating vanes must also rotate and this in turn causes
flow outwards to the largest diameter as a result of cen-
trifugal action. This outward radial fluid flow is directed
by the curvature of the impeller shroud back to the
turbine section where the rotational component of ve-
locity gives a torque reaction on the turbine blades as the
fluid flow direction is changed. The fluid returns towards
the centre line of the assembly and re-enters the impeller
at a smaller diameter.

Since there are only two elements, there must always
be an equal and opposite torque reaction; thus input
torque T;, must balance output torque Ty:

To=T,

Vanes in simple fluid couplings are radial and hence it
can be an almost symmetrical device where the im-
peller and turbine functions can be reversed and torque
transmitted in the reverse direction. However, it is also
possible to use curved vanes that give asymmetry and
a higher torque capacity in one sense. The transmitted
torque will depend on the relative speed of the impeller
and turbine. It will reduce to zero if they are rotating at
the same speed and will reverse if the turbine rotates
faster than the impeller. The relative speed may be

Impeller
and

I / casing

{ )i
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input_/* ™ Quipur
shaft
Turbine

Fig. 5.1-17 Fluid coupling and characteristics.
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expressed either as a speed ratio (w,/w;) or by a relative

slip s, defined by:

(@i—w) | _wo
Wi Wi

S =

The power transmission efficiency 7, is also related to
speed ratio as follows:

power out  Tow, W,

power in Tiw; w;

The efficiency characteristics are thus a linear function of
speed ratio as shown. However, as the speed ratio ap-
proaches unity the torque transfer capability will reduce
and the flow losses mean that the torque transfer falls
rapidly to zero. This occurs in the region where slip is
2-5% (speed ratio 0.95-0.98), depending on the internal
clearances within the coupling.

5.1.4.2b Fluid converter

The converter is like the coupling in having a turbine and
impeller but, in addition, uses a third vane element called
a reactor or stator that does not rotate. To prevent it from
rotating, it is connected via a tube concentric with the
turbine output shaft to an internal part of the gearbox
casing such as a bearing housing. The stator vanes re-
direct the flow as in Fig. 5.1-18 and add to the torque
provided by the engine input to give a multiplying effect
on the output torque (despite the apparent sequence
implied by the flow path). The torque balance then
becomes:

T, =T+ T
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Fluid flow
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Turbine

Fig. 5.1-18 Torque converter 3D with flow path.

The efficiency is:

power out Tow,
Tiw;

power in

The blade angles of all three elements are curved to give
the easiest flow path at a so-called ‘design point’. This
point usually represents a peak efficiency with respect to
speed ratio as shown in Fig. 5.1-19. At other conditions,
additional losses occur as flow meets the vanes at ‘awk-
ward’ angles, giving rise to shock losses. The blade cur-
vature means that the converter is not symmetrical and
will not transmit torque effectively in the reverse sense
(negligible engine braking). There is a compromise in
design between achieving a high torque ratio at stall (zero
output speed) but at the expense of efficiency. It is
possible to achieve torque ratios of 5:1, but these days
fuel efficiency has become increasingly important and
automotive converters tend to operate around 2:1.

Fig. 5.1-19 also shows that beyond the point of max-
imum efficiency, the torque ratio tends below unity. This
region is not attractive from an automotive viewpoint
with reducing efficiency and hence the developments of
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e one-way clutch
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—

/ . Output
Input shaft
shaft

Turbine

Fig. 5.1-19 Torque converter and characteristics.
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Output to input torque ratio

Impeller

the converter-coupling operation described in the next
section.

5.1.4.2c Torque converter

The term torque converter is sometimes applied to the
basic fluid converter described above but it is used here to
describe the device that combines both converter and
coupling operation. This combination is typically used in
automotive applications and sometimes called a Trilok
converter. The design is based closely on that of the fluid
converter but with the addition of an overrun clutch
(Heisler, 1989) connecting the reactor (stator) to its fixed
reference frame. This prevents the reactor from rotating
in one direction but will allow it to rotate freely in the
other. Operation can be visualized during an acceleration
sequence with an increasing vehicle speed when the op-
eration initially follows that of the fluid converter. The
reactor will be locked until a speed ratio is reached where
the input and output torques are equal, and consequently
the reactor torque has reduced to zero. In converter
operation, any further increase in speed ratio above this
would give a reduced torque ratio that can only occur by
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a reversal of torque on the reactor (since the three com-
ponent torques must still be in balance). In a converter
coupling, this cannot be reacted by the overrun clutch and
the reactor will free wheel. Above this speed ratio, the
assembly behaves as a two-element device and operates as
a fluid coupling. This gives the combined characteristic
shown by the full line in Fig. 5.1-19 with increasing effi-
ciency until the operating limits are reached as with a fluid
coupling.

Further improvements in efficiency can be obtained if
a lock-up clutch is used to mechanically lock the impeller
and casing to the turbine and hence directly connect
input and output shafts. This should only take place
when the speed ratio is near unity, and needs to be con-
trolled gradually in order to prevent any driveline shock
that might be felt by the driver. This action can be ac-
tuated hydraulically as required by the transmission
controller.

5.1.4.3 The epicyclic gear set — the key
component in the AT

The epicyclic or planetary gear contains three sets of
concentric gears meshing at two diameters as shown in
Fig. 5.1-20. These are connected to three external shafts
distributing the transmitted torque between them.
These three comprise the sun gear shaft, the annulus gear
shaft and the carrier. The planet gears rotate about pin-
ions mounted on the carrier, and this part of the assembly
can be considered to behave as a single component. In
ATs, epicyclic gears are usually operated with one of
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these three shafts locked to the gearbox casing or frame
leaving the remaining two to act as input and output
shafts. Another alternative is for any two of the compo-
nents to be locked together and the whole unit rotates as
one, and although apparently trivial it is a convenient and
common option.

An example of how the device works can be envisaged
with the carrier shaft locked, leaving the sun and annulus
free to rotate connected via the rotation of the planets
about their now fixed centres. The peripheral speed of
any of the planet gears must be the same at both the
contact radius of the sun and the radius of the annulus.
Thus, the number of gear teeth on each must determine
the relative speed of the sun and annulus, and, since the
tooth pitch or module must be the same, their relative
diameters. They will of course rotate in opposite di-
rections. This ratio is referred to as the fundamental ratio
i for the epicyclic gear and:

D,

Wg la

1= =
('L)a z/LS

=5
where ¢ is number of teeth and subscripts a and s refer to
annulus and sun respectively

Consideration of the torques acting on the gear teeth
at the two meshing diameters indicates that these will be
given by the inverse of the speed relationship. Also, the
tooth forces on the planet will be the same at both
meshing interfaces but the highest tooth stresses will
occur where there are fewer teeth to share this load. This
must occur at the planet sun mesh and will occur on
whichever is the smaller diameter of the two. Thus, in
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Fig. 5.1-20 An epicyclic gear and stick equivalent.
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sizing the gears for a required torque capacity, this mesh
region will indicate the limiting case.

Examination of the shaft speeds with other compo-
nents locked allows the derivation of the overall kine-
matic relation for an epicyclic set as:

ws = (1 +1)w. —iw,
There are limits in ratio that can be sensibly achieved with
an epicyclic gear arising from a combination of physical
packaging, tooth and pinion strength and the need to have
a whole number of teeth on all components. This gives
values for the fundamental ratio generally in the range:

2<i<4

The ease with which ratio changes can be implemented
by a simple braking or clutching action can be illustrated
by looking in more detail at a single epicyclic train.
Fig. 5.1-21 shows an epicyclic gear with the carrier
and annulus shafts used as the input and output. In
Fig. 5.1-21(a), the sun gear is locked to the carrier and
the whole assembly rotates as a single unit with a speed
ratio of one. In Fig. 5.1-21(b), the sun gear is held sta-
tionery by the clutch and for a fundamental ratio i = 2,
the annulus shaft will rotate at:

14
W, = < ;,Fl)wc = 1.5wc

The change in ratio from 1 to 1.5 is a typical ‘step’ be-
tween gears. The relative rates at which the release and
engagement actions take place on clutches and brakes can
be controlled to give very smooth transitions. The con-
structional details of typical clutches can be found in
Heisler (1989). The ways that sets of epicyclic gears can
be combined to give different overall ratios are described
in the following sections.

Input to
carrier

— T

Output
from
annulus

5.1.4.4 JF 506E AT operation

The combined operation of these components can be seen
by a more detailed examination of the JF 506E trans-
mission introduced above. Fig. 5.1-22 shows a schematic
representation of the transmission with different gears
selected. For clarity, the main components are only
represented on one side of the shaft centreline, effectively
half of the transmission. The main torque and hence
power flow path is shown by the heavy lines. There are
two epicyclic gear sets on the primary shaft, labelled A and
B, and a further reduction epicyclic on the secondary
shaft.

In all gears the drive passes through the torque con-
verter to the primary shaft with the stator free wheel
becoming active at higher speed ratios. The drive from
the primary shaft comes from a path that is connected to
both the annulus of epicyclic A and carrier of epicyclic B.
This passes to the secondary shaft via transfer gearing
onto the annulus of the reduction epicyclic set. The
output then passes from the carrier of this epicyclic to
the final drive and hence to the output shaft. In the first
four gears and reverse, the sun gear of the reduction
epicyclic is locked by the reduction brake. This gives
a carrier rotation in the same sense as the annulus but
with a reduction ratio of 0.8.

First gear — drive passes through epicyclic B with the
annulus locked to frame through a hydraulic clutch and
afree wheel clutch. The carrier is driven by the sun at about
athird of the primary shaft speed and in the same direction.

Second gear — in this gear, both of the primary shaft
epicyclic play a part to give a combined ratio on the
output to the transfer gear. The sun of epicyclic A is now
locked and the torque reaction on the annulus of epicy-
clic B allows it to rotate with the carrier of epicyclic A in
the free wheel sense of the overrun clutch. The
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Fig. 5.1-21 Single epicyclic sun locked to carrier and sun locked to frame. (a) Sun shaft locked to carrier shaft, (b) sun shaft held

stationary.
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Fig. 5.1-22 Power flow paths for different gears in JFS06E (courtesy of Jatco).

combined motion increases the output to about a half of
the primary speed.

Third gear — the annulus and the sun of epicyclic B are
now locked together (via the carrier of A) and all of the
components rotate at the same speed.

Fourth gear — drive comes entirely from epicyclic A
with the sun gear locked. The annulus of this gear is

driven by the carrier and rotates in the same sense at
about 1.5 times the primary speed.

Fifth gear — the path from input to the secondary is
the same as fourth gear but now the reduction brake is
dis-engaged and the carrier and sun locked together.
Again, this means that the whole reduction epicyclic set
will rotate as a single unit.
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Table 5.1-1 Typical ratio set

Gear Ratio Gear Ratio
1 3.474 4 0.854
2 1.948 5 0.685
3 1.247 Reverse 2.714

Reverse gear (not shown) — drive is obtained through
the sun of epicyclic A with the carrier locked. This ro-
tates the annulus in the opposite direction to the sun at
a value just below half the primary speed. This is still
subject to the reduction epicyclic ratio.

A set of manufacturer’s ratios through the main sec-
tion of the transmission (excluding final drive ratio) is
given in Table 5.1-1.

5.1.4.5 Shift strategy

The basic ratio selection depends on a pre-determined
shift strategy but there are also many subtleties in the
way that changes are executed. The strategy is funda-
mentally a function of vehicle speed and the driver’s
accelerator demand and a typical example is shown in
Fig. 5.1-23. This shows shift-up and shift-down settings
for each gear. There is obviously a need for some hys-
teresis in the change points between any two gears to
prevent hunting phenomena developing. However, it is
also obvious that for a given vehicle speed in many
sections of the map a heavy-footed driver can easily
invoke up and down shifts by moving the accelerator
pedal.

This basic shift strategy is modified by the pattern
selection for the driver. In ‘sport’ mode, higher engine
speeds will be used, whereas in ‘snow’ mode lower engine
speeds will be used. There are also driver-selected gear
hold positions (D, 4, 3, 2) that will limit the highest gear
to be selected. In addition, there are failure modes of

Accelerator pedal —»

Vehicle speed —

Fig.5.1-23 Shift strategy (courtesy of Jatco).
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operation that may either limit the gears that can be
selected or hold a particular gear in order to provide safe
operation. These are detected and appropriate actions
invoked by the Automatic Transmission Control Unit

(ATCU).

5.1.4.6 ATCU the controller

ATt have been operated for many years with a hydraulic
system providing both the logic and control actuating
functions. The development of digital controllers and the
necessary parallel development of low-cost sensors, and
electrical actuators have allowed the control logic to be
implemented digitally. This allows considerably in-
creased functionality together with greater flexibility and
adaptability of the controller, overall the classic combi-
nation of electronic ‘brain’ with hydraulic ‘muscle’.

A block diagram showing the basic controller inputs
and outputs for the JFSO6E is shown in Fig. 5.1-24.
There are also interconnections through the CAN bus,
most importantly to not only the engine management,
but also brakes and the instrument pack. The flexibility
of the bus system means that the path is open for in-
tegration with other vehicle systems (e.g. traction con-
trol) as a further development. In addition to driver
control demands, the main inputs come from speed
sensors. There are three of these, and they have been
placed to give speed information on both sides of all
epicyclic gears during a shift. These speeds are monitored
and used by the controller to fine-tune shift operations to
give best shift quality. There is a control memory feature
associated with this that learns about the hardware to
adapt the control actions to give a consistently good shift
performance. The main outputs from the controller
operate solenoid valves, which activate clutches for each
gear or control hydraulic system pressure.

The solenoids for gear change have an on/off action to
directly open, or close, a hydraulic valve. When the valve is
closed, pilot pressure is raised at one end of a sliding spool
valve to move it against a spring return. Such a spool will
usually be multi-functional and open or close a number of
connections simultaneously. These may supply flow to
raise pressure on a clutch or drain flow to decrease clutch
pressure, which is of course what is required in many gear
change operations. They can also be used to provide other
flow connections that may help in a sequence of opera-
tions or to inhibit actions like connecting the reverse gear
when moving forward. The multi-function feature can
allow a reduction in the number of components used and
hence lower the cost.

The solenoids for pressure control also open and close
a single directly acted valve. However, they are operated
more rapidly to give alternate connection between
a supply and a drain line. The proportion of time spent
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Fig. 5.1-24 Control block diagram (courtesy of Jatco).

open, relative to that closed, gives a mean pressure level
established between a minimum drain pressure and
a maximum supply pressure. The open/close timing is
obtained directly from a pulse width modulated (PWM)
output from the ATCU. This transmission uses five on/
off solenoids and four modulated solenoids that are used
to control the hydraulic system line pressure and some
individual clutch pressures.

The hydraulic system is supplied from a fixed capacity
positive displacement pump. The pump outlet pressure
in all ATs can have a significant effect on system

Basic line pressure
characteristics

- ’During driving
(After ‘cutback’)

Line pressure ——»

0 1/2 1
Throttle opening angle

Fig. 5.1-25 Line pressure control strategy (courtesy of Jatco).

efficiency, since the power absorbed by the pump is di-
rectly proportional to pressure, as well as speed. It is thus
kept as low as possible, but sufficient for the clutches to
grip with a suitable margin for safety. Fig. 5.1-25 shows
the type of scheduling of system pressure with acceler-
ator pedal position. This control can be considered typ-
ical, but the mean level is changed with a number of
conditions, such as starting from rest; or for acceleration
then a higher mean level is set. If steady cruise conditions
are detected by low-accelerator pedal movements, then
a cruise schedule will be adopted that reduces these
levels in a process called ‘cut-back’ as shown. Reduced
levels are also adopted during a gearshift operation to
allow some controlled slip to take place across the
clutches during the transition, and hence give a good shift
quality. Also, during gearshifts the ATCU requests the
engine management system for a short period of reduced
engine torque via the CAN link. There are also occasions
when higher pressures can be selected when the driver
indicates a need for engine braking by selecting a down-
shift at relatively high speeds. It should also be re-
membered that the hydraulic system provides a cooling
function by removing heat from high-temperature re-
gions, as well as lubrication, and the actuation functions
described here.

Torque converter lock-up is also controlled by the
ATCU. This locks the torque converter impeller to
the turbine in regions of high-speed ratio. Again, there is
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some hysteresis on this action so that, once engaged, it
does not drop out too quickly. The lock-up clutch is ac-
tivated by a pressure-modulating type of solenoid to give
a smooth and steady transition between states. The lock-
up feature is normally only available in 4th and 5th gears
but can be extended to both 2nd and 3rd gears if a high
fluid temperature is detected, since this will eliminate
any heat input via the torque converter losses.

The ATCU intelligence can be used in a similar way
for the provision of this additional lock-up action. Mon-
itoring of system responses allows detection of other
failure states, and this can lead to action to protect the
transmission, but still allow the vehicle to be driven, even
with a reduced performance as described in Section
5.1.4.5. There are also low-temperature conditions that
can be detected from the oil temperature sensor and
actions taken to try to encourage a quicker warm-up,
both for the engine and transmission. For example, 5th
gear may be inhibited at very low temperatures and the
normal torque converter lock-up inhibited even at
moderate temperatures. These features are all designed
to enhance the overall system performance as well as
refining the contribution mode by the transmission
itself.

5.1.5 Continuously variable
transmissions

The overwhelming majority of transmissions in road
going vehicles is either manual or conventional automatic
in design. These transmissions use meshing gears that
give discrete ratio steps between engine and the vehicle
speed. However, alternative designs exist that can
transmit power and simultaneously give a stepless change
of ratio; in other words a CVT. Strictly speaking, a CVT is
a transmission that will allow an input to output ratio to
change, continuously without any steps, in a range be-
tween two finite limits. An extension of this idea is
a transmission that also allows a zero output speed to be
included within this operating range. This can be con-
sidered as an IVT*. Since all vehicles need to come to
rest then, any transmission that inherently has an IVT
characteristic is at an advantage. The use of the term
CVT is used here in the more generic sense to include
both types.

5.1.5.1 The rationale for the CVT

Transmissions that vary ratio continuously can be con-
trolled automatically, and hence have the same advantages

in terms of driving comfort as the more conventional ATs
that were described above. In addition, they have the
ability to vary the engine speed independently of vehicle
speed. This brings the opportunity to optimize the engine
operating point for any required output conditions and
can offer either best economy or best power for acceler-
ation. Fig. 5.1-26 shows a typical petrol engine torque/
speed map with contours of brake specific fuel con-
sumption, and lines of constant power superimposed.
Selection of the minimum fuel consumption for succes-
sively increasing output power gives the ‘economy line’
that is also shown. This indicates the most efficient point
of engine operation for any output conditionsand a CVTis
required in order to enable these engine conditions to be
matched to the vehicle output speed. A study of power
levels used in typical vehicle operation indicates that the
majority of time only low powers are required and that
operation will take place predominantly along the low
speed section of the economy line. This also indicates the
need for a wide ratio spread in order to provide a good
overdrive ratio that allows the low engine speeds to
be used.

There are, in addition, performance benefits that can be
obtained using a CVT since for ultimate acceleration the
engine can be operated at its maximum power when
required. In a vehicle with a discrete ratio transmission,
the engine can only develop maximum power once for any
ratio and there will be an interruption in power trans-
mitted when the ratios are changed. Porsche showed
(Kraxner et al., 1999) that a CVT vehicle would out ac-
celerate the same vehicle with a conventional manual
transmission. It was further emphasized that it would only
be the skilled drivers who could achieve the best from
a manual transmission anyway.

Such transmissions have been under development
since the early days of automobiles, but have only re-
cently begun to establish a place in the commercial
market. Why is this, if there are potential benefits in
terms of driving comfort, economy and performance?
Different factors have contributed to this unpopularity at
various times, and have included reliability, weight and
cost. However, the main downside is the lower efficiency
of all CVTs relative to geared transmissions. Losses in
geared systems occur as a frictional torque required to
rotate the transmission components. If an ideal speed
ratio is defined for a gear pair then the output torque will
be less than the ideal torque as a result of these losses,
but the output speed will be the same as the ideal speed.
However, all CVTs also incur some speed ‘slip’ between
input and output as well as torque losses, and both output
torque and speed will be less than the ideal. Since gears

* The idea of ‘infinitely’ can be easily accommodated when it is appreciated that trasmission ratios are usually exressed in the form of input to
output as a SPEED ratio, and that an infinite speed ratio is obtained when the output speed is zero.
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Fig. 5.1-26 A typical petrol engine torque speed characteristic.

are very efficient, it only takes a small additional loss for
the effect to become significant.

The other factor is the way that the CVT powertrain is
controlled and the resulting driver’s feel or perception of
the vehicle behaviour in response to accelerator pedal
demands. This characteristic is called driveability, and is
very much conditioned by the individual driver’s previous
experience and expectations. People more used to vehicles
with manual transmissions are not as comfortable when
driving a vehicle with any AT, because they feel they are
less in control. There is also a significant compromise re-
quired between vehicle driveability and the possibility of
achieving the desired economy line operation. A study of
the engine map in Fig. 5.1-26 shows that in most regions
there is very little extra torque available between the
economy line and the maximum torque curve. When
a driver demands acceleration in this area then the system
has to use this excess torque to first accelerate the engine
before a significantly higher power can be transferred to
the driving wheels. This gives a delay between a driver
pressing the accelerator and the vehicle responding, this is
also accompanied by the sound of the engine speeding up
but nothing apparently happening. Many drivers find this
disconcerting; particularly those used to manual trans-
missions. Road test reports have made comments about
‘the rubber band effect’ and ‘... the car’s initial sluggish
response ... .

Most vehicles fitted with CV'Ts have been with smaller
engine sizes, generally below 1.5 litre, and not those noted

as sporty cars even in standard form. In this category, the
performance margins are smaller and most manufacturers
have not controlled the engine to rigidly follow the
economy line and have compromised this to allow a larger
torque margin for acceleration. The effect of transmission
efficiency is also more significant in this category with
a greater parasitic power lost. The result has been that
most early production CVT vehicles have neither given
better economy nor performance relative to vehicles with
manual transmissions. However, a more valid comparison
is with a conventional AT and here the CVT is the winner
for both economy and performance. More recently larger
engined vehicles like the Audi A6 have shown that CVT s
not just a viable alternative to ATs but can deliver the
improvements in both economy and performance even
relative to the manual version (Audi’s own figures). What
is more, even road test reports in motor magazines have
begun to report the virtues of CVTs as being realized ...
a transmission that for once actually enhances the car’s
performance’ (Autocar, 2000).

5.1.5.2 Hydraulic transmissions

There are three main categories of transmission mecha-
nism that can be used to provide the power and speed
range for vehicle use: hydraulic systems, variable radius
pulleys and traction drives. The first of these, described
in this section, can be further sub-divided into categories
of hydrostatic transmissions. Both of these are capable of
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giving a zero output speed and hence give IVT operation.
The hydrokinetic drives have been described above in
Section 5.1.4, and, as discussed above, torque converters
are widely used in road going vehicles of all types.
Hydrostatic drives also rely on fluid flow to transmit
power but it is the pressure level in the fluid that is sig-
nificant rather than the flow velocity. A hydrostatic
transmission comprises a pump unit supplying a motor
unit, and both these are of the, so-called, positive dis-
placement type. One at least must be variable capacity,
usually this is the pump, and this is used to control the
overall ratio. Hydrostatic drives are very widely used in
agricultural and other off-road vehicles but have never
been commercially used in automotive applications. It is
generally the efficiency at low powers and potentially high
noise levels that are the weak points of hydrostatic
transmissions. However, they are still under development
and, even recently, proposals have been made for buses

and delivery vehicles with energy storage and hence
a hybrid capability (Ifield website).

5.1.5.3 Variable pulley variator designs

The idea of a variable pulley system is a logical extension of
a conventional V-belt fixed ratio drive. Fig. 5.1-27 shows
the principle, where there are two pairs of conical pulley
sheaves and a fixed length V-belt. One half of each pulley
pair ismoveable and their movement is synchronized. This

Left — Right
pulley — pulley
sheave — — sheave
fixed — —— moved in
— Input —
= puley =
— Output —
— pulley —
Right — — Left
pulley — — pulley
sheave — sheave
fixed — moved
= out
Low output High output
speed speed

Fig. 5.1-27 Variable pulley drive concept.
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allows the belt-rolling radius to be changed such that
a relatively low output speed is obtained when its radius
at the output is large. The output speed can be increased as
this radius is made smaller and the rolling radius on the
input is increased. As in a conventional V-belt, there is
a frictional force between the pulley sheaves and the
angled belt face that provides the transfer of tractive
effort. There must be sufficient normal force between
them to prevent gross slipping and the clamping forces that
hold the pulley sheaves together also produce a tension
load in the belt. The relative magnitude of these clamping
forces can then also be used to control the belt position and
overall ratio.

Early proposals, in the 1920s (Gott, 1991) relied on
mechanical linkages to provide the movement of the
pulley sheaves and maintain their relative position and
pre-loading. The first commercially produced vehicle
transmission (1958) was the DAF Variomatic and here
the load was provided by pre-loaded springs in the
pulleys, and the ratio change by a centrifugal effect
working against these springs. The belt was fabric
reinforced rubber, and two belts were used in parallel
each driving a different wheel. This design was limited
in its torque capacity to only smaller vehicles, and both
wear and efficiency limitations restricted its broader
application. Simple rubber belt designs have continued
to evolve and are still widely used in two-wheel and
some small city vehicle applications. Most modern
variable pulley systems use steel belts to provide the
power capability needed for automotive applications in
a suitably compact package. The design and manufac-
ture of the metal belts provides the heart of modern
systems. The belt must have sufficient strength and
rigidity to transmit the driving loads and yet also be
flexible to keep the minimum rolling radius as small as
possible. This has been achieved with two designs that
also have significantly higher efficiency than the earlier
rubber versions.

The first metal belt system was introduced into the
market place in 1987 as the Transmatic, by Van Doorne’s
Transmissie (VDT) of the Netherlands. This trans-
mission is the successor to the Variomatic but shares
little more than the variable conical pulley concept with
its predecessor. This is still the only automotive CVT in
quantity production despite the recent launch of vehicles
with both an alternative belt design (Audi) and a traction
drive (Nissan). Over 3 million VDT units have been
supplied for car use and current production of the belt is
500 000 units per year. Ford, Fiat, Honda, Mitsubishi,
Nissan, Rover, Subaru, Toyota and Volvo have used it.
Recent vehicles to use the this system have engine ca-
pacities in the 2-L range, representing a significant ad-
vance on the early small and super-mini (sub-compact)
use. The capability for operating in extremes was shown
by the successful demonstration of a version fitted in



Fig. 5.1-28 The Van Doorne metal belt construction.

a Williams—Renault Formula 1 car before this technology
was banned by the FIA in 1994.

The construction of the belt used in the VDTsystem is
shown in Fig. 5.1-28. The belt is assembled from two
packs of flexible steel bands with a set of individual
segment blocks retained by these bands. A typical design
for an 85 kW, 165 Nm capability has 12 bands in each
pack with about 430 segments in a belt that has a free
length of 680 mm. The angled surface of the segments,
below the shoulder, provides the contact surface with the
pulley sheaves. Since the bands are free to slide relative
to the segments and it is not possible for the segments to
transfer load in tension, the only remaining mechanism is
for the segments to transfer load in compression. Thus
this design is often called a ‘push belt’. Since the surface
area between segments is relatively large the working
levels of compression stress are low. When the bands
have been placed in tension by the pulley clamping forces
they will stretch and gaps open up between the segments
on the non-compression side of the belt. Many changes in
detail design of the belt, particularly the segments, have
been made since its introduction, and given improved
performance and reduced manufacturing cost.

Another variable pulley system is based around the
LuK-PIV chain as the flexible belt element. This is
constructed in a way that is more reminiscent of con-
ventional roller chain as used in motor and pedal cycles
and is shown in Fig. 5.1-29. Adjacent pairs of rocker pins
are connected through a number of link plates, each set
offset relative to the next set of link plates. The link
lengths are not all identical and these give a staggered
pitch for the pins that reduces acoustic noise. Some of
the links near the outer edges of the chain are thicker to
increase stiffness and reduce overall distortion under
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Fig. 5.1-29 The LuK-PIV chain construction.

high load. The extended ends of the rocker pins act as the
contact faces to the pulley sheaves. The ends of the pins
have a crowned face rather than being flat, and this re-
duces the sensitivity to any misalignment but also
reduces the active contact area.

5.1.5.4 Variable pulley transmissions

The variable pulley variators form the basis of a complete
transmission system that also includes a hydraulic
system, additional gearing and a starting device. A typical
transmission based on the VDT push belt is shown in
Fig. 5.1-30, and is similar to that used by many major
manufacturers. Until recently, all production variants
used a clutch as a starting device, most frequently a wet
plate clutch as in the figure, although some low-power
designs have used an electromagnetic powder clutch.
Audi have continued with this in their A6 2.4 Litre
Multitronic, but the current trend is towards the use of a
torque converter in place of the clutch. This gives a wider
useable ratio range and has the start from rest and ac-
celeration feel of a torque converter, and hence gives
a better driveability feel for the transmission. However,
it is less efficient and increases the torque in the pulley
section, which will also increase the losses. The trans-
mission shown also includes transfer and final drive
gearing, including the differential appropriate for a front-
wheel-drive vehicle. In the region of the clutch pack
there is also an epicyclic gear that is used to give a for-
ward and reverse shift by engaging the appropriate
clutch.

The hydraulic system provides similar functions to the
more conventional ATs including lubrication, cooling and
control. Both chain and belt systems use hydraulic pressure
applied to pistons that are a part of the moving pulley
sheaves. The supply is obtained from a pump, located to-
wards the right of the transmission in Fig. 5.1-30, and
permanently driven from the engine via a quill shaft. This
preferentially supplies the control system that will also
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Fig. 5.1-30 A complete push belt transmission.

determine the maximum operating pressure. Since it is
better to keep lower operating pressures to improve effi-
ciency, this will be controlled to the minimum necessary to
provide the pulley clamping forces to prevent belt slip.
Some designs use a single piston that provides both the base
clamping force and ratio control by modulating the relative
pressures on input and output pulleys. Others use a double-
piston design that separates the ratio and clamping func-
tions. Although introducing mechanical complication, this
provides the opportunity to reduce clamping pressures
particularly in low throttle overdrive situations. This must
be accompanied by a device that can raise the pressure
rapidly, if the torque suddenly changes (as might occur
if one wheel loses grip momentarily on a patch of ice).
The first versions of belt CVTs used hydraulic logic
to control the transmission and schedule the ratio and
system pressure with operating conditions. This has now
changed, and all of the designs now being launched include
electrohydraulic control for the same reasons of versatility
and flexibility that were described above for ATs. A com-
parison carried out by LuK (Faust and Linnenbruegger,
1998) showed that a modern 5 speed AT required ap-
proximately 6 solenoids with 20 valves in comparison with
their CVT design that needed only 3 solenoids and 9 valves.
The only control strategy that has been adopted until
recently has been that of a full automatic with some driver
selected inputs to hold low ratios to allow an increase in
engine braking. As with conventional Ats, input signals
come from driver inputs of accelerator and brake, as well as
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engine and output speeds. In all cases the transmission is
scheduled to keep engine speeds as low as possible within
the constraints and compromises of driveability and
emissions. This gives the best fuel economy. However,
several new systems (e.g. Rover/MG, Audi and Nissan)
have offered an additional option of a manual transmission
emulation. This gives the driver the option to select be-
tween six pre-defined ratio settings to give the feel of
a manual gearbox. The resulting ratio change is rapid and
smooth and of course since there is no clutch there is no
interruption in drive to the wheels. If accompanied by
electric switches on the steering wheel it also follows the
pattern established for Formula 1 and rally cars!

5.1.5.5 Traction drive designs

The other main mechanical alternative to pulley belt
systems are those based on the idea of changing the axis
of a rotating element between input and output discs.
This concept is shown in Fig. 5.1-31 by a single rotating
roller that is held in friction contact between the two
discs that have the same horizontal axis of rotation. In
Fig. 5.1-31(a) the axis of rotation of the roller is angled to
the left and contacts the input disc at a smaller radius
than the output disc, hence giving a reduced output
speed relative to input. Fig. 5.1-31(b) shows the roller
axis rotated to the right giving the output disc an increase
in speed. Drive is transferred via the contact patch
between the roller and the two discs through a thin
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Fig. 5.1-31 The toroidal drive concept (full and half).

elastohydrodynamic liquid film, typically under 0.5 pm.
This requires high loads holding the components to-
gether to give high contact patch pressures. The resulting
high pressure in turn gives a significant increase in vis-
cosity of the fluid in this region.

The cavity between the discs is toroidal in shape and
gives this name to variators based on this principle. There
are in addition several other practical designs that include
the Kopp variator for industrial use and the Milner ball
drive (Akehurst et al., 2001) used in lower power appli-
cations. The figure shows a full- and a half-toroidal cavity
and both these form the basis for transmission designs.
The power roller in the half toroid design is pushed out-
wards by the application of the clamping forces between
the discs necessary to provide the surface contact
pressures. The full toroid retains the power rollers within
the cavity without generating these side forces but ex-
periences a spin loss in the contact surface. This spin loss
occurs because the surface of the power roller and
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the corresponding disc surface cannot be travelling at the
same speeds throughout the contact patch.

In these traction drives both the materials used in the
contact surfaces and the lubricating or traction fluid are
important in giving good reliability and efficiency, ulti-
mately the effectiveness of the transmission. High-grade
bearing steels with very low impurity levels have been
shown by NSK to give the best life in their half-toroidal
variator. Special fluids have been developed by a number of
companies including Monsanto, and more recently Shell.
These have given good ‘traction’ coefficients in the order of
0.1 at high pressure whilst retaining good lubrication and
low friction under more normal bearing conditions. It has
also been demonstrated that cleanliness of the fluid is
important in reducing the wear of the rolling components
and hence better filtration than normal is required.

5.1.5.6 Toroidal transmissions

The first production toroidal transmission was lunched in
the autumn of 1999, fitted in the Nissan Cedric/Gloria
but only available in the Japanese market. This vehicle is
fitted with a 3 litre engine and the transmission is rated to
an input torque capacity of 370 Nm. The variator section
has dual toroidal cavities with two power rollers in each,
as shown in Fig. 5.1-32. The necessary contact surface
loading is obtained through a combination of a preloaded
spring establishing a minimum value and a loading cam
that gives an additional component that increases with
transmitted torque. This transmission also has a torque
converter as the starting device and includes forward and
reverse gearing via an epicyclic section. The torque con-
verter has a maximum conversion ratio of 1.98 and the
variator section has a ratio range of 4.4. The transmission
is reputed to give a 10% improvement in fuel consump-
tion relative to a conventional AT.

The implementation of a full-toroidal device in a trans-
mission has been proposed by Torotrak and is currently

Output
discs

Rollers
(4 total)

e

Loading cam

Fig. 5.1-32 A dual-cavity half-toroidal transmission.
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under development for demonstration in sports utility
vehicles. This is also a dual cavity with three rollers in each,
a front rear layout and rated for 5 Litre engines producing
around 450 Nm torque. In prototype form it has also been
fitted to the 2 Litre Ford Mondeo in a front-wheel-drive
configuration. This transmission is notable for the use
of the split path principle to provide an IVT characteristic
from a CVT variator.

The layout for the transmission is shown schematically
in Fig. 5.1-33 and shows two potential drive paths
connecting the engine to the output, referred to as low
and high regime. One path from the engine is via the
variator and the sun of the epicyclic gear, and the second
transferred from the engine directly to the planet carrier
of the epicyclic gear via the low regime clutch. The
output is taken from the annulus of the epicyclic gear and
is a summation of the two inputs. A study of the epicyclic
equation in Section 5.1.4.6 will show that it if the sun
and carrier are driven at the right relative speeds, i.e. the
sun is driven at about 3 times the carrier speed, then the
resulting annulus speed will be zero. This will result in
a zero output speed whilst the engine and internal com-
ponents are still rotating and is called a geared neutral. If
the sun speed is reduced relative to the carrier then the
annulus and output will increase in speed in the same
sense as the carrier. If, however the sun speed is in-
creased relative to the carrier then the annulus will be
driven in a negative sense relative to the carrier. Hence
this configuration not only gives the transmission an ef-
fective starting device but also a reverse gear capability
without any additional components.

Rollers
Input disc Output (6 total)
discs
I
AN Input disc

!

regime
M

clutch
L
|

N1
N
E High regime

T Chain drive

clutch

Fig. 5.1-33 Torotrak transmission schematic layout.
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Unfortunately it cannot then also meet the high
overdrive ratio that is necessary for good economy and
the range needs to be extended through what is called
a mode change. In high regime the variator output is
locked directly to the annulus and transmission output
shafts by a multi-plate clutch. At the same time the
second clutch disconnects the transfer drive input to the
carrier of the epicyclic. The change between high and low
regimes has been designed to take place when all three
epicyclic components are rotating at the same speed, and
corresponds to one end of the variator range. The full
range of variator ratio is thus available in both high and
low regimes, giving an overdrive capability of 100 km/h
per 1000 rev/min.

A hydraulic system is again used for control purposes
in both toroidal transmissions. The roller mechanisms
transmit torque only when there is a steer effect trying to
get them to move to new position and hence change ratio.
Applying a load to the roller’s mounting produces this
steer effect, and the consequent reactions at the roller
circumference produce a torque between the two discs.
In both implementations the rollers are moved and
loaded hydraulically but their control strategies are dif-
ferent. In the half-toroid the rollers are positioned in
a closed loop hydromechanical system that sets a trans-
mission ratio. In the full toroid the load is used directly to
control the transmission torque rather than its ratio. It is
this feature that makes control of the transmission around
the geared neutral effective since a zero demanded output
torque will give this condition directly. In both cases there
is an electronic management system integrated with other
vehicle systems and with electrohydraulic control inputs
to the transmissions. Scheduling the control can again
allow for a variety of different strategies including the
discrete speed emulation, described above.

5.1.6 Application issues
for transmissions

This section picks up on some of the important issues for
transmissions that are not covered in the above sections.
These include a number of design considerations re-
quired when a transmission is chosen for a particular
vehicle.

5.1.6.1 The operating environment

The environment that any of the transmission units
operate in can be a very major consideration when in-
stalling in the vehicle. It should be pointed out that any
vehicle manufacturer will have their own standards to
which they would expect a transmission to conform. For
this reason, the material here can only ever be an ap-
proximate guide.



Firstly, considering the temperature constraints. Many
transmission units are installed under the bonnet (hood),
alongside, and attached to, the engine. The influence of
the engine, cooling pack and exhaust system, together
with any air ducting, can lead to extremely high air tem-
peratures around the transmission. This air temperature
can certainly reach similar temperatures to the required
temperature of the transmission oil. Unless the trans-
mission has cooling oil piped to a remote cooler or heat
exchanger, the unit must rely on convection to remove any
excess heat. This is obviously only possible if there is air of
a lower temperature than the oil passing over the outside
of the casing.

Ideally, the transmission oil temperature will warm up
quickly on start-up of the vehicle, particularly if the
ambient temperatures are near or below freezing. This
will enable the transmission to operate efficiently for as
much of the time as possible. The transmission oil will
obviously start near to the ambient air temperature and
at low temperatures can be extremely viscous. This can
be a severe problem with automatic and CVT trans-
missions particularly as the lubricant also acts as a hy-
draulic control fluid so fluidity is important.

At the other operating extreme we will want to pre-
vent the oil getting too hot and compromising the dura-
bility of the oil itself or the components in the unit.
Maximum operating temperatures are often around 140
or 150 °C, but it should be noted that these temperatures
require a modern specification lubricant. Many older
formulations will start to degrade much above 110 °C. It
can sometimes be very difficult to control the lubricant to
a reasonable upper operating limit when the vehicle is
operating in high ambient temperatures and working
hard. For example when towing a trailer with ambients
around 50 °C in the Gulf States.

From the above discussion, it can be seen that the
control of the lubricant temperature is not a trivial
problem and many companies are working towards
management of the transmission in much the same way
as the engine. That is warming the unit up quickly with
waste heat from the engine but then controlling the
upper temperature, perhaps to a temperature below that
of the engine coolant. Simply linking the cooling systems
of the engine and gearbox is not necessarily the answer.
Part of this development also entails careful consider-
ation of the lubricant itself.

There is not the space here to discuss the choice of
lubricant in any depth. It is perhaps, sufficient to high-
light some of the main considerations.

Cold-temperature fluidity — Does the lubricant have
to act as a hydraulic fluid? If so, how cold is the
transmission expected to operate, and how critical is
immediate pressure or oil flow from the pump?
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High-temperature capability — What is the highest
temperature the transmission can see in service?
Remember it is very difficult to specify ‘excursions’
to high temperatures, as it is almost impossible to
predict the duration and frequency over the life of
a vehicle

Viscosity grade and load carrying additives — What
grade of oil is required to provide adequate gear
and bearing life? In certain cases this is as dependent
on the action of the additives as on the base oil.

Air release and foaming — This tendency of the oil can
be vital in certain cases. If the oil behaves badly, it can
lead to oil being ejected from the breather

system.

Corrosion inhibition — Components within the trans-
mission do get exposed to moisture, mostly from
condensation. Because of this, the oil needs to pre-
vent the surfaces from corroding, particularly while
the transmission is stood for a long duration.
Friction modification — The level of friction, which
occurs at the rubbing surface of some parts, needs
to be controlled within certain limits. An example of
this is in automatic gearbox clutch packs, where too
high a friction could cause problems as significant as
too low a value.

Viscosity modification — The viscosity grade of the
base oil used may not be quite what is required.
Additives can be used to improve the rate at which
viscosity changes with temperature, providing that
the oil is thicker at high temperatures to protect the
running parts, while retaining the required fluidity at
low temperatures.

Finally, other aspects of the operating environment
also need to be considered. The corrosion of the outside
of the transmission case is rarely too much of a concern,
but if ferrous materials are used then they may need to be
protected by painting. Similarly, immersion in water is
unlikely to cause a significant problem, but for off road
vehicles, this needs to be considered along with possible
damage from rough terrain or sand etc. Tests on the
transmission will be used to validate the design and could
include salt spray, wading, and various types of off road
driving. The environment within the engine bay may also
require the outer transmission parts to resist degradation
from fuels, antifreeze, brake fluid, etc.

5.1.6.2 Efficiency

Before continuing with this section, an important point
to appreciate is that the efficiency (or losses) of a trans-
mission unit can be considered in three ways:

The load (torque) related efficiency, this occurs
largely as a result of the friction losses at the gear
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mesh and can be considered in the form of a per-
centage efficiency or loss figure, i.e. a loss of 3%
would be an efficiency of 97%, whichever is the most
convenient.

The parasitic losses can be considered to be indepen-
dent of the applied torque, these losses can be con-
sidered to be ‘drag torques’ and take the form of

a resistance within the transmission.

The slip losses that may occur in transmission ele-
ments which do not involve a fixed gear ratio.
Where the drive is transmitted by gear pairs, the
input/output speed ratio is obviously fixed by the
tooth numbers on the gears. Where the drive is
transmitted by another means, the output speed is
not necessarily a fixed ratio to the input.

The overall efficiency of a transmission unit needs to take
all three aspects into account to arrive at an overall effi-
ciency figure.

Although a number of authors in the literature con-
sider all the losses in a transmission together, others have
considered either the load related or parasitic losses in
isolation. In common with this approach we will consider
the losses separately. Merritt (1971) uses the definitions
of oil churning losses and ‘tooth friction” when discussing
gear losses. He and other authors have chosen to elabo-
rate on the friction losses at the gear mesh and assume
the parasitic losses are small by comparison. Test work
completed by the authors has demonstrated that this is
not the case with the dip lubricated transmission units
typical of those used in the automotive industry. The
parasitic losses can be significant and need to be consid-
ered in a wide variety of transmission units. This is par-
ticularly the case when the gearbox is operated from
a cold start where the lubricant is at or near the ambient
air temperature. In winter, this could obviously be well
below 0°C.

In automatic units, the losses associated with the oil
pump are often the largest cause of parasitic loss. When
the gearbox requires a high oil pressure the torque re-
quired to drive the pump can be significant proportion of
the torque being transmitted. An example of this is a belt
CVT operating at its low ratio at low vehicle speeds. The
belt system requires high pressure but the transmitted
torque is low due to the low road load so the pump load
can be very significant.

Most transmission units use rolling element bearings
rather than plain bearings. As with gears, bearings will
have load related friction losses and parasitic losses due
to the oil movement and windage of the rollers and cage.
For prediction and comparison purposes, the bearing loss
can be treated as part of the gear system losses. It can be
assumed these are small, and either constant, or behave
in a similar way as the oil churning or gear mesh losses
relative to the ‘control’ variables of speed, torque and
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viscosity. Many authors consider the bearing losses to be
an order of magnitude smaller than the corresponding
gear losses.

This split of load related, parasitic and slip losses is
important for other related areas of work. The load
related, parasitic, and slip losses need to be treated
separately in performance prediction and simulation
work. Also an overall indication of the losses can
often be derived for the transmission from simple par-
asitic loss testing at zero output torque (i.e. with the
output disconnected so no absorbing dynamometer is
required).

The efficiency of a transmission unit is particularly
important during two operating conditions of the
vehicle:

Cold start, ‘gentle’ drive cycles, urban driving, test
cycles, etc. The parasitic losses have an impact on
fuel economy, as they are significant compared to the
drive torque required by the vehicle.
Arduous use, high speed, towing, etc. The friction
(load related) losses are roughly proportional to
the torque transmitted and can cause very high
heat output from the unit. This, in turn, can lead to
high oil temperatures and even oil breakdown or
component failure due to insufficient operating
oil film.
In summary, these loss mechanisms can be described in
terms of the three categories discussed above:

Load-related losses:

Friction losses at the gear tooth mesh point
Load-related bearing friction losses

Parasitic losses:

Qil churning where gears and shafts dip in the oil
bath or foamed oil

Qil displacement at the point where the gear teeth
enter the mesh point

Windage losses where gears operate in air or oil mist
QOil seal drag

Oil pump drag

Parasitic losses in bearings due to oil displacement
(and windage) within the bearings

Drag in clutch packs in autos and CVTs (those not
engaged)

Slip losses:

Slip in the contact zone where drive is transmitted by
friction (i.e. belt-pulley contact in a CVT)
Slip that occurs in a fluid drive such as a torque
converter.
In most non-pumped automotive transmissions the large
proportion of the load related and parasitic losses come



from the gear friction losses and the oil churning losses
respectively. The pump losses must always be considered
if the transmission has a high-pressure hydraulic circuit.
In belt and toroidal CVT/IVT transmissions the slip
losses can also be significant. As discussed in Section
5.1.4 the speed ratio (indicating slip) is always consid-
ered in torque converters.

5.1.6.3 Other transmission components

No review of transmissions would be complete without
at least a brief mention of some of the other components
that can be found within the driveline system of the
vehicle:

differentials
breather systems
the gearchange mechanism.

Differentials are used in order to allow the left and right
hand wheels on any one axle to rotate at different speeds.
This is essential on road going vehicles as the two wheels
take different paths when the vehicle goes round
a corner, hence travel different distances and the inner
wheel will rotate slower than the outer. This effect can
also be seen between the front and rear wheels of a four
wheel drive vehicle so a centre differential is required
between the front and rear axles.

As a result of the above requirement, differentials
are part of the gearbox assembly on front-wheel-drive
vehicles as the drive is taken directly to the wheels by
two separate, output driveshafts. On rear and four
wheel drive vehicles the differential is invariably part
of a separate axle assembly. It should be noted that
axle assemblies also contain part of the gearing
required to reduce the speed of the rotating parts
from engine speed to wheel speed. This is often
referred to as the final drive and typically on a pas-
senger car would be a reduction of around 4:1. Within
an axle this would be achieved using a bevel gear pair
which also turns the drive through 90°. The differ-
ential assembly then rotates with the output gear of
this pair and allows the wheels to rotate as described
above. It can be seen that the assembly often referred
to as the ‘differential’ on a vehicle actually serves
other purposes as well.

Breather systems are one part of the transmission
system often ignored by many vehicle engineers, but
can prove to be difficult to design. As the transmission
warms up and cools down the air inside needs to be
able to expand and contract. The breather allows this
to happen without the air inside becoming pressurized,
as this could push oil out past the oil seals, joints, etc.
The problem with developing these is finding a posi-
tion on the transmission and a design of breather,
which allows the air to move in and out of the
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transmission without allowing water in or oil out.
Considering that:

oil inside the transmission can be extremely aerated
there is often no part of the gearcase that does not
have oil splashed on the inside

the gearbox is often partly or wholly submerged
during wading through flooded roads. It can be
readily seen that the breather not only has an im-
portant task, but can prove difficult to engineer.

Sealing of the gearcase on the transmission is required to
prevent oil leaking on to the ground and the subsequent
loss of oil. The breather system has been considered
above and is one part of the whole system. The other
areas are where the shafts enter and exit the unit, the
joints in the casing and the integrity of the casing itself.
Proprietary ‘rubbing’ lip oil seals are used on most shafts
(also called dynamic shaft seals). The temperature re-
quirement of the application means that most are made
from a synthetic material which has a thin lip contacting
the rotating part. Important design aspects of these parts
include the surface hardness, surface roughness and ad-
equate oil supply to the lip; the contact area needs to be
lubricated to avoid excessive wear. The manufacturers of
these seals provide good literature to allow them to be
applied correctly. To complete the sealing of the casing,
the joints between the housings need to be sealed care-
fully, usually using silicone or RTV sealant applied at the
point of assembly. Gaskets can also be used. The casings
themselves can be a source of leaks if the castings used
are allowed to be porous. This can occur in the casting
process and needs to be avoided by both good design and
manufacturing practice.

The gearchange on both manual and automatic
transmissions require a mechanical connection between
the driver’s controls and the transmission unit. For
manual gearboxes this is obviously used to shift the
gearchange mechanism within the gearbox. On auto-
matics it can sometimes do little more than engage the
parking mechanism within the ‘box’. With older ATs
though, the shift mechanism can be mechanically
linked to the internal hydraulics and used to directly
influence the gearchange. The requirement to
mechanically link the two is reducing because of the
impact of electronic control. In practice, the difficulty
of linking the controls (gearlever) with the transmission
unit is much to do with the relative position of the two
and the interface at the gearbox end. It goes without
saying that rear or mid-engined installations can be
difficult, as the connections on the power unit often
face the rear of the vehicle. For manual transmissions,
the use of solid rod connections is often favoured so
the driver gets a more direct feel of the gearchange,
although cable systems can provide a very good solu-
tion. Either solution will have two parts to it; one to
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transmit the axial movement (i.e. in and out of gear),
and the other to transmit the ‘cross-gate’ movement.
The latter is where the gearlever is moved from the
1st/2nd position of the ‘gate’ over towards the 3rd/4th
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Battery/fuel-cell EV design

packages

John Fenton and Ron Hodkinson

6.1.1 Introduction

The rapidly developing technology of EV design pre-
cludes the description of a definitive universal package
because the substantial forces which shape the EV
market tend to cause quite sudden major changes in
direction by the key players, and there are a number of
different EV categories with different packages. For
passenger cars, it seems that the converted standard
IC-engine driven car may be giving way to a more
specifically designed package either for fuel-cell electric
or hybrid drive. While the volume builders may lean
towards the retention of standard platform and body
shell, it seems likely that the more specialist builder will
try and fill the niches for particular market segments
such as the compact city car. It is thus very important to
view the EV in the wider perspective of its market and
the wider transportation system of which it might
become a part.

Because electric drive has a long history, quite a large
number of different configurations have already been
tried, albeit mostly only for particular concept designs.
As many established automotive engineers, brought up
in the IC-engine era, now face the real possibility of
fuel-cell driven production vehicles, the fundamentals
of electric traction and the experience gained by past
EV builders are now of real interest to those contem-
plating a move to that sector. A review of the current
‘state of play’ in sole electric drive and associated
energy storage systems is thus provided, while hybrid
drive and fuel-cell applications will be considered in
Chapter 7.1.

Lightweight Electric/Hybrid Vehicle Design; ISBN: 9780750650922

6.1.2 Electric batteries

According to battery maker, Exide, the state of de-
velopment of different battery systems by different
suppliers puts the foreseeable time availability for the
principal battery contenders, relative to the company’s
particular sphere of interest, lead-acid - asin Fig. 6.1-1a.

6.1.2.1 Advanced lead-acid

The lead-acid battery is attractive for its comparatively
low cost and an existing infrastructure for charging,
servicing and recyclable disposal. A number of special
high energy versions have been devised such as that
shown at (b), due to researchers at the University of
Idaho. This battery module has three cells, each having
a stack of double-lugged plates separated by micropo-
rous glass mats. High specific power is obtained by using
narrow plates with dual current collecting lugs and a
1:4 height to width aspect ratio. Grid resistance is thus
reduced by shortening conductor lengths and specific
energy is improved by plates that are thinner than
conventional ones. They have higher active mass utili-
zation at discharge rates appropriate to EV use. At an
operating temperature of 110°F specific energy was
35.4Wh/kg and specific power 200 W/kg. Over 600
discharge cycles were performed in tests without any
serious deterioration in performance. The table at (c)
lists the main parameters of the battery. The US com-
pany Unique Mobility Inc. have compared advanced
lead-acid batteries with other proposed systems. In

Copyright © 2001 John Fenton and Ron Hodkinson; All rights of reproduction, in any form, reserved.
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GC 12V 100 68.0 1.1 72 16.0 259 221 18.0 249 17.0
DF8D 1411 1.4 150 16.5 26.7 23.7 18.7 265 18.6
MET 205 70.5 6.0 187 2.7 35.2 3.2 26.9 341 258
NI-Fe 75.0 6.3 225 338 54.8 54.5 50.8 57.0 49.8
Nas 1102.0 220.0 250 67.9 110.0 115.6 m.e 118.4 110.6
Adv Ph acid 1411 1.4 225 24.7 40.1 42.9 38.7 45.9 37.5

(e)

Fig. 6.1-1 The lead-acid battery: (a) development time spans compared; (b) high energy lead—acid battery; (c) parameters of H-E battery;

(d) battery characteristics; (e) energy-storage comparisons.

carrying out trials on an advanced EV-conversion of
a Chrysler Minivan the company obtained the
comparisons shown at (d). The graphs also show the
extent to which the specific energy content of batteries
is reduced as specific power output is increased. Trojan
and Chloride 3ET205 are commercial wet acid batteries
while the Sonnenshein DF80 and JCI 12V 100 are
gelled electrolyte maintenance-free units which involve
an energy density penalty. The Eagle pitcher battery is
a nickel-iron one taking energy density up to 50 Wh/kg
at the 3 hour rate. The Beta and Delta units are sodium—
sulphur batteries offering nominal energy density of
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110 Wh/kg. Unique Mobility listed the characteristics
of the batteries as at (e).

Exide’s semi-bipolar technology has both high elec-
trical performance and shape flexibility. The very low
internal resistance allows high specific peak power rates
and the electrode design permits ready changes in
current capacity. The flat shape of the battery aids vehicle
installation. The battery is assembled in a way which
allows reduced need for internal connections between
cells and a lightweight grid. Coated plates are stacked
horizontally into the battery box. Performance is

3.9 Ah/kg and 7.4 Ah/dm? and shape profile is at (f).
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6.1.2.2 Sodium-sulphur

For the sodium—sulphur battery, Fig. 6.1-2, as used in the
Ford Ecostar, the cathode of the cell is liquid sodium im-
mersed in which is a current collector of beta-alumina.
This is surrounded by a sulphur anode in contact with the
outer case. The cells are inside a battery box containing
a heater to maintain them at their operating temperature
of 300-350°C. This is electrically powered and contained
within the charge circuit. When discharging, internal re-
sistance produces sufficient heat for the electrode but
some 24 hours are required to reach running temperature
from cold. In a typical EV application 100 cells would be
connected in series to obtain 100V and give a battery of
300Ah, 60kWh. In use, batteries would typically be
charged nightly to bring them up to voltage after daily
discharge and to keep the electrode molten. A typical
battery installation of chloride cells is seen at (a) with
expected vehicle performance, compared with lead—-acid,
shown at (b). The chloride cells are based on an electro-
pheritic process while those from the Asea Brown Boveri
Company, used in Ecostar, are made by isostatic pressing.

The ABB cell is seen at (c); the electronic current
flowing through the external load resistor during

discharge corresponds to a flow of sodium ions through
the electrolyte from the sodium side to the sulphur
side. Voltage is from 1.78 to 2.08V according to the
degree of discharge involved. A cell with a capacity of
45 Ah has a diameter of 35 mm and length of 230 mm.
Its internal resistance is 7 milli ohms and 384 cells of
this type can be installed in a battery of 0.25litre
volume. An example produced by ABB has external
dimensions 1.42 x 0.485 x 0.36 metres. The cells ac-
count for 55% of the total weight of 265kg. By
connecting the cells in four parallel strings of 96, the
battery has an open circuit voltage of 170-200V and
a capacity of 180 Ah.

The electrical energy which can be drawn from the
battery is shown at (d) as a function of the (constant)
discharge power. With a complete discharge in 2 hours,
energy content is 32 kWh, corresponding to a density of
120 Wh/kg. Associated discharge efficiency is 92%.
Complete discharge at constant power is possible in
a minimum of 1 hour, and an 80% discharge in less than
three-quarters of an hour. The graph at (e) shows that the
battery can cope with a load of up to two-thirds of the
no-load voltage for a few minutes. This corresponds to
a rating of about 50 kW or 188 W/kg. The portion of the

electrolyte (solid)
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Fig. 6.1-2 Sodium-sulphur battery: (a) battery assembly; (b) projected performances; (c) ABB s-s cell; (d) energy capability; (e) overload

capability.
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heat loss not removed by the cooling system which is
incorporated into the battery is stored in the heated-up
cells — and covers losses up to 30 hours. Additional heat
must be supplied for longer standstill periods either from
the electric mains or from the battery itself. Effective,
vacuum-type, thermal insulation maintains the power
loss at just 8O0W so that when fully charged it can
maintain its temperature for 16 days. In order to main-
tain the battery in a state of readiness, the battery must
be held above a minimum temperature and it takes about
4 - 10 hours to heat up the battery from cold — but a limit
of 30 freeze-thaw cycles is prescribed. Life expectancy
of the battery otherwise is 10 years and 1000 full dis-
charge cycles, corresponding to an EV road distance of

200000 km.

6.1.2.3 Nickel-metal hydride

As recently specified as an option on GM’s EV1, the
nickel-metal hydride alkaline battery, Fig. 6.1-3, was
seen as a mid-term solution by the US Advanced Bat-
tery Consortium of companies set up to progress battery
development. According to the German Varta company,
it shares with nickel-cadmium cells the robustness
necessary for EV operation; it can charge up quickly and
has high cycle stability. The nickel-metal hydride how-
ever, is superior, in its specifications relative to vehicle
use, with specific energy and power some 20% higher
and in volumetric terms 40% higher. Unpressurized
hydrogen is taken up by a metallic alloy and its energy
then discharged by electrochemical oxidation. The raw
material costs are still signalling a relatively high cost but
its superiority to lead—acid is likely to ensure its place as
its associated control system costs are lower than those
of sodium sulphur. Specific energy is 50-60 Wh/kg,
energy density 150-210Wh/litre, maximum power
more than 300 W/kg; 80% charge time is 15 minutes

Varta Electric Power:

Nickel-metal-hydride © Hydride-electrode

Separator

@ Nickel-electrode \\ E A

oy
......

Terminal
Safety-vent

Fig. 6.1-3 Nickel-metal hydride battery.

146

and more than 2000 charge/discharge cycles can be
sustained.

The negative electrode is a hydrogen energy-storage
alloy while nickel hydroxide is the positive electrode.
An optimum design would have weight around 300 kg,
and capacity of 15kWh, with life of 2000 discharge
cycles. For buses Varta have devised a mobile charging
station, in cooperation with Neoplan, which will allow
round-the-clock operation of fleets. This removes the
need for fixed sites and allows battery charging and
changing to be carried out by the bus driver in a few
minutes. The mobile station is based on a demountable
container which can be unloaded by a conventional
truck. Trials have shown that a bus covering a daily total
distance of 75 miles on a three-mile-long route needs to
stop at the station after eight journeys. Discharged
batteries are changed semiautomatically on roller-belt
arms, by a hand-held console.

6.1.2.4 Sodium chloride/nickel

Sodium chloride (common salt) and nickel in combina-
tion with a ceramic electrolyte are used in the ZEBRA
battery, Fig. 6.1-4, under development by Beta Research
(AEG and AAC) and Siemens. During charging the salt is
decomposed to sodium and nickel chloride while
during discharge salt is reformed. Its energy density of
90 Wh/kg exceeded the target set by the USA Advanced
Battery Consortium (80 Wh/kg energy density, to achieve
100 miles range under any conditions and 150 W/kg peak
power density to achieve adequate acceleration) and can
achieve 1200 cycles in EV operation, equivalent to an
8 year life, and has a recharge time of less than 6 hours.
The USABC power to energy ratio target of 1.5 was
chosen to avoid disappointing short-range high power
discharge of a ZEV battery and for a hybrid vehicle a dif-
ferent ratio would be chosen.
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Fig. 6.1-4 ZEBRA battery: (a) cell; (b) cell-box; (c) performance comparison.

Each cell is enclosed in a robust steel case with
electrodes separated by a B-ceramic partition which
conducts sodium ions but acts as a barrier to electrons,
(a). The melt of sodium/aluminium chloride conducts
sodium ions between the inner ceramic wall and into the
porous solid Ni/NiCl, electrode. As a result, the total

material content is involved in the cell reaction. Apart
from the main reversible cell reaction there are no side
reactions so that the coulometric efficiency of the cell is
100%. The completely maintenance-free cells are her-
metically sealed using a thermal compression bond
(TCB) ceramic/metal seal.
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The cell type SLO9B presently produced in the pilot
production line has an open-circuit voltage of 2.58 V at
300°C with a very low temperature coefficient of
3x107* V/K, a capacity of 30 Ah and an internal re-
sistance that varies between 12 and 25 mW, dependent
on temperature, current and rate of discharge. This var-
iation is because, during the charging and discharging
process, the electrochemical reaction zone moves from
the inner surface of the B-ceramic electrolyte into the
solid electrode. During this process the length of the
sodium ion path and the current-density in the reaction
zone increases and so the internal resistance increases. In
principle this effect is used to enable a stable operation of
parallel connected strings of cells. But from the vehicle
point of view the available power which is directly re-
lated to the internal cell resistance should not depend on
the battery charge status. The redesigned cell type ML1
is a good compromise between these two requirements.
The battery is operated at an internal temperature range
of 270-350°C.

The cells are contained in a completely sealed, double
walled and vacuum-insulated battery box as shown at
(b). The gap between the inner and outer box is filled
with a special thermal insulation material which sup-
ports atmospheric pressure and thus enables a rectan-
gular box design to be utilized. In a vacuum better than
1.10~! mbar this material has a heat conductivity as low
as 0.006 W/mK. By this means the battery box outside
temperature is only 5-10°C above the ambient tem-
perature, dependent on air convection conditions.
Cooling systems have been designed, built and tested
using air cooling as well as a liquid cooling. The latter is
a system in which high temperature oil is circulated
through heat exchangers in the battery with an oil/water
heat exchanger outside the battery. By this means heat
from the battery can be used for heating the passenger
room of the vehicle.

In the MLI cell, internal resistance is reduced to in-
crease power. The resistance contribution of the cathode is
due to a combination of the ion conduction between the
inner surface of the B-aluminium ceramic with the reaction
zone (80%) and electric conduction between the reaction
zone and the cathode current collector (20%). The MLI
has a cloverleaf section shape ceramic to enlarge its surface
area over the normal circular section, with resultant two-
fold reduction in cathode thickness and 20% reduction in
resistance. Based on this form of cell construction a new,
Z11, battery has been produced with properties compared
with the standard design as shown by the table at (c) and
the battery is under development for series production.

6.1.2.5 Solar cells

According to Siemens, solar technology is a probable
solution for Third World tropical countries. Solar
modules are available from the company to supply 12V,
100 Ah batteries from a 50 W solar module. The com-
pany recently installed a system on the Cape Verde
Islands with a collective power output of 550 kW at each
of five island sites. Even in Bavaria, the village of
Flanitzhutte, which has an average 1700 hours annual
sunshine period, has severed its links with the national
grid with the installation of 840 solar modules, with
a total area of 360 square metres, to provide peak power
of 40 kW. Maintenance-free batteries provide a cushion.

The technology of solar cells, Fig. 6.1-5, has been given
a recent boost by the Swiss Federal Institute of Tech-
nology who claim to have outperformed nature in the
efficiency of conversion of sunlight to electricity even
under diffuse light conditions. The cell has a rough sur-
face of titanium dioxide semiconductor material and is
8% efficient in full sunlight rising to 12% in diffuse
daylight. For more conventional cells, such as those
making a Lucas solar panel, these are available in modules

T T T T H0O
700 |_Standard conditions _l
00
600 n 150 + B
Typscal conditions Standard
conditions 600
500 1 2 ' .
g
400 |- E 100 L 4 so0 | &
Current- Power- o
mABDD wats 3
L g 75 | 4 400 | £
Typical ';“
condiions
200 | - 50 | 4
300
100 | - 25 L -
200
o 1 Q L L Wi
10 20 30 Q 1.0 20 30 -
Volts Volts
(a) 100
Hours fram reon (GMT)
(by ©
o 1 2 3 4 5 6 7 8 9 10

Fig. 6.1-5 Solar cell technology: (a) cell characteristics; (b) solar energy variation.
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of five connected in series to give maximum output of
1.3 watts (0.6 A at 2.2V). Some ten modules might be
used in a solar panel giving 13 watts output in summer
conditions. Power vs voltage and current vs voltage are
shown at (a) for so-called ‘standard’ and ‘typical’ oper-
ating conditions. 100 mW/cm? solar intensity, 0°C cell
temperature at sea level defines the standard conditions
against 80 mW/cm? and 25 °C which represent ‘typical’
conditions at which power output per cell drops to 1 W.
Temperature coefficients for modules are 0.45% change
in power output per 1 °C rise in temperature, relative to
0°C; cell temperatures will be 20°C above ambient at
100 mW/cm? incident light intensity. Variation of solar
energy at 52° north latitude, assuming a clear atmo-
sphere, is shown at (b). On this basis the smallest one
person car with a speed of 15 mph and a weight of 300 Ib
with driver would require 250 W or 50ft? (4.65m?)
of 5% efficient solar panel — falling to 12.5 ft% (1.18 m?)
with the latest technology cells. A 100 Wh sealed nickel-
cadmium battery would be fitted to the vehicle for
charging by the solar panel while parked.

The future, of course, lies with the further de-
velopment of advanced cell systems such as those by
United Solar Systems in the USA. Their approach is
to deposit six layers of amorphous silicon (two iden-
tical n-i-p cells) onto rolls of stainless steel sheet. The
4> (0.37m?) panels are currently 6.2% efficient and
made up of layers over an aluminium/zinc oxide back
reflector. The push to yet higher efficiencies comes
from the layer cake construction of different band-gap
energy cells, each cell absorbing a different part of the
solar spectrum. Researchers recently obtained 10%
efficiency in a 12in? (0.09m?) module.

Rapid thermal processing (RTP) techniques are said to
be halving the time normally taken to produce silicon
solar cells, while retaining an 18% energy conversion ef-
ficiency from sunlight. Researchers at Georgia Institute
of Technology have demonstrated RTP processing in-
volving a 3 minute thermal diffusion, as against the

current commercial process taking 3 hours. An EC study
has also shown that mass production of solar cells could
bring substantial benefits and that a £350 million plant
investment could produce enough panels to produce
500 MW annually and cut the generating cost from
64 p/kWh to 13p.

6.1.2.6 Lithium-ion

A high energy battery receiving considerable attention is
the lithium-ion cell unit, the development of which has
been described by Nissan and Sony engineers! who point
out that because of the high cell voltage, relatively few
cells are required and better battery management is thus
obtained. Accurate detection of battery state-of-charge is
possible based on voltage measurement. In the battery
system developed, Fig. 6.1-6, cell controllers and a battery
controller work together to calculate battery power, and
remaining capacity, and convey the results to the vehicle
control unit. Charging current bypass circuits are also
controlled on a cell-to-cell basis. Maximizing lifetime
performance of an EV battery is seen by the authors to
be as important as energy density level. Each module of
the battery system has a thermistor to detect temperature
and signal the controllers to activate cooling fans as
necessary.

Nissan are reported to be launching the Ultra EV in
1999 with lithium—ion batteries; the car is said to return
a 120 mile range per charge. Even further into the future
lithium—polymer batteries are reported to be capable of
giving 300 mile ranges.

6.1.2.7 Supercapacitors

According to researchers at NEC Corp.z, the super-
capacitor, Fig. 6.1-7, will be an important contributor to
the energy efficient hybrid vehicle, the absence of chem-
ical reaction allowing a durable means of obtaining high
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Fig. 6.1-7 Supercapacitors: (a) EDLC model; (b) cell; (c) high-power EDLC schematic; (d) HP EDLC specification; (e) constant power
discharge characteristics; (f) power density, y-axis in W/kg, vs energy density for high-power EDLC; (g) ELCAPA configuration.

energy charge/discharge cycles. Tests have shown for
multi-stop vehicle operations a 25-30% fuel saving was
obtained in a compact hybrid vehicle fitted with re-
generative braking. While energy density of existing, non-
automotive, supercapacitors is only about 10% of that of
lead—acid batteries, the authors explain, it is still possible
to compensate for some of the weak points of conventional
batteries. For effective power assist in hybrids, super-
capacitors need a working voltage of over 100V, alongside
low equivalent series resistance and high energy density.
The authors have produced 120 Vunits operating at 24 kW
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fabricated from newly developed activated carbon/carbon
composites. Electric double layer capacitors (EDLCs)
depend on the layering between electrode surface and
electrolyte, (a) showing an EDLC model. Because energy
is stored in physical adsorption/desorption of ions,
without chemical reaction, good life is obtained. The
active carbon electrodes usually have a specific surface area
over 1000m?/g and double-layer capacitance is some
20-30 uF/cm? (activated carbon has capacitance over
200-300F/g). The EDLC has two double layers in series,
soitis possible to obtain 50-70 °F using a gram of activated
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carbon. Working voltage is about 1.2 Vand storable energy
is thus 50J/g or 14 Wh/kg.

The view at (b) shows a cell cross-section, the con-
ductive rubber having 0.2 S/cm conductivity and thick-
ness of 20 microns. The sulphuric acid electrolyte has
conductivity of 0.7 S/cm. The view at (c) shows the high
power EDLC suitable for a hybrid vehicle, and the table at
(d) its specification. Plate size is 68 x 48 x 1 mm° and the
weight 2.5¢, a pair having 300 F capacity. The view at
(e) shows constant power discharge characteristics and
(f) compares the EDLC’s energy density with that of
other batteries. Fuji Industries’ ELCAPA hybrid vehicle,
(g), uses two EDLCs (of 40 F total capacity) in parallel
with lead—acid batteries. The stored energy can accelerate
the vehicle to 50kph in a few seconds and energy is
recharged during regenerative braking. When high energy
batteries are used alongside the supercapacitors, the au-
thors predict that full competitive road performance will
be obtainable.

6.1.2.8 Flywheel energy storage

Flywheel energy storage systems for use in vehicle
propulsion has reached application in the light tram
vehicle. They have also featured in pilot-production
vehicles such as the Chrysler Patriot hybrid-drive racing
car concept. Here, flywheel energy storage is used in
conjunction with a gas turbine prime-mover engine,
Fig. 6.1-8. The drive was developed by Satcon Tech-
nologies in the USA to deliver 370 kW via an electric
motor drive to the road wheels. A turbine alternator
unit is also incorporated which provides high frequency
current generation from an electrical machine on
a common shaft with the gas turbine. The flywheel
is integral with a motor/generator and contained in
a protective housing affording an internal vacuum envi-
ronment. The 57 kg unit rotates at 60 000 rpm and
provides 4.3kW of electrical energy. The flywheel is
a gimbal-mounted carbon-fibre composite unit sitting in
a carbo-fibre protective housing. In conjunction with its

CHAPTER 6.1

motor/generator it acts as a load leveller, taking in power
in periods of low demand on the vehicle and contrib-
uting power for hill climbing or high acceleration per-
formance demands.

European research work into flywheel storage systems
includes that reported by Van der Graaf at the Technical
University of Eindhoven®. Rather than using continu-
ously variable transmission ratio between flywheel and
driveline, a two-mode system is involved in this work. A
slip coupling is used up to vehicle speeds of 13 km/h,
when CVT comes in and upshifts when engine and fly-
wheel speed fall simultaneously. At 55km/h the drive is
transferred from the first to the second sheave of the
CVT variator, the engine simultaneously being linked to
the first sheave. Thus a series hybrid drive exists at lower
speeds and a parallel hybrid one at higher speeds. The
19kg 390 mm diameter composite-fibre flywheel has
energy content of 180 kW and rotates up to 19 000 rpm.

6.1.3 Battery car conversion
technology

For OEM conversions of production petrol-engined ve-
hicles in the decades up to the 1970s, and up to the
present day for aftermarket conversions, are typified by
those used by many members of the UK Battery Vehicle
Society and documented by Prigmore et al.* Such con-
versions rely on basic lead-acid batteries available at
motor factors for replacement starter batteries. A ton of
such batteries, at traction power loading of 10-15kW/
ton, stores little more than 20 kWh. Affordable motors
and transmissions for this market sector have some 70%
efficiency, to give only 14 kWh available at the wheels.

6.1.3.1 Conversion case study

The level-ground range of the vehicle can be expressed
in terms of an equivalent gradient 1:h, representing

Fig. 6.1-8 Chrysler Patriot flywheel energy storage system: left, turbine: right, flywheel.
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rolling resistance, such that a resistance of 100 kgf/tonne
is equivalent to a gradient of 1:10. If the fraction of
the total vehicle weight contributed by the battery
is f, then range is given by {(14 x3600)/(9.81 x
1000) }fph. Pessimistically & is about 30 at 50 km/h and
if f, is 0.4 then cruising range would be about 60-65 km.
This of course is reduced by frequent acceleration and
braking.

Series-wound DC motors, Fig. 6.1-9, have been
chosen for low cost conversions because of their advan-
tageous torque/speed characteristics, seen at (a), given
relatively low expected road speeds. Series winding the
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field and armature, the same current is carried by both
and as it increases in magnitude so does the magnetic flux
and the torque increases more than proportionally with
current. Rotation of the armature creates a back-EMF in
opposition to the applied voltage because the wires at the
edge of the armature are moving across the field flux.
Motors are designed to equalize applied and back-EMFs
at operational speed. This will be low when field current
is high and vice versa. The speed/current curve can be
made to move up the x-axis by reducing the field current
to a fixed fraction of the armature current (0.5-0.7),
with the help of the field diverter resistance shown but

lor P

%I or -'iF'

Time

0 time

(b)

Fig. 6.1-9 Series-wound DC motor: (a) motor characteristics; (b) field diverter resistance; (c) speed-base motor characteristics;

(d) rheostatic control; (e) parallel/series battery control.
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the torque for a given armature current is, of course,
reduced, see (b). The efficiency of the motor is low at
low speeds, in overcoming armature inertia, and again at
high speeds as heating of the windings absorbs input
power. Motors can thus be more highly rated by the
provision of cooling fans. Average power in service should
in general be arranged at 0.8 of the rated power and the
transmission gear ratio be such that the motor is loaded
to no more than its rated power for level-ground cruising.
The motor characteristics shown at (c) are obtained by
replotting the conventional characteristics on a speed
base. The wide range of speeds available (up to 2:1) are
around rated power and show how full field can be used
for uphill running while weak field is used on the level
enabling speed reduction to compensate for torque in-
crease in limiting battery power requirements for nego-
tiating gradients.

With little or no back-EMF to limit current at starting,
resistance is added to keep the current down to a safe
level, as at (d). The current is maintained at the required
accelerating value, perhaps 2—4 times rated current. The
starting resistance is reduced as the motor gains speed so
as to keep the accelerating current constant to the point
where the starting resistance is zero, at the ‘full voltage
point’. Thereafter a small increase in speed causes gradual
reduction in current to the steady running value. As the
current is supplied from the battery at constant voltage,
the current curve can be rescaled as a power curve to
a common time base, as at (e). The shaded area then gives
energy taken during controlled acceleration with the
heavily shaded portion showing the energy wasted in re-
sistance. So rheostatic acceleration has an ideal efficiency
of about 50% up to full voltage. This form of controlis thus
in order for vehicle operation involving, say, twice daily
regular runs under cruise conditions but unwise for
normal car applications.

6.1.3.2 Motor control alternatives

Alternatives such as parallel/series (two-voltage) rheo-
static control, or weak field control, can be better for
certain applications, but the more elaborate thyristor,
chopper, control of motor with respect to battery
(Fig. 6.1-10) is preferred for maintaining efficiencies
with drivers less used to electric drive, particularly in
city-centre conditions. It involves repetitive on-off
switching of the battery to the motor circuit and if the
switch is on for a third of the time, the mean motor
voltage is a third of the supply voltage (16 V for a 48V
battery), and so on, such that no starting resistance is
needed. Effective chopper operation requires an in-
ductive load and it may be necessary to add such load to
the inherent field inductance. Because an inductive cir-
cuit opposes change in current then motor current rises

relatively slowly during ‘on’ periods and similarly falls
slowly during ‘off’ periods, provided it has a path
through which to flow. The latter is provided by the
‘flywheel’ diode FD, a rectifier placed across the motor
to oppose normal voltage. During chopper operation,
current i, flows in pulses from battery to motor while
current i, flows continuously through the motor. Elec-
tronic timing circuits control the switching of the thy-
ristors, (a).

Single ratio drives from motor to driveline are not
suitable for hilly terrain, despite the torque/speed char-
acteristic, as the motor would have to be geared too low
to avoid gradient overloading and thus be inefficient at
cruise. A 5:1 CVT drive is preferred so that the motor
can be kept at its rated power under different operating
conditions. There is also a case for dispensing with the
weight of a conventional final drive axle and differential
gear by using two, say 3 kW, motors one for each driven
wheel.

The behaviour of lead-acid batteries, (b), is such
that in the discharged condition lead sulphate is the
active material for both cell-plates which stand in dilute
sulphuric acid at 1.1 specific gravity. During charging
the positive plate material is converted to lead peroxide
while that of the negative plate is converted into lead,
as seen at (c). The sulphuric acid becomes more con-
centrated in the process and rises to SG =1.5 when
fully charged, the cells then developing over 2volts. In
discharge the acid is diluted by the reverse process.
While thin plates with large surface area are intended
for batteries with high discharge rates, such as starter
batteries, the expansion process of the active material
increases in volume by three times during discharge and
the active material of very thin plates becomes friable
in numerous charge/discharge cycles, and a short life
results. Normal cells, (b), comprise interleaved plates
with porous plastic separators; there is one more neg-
ative than positive plates, reducing the tendency to
buckle on rapid discharge. Expensive traction batteries
have tubular plates in some cases with strong plastic
tubes as separators to keep the active material in place.
Discharge rates of less than half the nominal battery
capacity in amphours are necessary to preserve the
active material over a reasonable life-span, but short
bursts at up to twice the nominal rate are allowable.
The graphs at (d) permit more precise assessments of
range than the simple formula at the beginning of the
section which assumes heavy discharge causes battery
capacity to be reduced by 70-80% of normal, 25kWh
becoming 20.

When charging the gassing of plates must be consid-
ered, caused by the rise in cell voltage which causes part
of the current to electrolyse the water in the electrolyte
to hydrogen. Gassing commences at about 75% full
charge. At this point, after 3-4 hours of charging at
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Fig. 6.1-10 Motor control and battery: (a) chopper circuit: (b) battery charge—discharge cycle; (c) cell arrangement; (d) battery
time-of-discharge curves.

1/15th battery capacity, the rate should be decreased to ~ hours until peak voltage remains steady at 2.6-2.8 V, with
1/20th and carried on until 2.6 volts are shown at the  all cells gassing freely and with constant specific gravity.
cells. To ensure near-complete removal of the sulphate  Such a charge should be followed by topping up with
a periodic ‘soak charge’ should be provided for several  distilled water.
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6.1.4 EV development history

According to pioneer UK EV developer and producer
Geoffrey Hardings,? the Lucas programme was a major
event in the renaissance of the electric vehicle. He set up
a new Lucas Industries facility to develop battery EVs in
1974 because, as a major transport operator, he had asked
Lucas to join him in an approach to a UK government
department for some financial assistance to build a bat-
tery electric bus which would operate on a route between
railway stations in Manchester. The reasons for his in-
terest in this project were twofold. First, there was
a major problem with the reliability of many of the diesel
buses at that time and he wanted to find out whether
electric buses would live up to the attributes of good
reliability and minimal maintenance that had been
afforded to EVs for many years. Second, a world shortage
of oil at that time was causing an apparent continuous and
alarming increase in the price.

Having subsequently joined Lucas and set up the new
company, he was responsible for building the electric bus in
question and providing technical support when it entered
service. The bus — the performance of which was compa-
rable with diesel buses, except for range — operated suc-
cessfully for some years and was popular with both
passengers and drivers. On the other hand, it was not
popular with schedulers because its restricted range (about
70 km in city service) added yet more limitation to its uses,
particularly at weekends. Nevertheless, much was learnt
from the in-service operation of this vehicle which proved
to be remarkably reliable. He then obtained agreement
within Lucas that the battery EV most likely to succeed at
that time was a 1-tonne payload van because it would be
possible, with relatively minor changes to production vans,
to modify the drive to battery electric without reducing
either the payload volume or the weight, Fig. 6.1-11.

The converted Bedford vehicles underwent a signifi-
cant testing programme on that company’s test track, and
were in fact built on the company’s ICE van production
line, interspersed between petrol- and diesel-powered
versions of CF vans. This method of production was the
first of its kind. Some hundreds of Bedford vans and
a smaller number of Freight Rover vans were built and
sold, all with a working range in excess of 80 km in city
traffic, a payload of just under 1 tonne, an acceleration of
0-50km in 135, a maximum speed of 85km/h, and
a battery design life of 4 years. The vehicles had, for that
time, sophisticated electronic controllers and DC/DC
converters, as well as oilfired heating and demisting sys-
tems. Lucas designed and constructed the chargers and
battery-watering systems. Some were sold in the USA as
the GM Griffon, (a), and it was estimated that collec-
tively their total service had exceeded 32 million km, and
even today a few are still operating.

The Lucas Chloride converted Bedford CF van had
two-pedal control and a simple selector for forward/
reverse. Most of the vehicle’s braking was regenerative
and batteries were of the tubular cell lead-acid type.
Thirty-six monobloc units of 6 volts were used —
connected in series to give a 216V, 188 Ah pack. The
rear-mounted traction motor drove the wheels through
a primary reduction unit coupled to a conventional rear
axle, via a prop-shaft. Measured performance of the
monobloc is shown at (b); an energy density of 34 Wh/kg
was involved, at the 5 hour rate, and a 4 year service life
was claimed. The motor used was a separately excited
type in order to allow the electronics maximum
flexibility in determining the power curve. It weighed
15kg and had a controlled output of 40 kW, working
speed was 6100 rpm corresponding to a vehicle speed of
about 60 mph. The motor control system used an elec-
tronic bypass to leave the main thyristor uncommutated
during field control. The latter uses power transistors
which handle up to 25 A.

Within the Lucas development programme, which at
one time employed close to 100 personnel, some work on
HEVs was undertaken and one five-seat passenger car
was designed and built. This utilized an electric Bedford
drive system and could be operated either as a series
hybrid or a parallel hybrid. The car had a maximum
speed of 130kph, and a pure-electric range of about
70km. The Lucas Chloride hybrid, (c), has engine (3)
driving through the motor (1) but midships positioning
of the batteries (4) with on-board charger (5) at the rear.
Clutches are shown at (6) while (7) and (8) are alternator
and control unit. This used Reliant’s 848 cc engine de-
veloping 30 kW alongside a 50kW Lucas CAV traction
motor. The 216V battery set had capacity of 100 amp-
hour on a 5 hour rate. Maximum speed in electric drive

of 120 km/h rises to 137 km/h in combined mode, (d).

6.1.4.1 Electric vehicle development
1974-1998

In considering the changes which have taken place in the
quarter century since the start of the Lucas project,
Harding argues that the developments which have taken
place in electric cars are not as great as had been hoped
and expected. Some hybrids, he considers, are effec-
tively ICEVs with an electric drive which assists when
required. A major problem with HEVs has been their
cost, which is exacerbated by having two drive systems in
one vehicle. Fortunately, the automotive industry is so
good at meeting challenges of this nature that who can
say what can be achieved? However, it is claimed that
micro-turbines together with their associated generators
and accessories can be produced cheaply, mainly because
they have a very low component count. These turbines
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Fig. 6.1-11 Lucas electric and hybrid drive vehicles: (@) GM Griffon; (b) terminal volts per 6 V module and discharge current in amps;

(c) Lucas Chloride hybrid car; (d) bi-mode drive system.

are capable of operating on a wide variety of fuels and are
considered to produce a very low level of pollutants, but
with one or two exceptions, such as Volvo and Chrysler,
these claims have not been subjected to any extensive
field testing. If what is claimed proves to be true, then
such vehicles would be expected to play a large part in
the transport scene in the new millennium.

At present, the great hope for the future, he believes, is
the fuel cell. Hydrogen is the preferred fuel for fuel cells
but its storage presents a problem. One of the ways of
overcoming this problem is to convert a liquid fuel, such as
methanol, into hydrogen. This was done in the 5 kW unit
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made by the Shell Oil Company as long ago as 1964. The
unit was installed in the world’s first fuel-cell powered car.
Shell also produced a 300 W nett cell in 1965 which
converted methanol directly into electricity, so it is not the
case that this technology is new. The principal problem at
the time this work was carried out was the cost of the unit.
Although a number of fuel-cell powered cars have been
built recently by automobile manufacturers, the only ve-
hicle so far offered for sale is the Zevco London taxi which
was launched in London in July 1998. The propulsion
system is a hybrid arrangement: a battery drives the vehicle
and is recharged by a 5kW fuel cell. The vehicle uses
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bottled hydrogen as fuel and has a service range of 145 km,
and a performance similar to its diesel counterpart. This
design works well because the stop—start nature of the
traffic provides time for the low output of the fuel cell to
replenish the energy drawn from the battery during pre-
vious spells of vehicle motion. At a later date, this type of
taxi may be fitted with a cryogenic hydrogen-storage
system, perhaps placed between the two layers of a
sandwich-floor construction of the vehicle. With such an
arrangement, it is expected that the fuel cell would be
refuelled with very cold liquid hydrogen in minutes and,
thereby, would extend the vehicle’s range dramatically, but
only in stop—start traffic.

Harding opines that what the world really needs is
vehicles fitted with fast-response, high-output fuel cells
together with on-board clean reformers which would
enable a liquid fuel to be turned into hydrogen on vehicles.
Initially, the most likely liquid fuel would seem to be
methanol, but arranging for methanol to be widely available
would necessitate some large changes in infrastructure. If
all this is possible, then refuelling vehicles with liquid fuel
would be, in principle, little or no different from today. The
eventual aim is said, by those developing high-output fuel
cells, to be the development of reformers which can pro-
duce hydrogen from gasoline. In this case, only the current
gasoline infrastructure would be required. Interest and
investment in fuel cells is increasing, and the joint ar-
rangements between the Canadian fuel cell company
Ballard and motor industry giants Mercedes and Ford
would appear to be an almost irresistible force on a course
aimed at solving some daunting problems. The Ballard unit
is a proton exchange membrane (PEM) fuel cell and
amongst early examples of road vehicles fitted with this are
busesin the USA. Quite apart from the technical problems
still to be resolved, the problem of cost is very great.

6.1.5 Contemporary electric car
technology

According to Sir Clive Sinclair, whose abortive efforts to
market an electric tricycle have led him to concentrate on
economical bicycle conversions, peak efficiencies of 90%
are available with EVs for converting electricity into trac-
tive energy — and that attainable electrical generating

Fig. 6.1-12 Sinclair C 10 proposal.
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efficiencies of over 50% meant a 45% fuel conversion
efficiency could be obtained compared with 30% for the
petrol engine. His C10 proposal shown in Fig. 6.1-12 must
mean his faith in the future of the electric car is still
maintained.

There are other initiatives, too, such as the desire to
make motorway driving under very high density peak
traffic conditions less dangerous and less tiring. This is
generating fresh interest in reserved lanes for vehicle
guidance systems. Where these additionally provide
roadway-induced powering, Fig. 6.1-13, as described by
researchers from the Lawrence Livermore National
Laboratory®, a case for a car to suit relatively long-distant
commuters can be made. The success of trials on GM’s
Impact electric car have so far pointed to the very con-
siderable importance of light weight, good aerodynamics
and low rolling resistance but the electrical breakthrough
has come in the electronics technology of the DC/alter-
nating current (AC) converter. Ford, too, have had very
promising prototype results from their Ecostar 1 car-
derived van, using a transistorized DC to AC inverter.

6.1.5.1 Honda ‘EV’

The state of the art in pilot-production electric cars is
typified by Honda’s nickel-metal hydride battery driven
electric car, Fig. 6.1-14; it has been given the name ‘EV’ and
claims twice the range obtainable with comparable lead—
acid batteried cars. The car is not a conversion of an ICE
model and has 95% new componentry. It is a 3-door,
4-seater with battery pack in a separated compartment
between the floor. The pack comprises 24 x 12 V batteries
and rests between virtually straight underframe longitu-
dinal members running front to rear for maximum crash
protection. The motor is a brushless DC type with rare
earth high strength magnets and is said to give 96% effi-
ciency. There is a fixed ratio transmission with parking
lock. Maximum torque is 275 Nm, available from 0 to
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Fig. 6.1-14 Honda ‘EV’ electric car and Honda regenerative braking/coasting system.

1700 rpm, the speed at which a maximum power of 49 kW
is developed and remains constant up to 8750 rpm. The
under-bonnet power control unit comprises management
and motor ECUs, power driver, junction board, 12V DC/
DC converter, air-conditioning inverter and 110/220 Von
board charger. Its aluminium container is liquid cooled in
a system shared with motor and batteries. The controller
uses IGBT switching devices in a PWM system. A phase
control system involves both advanced angle control and
field weakening to optimize operation in both urban and
motorway conditions. A heat-pump climate control
system has an inverter-controlled compressor with
a remote-control facility to permit pre-cooling or pre-
heating of the cabin prior to driving. Energy recovery is
carried out in both braking and ‘throttle-off’ coasting
modes. Low rolling-drag tyres are inflated to 300 kPa and
are said to have just 57% the resistance of conventional

tyres. A ‘power-save’ feature automatically reduces peak
power when battery state-of-charge drops below 15%. An
instrument display shows range and battery-charge state as
a biaxial graph with clearly marked segments which even
respond to throttle pedal depression. The car has a 125
mile urban range to the FUDS standard while top speed is
80 mph. Recharge time is 8 hours from 20% to fully
charged.

6.1.5.2 General motors ‘EVI’

The latest generation GM EVI (Fig. 6.1-15) is a purpose-
built electric vehicle which offers two battery technolo-
gies: an advanced, high capacity lead—acid, and an optional
nickel-metal hydride. The EV1 is currently available at
selected GM Saturn retailers and is powered by a 137
(102kW), 3 phase AC induction motor and uses a single
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Fig. 6.1-15 GM EVI and Impact prototype, inset.
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speed dual reduction planetary gear set with a ratio of
10.946:1. The second generation propulsion system has
an improved drive unit, battery pack, power electronics,
6.6 kW charger, and heating and thermal control module.
Now, 26 valve-regulated, high capacity, lead-acid (PbA)
batteries, 12 Veach, are the standard for the EV1 battery
pack and offer greater range and longer life. An optional
nickel-metal hydride battery pack is also available for the
Gen II model. This technology nearly doubles the range
over the first generation battery and offers improved
battery life as well. The EV1 with the high capacity lead-
acid pack has an estimated real world driving range of
55 to 95 miles, depending on terrain, driving habits and
temperature; range with the nickel-metal hydride pack is
even greater. Again, depending on terrain, driving habits,
temperature and humidity, estimated real world driving
range will vary from 75 to 130 miles, while only 10% of
power is needed to maintain 100 km/h cruising speed,
because of the low drag, now aided by Michelin
175/65R14 Proxima tyres mounted on squeeze-cast alu-
minium alloy wheels.

The 1990 Impact prototype from which the EV1 was
developed had one or two more exotic features which
could not be carried through to the production derivative
but claimed an urban range of 125 miles on lead-acid
batteries. In the Impact the 32 10 volt lead—acid batteries
weighed 395kg, some 30% of the car’s kerb weight,
housed into a central tunnel fared into the smooth
underpanel and claimed to have a life of 18 500 miles.
The Impact weighed 1 tonne and accelerated from 0 to
100kph in 8 seconds, maximum power of the motor
being 85 kW. The vehicle had 165/65R14 Goodyear low-
drag tyres running at 4.5 bar. Two 3 phase induction
motors were used, each of 42.5 kW at 6600 rpm; each
can develop 64 Nm of constant torque from 0 to 6000
rpm, important in achieving 50-100 km/h acceleration in
4.6 seconds. Maximum current supply to each motor was
159 A, maximum voltage 400 V and frequency range
0-500 Hz. The battery charger was integrated into the
regulator and charging current is 50 A for the 42.5 Ah
lead—-acid batteries, which could at 1990 prices be
replaced for about £1000.

The EV1 can be charged safely in all weather
conditions with inductive charging. Using a 220 volt
charger, charging from 0% to 100% for the new lead-acid
pack takes up to 5.5-6 hours. Charging for the nickel-
metal hydride pack, which stores more energy, is 6-8
hours. Braking is accomplished by using a blended com-
bination of front hydraulic disk, and rear electrically
applied drum brakes and the electric propulsion motor.
During braking, the electric motor generates electricity
(regenerative) which is then used to partially recharge
the battery pack. The aluminium alloy structure weighs
290 pounds and is less than 10% of the total vehicle
weight. The exterior composite body panels are dent and

corrosion resistant and are made from SMC and RIM
polymers. The EV1 is claimed to be the most aero-
dynamic production vehicle on the road today, with
a 0.19 drag coefficient and ‘tear drop’ shape in plan view,
the rear wheels being 9 inches closer together than the
front wheels. The EV 1 has an electronically regulated
top speed of 80 mph. It comes with traction control,
cruise control, anti-lock brakes, airbags, power windows,
power door locks and power outside mirrors, AM/FM
CD/cassette and also a tyre inflation monitor system.

6.1.5.3 AC drives

An interesting variant on the AC-motored theme,
Fig. 6.1-16, is the use of a two-speed transaxle gearbox
which reduces the otherwise required weight of the high
speed motor and its associated inverter. A system de-
veloped by Eaton Corporation is shown at (a) and has a
4 kW battery charger incorporated into the inverter. A
3 phase induction motor operates at 12500 rpm — the
speed being unconstrained by slip-ring commutator
systems. A block diagram of the arrangement is at (b) and
is based on an induction motor with 18.6 kW 1 hour
rating — and base speed of 5640 rpm on a 192V battery
pack. The pulse width modulated inverter employs 100
A transistors. The view at (c) shows the controller drive
system functions in association with the inverter. In an
AC induction motor, current is applied to the stator
windings and then induced into the windings of the rotor.
Motor torque is developed by the interaction of rotor
currents with the magnetic field in the air gap between
rotor and stator. When the rotor is overdriven by coasting
of the vehicle, say, it acts as a generator. Three phase
winding of the stator armature suits motors of EV size;
the rotor windings comprise conducting ‘bars’ short-
circuited at either end to form a ‘cage’. Rotation speed of
the magnetic field in the air gap is known as the syn-
chronous speed which is a function of the supply-current
frequency and the number of stator poles. The running
speed is related to synchronous speed by the ‘slip’.

If two alternators were connected in parallel, and one
was driven externally, the second would take current from
the first and run as a ‘synchronous motor’ at a speed
depending on the ratio of each machine’s number of poles.
While it is a high efficiency machine which runs at con-
stant speed for all normal loads, it requires constant cur-
rent for the rotor poles; it is not self-starting and will stop
if overloaded enough for the rotor to slip too far behind
the rotating stator-field. Normally, the synchronous
motor is similar in construction to an induction motor but
has no short-circuited rotor — which may be of the DC-
excited, permanent-magnet or reluctance type.

The view at (d) shows a stator winding for a 2 pole
3 phase induction motor in diagrammatic form. If supply
current frequency is f;, then stator field speed is fi/p for
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Fig. 6.1-16 AC drive systems: (a) transaxle motor; (b) controller arrangement; (c) controller drive system; (d) 3 phase induction motor

stator; (e) air-gap type reluctance motor; (f) induction motor controller.

number of poles p. Rotor current frequency f,=sf,
where s is the slip. Power supplied to a 3 phase motor can
be expressed as EI(3)"/?f;n where n is efficiency. When
a synchronous motor has no exciting voltage on the rotor
it is termed a ‘reluctance’ motor which has very simple
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construction and, when used with power transistors, can
be applied as a variable speed drive. Axial air-gap versions
are possible as at (e); such an electronically commutated
motor can operate with a DC source by periodic reversal
of the rotor polarities.
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The general form of control, with DC link inverter, for
induction motors is shown diagrammatically at (f). The
thyristors of the inverter are generally switched so as to
route current through the stator winding as though it
were connected to a 3 phase AC. Frequency can be varied
by timing of pulses to the thyristors and is typically
5-100Hz, to give a speed range of almost twice syn-
chronous speed. According to engineers from Chloride
EV Systems Division,” devices for building such an in-
verter are not yet available for current levels associated
with EV traction. This situation may have already
changed in the interim, however.

6.1.5.4 Ford E-KA: Lithium-ion battery
power

European Ford claim the first production-car use of
lithium-ion batteries in a road vehicle by a major player in
the industry. The high energy density and power-to-
weight ratio of these storage units puts a prototype
electric version of the small Ka hatchback, Fig. 6.1-17, on
a par with the petrol-engined model in driving perfor-
mance. Top speed is said to be 82 mph with acceleration to
62 mph in 12.7 seconds, although range between charges
is still only 95 miles, but is extendible to 125 miles with
a constant speed of 48 mph.

Until now Li-ion batteries have been used mainly in
small consumer electronic products like notebook com-
puters, cellular phones, baby monitors and smoke
detectors. Output per cell of 3.6 volts is some three
times that of nickel-cadmium and nickel-metalhydride
that they widely replace. They also retain full charge
regardless of usage, can be recharged from zero to full
capacity in 6 house with over 3000 repeated charge/
discharge cycles, and are immune from the so-called

‘memory effect’ suffered by Ni—Cads. The basic Li-ion
chemistry was initially redeveloped for automotive use
by the French company SAFTSA, a leading battery
manufacturer. Their advanced technology was then
adapted to the e-Ka by Ford’s Research Centre in
Aachen, Germany, with financial assistance for the pro-
ject from the German Ministry for Education and Re-
search. The battery pack consists of 180 cells with
28 kwh rating and weighs only 280kg (615 Ib). This is
30% the weight of the power equivalent in lead—acid
batteries, and substantially less than comparable
Ni-Cads and Ni-MHs. In terms of volume the Ni-ion has
approximately half the bulk of all the other three.

Batteries are divided into three individual sealed
‘troughs’, each with 30 modules containing six cells. One
trough is located in the engine compartment, with the
other two on either side of the back axle. Nominal output
of 315V DC is transformed by a solid-state inverter to
3 phase AC for the traction motor. Heat generated by the
internal resistance of these second-generation Li-ion
batteries is dissipated by one of two fluid cooling sys-
tems. A second independent system cools the drivetrain,
with a 65kW (88 bhp) asynchronous motor followed by
a fixed-ratio transmission driving the front wheels.
Torque rating is 190 Nm (1401b ft).

Performance of the e-Ka is enhanced by a 45kg (100
Ib) weight reduction to counter the battery load. The
roof and hood are of aluminium sandwich construction
with a thermoplastic filling, while the front brake calli-
pers with ceramics discs, rear drums, wheel rims and
back axle are all in light alloy. Electric power steering
supplied by Delphi provides further weight saving, where
an electronic control module regulates the assistance
needed to minimize battery demand. Brake servo and
ABS system are also electric.

Fig. 6.1-17 Ford e-Ka.
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6.1.6 Electric van and truck design

6.1.6.1 Goods van to fleet car conversion

Europe’s largest maker of EVs is Peugeot-Citroen whose
Berlingo Dynavolt, Fig. 6.1-18, sets out to maximize the
benefits of electric vehicles in a fleet car. It has a range
extender in the form of an auxiliary generating system
which does not quite make the vehicle a hybrid in
the conventional sense. The generator feeds current into
the traction motor rather than into the battery pack.
The generator engine is a 16ps, 500 cc Lombardini
running on LPG which drives a Dynalto-style starter
generator unit developing 8kW at 3300 rpm, to sup-
plement the supply from the 4kW Saft Ni-Cad bat-
teries. Company designed software controls the cut-in
of the generator according to range requirements. The
range is 80 km, which can be extended to 260 km with
generator assistance. Series production was imminent as
we went to press.

6.1.6.2 Ford EXT Il

An early key US initiative in AC drives was the Ford EV
project EXT11, Fig. 6.1-19, which has been exploring the
use of an AC drive motor in the Aerostar Minivan, seen at
(a). A sodium-sulphur battery was employed and a single-
shaft propulsion system. A battery with the following
specification was involved: nominal voltage 200 V; mini-
mum voltage at 60 kW, 135V; 50kW capacity on FUDS
cycling; 60 kW maximum power (20 seconds) and 35 kW
continuous power (40 minutes). Much of the technology

has since been carried over to the Ford Ecostar, described
later. Dimensions of the battery were 1520 x 1065 x 460
mm and it was based on the use of small (10 Ah) cells
connected in 4-cell series strings with parallel 8 V banks
arranged to provide the required capacity. A voltage of 200
required 96 cells in series (each had a voltage of 2.076) and
a parallel arrangement of 30 cells gave the 300 Ah capacity;,
overall 2880 cells are used and their discharge perfor-
mance is shown at (b). Battery internal resistance was 30
milliohms with an appropriate thermal management
system under development. The cells rested on a heater
plate which incorporates a 710 W element used particu-
larly in the initial warm-up. An associated air cooling
system can dissipate 6 kW. Temperature must be main-
tained above 300 °C to achieve an internal resistance value
that will allow sensible current flow.

The US General Electric Company was also a partner in
the programme, specifically on the AC drive system, at (c).
This comprised a 50 bhp induction motor within a two-
speed transaxle, a liquid-cooled transistor inverter being
used to convert the 200 battery volts into variable-voltage
3 phase AC, (d). The induction motor was a 2 pole design
with just under 13 cm stack length-within a stator di-
ameter just under 23 cm. Calculated stall torque was 104
Nm and the transition between constant torque and con-
stant power operation occurred at 3800 rpm. Design speed
was 9000 rpm and absolute maximum 12 000 rpm. Full
power was developed at a line current of 244.5 A. Control
strategy relating inverter to motor is shown at (e).

Ford produced the transaxle on an in-house basis
having coaxial motor and drive, (). The motor rotor is
hollow to allow one of the axle shafts to pass through it
from the bevel-gear differential. The installation in a test

Fig. 6.1-18 Citroen Berlingo Dynavolt: 1. electric motor and drive; 2. traction battery pack; 3. generator set; 4. motor controller;
5. generator controller; 6. drive programme selector; 7. LPG regulator; 8. LPG storage tank.
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saloon car achieved 30% gradient ability, 0-50 mph ac-
celeration in less than 20 seconds, 60 mph top speed and
0.25kWh/mile energy consumption. Gear ratios were
15.52 and 10.15:1, and rearward speed was obtained by
electrically reversing the motor; in ‘neutral’ the motor
was electrically disconnected.

6.1.6.3 UK EVA practice for CVS

In its manual of good practice for battery electric vehicles
the Electric Vehicle Association lays down some useful
ground rules for conceptual design of road-going electric
trucks. Exploiting the obvious benefits of EV technology
is the first consideration. Thus an ultra-low floor walk-
through cab is a real possibility when batteries and
motors can be mounted remotely. Lack of fuelling re-
quirement, ease of start-up and getaway-also driving
simplicity of two-pedal control without gearshifting — all
these factors lend themselves to operations, such as busy
city-centre deliveries where a substantial part of the
driver’s time is spent in off-loading and order-taking. Any
aspect of vehicle design which minimizes the driving task
thus maximizes his or her other workload duties. Suc-
cessful builders of electric trucks are thus, say the EVA,
specialists in assembling bought-in systems and compo-
nents. Required expertise is in tailoring a motor/battery/
speed-controller package to a given application. Princi-
ples to be followed in this process are keeping top speeds
and motor power as low as possible consistent with
fulfilling the task; using controllers which prevent any
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unnecessary acceleration once the vehicle has reached
running speed in stop—start work; using generously rated
motors rather than overspecifying battery capacity—the
latter because large batteries cost more, displace payload
and waste energy providing tractive force required for
their extra weight.

Whereas over a decade ago the rule of thumb applied
that 1 tonne of batteries plus one of vehicle and one of
payload could be transported at 20 mph over a 20 mile
range including 200 stop—starts per charge, now 40/40 to
50/50 mph/miles range is feasible by careful design.
Belted radial tyres can now be run at 50% above normal
inflation pressures. High voltage series motors of 72V
and above have working efficiencies of 85-90% over a 3:1
speed range and electronic controllers cut peak acceler-
ation currents and avoid resistive losses — to extend
ranges by 15-20% over resistance controllers. A further
10% range increase is possible if high frequency con-
trollers (15000 Hz) are used—also much lower internal-
resistance batteries reduce voltage fall-off and the use of
DC/DC converters means that cells do not have to work
so deeply to power auxiliaries, the EVA explain. The
percentage of GVW allocated to the battery is a key
parameter which should be kept below 35%. Lightweight
lead-acid batteries giving 15-25% greater specific ca-
pacity than the BS 2550 standard traction cell should be
considered, as they also have better discharge charac-
teristics, but there is usually a trade-off in equivalent
percentage life reductions. Separately excited motors
and regenerative braking give further bonuses.
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Fig. 6.1-20 Thyristor control: (a) controller pulses: (b) energy storage and reversal: (c) DC chopper circuit.
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6.1.6.4 Thyristor control

Thyristor control, Fig. 6.1-20, has been an important
advance and units such as the controller by Sevcon are
suitable for 24-72 V working with a current limit rating
of 500 A for 5 minutes. Continuous rating at any fre-
quency would be 160 A and a bank of eight 50 mF, 160 V
commutation capacitors are employed. Overall di-
mensions are 430 x 301 x 147 mm and weight is 14 kg.
Like other units of this type, it supplies the motor with
fixed width pulses at a variable repetition frequency to
provide stepless control over the average voltage supplied
to the motor. The view at (a) shows the typical pulse
width of 12 ms, giving a frequency range from 10 to 750
Hz and a good motor current form factor with minimal
heating effect commensurate with some iron losses.
Ratio of on-time to the total period would be 30-50%
while the commutation circuit which switches the main
conducting thyristor operates every 2.5-3.5 millisec-
onds. The graph shows motor consumption at current
limit; ripple is 170 while average motor current of 500 A
compares with battery current of 165A. At (b) is seen
the energy being stored and reversed each cycle by the
main commutation capacitor.

A typical DC chopper circuit for thyristor drive is
shown at (c). Thyristor T1 is the ‘on’ one and T2 the ‘off’;
inductive load of a series motor is shown as R1 and L1
while Dl is a so-called ‘freewheel’ diode. When capacitor
C is charged to a voltage Vb in a direction opposing the
battery voltage, T1 and T2 are off and load current Il is
flowing through R1, L1 and D. A pulse is applied to the
gate of T1 to turn it on; DI becomes reverse-biased and
load current Il begins to flow through R1, L1 and T1. This
causes a short-circuit, effectively, across CL and D2,
creating a tuned circuit. Its resonance drives a current
through T2, D2, L and C, sinusoidally rising to a maxi-
mum then decaying to zero, at which point C is effec-
tively charged to V2 in the reverse direction.

When the current attempts the second half of its
cycle, D2 prevents any reversal and the reverse charge on
C is caught by D2, the ‘catching’ diode. At time to,
a pulse applied to the gate of T2 turns it on, applying
reverse voltage on C across T1 — which rapidly turns off
and diverts load current through R1, L1, C, L and T2.
C is thus charged at a linear rate by Il passing through it.
When capacitor voltage again approaches Vb, opposing
battery voltage, load current begins to flow through R1,
L1 and D1 again, current through T2 dropping below the
holding value so turning off T2-completing the cycle
ready for reinitiation by pulsing the gate of T2 again. The
circuit thus represents a rapid on/off switch which en-
ables effective DC output voltage to be variable
according to:

[ton/ (ton + toff )]Vb

and output from the device is a train of rectangular
voltage pulses. The steady current related to such a train
is obtained by connecting DI across the motor load.
Output voltage can thus be controlled by altering toff/ton
while holding ., + foff constant — a constant frequency
variable mark/space chopper — or altering 1/(ton + toff)
while holding t,,, constant — a variable frequency constant
mark chopper.

6.1.6.5 Ford ecostar

An electric vehicle with equivalent performance to an
IC-engined one, and yet based on a conventional Escort
van platform, Fig. 6.1-23, has been achieved by Ford with
the use of a sodium-sulphur battery. The battery is
enclosed in a hermetically sealed metal casing, which
contains sodium and sulphur on each side of a porous
ceramic separator. In order to react on a molecular level,
the sodium and sulphur must be free to flow through the
separator in liquid form. This requires maintaining an
operating temperature of between 290 and 350° C. The
Ecostar’s battery pack is formed of a double-skinned,
stainless steel case, with a glass fibre insulated cavity
which has been evacuated to form a vacuum flask. Inside
the case, 480 individual sodium-sulphur cells are
embedded in a sand matrix to prevent movement and
contain the elements in the event of a severe impact.

Each cell is encased in a corrosion-resistant aluminium
cylinder and produces about 2 volts. They are linked to
provide a 330 volt power supply and a steady-load cur-
rent of 80 amps. Power of up to 50kW is available for
short periods. The battery pack is mounted under the
vehicle floor, ahead of the rear axle. The vehicle is fitted
with an intelligent on-board charging system that auto-
matically adjusts to the supply voltage from the mains. It
can be used for overnight recharging and temperature
control of the sodium-sulphur battery. A full recharge
takes between 5 and 7 hours. In the event of electrical
malfunction, the battery pack is isolated by replacing
external 200 amp fuses at the battery connection box.
The batteries are also equipped with internal fuses that
isolate the electrical supply from the vehicle if there is
any kind of internal overload.

The Ecostar, Fig. 6.1-21, is powered by a high speed,
3 phase AC motor, rated at 56 kW (75bhp). It is di-
rectly coupled to the transaxle by a single-speed plane-
tary reduction gear set. The motor operates at 330 volts,
provided by the sodium-sulphur battery pack. Com-
pared to equivalent DC systems, the AC motor works at
a higher rate of efficiency, is smaller, lighter, lower in
cost, easier to cool, more reliable and generally more
durable. Maximum speed is 13 500 rpm and maximum
torque 193 Nm at zero rpm. Regenerative braking comes
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Powertrain: 3 phase, AC induction motor oy ovol module

Transmission: Single-speed integrated
Front-wheel drive

Power: 56 kW

Maximum torque (Nm): 193
Maximum speed (rpm): 13 500
Battery type: Sodium—sulphur %

Augxiliary battery

Charger cordireel
AC compressor,

Energy rating at 80% DOD: 30 kWh
Power ratings:
peak intermittent (kW/bhp): 50/70

Power electronics centre

Contactor box

Battery I/O module

max continuous (kW/bhp): 30/40 /Cooling system 'Motor transaxle

On-board charger (120/240 V)

with 2 metre charging cord on reel.
Required 240 V at 30 amp AC single phase
for maximum charging rate
Maximum vehicle weight (kg): 1851
Kerb weight (kg): 1406

Payload (kg): 400463

Rated top speed (governed): 70 mph {

Left CV joint

Rated 0-50 mph acceleration: 12 seconds
Range (Federal Urban Driving Schedule)
100 miles

Lightweight 14 inch aluminium alloy
wheels with specially developed P195/
T0R 14 low resistance tyres

Planetary
differential

Fig. 6.1-21 Ecostar package, motor and specification.

from the motor acting as a generator, so recharging the
battery.

The supply from the sodium-sulphur battery is fed
along special heavy-duty cables to the power electronics
centre (PEC), which is housed in the engine compart-
ment. The candy-striped, red-on-black cables are strik-
ingly marked to avoid confusion with any other wiring in
the van. Encased in aluminium, the PEC incorporates the
battery charging electronics and inverters that convert
the 330 volt DC supply to AC power. It also includes
a transformer which enables a 12 volt auxiliary battery to
be recharged from the high voltage traction batteries.
The electrical supply to the PEC is connected and
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isolated by power relays inside a contactor box, con-
trolled by the ignition key and the electronic modules.
On-board microprocessors are linked by a multiplex
database that allows synchronous, highspeed communi-
cation between all the vehicle’s systems. The vehicle
system controller (VSC) acts as the user/vehicle in-
terface and is operated by electrical signals from the ac-
celerator pedal. This ‘drive-by-wire’ system has no
mechanical connection to the speed controller. It is
supplemented by a battery controller that monitors the
sodium—sulphur operating temperature, the state of
charge and recharging. The control system also in-
corporates a diagnostic data recorder which stores
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information from all the on-board electronic systems.
This locates any operational malfunctions quickly and
precisely.

A fault detection system (known as the power pro-
tection centre (PPC)), has also been built into the battery
controller to monitor continuously the main electrical
functions. Every 4 seconds it checks for internal and
external leakage between the high-voltage system, the
vehicle chassis and the battery case. Should a leak be
detected in any wire, a warning light tells the driver that
service action should be taken. The vehicle can then be
driven safely for a short distance so that repairs can be
made. If leakage is detected from both battery leads, the
vehicle system cuts off the power to the motor and il-
luminates a red warning light. The auxiliary power supply
is maintained to operate the battery cooling system. An
inertia switch is also fitted, which is activated in the
event of a vehicle collision and isolates power from the
main battery pack. Auxiliary power to the battery coolant
pump is also cut off to reduce the risk of hot fluids es-
caping. The vehicle incorporates a small amount of
‘creep’ whereby slight brake pressure is required to
prevent it from moving forwards (or backwards when in
reverse gear). This results in easier manoeuvring and
smoother transmission of power. Auxiliary vehicle sys-
tems are powered by a standard automotive 12 volt lead—
acid battery, the exception being the electrically driven
cabin air conditioning system, which is powered directly
from the main sodium-sulphur traction batteries, via
a special AC inverter in the PEC module.

The climate control unit handles both the air condi-
tioning and a highly efficient 4.5kW ceramic element
PTC heater. The heater elements are made from barium
titanate with a multi-layer metallic coating on each side,
impregnated with special chemical additives. The ma-
terial has low resistance at low temperature for a very fast
warm-up, while at higher temperatures the power supply
is automatically regulated to save electrical energy.

Fig. 6.1-22 Bradshaw Envirovan.

Battery boxes

Solid state speed
controller location

A strip of solar panels across the top of the windscreen
supply power to a supplementary extractor fan that
ventilates the cabin when the vehicle is parked in direct
sunlight. This relieves the load on the air conditioning
system when the journey is resumed. Some lightweight
materials have been used in the Ecostar to offset the
350 kg weight of the battery pack.

Elimination of the clutch, torque converter and ad-
ditional gearing is supplemented by a magnesium
transmission casing, aluminium alloy wheels, air condi-
tioning compressor and power electronics housing.
Plastic composite materials have been used for the rear
suspension springs, load floor and rear bulkhead. Use of
these materials has helped keep the Ecostar’s kerb
weight to between 1338 and 1452kg, which is 25%
heavier than a standard diesel-powered van. The vehicle
also has a useful load carrying capacity of up to 463 kg
and retains similar load space dimensions to the stan-
dard Escort van. The Ecostar has been developed for
optimum performance in urban conditions, where it is
expected to be driven most frequently. Its top speed is
restricted to 70mph, whilst 0-50 mph takes approxi-
mately 12 seconds. Because of the high torque at low
speed, acceleration from standing to 30 mph is quicker
than diesel and petrol driven vehicles of the same
size. The average vehicle range between charges to date
has been 94 miles, with a maximum recorded range of
155 miles.

6.1.6.6 Bradshaw envirovan

DC drive is used on the higher payload capacity purpose-
built Bradshaw Envirovan. Fig. 6.1-22 shows the Envirovan
built in conjunction with US collaborator Taylor-Dunn.
This can carry 15001b on a 3.55 square metre platform at
speeds up to 32.5mph and is aimed specifically at city
deliveries. The vehicle relies on 12.6 volt deep-cycle,

Axel/differential

Hydraulic drum brakes
Tubular steel frame construction

Automatic charger location

Hydraulic disc brakes
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rechargeable lead-acid batteries for a total of 72V. All
accessories, such as internal lights, windscreen wipers,
and gauges, run off the 72V system through a DC/DC
converter, which steps the power down to 12V, so that all
batteries discharge equally. This distributes power re-
quirements evenly across all 12 batteries and prevents one
or two of the batteries from draining prematurely.
A battery warning indicator shows the current percentage
of battery power available, with a visual warning when
battery charge is below 20%. An on-board battery charger,
featured on the Envirovan, can be used to recharge
the battery packs simply by plugging it into any standard
240V AC power socket. The entire 72V system requires
approximately 9.5 hours to fully charge the batteries from
an 80% state of discharge (20% remaining charge). The
battery pack provides approximately 1000 recharging
cycles before replacement is required. Battery packs are
available for less than £1000 which equates to less than 2p
per mile. Recharging costs add an additional 1 p per mile
giving a total cost per mile of 3p. A 20 bhp General
Electric motor has been designed for the Envirovan. A
range of 8 hours/150 miles is available for the vehicle
which measures 4.21 metres long x 1.65 wide. It can ac-
celerate to 25mph in 6 seconds and its controller can
generate up to 28 bhp for quick response.

6.1.7 Fuel-cell powered vehicles

6.1.7.1 General motors Zafira projects

GM and its Opel subsidiary had aimed at a compact
fuel-cell driven vehicle, Fig. 6.1-23. By 2010, up to 10%
of total sales are expected to be taken by this category.
The efficiency of cells tested by the company is over
60% and CO; emissions, produced during the refor-
mation of methanol to obtain hydrogen, are about half
that of an equivalent powered IC engine. Fuel cells have
already been successfully exploited in power generation,
at Westervoort in the Netherlands, and experimental
versions have been shown to successfully power laptop
computers. According to GM, in principle four basic
fuels are suitable: sulphur-free modified gasoline, a syn-
thetic fuel, methanol or pure hydrogen. Modified gaso-
line is preferred because of the existing distribution
infrastructure but CO; emission in reforming is higher
than with methanol. Synthetic fuel and methanol can be
obtained from some primary energy sources including
natural gas. Transportation and storage of hydrogen is
still at the development stage for commercial viability,
Liquefying by low temperature and/or pressure being
seen as the only means of on-vehicle storage.

GM engineers have been working on a fuel-cell drive
version of the Zafira van (a) in which electric motor,
battery and controller are accommodated in the former
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engine compartment (b). The ‘cold combustion’ of the
fuel-cell reaction, hydrogen combining with oxygen to
form water, takes place at 80-90° C and a single cell de-
velops 0.6-0.8 V. Sufficient cells are combined to power
a 50kW asynchronous motor driving the front wheels
through a fixed gear reduction. The cell comprises fuel
anode, electrolyte and oxygen cathode. Protons migrate
through the electrolyte towards the cathode, to form
water, and in doing so produce electric current. Prospects
for operating efficiencies above 60% are in view, pending
successful waste heat utilization and optimization of gas
paths within the system. The reforming process involved
in producing hydrogen from the fuel involves no special
safety measures for handling methanol and the long-term
goal is to produce no more than 90 g/km of CO5. In the
final version it is hoped to miniaturize the reformer, which
now takes up most of the load space, (c), and part of the
passenger area, so that it also fits within the former engine
compartment. Rate of production of hydrogen in the re-
former, and rate of current production in the fuel cell,
both have to be accelerated to obtain acceptable throttle
response times-the flow diagram is seen at (d). The
20 second start-up time also has to be reduced to 2 sec-
onds, while tolerating outside temperatures of —30°C.

GM Opel was reportedly working in the jointly op-
erated Global Alternative Propulsion Centre (GAPC) on
a version of its fuel-celled MPV which is now seen as
close to a production design. A 55kW (75hp) 3 phase
synchronous traction motor drives the front wheels
through fixed gearing, with the complete electrome-
chanical package weighing only 68kg (1501b). With
a maximum torque of 251 Nm (181 Ib ft) at all times it
accelerates the Zafira to 100km/h (62 mph) in 16 sec-
onds, and gives a top speed of 140 km/h (85 mph). Range
is about 400 km (240 miles).

In contrast to the earlier vehicle fuelled by a chemical
hydride system for on-board hydrogen storage, this car
uses liquid hydrogen. Up to 75 litres (20 gallons) is
stored at a temperature of —253° C, just short of abso-
lute zero, in a stainless steel cylinder 1 metre (39 in) long
and 400 mm (15.7 in) in diameter. This cryostat is lined
with special fibre glass matting said to provide insulating
properties equal to several metres of polystyrene. It is
stowed under the elevated rear passenger seat, and has
been shown to withstand an impact force of up to 30g.
Crash behaviour in several computer simulations also
been tested.

Fuel cells as well as the drive motor are in the normal
engine compartment. In the 6 months since mid-2000
the ‘stack’ generating electricity by the reaction of
hydrogen and oxygen now consists of a block of 195 single
fuel cells, a reduction to just half the bulk. Running at
a process temperature of about 80° C, it has a maximum
output of 80kW. Cold-start tests at ambient tempera-
tures down to —40° C have been successfully conducted.
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1 battery; 2 drive motor; 3 con-
verter; 4 air intake; 5 fuel-cell stack;
6 humidifier; 7 compressor; 8 cool-
ing water circuit; 9 reformer.

(d)

Methanol

Fig. 6.1-23 GM fuel-cell developments: (a) Zafira conversion package; (b) under-bonnet power-pack; (c) reformer and cells; (d) flow

diagram; (e) latest package with on-board hydrogen storage.

GAPC has created strong alliances with several major
petroleum companies to investigate the creation of the
national infrastructures needed to support a reasonable
number of hydrogen-fuelled vehicles once they reach the
market. Fuel cost is another critical factor. Although

hydrogen is readily available on a commercial basis from
various industrial processes, its cost in terms of energy
density presents a real problem for the many auto-
makers who research both fuel cells and direct
combustion.
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According to one calculation based on current market
prices, the energy content of hydrogen generated by
electrolysis using solar radiation with photovoltaic cells
equals gasoline at roughly $10 a gallon.

6.1.7.2 Ford P2000

Mounting most of the fuel-cell installation beneath the
vehicle floor has been achieved on Ford’s FC5, seen as
a static display in 1999, with the result of space for five
passengers in a medium-sized package. Their aim is to
achieve an efficiency twice that of an IC engine. The
company points out that very little alteration is required
to a petrol-distributing infrastructure to distribute
methanol which can also be obtained from a variety of
biomass sources. Oxygen is supplied in the form of
compressed air and fed to the Ballard fuel-cell stack
alongside reformed hydrogen. Ford use an AC drive
motor, requiring conversion of the fuel cell’s DC output.
Even the boot is accessible on the 5-door hatchback so
much miniaturization has already been done to the
propulsion system. The vehicle also uses an advanced
lighting system involving HID headlamps, with fibre-
optic transmission of light in low beam, and tail-lights
using high efficiency LED blade manifold optics. The
company’s running P2000 demonstrator, Fig. 6.1-24,
uses fuel in the form of pure gaseous hydrogen in
a system developed with Proton Energy Systems.

6.1.7.3 Liquid hydrogen or fuel
reformation

Renault and five European partners have produced
a Laguna conversion with a 250 mile range using fuel-cell
propulsion. The 135 cell stack produces 30kW at

a voltage of 90V, which is transformed up to 250V for
powering the synchronous electric motor, at a 92%
transformer efficiency and 90-92% motor efficiency.
Nickel-metal hydride batteries are used to start up the
fuel-cell auxiliary systems and for braking energy re-
generation. Some 8 kg of liquid hydrogen is stored in an
on-board cryogenic container, (a), at —253° C to achieve
the excellent range. Renault insist that an on-board re-
former would emit only 15% less CO; than an IC engine
against the 50% reduction they obtain by on-board liquid
hydrogen storage, Fig. 6.1-25.

According to Arthur D. Little consultants, who have
developed a petrol reforming system, a fuel-cell vehicle
thus fitted can realize 80 mpg fuel economy with near
zero exhaust emissions. The Cambridge subsidiary Epyx
is developing the system which can also reform methanol
and ethanol. It uses hybrid partial oxidation and carbon
monoxide clean-up technologies to give it a claimed ad-
vantage over existing reformers. The view at (b) shows
how the fuel is first vaporized (1) using waste energy
from the fuel cell and vaporized fuel is burnt with a small
amount of air in a partial oxidation reactor (2) which
produces CO and O;. Sulphur compounds are removed
from the fuel (3) and a catalytic reactor (4) is used with
steam to turn the CO into Hy and CO>. The remaining
CO is burnt over the catalyst (5) to reduce CO;
concentration down to 10 ppm before passing to the fuel

cell (6).

6.1.7.4 Prototype fuel-cell car

Daimler-Chrysler’s Necar IV, Fig. 6.1-26, is based on the
Mercedes-Benz A-class car and exploits that vehicle’s
duplex floor construction to mount key propulsion sys-
tems. The fuel cell is a Ballard PEM type, 400 in the
stack, developing 55 kW at the wheels to give a top speed

Fig. 6.1-24 Ford P2000 fuel cell platform with two 35 kW Ballard stacks.
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Fig. 6.1-25 Liquid hydrogen or reformed fuel: (a) Renault cryogenic storage: (b) Arthur D. Little reformer.

of 145km/h and a range of 450 km. Fuel consumption is
equivalent to 88 mpg and torque response to throttle
movement is virtually instantaneous. While the first
prototype weighs 1580kg, the target weight is 1320kg,
just 150kg above the standard A-class. Tank to wheel
efficiency is quoted as 40% now, with 88% in prospect
for a vehicle with a reformer instead of compressed
hydrogen. The American Methanol Institute is predicting
2 million thus-fitted cars on the road by 2010 and
35 million by 2020.

In a summer 1999 interview Ballard chief Firoz Rasul
put the cost of electricity produced by fuel cells as
$500/kW so that car power plants between 50 and
200 kW amount to $25-100000. PEM cells operate at
80° C and employ just a thin plastic sheet as their elec-
trolyte. The sheet can tolerate modest pressure differ-
entials across it, which can increase power density.
Ballard’s breakthrough in power density came in 1995

Fig. 6.1-26 D-C Necar and Ballard PEM fuel cell.

with the design of a stack which produced 1000 watts/
litre, ten times the 1990 state of the art. Cell energy
conversion efficiency, from chemical energy to electricity,
is about 50% and the cell does not ‘discharge’ in the
manner of a conventional storage battery. Electrodes are
made from porous carbon separated by the porous ion-
conduction electrolyte membrane. It is both an electron
insulator and proton conductor and is impermeable to
gas. A catalyst is integrated between each electrode and
the membrane while flow field plates are placed on each
side of the membrane/electrode assembly. These have
channels formed in their surface through which the re-
actants flow. The plates are bi-polar in a stack, forming
the anode of one cell and the cathode of the adjacent one.
The catalyst causes the hydrogen atoms to dissociate into
protons and electrons. The protons are carried through to
the cathode and the free electrons conducted as a usable
current.

1 Fuel-cell stack; 2 air pumps; 3 cell membrane; 4 heat
exchanger; 5 catalyst; 6 filters; 7 fuel tank; 8 refuelling
hardware; 9 pipes and fittings; 10 motor drives;
11 fuel reformer; 12 sensors; 13 coolants;
14 powertrain controller; 15 battery; 16 package module;
17 seals

Membrane | Air

Electrode

Electricity
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Hybrid vehicle design

John Fenton and Ron Hodkinson

7.1.1 Introduction

The hybrid-drive concept appears in many forms
depending on the mix of energy sources and propulsion
systems used on the vehicle. The term can be used for
drives taking energy from two separate energy sources,
for series or parallel drive configurations or any combi-
nation of these. Here the layout and development of
systems for cars and buses are described in terms of drive
configuration and package-design case studies of recent-
year introductions.

7.1.1.1 The hybrid vehicle

This solution is considered by coauthor Ron Hodkinson
to be a short-term remedy to the pollution problem. It
has two forms, parallel and series hybrid, which he il-
lustrates in Fig. 7.1-1. Conventionally, parallel hybrids
are used in lower power electric vehicles where both
drives can be operated in parallel to enhance high power
performance. Series hybrids are used in high power
systems. Typically, a gas turbine drives a turbo-alternator
to feed electricity into the electric drive. It is this type of
drive that would be used on trucks between 150 kW and
1000 kW. In pollution and fuel economy terms, hybrid
technology should be able to deliver two-thirds fuel con-
sumption and one-third noxious emission levels of IC
engined vehicles. This technology would just about main-
tain the overall emissions status quo in 10 years overall. If
hybrid vehicles were used on battery only in cities, this
would have a major impact on local pollution levels.

Lightweight Electric/Hybrid Vehicle Design; ISBN: 9780750650922

7.1.2 Hybrid-drive prospects

A neat description of the problems of hybrid-drive
vehicles has come out of the results of the 3 year
HYZEM research programme undertaken by European
manufacturers (Fig. 7.1-2). According to Rover partici-
pants', controlled comparisons of different hybrid-drive
configurations, using verified simulation tools, are able to
highlight the profitable fields of development needed
to arrive at a fully competitive hybrid-drive vehicle

(a) Parallel hybrid vehicle

Clutch
Inverter Motor
-
Battery

S

(b) Series hybrid vehicle

Prime Al Power
ternator
mover || | converter| 1
Battery
Power
converter

Fig. 7.1-1 Types of hybrid drive.

Copyright © 2001 John Fenton and Ron Hodkinson; All rights of reproduction, in any form, reserved.
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Fig. 7.1-2 HYZEM research programme: (a) characterizing a hybrid powertrain; (b) use of vehicle per day; (c) daily distances and trip

lengths; (d) synthetic urban drive cycle.

and demonstrate, in quantitative terms, the tradeoff
between emissions, electrical energy, and fuel consump-
tion. Only two standard test points are required to de-
scribe the almost linear relationship: fuel consumption at
point of no overall change in battery state of charge
(SOC) and point of electrical consumption over the same
cycle in pure electric mode. A linear characteristic
representing an ideal lossless battery can also be added to
the graph, to show the potential for battery de-
velopment, as at (a).
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Confirmation was also given to such empirical
assessments that parallel hybrids give particularly good
fuel economy because of the inherent efficiency of
transferring energy direct to the wheels as against the
series hybrids’ relatively inefficient energy conversion
from mechanical to electrical drive. The need for
a battery which can cope with much more frequent
charge/discharge cycles than one for a pure electric-
drive vehicle was also confirmed. Although electric
energy capability requirement is less stringent, a need



to reduce weight is paramount in overcoming the
problem of the redundant drive in hybrid designs.

A useful analysis of over 10 000 car journeys through-
out Europe was undertaken for a better understanding of
‘mission profile’ for the driving cycles involved. Cars were
found to be used typically between one and eight times
per day, as at (b), and total daily distances travelled were
mostly less than 55 km. Some 13% of trips, (c), were
less than 500 metres, showing that we are in danger of
becoming like the Americans who drive even to visit
their next door neighbours! Even more useful velocity
and acceleration profiles were obtained, by data
recoding at 1 Hz frequency, so that valuable synthetic
drive cycles were obtained such as the urban driving one

shown at (d).

7.1.2.1 Map-controlled drive
management

BMW researchers” have shown the possibility of chal-
lenging the fuel consumption levels of conventional cars
with parallel hybrid levels, by using map-controlled drive
management, Fig. 7.1-3. The two-shaft system used by the
company, seen at (a), uses a rod-shaped asynchronous
motor, by Siemens, fitted parallel to the crankshaft be-
neath the intake manifold of the 4-cylinder engine, driving
the tooth-belt drive system as seen at (b): overall specifi-
cation compared with the 518i production car from which
it is derived is shown at (c). The vehicle still has top speed
of 180 kph (100 kph in electric mode) and a range of
500 km; relative performance of the battery options is
shown at (d). Electric servo pumps for steering and braking
systems are specified for the hybrid vehicle and a cooling
system for the electric motor is incorporated. The motor is
energized by the battery via a 13.8 V/50 A DC/DC con-
verter. The key electronic control unit links with the main
systems of the vehicle as seen at (e).

To implement the driving modes of either hybrid,
electric or IC engine the operating strategy is broken
down into tasks processed parallel to one another by the
CPU, to control and monitor engine, motor, battery and
electric clutch. The mode task determines which traction
condition is appropriate, balancing the inputs from the
power sources; the performance/output task controls
power flow within the total system; the battery task
controls battery charging. According to accelerator/
braking pedal inputs, the monitoring unit transfers the
power target required by the driver to the CPU where
the optimal operating point for both drive units is
calculated in a continuous, iterative process. The graphs
at (f) give an example of three iterations for charge
efficiency, also determined by the CPU, based on current
charge level of the battery.

Hybrid vehicle design '

7.1.2.2 Justifying hybrid drive

Studies carried out at the General Research Corporation
in California, where legislation on zero emission vehicles
is hotly contested, have shown that the 160 km range
electric car could electrify some 80% of urban travel
based on the average range requirements of city
households, (a). It is unlikely, however, that a driver
would take trips such that the full range of electric cars
could be totally used before switching to the IC engine
car for the remainder of the day’s travel. This does not
arise with a hybrid car whose entire electric range could
be utilized before switching and it has been estimated
that with similar electric range such a vehicle would
cover 96% of urban travel requirements. In two or more
car households, the second (and more) car could meet
100% of urban demand, if of the hybrid-drive type
(Fig. 7.1-4).

Because of the system complexities of hybrid-drive
vehicles, computer techniques have been developed to
optimize the operating strategies. Ford researchers®, as
well as studying series and parallel systems, have also
examined the combined series/parallel one shown at (b).
The complexity of the analysis is shown by the fact that
in one system, having four clutches, there are 16 pos-
sible configurations depending on state of engagement.
They also differentiated between types with and
without wall-plug re-energization of the batteries
between trips.

7.1.2.3 Mixed hybrid-drive
configurations

Coauthor Ron Hodkinson argues that while initially
parallel and series hybrid-drive configurations were seen
as possible contenders (parallel for small vehicles and
series for larger ones) it has been found in building ‘real
world’ vehicles that a mixture of the two is needed. For
cars a mainly parallel layout is required with a small series
element. The latter is required in case the vehicle be-
comes stationary for a long time in a traffic jam to make
sure the traction battery always remains charged to sus-
tain the ‘hotel loads’ (air conditioning etc.) on the vehi-
cle’s electrical system. Cars like the Toyota Prius have
3-4 kW series capability but detail configuration of the
system as a whole is just a matter of cost vs performance.
Generally the most economical solution for passenger
cars is with front wheel drive and a conventional differ-
ential/final-drive gearbox driven by a single electric
motor. No change-speed gearbox is required, where the
motor can give constant power over a 4:1 speed range,
but reduction gearing is required to match 13
500 rpm typical motor speed with some 800 rpm road-
wheel speed. This is usually in the form of a two-stage
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Fig. 7.1-3 Map-controlled drive management: (a) BMW parallel hybrid drive; (b) parallel hybrid-drive mechanism; (c) vehicle specification;
(d) ragone diagram for the two battery systems; (e) vehicle management; (f) optimized recharge strategy.

Efficiency h ®

reduction by epicyclic gear trains, the first down to  simple lightweight vehicles using brushed DC motors
4000 rpm, and the final drive gearing providing the  and Curtis controllers. Weight can be saved by using
second stage-typically two stages of 3—4:1 are involved.  a motor of one-quarter the normal torque capacity and
A change-speed gearbox only becomes necessary in  multiplying up the torque via the gearbox.

178



Hybrid vehicle design '

PRIMARY
STORAGE

PRIMARY CLUTCH
_________ 1

DRIVE
CLUTCH

! (P) |
I I
PRIMARY I
ENERGY PRIMARY
. TRANSFER TRANSMISSION 1
DEVICE
- —_—

PRIMARY TO SECONDARY |
SECONDARY CLUTCH
DEVICE

(D)

SECONDARY |
TRANSMISSION

@ 80— "
[a} -
& 70 N . , [Seconparv
F STRATEGY OF USE Y ENERGY_
5 60 [~ MAXIMUM USE o ; -~ | BFE‘QfT::E i
o 50| EVORHYV - | = OB
o PREFERENCE —% ‘¢ SEES ———
z 40 paxiMUM USE GLUTCH i
E .| EVORHV . || 5 e
PREFERENCE (b) oy
0 | | [l | 1 |
0 20 30 40 50 70 100
(@) ELECTRIC RANGE. miles

200
f SECONDARY
LTC',“;%)— STORAGE

Fig. 7.1-4 Justifying the hybrid: (a) EV traffic potential; (b) combined series—parallel mode.

7.1.3 Hybrid technology case
studies

7.1.3.1 The hybrid electric solution for
small cars

Ron Hodkinson* points out that US President Bill Clin-
ton’s initiative for the American family car sets the target
that, in 2003, cars will run for 100 miles on one US gallon
of unleaded gasoline. The objectives are reduced fuel
consumption, reduced imported oil dependency, and
reduced pollution to improve air quality. Can it be done?
The answer is yes. Work carried out on GM’s ultra-light-
weight car programme involved composite structure to
achieve a body weight of 450 kg, drag coefficient Cy4 < 0.2
by means of streamlining the underside of the car, reduced
frontal area (<1.5m?), conventional drive train with
a 30 bhp two-stroke orbital engine and low-rolling-re-
sistance tyres. Overall, this leads to a vehicle weight of
750 kg, a 400 kg payload at a top speed of 80 mph and an
acceleration of 0-60 mph in 20 seconds. This illustrates
the dilemma. Reduce the engine size to improve the fuel
consumption, and the acceleration performance is
sacrificed.

7.1.3.2 Hybrid power pack, a better
solution

In the long term we may use electric vehicles using fly-
wheel storage or fuel cells. Until these systems are

available the best answer is to use a hybrid-drive line
consisting of a small battery, a 45 kW electric drive, and
a 22.5kW engine. This solution would increase the
vehicle weight from 750 kg to 860 kg, but it would now
accelerate from 0 to 60 mph in 8 seconds. In addition,
the vehicle will have automatic transmission with re-
generative braking, could operate in electric-only mode
with a 30 mile range for use in zero emission mode in city
centres, and could be recharged from a wall socket or
charging point if desired.

The Polaron subsidiary, Nelco, worked with Wych-
wood Engineering and Midwest Aero Engines on a paral-
lel hybrid replacement for a front-wheel drive train in
family cars and delivery vans, Fig. 7.1-5.

7.1.3.3 Rotary engine with PM motor,
the mechanical outlines

The drive line is a marriage of two techniques: a
permanent-magnet brushless DC motor and a Wankel
two-stroke engine. The electric motor provides instant
acceleration with 45 kW of power available from 1500 to
6000 rpm, on this design. A permanent-magnet design is
used because it is lightweight, highly efficient, and results
in an economical inverter. The concept is to exploit the
machine characteristics using vector control. At low
speeds, the permanent magnets provide the motor field.
At high speeds, the field is weakened by introducing
a reactive Id component at right angles to the torque-
producing component Ig. The control objective is to
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Fig. 7.1-5 The hybrid power unit.

maintain the terminal voltage of the motor constant in
the high speed region, Fig. 7.1-6.

The system efficiency is achieved by using a dual-
mode control system for the inverter: (i) at low speeds
the inverter operates in the current-source mode; the
current in the motor windings is pulse-width modulated,;
(ii) when the rectified motor voltage exceeds that of the
DC link, the inverter changes to voltage-source control.
Since the system operates with field weakening, the
machine has a leading power factor, consequently there is
virtually no switching loss in the inverter transistors if
square-wave excitation is used. Since the motor has 30%
impedance at full load, the impedance at the 5th/7th
harmonic is 150/210%, and consequently there are few
harmonics in the current. As a result, low-saturation
insulation gate bipolar transistors (IGBTs) can be used,
and they switch at less than 2 kHz with high efficiency in
the cruise mode and low RF interference.
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A key benefit of the PM brushless DC motor is the
wide band constant-power curve. Consequently there is
no need for gear changing for high-torque operation, and
the motor gives high efficiency and low rotor heating
both on the flat and in hilly terrain. The motor inverter
and battery are oil cooled to ensure compact dimensions.
The battery uses lead/tinfoil plates to achieve low in-
ternal resistance and is thermally managed to ensure
charge equalization in the cells. A chopper is used to give
a stabilized 300 V DC link. The outstanding feature of
the lead-acid battery is the peak power capability of
50 kW for 2 minutes in a weight of 170 kg, Fig. 7.1-7(a).

7.1.3.4 Wankel rotary engine

The Wankel engine is well proven at 300 cc size, having
full Air Registration Board certification for use in drones
and microlights. The main benefits of the Wankel engine
are: light weight and ‘6 cylinder’ smoothness; flat torque/
speed curve and good fuel economy with fuel injection
very low emissions; on natural gas it is possible to comply
without a catalytic converter. On unleaded petrol, two
electrically preheated catalytic converters are used.
Another advantage is multi-fuel capability. In the control
scheme, the electric drive runs continuously. The Wankel
engine switches on and off. At speeds above 60 mph, the
engine will run continuously. The objective is to avoid
discharging the battery by more than 30%. In this way we
can obtain 11000 cycles or 100000 miles on a small
battery. Consequently the economics of this scheme
make sense.

In mass production (>100 000 systems) the additional
cost per car of this system would be £2500. We believe
this cost could be recouped, in fuel savings and reduced
maintenance, by a 3 year first user, Fig. 7.1-7(b). The
problem is to break through the dichotomy of the
electric-vehicle market. Market logic says start with
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Fig. 7.1-6 Efficiency map, torque/speed curves and load matching.
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Fig. 7.1-7 System operation states (a), with performance curves of 300 cc fuel-injection Wankel engine (o).

luxury vehicles and work down. The environment requires
an impact on the mass market, that is the ‘repmobile’, as
soon as possible. At least we now have a system that can
meet the environmental demands at a reasonable cost,
and which the market will be prepared to buy.

7.1.3.5 Hybrid passenger cars

A recent method of construction for permanent magnet
motors (Fig. 7.1-8), by Fichtel & Sachs and Magnet
Motor GmbH, exploits the relationship that specific
motor torque, on the basis of weight and bulk, is pro-
portional to the product of magnetic field in the air gap,
radius of the air gap squared and the axial length of the
motor. The requirement for maximum air gap focuses on
the construction of the outside of the rotor. On the inside
tangentially magnetized permanent magnets are fitted to
the circumference. Shown inset in (a), trapezoidal iron
conductors are seen between the rare-earth element
magnets which are also trapezoidal in section. These
collect magnetic field and divert it to the stator. The
laminations of the stator are arranged radially and wound
in individual coils which are connected individually or in
groups, series or parallel, to the single phase power
electronic DC/AC converters.

The latter are supplied with power from a DC link
circuit and commutate the coil current at the amplitude
required by the rotor angle as detected by remote sen-
sors. The converters only supply the section of the motor
assigned to them and thus work independently. They are
made as 4 quadrant controllers and have IGBT switching.
These are described as Multiple Electronic Permanent
(MEP) magnet motors and are made by the Magnet
Motor Co. With liquid cooling, the specific performance
of these MEP machines is significantly increased over
conventional EV motors as seen by the table at (b) and
the corresponding characteristic curves at (c). Both
companies are jointly engaged in further development

for volume production with target performances seen in
the tables at (d).

A test vehicle, Fig. 7.1-9, based on an Audi
100 Quattro of 100 kW has been constructed and the
drive configuration chosen is seen at (a). The four MEP
motors have a nominal performance of 25 kW each and
are direct connected to each road wheel without the
need for mechanical reduction. The tandem configura-
tion of the motors has the advantages of an electrical
torque apportioning differential; the motor is part of the
vehicle sprung mass and relatively long drive shafts can be
used. The generator is also of MEP construction and
direct-flange-connected to the IC engine. Power elec-
tronics are used to provide power through a DC link
circuit to the four motors.

A drive-by-wire arrangement is involved in the
IC-engine throttle control, an ECU matching engine
speed to generator output. The view at (b) shows the
speed/torque map of the engine set to a low SFC value.
The ECU also controls the commutation of the MEP
machines. The drive configuration allows the engine to
operate at constant speed and the wheel speed reduc-
tions are also controlled by software in the ECU and thus
different driving programs can be instituted. Handling
control is also affected by the software in that different
torque distribution to the road wheel can be pro-
grammed. The MEP generator also acts as a starter motor
for the IC engine.

Test results and simulated performance are seen at (c).
The simulation has also been used to test the effect of
further developments such as the removal of the IC
engine flywheel, redesign of the Audi platform to better
exploit electric propulsion and the achievement of the
target MEP machine performances previously listed.
These estimated performances are seen at (d). A 10%
fuel consumption is achieved for road performance
equivalent to the standard car and work is under way to
design ULEV versions incorporating on-board storage
batteries.
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Fig. 7.1-8 Advanced PM motor system: (a) trapezoidal iron conductors; (b) motor performance; (c) motor curve; (d) target performances.

7.1.3.6 Taxi hybrid drive

Based on a Range Rover, an EC project involving Rover, gas
turbine maker OPRA, Athens Technical University,
Hawker Batteries and Renault was carried out at Imperial
College so as to provide a hybrid powertrain for a Euro-
pean taxi, Fig. 7.1-10, and in particular the development
of a turbogenerator. A system involving a gas turbine and
high speed generator together with a small battery pack
for power storage and zero-emission city driving in a series
configuration has been proposed by the EC and the tur-
bogenerator work is reported by Pullen and Etemad >, (a).

Its proponents point to the unpleasant side-effects of
traffic congestion with conventional vehicles in that re-
duced vehicle speeds cause the engine to run more than
necessary for each journey: the average operating point
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for the engine is further away from its design point and
greater energy wastage is involved in braking. In urban
usage, the average power consumption of the vehicle is
quite low since average vehicle speeds are low. Typical
power consumption figures are shown at (b) with only
5 kW being sufficient to drive the vehicle at a speed of
60 km/h, generally above the average vehicle speed for
European cities. However, large, short duration power
demands must be met to provide sufficient acceleration.
Since the rate of energy consumption is low in the urban
regime, this energy can be provided by means of a lead—
acid battery and give an acceptable range of 50-70 km.
Such a battery must, however, be capable of meeting the
peak power demands for acceleration without over-
heating. High specific energy ‘advanced’ lead-acid bat-
teries are hence required.
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Fig. 7.1-9 Audi Quattro hybrid: (a) package; (b) speed/torque map; (c) simulated performance test; (d) estimated future performance.

While the vehicle will operate at zero emissions in the
above mode of operation, if the journey length is greater
than the range, the gas turbine engine must be operated
to allow the batteries to be recharged. Again, ‘advanced’
lead—acid batteries are required to allow the full power of
the gas turbine to be absorbed, hence preventing it from
operating in a part load condition. Although the vehicle
will not be ZEV in this mode, the composite emissions
will still meet the ultra-low emission vehicle (ULEV)
requirements due to the inherent low emission charac-
teristics of the gas turbine engine. Combustion in the gas
turbine is steady state as compared to the intermittent
combustion in IC engines and is always lean burn. The
potential for further reduction of small gas turbine
emissions is also very good and has been demonstrated in
much larger machines in the industrial sector. In highway
usage, operation requires a much greater rate of energy
consumption due to the increased average vehicle

speeds. Typically 30-50 kW is required for passenger
vehicles operating at motorway speeds.

[t is currently not possible to store sufficient energy in
a battery or any other accumulator such as a flywheel to
give anywhere near an acceptable range at such a dis-
charge rate. The gas turbine must hence operate con-
tinuously although not necessarily at constant power.
Generally, the power output of the gas turbine will be
matched to the vehicle power demand although some
form of smoothing of the power demand will be needed
to avoid rapid cycling of the gas turbine engine. Any
excess power generated or power deficit will be handled
by absorbing this or taking this from the battery. Since
the power demand is high and continuous, the engine
must be able to produce such power continuously. If an
IC engine generator set was to be used instead of the gas
turbine and high speed generator, the resulting machin-
ery would be too voluminous and heavy for the series
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Fig. 7.1-10 Gas turbine hybrid taxi: (a) package; (b) typical steady-state vehicle power consumption; (c) high speed disc alternator;

(d) system diagram of the TETLEI vehicle.

hybrid concept. This eliminates the feasibility of a small
‘battery charger’ IC engine which is often proposed for
hybrid vehicles.

A key requirement of the researchers’ proposal is to
produce a gas turbine at a price corresponding to an IC
engine while providing low fuel consumption over the
medium to full power range. Tests are now under way at
Imperial College on gas turbines of 30 and 50 kW; these
are simple cycle machines but a recuperator is envisaged
for the larger engine. The generator envisaged is a disc
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alternator which provides a large surface area for cooling
from a relatively low volume machine, (c). The flux path
is axial and is returned at the rotor ends by high strength
steel keeper discs, the retainment ring being of carbon
fibre. A key factor is that the rotor magnet retaining ring
is not between the magnets and the stator; the flux
within the stator is consequently higher and the diameter
of the rotor can be greater. This results in a compact shaft
length suitable for high speeds. An induction motor used
with the system is considered to be the most reliable of



AC types, which are generally lighter than DC ones, and
94% overall efficiency could be expected, the researchers
maintain. It is suggested that one motor per drive wheel
be used with differential speed action being geared to the
position of the steering wheel and an anti-spin system is
envisaged.

The Rover Group has been involved in the TETLEI
Euro-taxi project and K. Lillie, with Warwick University
co-workers®, has also gone into print on the gas turbine
series hybrid concept. The taxi will be based on the latest
Range Rover and the series hybrid mode allows the gas
turbine to be decoupled from the wheels so as to operate
at its optimum speed and load and avoid the classic
limitation of this type of power unit, poor fuel economy
at light loads, poor dynamic response and a high rota-
tional speed required, over 60 000 rpm. A sophisticated
control system is required to run the turbine in on-off
mode according to power demand. One of the vehicle
schematics under consideration is seen at (d) which
will be computer modelled to assess its effectiveness.
The researchers argue that the development of a valid
simulation requires that a number of factors are fully
considered. As all of the data stems from an initial cal-
culation of the battery current, it is important that this
value is accurate. Small variations in the internal resis-
tance of the battery can cause large variations in the rail
voltage (square of variation). It is important to have an
accurate model of the battery which considers both the
variation of internal resistance and open-circuit voltage of
the battery at different states of charge. Modelling the
drive cycle at the two extremes of battery operation
(80% and 20% discharge) gives a good indication of the
range of values over which the voltage and currents in the
system may vary for specification purposes. The next
step is to introduce a more realistic battery model and
practical limits on the power sourced from regenerative
braking. During electrical regenerative braking, there is
a practical upper limit to the voltage permitted across
a battery in order to avoid ‘gassing’. This restriction may
be overcome by the use of an additional form of power
sink if the alternator is to continue operating at a fixed
load point.

7.1.3.7 Dual hybrid system

Japanese researchers’ from Equos Research have de-
scribed the dual system of hybrid drive which differs
from the more familiar series—parallel drives and their
combinations. It allows free control of the IC engine
while keeping mechanical connection between it and the
drive wheels; a compact transaxle design integrates the
two electric drive motors, to simplify the conversion of
conventional vehicles, and use of the generator as a motor
in combination permits flexible adaptation to driving
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conditions. Essentially, the ‘split’ drive system divides the
output from the engine using a planetary gear, Fig. 7.1-11.

Instead of using a switching system, between series
and parallel drive, (a), the split system acts as a series and
parallel system at all times, the planetary gear dividing
the drive between the series path of engine to generator
and parallel path of engine to drive wheels. As parallel-
path engine speed increases in proportion to vehicle
speed, output energy from the engine also increases with
vehicle speed, as is normally required. At high speeds
most of the engine output is supplied by the parallel
path and a smaller generator for the series system can
therefore be employed.

The dual system, (b), is an optimized arrangement of
the split system and thus far has been applied to a Toyota
Corolla with an all-up weight of 1345 kg, involving a 660 cc
engine adapted to drive-by-wire throttle control and giving
90-100 kph cruising speed. In the Toyota the dual system
engine is mounted, for front wheel drive, onto a transaxle
(c) of just 359 mm overall length, which is shorter than the
production automatic transmission installation and 30 kg
lighter than the engine/transaxle assembly of the standard
model. The transaxle is of four shaft configuration, with
compactness achieved by mounting motor and engine on
separate shafts, each having optimized gear reduction, of
4.19 overall for the engine and 7.99 for the motor. The
planetary splitter gear has a carrier connected to the engine
and ring gear to the output shaft; it also acts as a speed
increasing and torque reducing device for the motor/gen-
erator, with a 3.21 reduction ratio.

The motor/generator is a brushless 8 pole DC ma-
chine with 6 kW output, having generator brake and
planetary gear installed within the coil ends for com-
pactness. The generator functions as a starting device,
clutch and form of CVT. The 40 kW traction motor is
a 4 pole brushless motor which functions as a torque
levelling device of the parallel hybrid system. Under low-
load cruising conditions, the system uses parallel hybrid
mode with the brake engaged, preventing the motor/
generator from causing energy conversion losses. Brake
cooling oil is also used for cooling the motor coils. Twenty-
four lead—acid batteries are used, of 25 Ah capacity each,
to give a total voltage of 288V, the type being Cyclon-
25C VRLA. Overall control strategy is seen at (d).

7.1.3.8 Flywheel addition to hybrid drive

According to Thoolen®, the problem of providing peak
power for acceleration, and recuperation of braking
energy, in an efficient hybrid-drive vehicle can be over-
come with an electromechanical accumulator. Such sys-
tems also admirably suit multiple stop—start vehicles such
as city buses by using flywheel and electric power
transmission.
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In the Emafer concept, Fig. 7.1-12, a flywheel motor/  permanent-magnet type while the converter uses high
generator unit is controlled by a power electronic con-  frequency power switches. The flywheel is comprised of
verter. The flywheel (a) is of advanced composites con-  four discs of tangentially wound prestressed fibre com-
struction and the motor/ generator of the synchronous  posite, designed to achieve a modularity of energy capacity
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as well as improved failure protection under the 100 000 g
loading. The motor is of the exterior type with rotor out-
side the stator. High speed operation is possible as the
rotor is merely a steel cylinder with permanent magnets on
its inside. All windings are contained in the stator, having
hollow journals at its ends for feeding electrical energy,
cooling and lubrication fluids. Carefully designed supports
for the high speed ball bearings allows the rotor to run
‘overcritical’ without serious vibration modes. Bearings,
rotor and stator are vacuum-enclosed for reducing windage
losses and for safety reasons. The containment is cardani-
cally suspended to avoid gyroscopic effects.

The power converter, (b), controls exchange of elec-
trical power between the 3 phase terminals of the motor/
generator and the DC load. Of the current source in-
verter (CSI) type, it comprises a full bridge with six
semiconductor switches and GTO thyristors. The latter
are driven by measurements by the CSI of rotor position,
DC voltage and current. When used as a sole driving
source the Emafer is charged at bus stops by overhead
supply contacts. In a hybrid-drive line, an IC engine on
board, with generator, supplies the average power
demand, with the Emafer taking care of fluctuations
about the average, the flywheel extracting or applying
power according to braking or accelerating mode.

Hybrid vehicle design '

7.1.4 Series-production
hybrid-drive cars

During the early stages of introducing hybrid vehicles
into the urban scene, state or local authorities may well
offer direct and indirect financial inducements to get
these ‘clean vehicles’ into areas that suffer from atmo-
spheric pollution by motor transport. Now Toyota are
manufacturing their Prius, Fig. 7.1-13, at the rate of 1000
a month and these cars are selling well in Japan. The
Japanese Government, in a deliberate effort to curb
urban pollution in Japan, is subsidizing the manufacture
and sales drive by a variety of tax concessions, including
one that directly benefits the user/operator of the hybrid
saloon. The deal with the Japanese Government has
enabled Toyota to offer these cars as a competitive
package, when taking these taxation inducements into
account. Toyota have found a technical solution, which,
in engineering terms, is both ingenious and realistic. The
company have made use of various new technologies to
reduce the weight of the vehicle and its major compo-
nents and systems. For example, the rolling resistance of
the tyres has also been minimized, which reduces power
demand by about 5-8%.
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Fig. 7.1-12 Flywheel motor/generator: (a) Emafer flywheel/generator construction and electronic control; (b) power converter: shaded
areas show power the Emafer has to supply/extract for accelerating or braking.

187



Hybrid vehicle design

Fig. 7.1-13 Toyota Prius and its THS inverter.

7.1.4.1 Toyota prius systems

The Toyota Hybrid System (THS), (a), has two motive
power sources, which are selectively engaged, depending
on driving conditions: (1) A 1.5litre petrol engine,
developing 42.5 kW at 4000 rpm and a peak torque of
102 Nm at 4000 rpm; (2) A battery-powered permanent
magnet synchronous electric motor with a maximum
output of 30 kW over the speed range of 940-2000 rpm
and peak torque of 305 Nm from standstill to 940 rpm.
The petrol engine is the hybrid’s main power source. It is
a 1.5 litre DOHC 16 valve, 13.5:1 compression ratio,
engine with Variable Valve Timing: Intelligent (VVT-],
a continuously variable valve mechanism) and electronic
fuel injection, using the highly heat-efficient Miller cycle,
that, in turn, is a further development of the high ex-
pansion Atkinson cycle. In this cycle the expansion con-
tinues for longer than in the conventional 4-stroke
engine, thereby extracting more of the thermal energy of
the burning gases than can be achieved in either
a 2-stroke or 4-stroke engine of conventional design.
Engine revolutions are restricted to 4000 rpm maximum,
and the engine is electronically controlled to run always
within a relatively narrow band of engine speed and load,
corresponding to optimum fuel efficiency. Toyota claim
that this sacrifice of a wide span of engine speed is more
than made up for by the greater flexibility of the epicyclic
drive system and the power split between the two
motive-power units (Fig. 7.1-14).

THS functions as a continuously variable transmission
and combines power from the petrol engine and the
electric motor, to give smooth power delivery with little
lag between the driver depressing the accelerator pedal
and vehicle response. The innovative features of the
Prius are in the design details of the power sources and
the power split device in the hybrid transmission that
allocates power from the petrol engine either directly to
the vehicle’s front wheels or to the electric generator.
The power-split device, (b), employs a planetary gear
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(b)

system, which can steplessly effect the optimum power
flow to suit the driving conditions encountered at any
one moment. One of the output shafts of the power-
split device is linked to the electric generator, while the
other is linked to the electric motor and road wheels.
The complex transmission system (c), which also in-
cludes a reduction gear, is electronically controlled, with
the power flow allocation constantly being reviewed by
the special control unit. This means that the in-
formation, which has been gathered by a number of key
sensors, is compared with the target values encoded in
the ECU, the system’s brain. This ECU ensures that the
appropriate elements in the epicyclic transmission are
being braked or released, so that the respective speed of
the petrol engine, the electric generator, and the electric
motor are held within the optimum performance band.
This power flow allocation split will depend on whether
the car is being driven at a steady rate, accelerated or
slowing down. The distribution of the petrol engine’s
power, which is so regulated that it will generally operate
mainly in its optimum fuel efficiency band, the high
torque zone, is determined by such factors as throttle
opening, vehicle speed, and state of battery charge. The
portion that is used to turn the wheels is balanced
against that which is used to generate electric power.
Electric power created by the largish generator may then
be used to power the electric motor, to help drive the
vehicle. There are a number of systems operating
conditions.

In ‘normal driving’ the engine power is divided into
two power-flow paths by the power-split device, one
route will directly power the road wheels, and the other
will drive the electric generator. Electric current from
the generator may be used to power the electric motor,
to assist in driving the road wheels. Electric current may
also flow into the traction battery pack, to top up its
charge. The power-split electronic control system de-
termines the ratio of power flow to these outlets in such
a manner that optimum fuel efficiency and responsive



Gasoline engine
idling or stopped

Generator Motor
Gas_cﬂ‘ne engine o ) y

Sun gear
(generator)

Planetary carrier
(gasoline engine)

(b}

Hybrid vehicle design '

Inverter

Generator

Battery

Motor

Ring gear
(Motor/output axle) (a)

m—— \|otive power path
mmmms Electrical power path

Generator

Polygonal cross-section, £
thick welds o

]

A-A’cross-connected B-B’pillar braces
reinforcements

High frequency heat
treated material

Fig. 7.1-14 Prius systems: (a) THS schematic; (b) power-split device; (c) engine and hybrid transmission; (d) hybrid system in full-throttle

acceleration; (e) lightweight structure detail.

driveability are maintained at all times. The battery pack
is made up of 40 individual nickel-metal hydride bat-
teries and has a relatively small capacity of only 7.5 Ah,
which would not give it much of a range in driving the
vehicle in an all-electric mode.

During ‘full throttle acceleration’ drive mode, (d),
power is also supplied from the battery to augment the
drive power supplied by the petrol engine. Such a power
boost, though adequate for overtaking and short bursts of
speed, can generally not be maintained for extended
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periods of high speed motoring. The vehicle is being
promoted as a car that produces only half the amount of
CO; of conventionally powered compact-size cars and
only one-tenth of the amount of HC, CO, and NO,
permitted under current Japanese emission regulations.
Despite the vehicle having a kerb weight of 1.5 tonne,
Toyota claim that Prius will accelerate from standstill to
400 min 19.4 seconds and reach a top speed of 160 km/h.

In ‘starting from rest and light load’ mode (moving at
low speed or descending a slight gradient) the electric
motor drives the vehicle and the petrol engine is stopped.
The high torque characteristic of the electric motor helps
to get the car moving and will sustain it during low load
demand slow speed progress in urban centres. Should
additional power be required from the petrol engine, the
computer control system will ensure that the engine will
play its part, either by charging the traction battery pack
or by some direct contribution to driving the road
wheels. But when coming to rest at traffic lights, the fuel
supply to the engine is cut off and the engine is auto-
matically stopped.

During ‘deceleration and braking’ mode, the kinetic
energy of the moving mass of the vehicle passes from the
road wheels through the epicyclic transmission gearing of
the power-split device to the electric motor. This then
acts as an electric generator, delivering this energy as
a charging current to top up the traction battery pack.
This feature of regenerative braking comes into play,
regardless of whether the operator applies the foot brake
or relies on engine braking to slow down the car. A com-
plex but compact full power inverter and control unit
ensures that the traction battery pack is being maintained
at a constant charge. When the charge is low, the electric
generator routes power to the battery. In most instances,
this energy will come from the internal combustion
engine rather than the energy recovered during braking.
The system has been so designed that the batteries do not
require external charging, which means that there is no
practical restriction to the operating range of the vehicle.

Toyota have compensated for the dual drive and bat-
tery weight penalty with a number of ingenious mea-
sures: since the petrol engine has been restricted to
a maximum of 4000 rpm, key components have been
pared down to save weight. Compared with an engine of
comparable size but 5600 rpm maximum speed, the in-
ternal dynamic loadings on many of the moving parts are
halved. Consequently there is scope for reducing the
dimensions of, for instance, crankshaft journals and also
pistons, which have remarkably short skirts; the overall
effect of paring down of individual components is re-
duced weight of the built-up assembly. Overall length is
only 4.28 m, but the car provides an interior space equal
to that of many medium-class cars, by having a relatively
long wheelbase of 2.55 m. a 1.7 m wide body, and short
overhangs front and rear. The Prius boot has a reasonable
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capacity, thanks to the newly developed rear suspension
which has no internal protrusions into the luggage com-
partment. The slanted, short bonnet covers the trans-
versely mounted and very compact THS power train
assembly. With a height of 1.49 m, the car stands taller
than others in its class. The blending of the three box
layout into a good aerodynamic shape has resulted in
a drag factor of Cyq = 0.30. Considerable weight saving,
(e), without any sacrifice in passive safety, has been
achieved in the body-in-white. The platform is based on
Toyota’s Global Outstanding Assessment (GOA) con-
cept study of an impact-absorbing body and high in-
tegrity occupant cabin design, developed to meet 1999
US safety standards. Ribs made of energy-absorbing
materials are embedded inside the pillars and roof side
rails. GOA also features strong cross members, several
produced in higher-tensile-strength sheet steel, linking
the various body frame elements. These provide strength
and stiffness, particularly in potential collision damage
zones, and also spread the impact loading, thereby min-
imizing intrusion into the cabin, the occupant safety cell.

Air conditioning and power-assisted steering are fea-
tured. The automatic air conditioner creates a double
layer of air, recirculating only internal air around the leg
areas, even when the fresh air intake mode has been se-
lected. The glass in the side and rear windows is of a type
which inhibits heating up of the cabin space, by blocking
most of the sun’s ultraviolet rays. Insulating materials in
the roof and floor panels also contribute to maintaining
a comfortable cabin atmosphere. They also offer good
sound insulation. Steering has a power-assist system
using an electric motor, which consumes power only
during steering operations. The front suspension has
MacPherson struts with L-arms for locating their lower
ends. In the semi-trailing-arm rear suspension, the
combined coil spring and hydraulic damper units are
much shorter. Their lower attachment is to a trailing arm
each, which, in turn, is attached to an innovative type of
torsion beam, of an inverted channel section. It in-
corporates toe-control links, to improve handling stabil-
ity and the double-layer anti-vibration mounts joining the
suspension to the chassis suppress much of the road
noise. Passenger comfort is appropriate to a car which
retails at around 27-30% above a comparable, but con-
ventionally propelled model.

For the power-split device, Fig. 7.1-15, which is a key
part of the system, company engineers’ have provided
the diagram at (a) to show how the engine, generator and
motor operate under different conditions. At A level
with the vehicle at rest, the engine, generator and motor
are also at rest; on engine start-up the generator produces
electricity acting as a starter to start the engine as well as
operating the motor causing the vehicle to move off as at
B. For normal driving the engine supplies enough power
and there is no need for the generation of electricity, C.
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As the vehicle accelerates from the cruise condition,
generator output increases and the motor sends extra
power to the drive shaft for assisting acceleration, D. The
system can change engine speed by controlling generator
speed; some of the engine output goes to the motor via the
generator as extra acceleration power and there is no need
for a conventional transmission. The control system sche-
matic for the vehicle is at (b), the THS calculates desired
and existing operating conditions and controls the vehicle
systems accordingly, in real time.

The ECU keeps the engine operating in a prede-
termined high torque to maximize fuel economy. The
corresponding schematic for the ECU is at (¢). It is made
up of five separate ECUs for the major vehicle systems.
The hybrid ECU controls overall drive force by calculating
engine output, motor torque and generator drive torque,
based on accelerator and shift position. Request values sent
out are received by other ECUs; the motor one controls
the generator inverters to output a 3 phase DC current for
desired torque; the engine ECU controls the electronic

throttle in accordance with requested output; the braking
ECU coordinates braking effort of motor regeneration and
mechanical brakes; the battery ECU controls charge rate.

Toyota claims that Prius has achieved a remarkably low
fuel consumption of 28 km/litre (79.5 mpg or 3.57 litre/
100 km) on the 10/15 mode standard Japanese driving
cycle.

7.1.4.2 Recent addition to production
hybrid vehicles

Honda’s Insight hybrid-drive car, Fig. 7.1-16, uses the
company’s Integrated Motor Assist (IMA) hybrid
system, comprising high efficiency petrol engine, elec-
tric motor and lightweight 5-speed manual trans-
mission, in combination with a lightweight and
aerodynamic aluminium body, seen at (a), to provide
acceleration of 0-62 mph in 12 seconds and a top speed
of 112 mph, without compromising fuel economy of

83 mpg (3.41/100 km) and 80 g/km CO; (EUDC)
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emission. The car is claimed to have the world’s lightest The electrical drive consists of an ultra-thin (60 mm)
1.0 litre, 3-cylinder petrol engine, which uses lean burn  brushless motor, (b), directly connected to the crank-
technology, low friction characteristics and lightweight  shaft, (c), 144 V nickel-metal hydride (Ni-MH) bat-
materials in combination with a new lean burn com-  teries (weighing just 20 kg) and an electronic Power
patible NO, catalyst. Control Unit (PCU). The electric motor draws power
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from the batteries during acceleration (so-called motor
assist) to boost engine performance to the level of
a 1.5 litre petrol engine as well as acting as a generator
during deceleration to recharge the batteries. As a result
engine output is increased from a high 50 to 56 kW with
motor assist, but it is low speed torque that mainly
benefits, boosting a non-assist 91 Nm at 4800 rpm to
113 Nm at 1500 rpm.

A new type of lightweight aluminium body, (d), offers
a high level of rigidity and advanced safety performance.
It is a combination of extruded, stamped and die cast
aluminium components and body weight is said to be
40% less than a comparable steel body. All outer panels
are aluminium except for the front wings and rear wheel
skirt which are made from recyclable abs/nylon com-
posite. Total kerb weight is 835 kg (850 kg including air
conditioning). Aerodynamic characteristics include
a streamlined nose, a low height and long tapered roof,
narrow rear track, low drag grille, aluminium aero
wheels, rear wheel skirt, a flat underside, and a tail
designed to reduce the area of air separation. Insight also
uses low-rolling-resistance tyres that have been designed
to provide good handling, ride comfort and road noise
characteristics. All these features give the Insight an
aerodynamic drag coefficient of 0.25.

Further fuel savings are provided by an auto idle stop
system. In simple terms, the engine cuts out as the car is
brought to a standstill, and restarting is achieved by
dipping the clutch and placing the car in gear. In com-
bination, Honda calculates that weight reduction mea-
sures, aerodynamics and reduction of rolling resistance
contribute to approximately 35% of the increase in fuel
efficiency, and the IMA system a further 65% compared
toa 1.5 litre Civic. Further features include ABS, electric
power steering, dual air bags, AM/FM stereo cassette,
power windows and mirrors, power door locks with
keyless entry, automatic air conditioning and an anti-theft
immobilizer.

The battery system is designed to avoid overcharging
or complete emptying and in the unlikely event of motor
failure, the Insight will run on the petrol engine alone. At
the front, the suspension consists of struts, with an alu-
minium forged knuckle and lower arm, anti-roll bar
linked to the dampers, and light aluminium cast wheels;
while at the rear, a light and compact suspension features
a twist beam with variable cross-section, and trailing
arms with bushes having a toe-control function. Electric
power steering, optimized for feel and feedback, has
been used to make further fuel savings. It features
a centre takeoff and aluminium forged tie-rod.

The company argue that in conventional petrol/elec-
tric hybrid systems, the vehicle is powered by the elec-
tric motor alone at low speeds. At higher vehicle speeds,
or when recharging is required, engine torque is directed
to the driven wheels or used to drive a generator. Such
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systems require complex control mechanisms, large
capacity batteries, as well as a separate motor and gen-
erator. Honda chose instead a system in which the motor
is linked directly to the engine, assisting it during accel-
eration for a reduction in consumption and acting as
a generator during deceleration. When cruising, there is
no assistance and lean burn keeps fuel consumption to
a minimum. A very wide, flat torque curve is achieved
through the benefits of VTEC technology at high engine
speeds and the substantial boost provided by the electric
motor at low and mid-range engine speeds. This ap-
proach allows for superior fuel efficiency and excellent
driving performance over a wide range of driving
situations.

The key to the engine operating at exceptionally low
air/fuel ratios is rapid combustion of the mixture, since
combustion time increases as the mixture becomes
leaner. By adopting a new swirl port to enhance the tur-
bulence of the mixture in the cylinder, a compact com-
bustion chamber and a high compression ratio are
achieved. The design is an evolution of the conventional
VTEC-E mechanism where swirls are generated by
almost closing one of the pair of inlet valves. In the new
design, the inlet ports are set up in a more vertical
direction to generate more powerful swirls flowing into
the cylinder. This has been made possible with a new
VTEC mechanism. Rather than inlet and exhaust rocker
arms carried on separate rocker shafts, the Insight fea-
tures just one rocker shaft with the included angle of the
valves narrowed from 46° to 30°, allowing the high swirl
port shape and the compact combustion chamber to be
realized. Conventional lean burn engines, with their
oxygen rich exhaust gases, mean reducing NO, emissions
is technologically difficult. The Insight’s improvement in
combustion efficiency goes some way towards solving the
problem. However, a newly developed catalytic con-
verter containing additives able to absorb NO,, provides
an elegant solution to the problem. During lean-burn
driving, NO, is directly absorbed; it is later reduced to
harmless nitrogen in stoichiometric driving conditions.
The system also helps to boost fuel efficiency, since it
allows a widening of the lean burn range and therefore
improved efficiency. Emissions performance is further
improved by an exhaust manifold-integrated cylinder
head. Rather than a conventional arrangement of an in-
dependent exhaust port for each cylinder, the ports are
combined into one in the cylinder head structure. Con-
siderable weight reduction is the result, but just as
important, the small radiation area minimizes heat loss,
enabling quick activation of the catalytic converter.

New technologies have reduced the overall friction of
the engine by 38% compared with a conventional
1.5 litre engine. Among the measures adopted are roller
type rocker arms, adapted to the single cam VTEC
mechanism, providing a 70% reduction in friction losses.
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A special ‘micro dimple’ surface treatment of the piston
skirt improves the retention of the oil film between the
piston and the cylinder reducing friction by approxi-
mately 30%, in conjunction with offset cylinders and low
tensile piston rings. By using case hardening for signifi-
cantly increased strength, slimmer connecting rods have
been adopted, achieving a reduction in weight of 30%.
A newly developed magnesium alloy, with a high degree
of heat resistance, has been used for the engine sump in
place of aluminium alloy, giving a 35% weight reduction.
Other weight saving technology includes: a thin sleeve
block, the new VTEC cylinder head, bracketless ancillary
equipment, a magnesium PCU case, and an increase in
plastic parts (intake manifold, cylinder head cover, water
pump pulley).

The ultra-thin brushless motor of 10 kW output
sandwiched between the engine and transmission has
a central rotor manufactured using the lost wax
method, to give a precise shape and high strength,
which achieves a 20% weight reduction. For the rotor
magnet, improvements to the neodymium sintered
magnet used in the Honda EV Plus mean an improve-
ment in the magnetic flux density or torque ratio by
8%, while improved heat resistance has made a cooling
system unnecessary. In order to create a thin motor,
a split stator with compact salient-pole field winding
and centralized bus ring forms a very simple structure
allowing a width of 60 mm, 40% thinner than if con-
ventional technologies were used. The Ni-MH battery
pack installed at the rear of the car is held in a compact
cylindrical pack. A series connection of 120 cells each
with 1.2V provides a voltage of 144 V. Ni-MH bat-
teries are said by the company to offer stable output
characteristics regardless of the charging condition, as
well as excellent durability. The PCU, mounted along-
side the battery pack, provides precision control of the
motor assist and battery regeneration functions, as well
as the supply of electricity to the standard 12 V battery
through a DC/DC converter. The inverter which drives
the motor, and is the most important element in the
PCU, consists of a compact 3 phase integrated type
switching module.

The weight target was a body-in-white of 150 kg, or
half that of the Civic 3 door, the closest comparable sized
Honda model; compared with the Civic it was reduced to
47%, yet torsional rigidity is up by 38%, and bending
rigidity up by 13%. Hexagonal extruded aluminium
cross-sections are used for the front side frame, bringing
a weight saving of 37% while also attaining high energy
absorbing characteristics compared to a conventional
steel frame. The side sill and roof side rail which con-
tribute considerably to the overall body rigidity, although
simpler in cross-section, achieve 47% and 53% weight
reductions respectively. A new manufacturing technique,
‘three-dimensional bending forming’, provides a degree
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of freedom in design, and a reduction in the number of
parts required has been adopted, for example to produce
the roof side rails. Widely different sections and the need
for high rigidity called for the special jointing method
involving die cast aluminium, which permits a high
degree of shaping and flexibility in joining different
shaped sections. However, in the case of the rear out-
rigger, where structural frames meet from three di-
rections and which serves as the installation area for the
suspension frame, an alternative was required. Its deep
box-like shape means that if it were formed with the
conventional die cast method its wall thickness would
become too thick and too heavy. So the thixo-cast
method was used, said to be a first in body frame con-
struction. This involves pouring aluminium in a half
solidified rather than molten state to create a uniform
and fine metal structure allowing a 22% thinner wall
thickness, 20% higher strength, and a 20% weight re-
duction. In comparison with the NSX, the Insight uses
15% fewer body parts and 24% fewer welding spots to
give weight and productivity savings.

7.1.5 Hybrid passenger and goods
vehicles

7.5.1 Hybrid-drive buses

Passenger service vehicles have been the first to use
hybrid drives on a commercial scale, usually employing
a series layout. In a series hybrid configuration, part of
the traction energy is converted into electrical energy,
and then into mechanical energy, and part flows to the
wheels directly via a mechanical transmission. It is argued
that this configuration can potentially offer higher overall
efficiency. In a series layout, all the IC engine energy is
converted into electrical energy and then into mechanical
energy. Such a configuration could offer advantages
where the electric motor is designed as a very high effi-
ciency unit regardless of the load upon it. Furthermore,
the ability to use pure electrical transmission allows for
flexibility, in system management, in optimizing engine
operating conditions and reducing noise output. It also
allows greater freedom in mechanical packaging, including
electric motors direct driving the wheels, and for the
incorporation of future fuel-cell technology.

This was the thinking behind the choice of a series
system by Fiat in their pioneering hybrid bus, Fig. 7.1-17,
a flow diagram for the system being shown at (a). The
DC compound motor used, with separately excited field,
had interpoles and compensating windings to expand the
load range of maximum efficiency operation both as
a motor and generator. Armature current was varied, by
means of a thyristor chopper, from zero to base speed,
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above which field current was varied by an independent
chopper. The reversible chopper allowed regenerative
braking, down to zero speed. The motor had character-
istics as seen at (b) and was direct coupled to the rear-
axle driving head. Its nominal voltage was 600V,
continuous power 90 kW, maximum power 180 kW and
field control ratio at continuous power 1150/3200 rpm.
Efficiency at continuous power in field control was over
90%. The 600V generating unit comprised a diesel
generator set with power rating of 56 kW and maximum
power 78 kW. Battery storage comprised 50 12 V lead-
acid cells of 135 Ah capacity at a 5 hour discharge rate,
their weight of 1930 kg corresponding to 12% of the
GVW. Vehicle layout was as seen at (c); in tests the
vehicle recorded diesel consumption of 32.3 kg/100 km
compared with 37.8 for a conventional vehicle, with
battery SOC found to be the same at the beginning
and end of the tests. Range in purely electric drive was
30 km of city driving from 100% to 20% battery SOC.

During the design stages Fiat examined a typical town
route between two termini as seen at (d), on a time base
of seconds. It was also established that the maximum
acceptable acceleration for standing passengers was
1.5 m/sec? on level ground and 0.27 at a gradient. The
subtended area in the power diagram gave energy re-
quired between stops, the negative portion representing
energy flowing back to the batteries having taken the
various system efficiencies into account.

For E; the total energy required at the wheels, E, the
engine energy and E, the mains electrical energy, then

Es = (ngEm + Ex)npmen,

where efficiencies subscripted g, b, t and o refer to gen-
erator, battery, motors/controllers and transmission
respectively, with their product the overall efficiency h.
Then for total duration of daily service Ty terminus
turnaround time T. and number of daily runs between
termini N, the power required from the engine is:

Py = (Es — nEr)/[ﬂgﬂ{Ts — (N = 1)T.}]

The total daily energy is calculated for a typical route
of length L, divided into N segments of length L. The
heaviest cycle is shown at (e), in which Ea = 584.6 Wh;
Ed = 442 Wh. Ead = n/nsmEd = 337.6 Wh and energy
spent per run Ep = Ead(Lp/Lad) = 12 250 Wh.

7.1.5.2 CNG-electric hybrid

Smaller buses have been built with pure electric and
alternative forms of hybrid drive. An interesting project
by Unique Mobility in North America put a CNG-
electric hybrid system into a 25 ft (7.62 m), 24 pas-
senger vehicle (Fig. 7.1-18). Here the compactness and
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locational flexibility of the hybrid-drive elements meant
that considerable gains could be obtained in packaging
the vehicle occupants. Using high power-density
permanent-magnet motors driving the rear wheels
allowed a particularly low floor of 12 in (305 mm) from
the ground.

The CNGe-engine generator provided steady state
power and was augmented by storage batteries to supply
the power required above that base level while recharging
of the batteries would take place when the power re-
quirement fell below the base level. CNG tanks were
roof mounted while batteries were positioned over the
rear wheel wells and inside the engine compartment. The
11 tonne GVW bus is seen at (a).

The 90 bhp gas engine drove the generator through
a flywheel-positioned step-up planetary gear set and an
engine management system allowed engine speed and
power to vary with load conditions. The rate at which
speed was increased was minimized by the controller in
order to avoid poor fuel economy and high emissions
associated with transients. The two 70 kW traction
motors were provided with a single planetary reduction
gear of 2.77:1, directly coupled to the drive wheels
through a secondary set of 5.2:1 included in the wheel
hub to give an attainable speed of 55 mph. Rear sus-
pension was an independent trailing arm system with
traction motors direct mounted to the arms, so as to
maximize floor area between the wheels. Motor differ-
ential speeds for cornering are electronically controlled
with reference to steering wheel angle and road wheel
speed.

The view at (b) shows the power flow charts for dif-
ferent modes of operation. In the first, on IC engine
power only, a speed of 37 mph was achieved. On IC
engine and battery power, higher speeds were possible
and a reserve was available for gradients and acceleration;
in the final mode of regenerative braking with the IC
engine operating, the engine provided power only to the
accessories and that from braking was fed into the storage
batteries. The latter were used primarily for supplying
accelerative power and were 12V units with 160 Ah
capacity. Two series strings of 15 batteries were
connected in parallel to yield 180 V and 320 Ah total
capacity.

Another pioneering series of hybrid buses has been the
Daimler-Benz OE 305 city bus conversions (Fig. 7.1-19),
some 20 of the first type were evaluated in trials in
German cities in the early 1980s. Electric drive in the
city centre and diesel drive in the suburbs was the mode
of operation. Seen at (a), the set-up was electric motor
(1), air compressor and power-steering pump (2), motor
fan (3), diesel engine and generator (4), battery-fan (5),
electronic controller (6), traction batteries (7) and
battery cooling unit (8). Range was 30-45 miles on bat-
teries alone and 190 miles as a hybrid diesel combination.



Hybrid vehicle design '

GENERATOR  —.

IHTERMAL COMBUSTION st
ENGNE

ENGINE WANAGEMINT AND NATLURAL GAS
VEMICLL CONTROLLER ll ’/— HOLDING TANKS :
/
I

BATTERES
arr: 14

(a)

AR PS || 2av
Cowe|  Puwe T

10 ENGINE
GENERATOR SAND
ELECTRC
ACCESSORIES
12VEC
ELECTRIC
ACCESSORES
BATTERY
e | —] wTERTACE
BATTERY 0%
at || am P | v PACK AL mﬂN ‘9‘5 [Nv]
cou| |cowe| | suus|| ar cowe| |cowe| (e au
1 ENGINE v 1€ ENGINE
GJ"F“"‘JO“ chteae CONTRCLLER CONTROULER GJNE““J; Eteraie
ALCESSORIES \WOTORI |MCTCA) ACCESSORIES
VIVIC T2V OC
BECTRC i T ELECTAIC
. ACCESSORES v [ ot v ey b ACCESSORES
TONTROLLER : wirca | PECUCTION| A CORTROLLER
IGENERATORI £ E (GENERATORI
BATTERY BATTERY
INTERFACE patp—t INTERFACE
BATTEAY e BATTERY e
PACK K

CONTROULER COMTROLLER
OTO) IMCTOR)

E

Fig. 7.1-18 Unique Mobility small hybrid bus: (a) Unique Mobility

The 100 passenger vehicle had a maximum speed of
43 mph and the 19 tonne GVW vehicle had batteries
weighing 3.5 tonnes. The motor could develop up to
200 bhp while the diesel engine was rated at 100 bhp.
The five 275 Ah batteries operated at 360 V.

At the same period a Daimler-Benz 305 was also
converted to flywheel hybrid operation in a study which
involved MAN and Berlin University, too. The team
calculated the flywheel storage energy requirements

: ! ! .
E“m] = == [:,ggm] ®)

TRACTION
N wCToR

midibus; (b) power flow charts.

of a city bus to be 750 kW for absorbing the kinetic
energy of the vehicle at top speed and a 220 Ib flywheel
was chosen, with a 1500 kW total energy to allow
a reserve, which suffered 2 kW power loss at
12 000 rpm. For a typical urban operating cycle, char-
acteristics were plotted, from the starting point of the
bus stationary with diesel engine at idle and flywheel
charged up from previous operation, for the configura-
tion shown at (b).
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Fig. 7.1-19 Daimler-Benz OE 303 hybrid conversions: (a) diesel/electric hybrid package; (b) flywheel drive hybrid; (c) characteristics of

flywheel hybrid; (d) flywheel losses; (e) diesel losses.

During acceleration the mechanical gear stage is auto-
matically shifted as the vari-drive hydraulic transmission
changes speed. This results in the almost constant slope
(full line) in the curves shown at (c) compared with
aconventional bus (dotted line). Initially the flywheel alone
is used, then the diesel is brought in during deceleration, as
seen in the bottom half of the figure. Flywheel power P; is
260 kW immediately before the constant-power cruising
phase, during which the diesel drives. During deceleration
the flywheel is recharged and its power is 200 kW, corre-
sponding diesel power being shown by Py4. Flywheel energy
content and losses are seen at (d); the inertia losses are
replaced by diesel energy. The diesel losses are seen at (e)
together with the transmission losses between engine and
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drive wheels, compared with those for a conventional
vehicle.

7.1.5.3 Advanced hybrid bus

A joint venture between MAN and Voith has resulted
in the NL 202 DE low floor concept city bus, Fig. 7.1-20,
designed to carry 98 passengers at a maximum speed
of 70kph, (a). No steps are involved at any of the
entrances which lead directly to a completely level
deck height of between 317 and 340 mm. The rear-
mounted horizontally positioned diesel engine allows
fitment of a bench seat at the rear of the bus; it drives
a generator with only electrical connection to the Voith
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TFM wheel motor  TFM generator

Power 57 kW 135 kW
KONZEPTSTUDIE Rated speed 735 rpm 1750 rpm
T Approx. max. speed 2500 rpm 200 rpm
; Max. fundamental frequency of stator 1350 Hz -
Rated torque 740 Nm 740 Nm
Approx. max. torque 1050 Nm 740 Nm
Approx. torque conversion 1:3
Power/weight ratio 1.8 kg/kW 0.9 kg/kW

(a) (d)

[
[ Y )

E-GAS[#p{ JSopuson

Accelerator

(c)

(b)

Fig. 7.1-20 MAN/Voith concept city bus: (a) low floor package; (b) wheel motor; (c) controller; (d) drive characteristics.

transverse-flux wheel motors which drive the wheels
through two-stage hub-reduction gearsets, (b). The
diesel is rated at 127 kW and the generator at 135 kW;
the controller, (c), is of the IGBT converter type and
also developed by Voith. It provides a differential
action to the wheel motors on cornering. Permanent-
magnet synchronous wheel motors are rated at 57 kW
and have a maximum speed of 2500 rev/min; see table
at (d). The bus is 12 metres long and has water cooling
for its generator, converters and wheel motors. As well
as providing virtually jerk-free acceleration, the drive
system is seen by MAN as providing the possibility of
four-wheel drive on future articulated buses to im-
prove traction and stability in slippery road conditions.
The term transverse flux motor refers to the means
used to guide the magnetic flux in the stator; this is
new to inverter-supplied PM types and involves a novel
collector configuration. Double-sided magnetic force
generation is also new and involves a patented double
air gap construction having high idling inductances and
force densities up to 120 kN m/m?, with relatively low

losses. A new control process permits operation of the
motor in a field-weakening type mode, in spite of PM
excitation. The generator is almost identical in concept
but involves no field weakening. Each has concentric
construction of permanent magnets, rotor/stator soft-
iron elements and stator winding; see below. Armature
elements are U-shaped cut strip-wound core sections,
embedded in the ring-shaped supporting structures of
inner and outer stators. Each core surrounds the
windings and forms a stator pole with its cut surfaces
facing the rotor. The latter is pot-shaped and posi-
tioned between poles of the outer and inner stators. In
the stator pole region it comprises magnet and soft-
iron element while in the winding region a ring of GRP
serves as the connecting element. The inverters supply
the motors with sinusoidal currents and voltages until
the nominal operating point is reached; operating fre-
quency is 10 kHz. In field-weakening mode the in-
duced voltage exceeds intermediate circuit voltage and
only square wave voltages are supplied to the motor.
Power output then remains constant and the operating
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frequency equals the fundamental motor frequency. A
large speed ratio, 1.5:1, is thus possible.

7.1.5.4 Advanced hybrid truck

Mitsubishi have been prominent in hybrid truck manu-
facture and have recently developed a heavier, municipal,
version of the light hybrid truck launched in 1995.
Because added cost limited market acceptance of the
lighter, Canter-based, hybrid the decision to build
a heavier municipal version, Fig. 7.1-21, was taken on the
grounds of low noise, and greatly reduced emissions,
which made the vehicle attractive for city-centre opera-
tion, a lift-platform version being particularly popular.
The hydraulic pump for operating auxiliaries such as a lift
platform is electric motor driven, with the benefit of near
silent operation.

Series hybrid mode, (a) was chosen first, because the
engine is used solely for power generation and so can be
operated in a peak efficiency speed band and secondly,
since the engine is isolated from the drive system, it re-
sults in a simpler and more flexible drive-system layout
with greater freedom for hydraulic equipment mounting.
Two electric motors are involved. Shown at (b) are
typical operational modes of the truck: when the battery
has high SOC the vehicle operates exclusively in battery
mode. At less than 65% SOC the power-generating
engine starts and hybrid mode is invoked; when
70% SOC is achieved again the vehicle reverts to battery

(a)

Three-way catalyst Transmission

S

) _

~<—— : Flow of electricity

L :2

operation. Provision is also made to inhibit hybrid oper-
ation until 30% SOC is reached so silent and zero-
emission night-time, or in-tunnel, operation is made
possible. In hybrid mode SOC is maintained at 65-70%,
at which point the generated power, from the generator,
and the regenerative power, from the motor, provide
sufficient charging.

The overall package layout is shown at (c); di-
mensions are 5.78 m long x 1.88 m wide x 3.35 m high,
with a wheelbase of 2.5 m. Gross vehicle weight is
6.965 tonnes and tyre size 205/85R16. While an ele-
vating platform vehicle normally requires counter-
weighting, in this case the mass of the dual drive
suffices with just modest additions. The central posi-
tioning of the battery above the chassis frame was
chosen to optimize weight distribution and avoid the
weight of cantilever frames. The motors, of 55 kW, are
of the induction type and each develop 150 Nm at
3500 rpm, rated voltage being 288 V. The simple two
speed transmission has a PTO for driving the hydraulic
pump and reverse motion is achieved by altering the
rotation of the electric motor. The generator has
a maximum output of 30 kW at 3500 rpm; it operates at
220-360 V and weighs 70 kg.

The petrol engine is a 16 valve unit of 1834 cc which
has a 1.935:drive gear to the generator. Lead—acid trac-
tion batteries are employed, 24 units each weighing 25 kg
and having 65 Ah capacity at a 5 hour rate. The company’s
estimations of unit efficiency are shown at (d).

Engine+ generator Metor+ drivetrain
—'—-—1 d power -
rovoran { |D’_|] Theoretical
consumption| ¥ I ) Battery running enargy
e T D \Generatedl—— Power . —
power CMSUHDE ——
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g%,l 194~ 100 ?ﬁh

*Regeneration ratio
e S (d)
Wehicle efficiency
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Fig. 7.1-21 Mitsubishi Canter-based hybrid municipal truck: (@) Complete package; (b) hybrid drive; (c) operating modes; (d) unit

efficiencies.
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Types of suspension and drive

Jornsen Reimpell, Helmut Stoll and Jurgen Betzler

This chapter deals with the principles relating to drives
and suspensions.

8.1.1 General characteristics
of wheel suspensions

The suspension of modern vehicles need to satisfy
a number of requirements whose aims partly conflict
because of different operating conditions (loaded/
unloaded, acceleration/braking, level/uneven road, straight
running/cornering).

The forces and moments that operate in the wheel
contact area must be directed into the body. The kingpin
offset and disturbing force lever arm in the case of the
longitudinal forces, the castor offset in the case of the
lateral forces, and the radial load moment arm in the case
of the vertical forces are important elements whose ef-
fects interact as a result of, for example, the angle of the
steering axis.

Sufficient vertical spring travel, possibly combined
with the horizontal movement of the wheel away from an
uneven area of the road (kinematic wheel) is required for
reasons of ride comfort. The recession suspension should
also be compliant for the purpose of reducing the rolling
stiffness of the tyres and short-stroke movements in
a longitudinal direction resulting from the road surface
(longitudinal compliance, Fig. 8.1-1), but without
affecting the development of lateral wheel forces and
hence steering precision, for which the most rigid wheel
suspension is required. This requirement is undermined
as a result of the necessary flexibility that results from
disturbing wheel movements generated by longitudinal
forces arising from driving and braking operations.

Automotive Chassis: Engineering Principles; ISBN: 9780750650540

For the purpose of ensuring the optimum handling
characteristics of the vehicle in a steady state as well as
in a transient state, the wheels must be in a defined
position with respect to the road surface for the pur-
pose of generating the necessary lateral forces. The
build-up and size of the lateral wheel forces are de-
termined by specific toe-in and camber changes of the
wheels depending on the jounce and movement of the
body as a result of the axle kinematics (roll steer) and
operative forces (compliance steer). This makes it
possible for specific operating conditions such as load
and traction to be taken into consideration. By estab-
lishing the relevant geometry and kinematics of the
axle, it is also possible to prevent the undesirable diving
or lifting of the body during braking or accelerating and
to ensure that the vehicle does not exhibit any ten-
dency to oversteer and displays predictable transition
behaviour for the driver.

Other requirements are:

independent movement of each of the wheels on
an axle (not guaranteed in the case of rigid axles);
small, unsprung masses of the suspension in order to
keep wheel load fluctuation as low as possible
(important for driving safety);

the introduction of wheel forces into the body

in a manner favourable to the flow of forces;

the necessary room and expenditure for construction
purposes, bearing in mind the necessary tolerances
with regard to geometry and stability;

ease of use;

behaviour with regard to the passive safety of passen-
gers and other road users;

costs.

Copyright © 2001 Elsevier Ltd. All rights of reproduction, in any form, reserved.
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Fig. 8.1-1 A multi-link rear axle — a type of suspension system which is progressively replacing the semi-trailing arm axle, and
consists of at least one trailing arm on each side. This arm is guided by two (or even three) transverse control arms (Figs. 8.1-62 and
8.1-77). The trailing arm simultaneously serves as a wheel hub carrier and (on four-wheel steering) allows the minor angle movements
required to steer the rear wheels. The main advantages are, however, its good kinematic and elastokinematic characteristics.
BMW calls the design shown in the illustration and fitted in the 3-series (1997) a ‘central arm axle’. The trailing arms 1 are made
from GGG40 cast iron; they absorb all longitudinal forces and braking moments as well as transfering them via the points 2 — the
centres of which also form the radius arm axes — on the body. The lateral forces generated at the centre

of tyre contact are absorbed at the subframe 5, which is fastened to the body with four rubber bushes (items 6 and 7) via the
transverse control arms 3 and 4. The upper arms 3 carry the minibloc springs 11 and the joints of the anti-roll bar 8. Consequently,
this is the place where the majority of the vertical forces are transferred between the axle and the body.

The shock absorbers, which carry the additional polyurethane springs 9 at the top, are fastened in a good position behind the axle

centre at the ends of the trailing arms. For reasons of noise, the differential 10 is attached elastically to the subframe 5

at three points (with two rubber bearings at the front and one hydro bearing at the back). When viewed from the top and the
back, the transverse control arms are positioned at an angle so that, together with the differing rubber hardness of the bearings
at points 2, they achieve the desired elastokinematic characteristics. These are:

toe-in under braking forces;

lateral force compliance understeer during cornering;
prevention of torque steer effects (see Section 10.1.10.4);
lane change and straight running stability.

For reasons of space, the front eyes 2 are pressed into parts 1 and bolted to the attachment bracket. Elongated holes are also
provided in this part so toe-in can be set. In the case of the E46 model series (from 1998 onwards), the upper transverse arm is
made of aluminium for reasons of weight (reduction of unsprung masses).

The requirements with regard to the steerability of an
axle and the possible transmission of driving torque
essentially determine the design of the axis.

Vehicle suspensions can be divided into rigid axles
(with a rigid connection of the wheels to an axle), in-
dependent wheel suspensions in which the wheels are
suspended independently of each other, and semi-rigid
axles, a form of axle that combines the characteristics of
rigid axles and independent wheel suspensions.

On all rigid axles (Fig. 8.1-23), the axle beam casing
also moves over the entire spring travel. Consequently,
the space that has to be provided above this reduces the
boot at the rear and makes it more difficult to house the
spare wheel. At the front, the axle casing would be
located under the engine, and to achieve sufficient jounce
travel the engine would have to be raised or moved
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further back. For this reason, rigid front axles are found
only on commercial vehicles and four-wheel-drive,
general-purpose passenger cars (Figs. 8.1-3 and 8.1-4).
With regard to independent wheel suspensions, it
should be noted that the design possibilities with regard to
the satisfaction of the above requirements and the need to
find a design which is suitable for the load paths, increase
with the number of wheel control elements (links) with
a corresponding increase in their planes of articulation. In
particular, independent wheel suspensions include:

Longitudinal link and semi-trailing arm axles (Figs.
8.1-13 and 8.1-15), which require hardly any over-
head room and consequently permit a wide luggage
space with a level floor, but which can have consi-
derable diagonal springing.
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Fig. 8.1-2 An extremely compact four-bar twist beam axle by Renault, with two torsion bar springs both for the left and right axle
sides (items 4 and 8). The V-shape profile of the cross-member 10 has arms of different lengths, is resistant to bending but less
torsionally stiff and absorbs all moments generated by vertical, lateral and braking forces. It also partially replaces the anti-roll bar.
At 23.4 mm, the rear bars 8 are thicker than the front ones (& 20.8 mm, item 4). On the outside, part 8 grips into the trailing links 1
with the serrated profile 13 and on the inside they grip into the connector 12. When the wheels reach full bump, a pure torque is
generated in part 12, which transmits it to the front bars 4, subjecting them to torsion. On the outside (as shown in Fig. 8.1-63) the
bars with the serrated profile 11 grip into the mounting brackets 7 to which the rotating trailing links are attached. The pivots also
represent a favourably positioned pitch centre O,. The mounting brackets (and therefore the whole axle) are fixed to the floor pan
with only four screws.

On parallel springing, all four bars work, whereas on reciprocal springing, the connector 12 remains inactive and only the thick rear
bars 8 and the cross-member 10 are subject to torsion.

The layout of the bars means soft body springing and high roll stability can be achieved, leading to a reduction of the body roll pitch
during cornering.

To create a wide boot without side encroachments, the pressurized monotube shock absorbers 9 are inclined to the front and
therefore are able to transmit forces upwards to the side members of the floor pan.

Wheel controlling suspension and shock-absorber whole, these axles save a great deal of space and are
struts (Figs. 8.1-8 and 8.1-57), which certainly cheap, but offer limited potential for the achievement of
occupy much space in terms of height, but which kinematic and elastokinematic balance because of the
require little space at the side and in the middle of functional duality of the function in the components and
the vehicle (can be used for the engine or axle drive) require the existence of adequate clearance in the region
and determine the steering angle (then also called of the connecting beam. They are mainly used as a form
McPherson suspension struts). of rear-wheel suspension in front-wheel-drive vehicles up
Double wishbone suspensions (Fig. 8.1-7). to the middle class and, occasionally, the upper middle
Multi-link suspensions (Figs. 8.1-1, 8.1-18 and class, for example, the Audi A6, and some high-capacity
8.1-19), which can have up to five guide links per cars.

wheel and which offer the greatest design scope with
regard to the geometric definition of the kingpin
offset, pneumatic trail, kinematic behaviour with

regard to toe-in, camber and track changes, braking/ 8.1.2 Ind_ependent wheel
starting torque behaviour and elastokinematic suspensions - general

properties.
8.1.2.1 Requirements

In the case of twist-beam axles (Figs. 8.1-2, 8.1-31 and
8.1-58), both sides of the wheels are connected by means ~ The chassis of a passenger car must be able to handle the
of a flexurally rigid, but torsionally flexible beam. Onthe  engine power installed. Ever-improving acceleration,
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Fig. 8.1-3 Diriven, rigid steering axle with dual joint made by the company GKN - Birfield AG for four-wheel-drive special-purpose

vehicles, tractors and construction machinery.

The dual joint is centred over the bearings 1 and 2 in the region of the fork carriers; these are protected against fouling by the radial
sealing rings 3. Bearing 1 serves as a fixed bearing and bearing 2 as a movable bearing. The drive shaft 4 is also a sun gear for the
planetary gear with the internal-geared wheel 5. Vertical, lateral and longitudinal forces are transmitted by both tapered-roller

bearings 6 and 7. Steering takes place about the steering axis EG.

higher peak and cornering speeds, and deceleration lead
to significantly increased requirements for safer chassis.
Independent wheel suspensions follow this trend. Their
main advantages are:

little space requirement;

a kinematic and/or elastokinematic toe-in change,
tending towards understeering is possible;

easier steerability with existing drive;

low weight;

no mutual wheel influence.

The last two characteristics are important for good road-
holding, especially on bends with an uneven road
surface.

Transverse arms and trailing arms ensure the desired
kinematic behaviour of the rebounding and jouncing
wheels and also transfer the wheel loadings to the body
(Fig. 8.1-5). Lateral forces also generate a moment
which, with unfavourable link arrangement, has the dis-
advantage of reinforcing the roll of the body during
cornering. The suspension control arms require bushes
that yield under load and can also influence the springing.
This effect is either reinforced by twisting the rubber
parts in the bearing elements, or the friction increases
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due to the parts rubbing together (Fig. 8.1-11), and the
driving comfort decreases.

The wheels incline with the body (Fig. 8.1-6). The
wheel on the outside of the bend, which has to absorb
most of the lateral force, goes into a positive camber and
the inner wheel into a negative camber, which reduces
the lateral grip of the tyres. To avoid this, the kinematic
change of camber needs to be adjusted to take account of
this behaviour and the body roll in the bend should be
kept as small as possible. This can be achieved with
harder springs, additional anti-roll bars or a body roll
centre located high up in the vehicle.

8.1.2.2 Double wishbone suspensions

The last two characteristics above are most easily
achieved using a double wishbone suspension (Fig. 8.1-7).
This consists of two transverse links (control arms) either
side of the vehicle, which are mounted to rotate on the
frame, suspension subframe or body and, in the case of
the front axle, are connected on the outside to the
steering knuckle or swivel heads via ball joints.
The greater the effective distance ¢ between the trans-
verse links (Fig. 8.1-5), the smaller the forces in the
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Fig. 8.1-4 Top view of the dual joint (Fig. 8.1-3). The wheel end of the axle is turned about point P in the middle of the steering pivot during
steering. The individual joints are constrained at points A and B so that point A is displaced to position A’, P is displaced to P’ and B

is displaced along the drive axle by the distance X to B'. In order to assimilate the variable bending angle g resulting from the longitudinal
displacement of point B, the mid-point of the joint P is displaced by the distance Y. The adjustment value Y depends on the distance
between the joints and the steering angle at which constant velocity is to exist. Where large steering angles can be reached (up to 60°),

there should be constant velocity at the maximum steering angle.

The adjustment value Y and the longitudinal displacement X should be taken into consideration in the design of the axle.

suspension control arms and their mountings become,
i.e. component deformation is smaller and wheel control
more precise.

The main advantages of the double wishbone sus-
pension are its kinematic possibilities. The positions of
the suspension control arms relative to one another—in
other words the size of the angles o and 8 - can
determine both the height of the body roll centre and
the pitch pole. Moreover, the different wishbone
lengths can influence the angle movements of the
compressing and rebounding wheels, i.e. the change of
camber and, irrespective of this, to a certain extent also
the track width change. With shorter upper suspension
control arms the compressing wheels go into negative
camber and the rebounding wheels into positive. This

-
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Fig. 8.1-5 On front independent wheel suspensions, the lateral
cornering force Fy,w,s causes the reaction forces Fy,g and Fy,g in
the links joining the axle with the body. Moments are generated on
both the outside and the inside of the bend and these adversely
affect the roll pitch of the body. The effective distance c between
points E and G on a double wishbone suspension should be as
large as possible to achieve small forces in the body and link
bearings and to limit the deformation of the rubber elements fitted.
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Fig. 8.1-6 If the body inclines by the angle ¢ during cornering,
the outer independently suspended wheel takes on a positive
camber ey and the inner wheel takes on a negative camber
ew,i- The ability of the tyres to transfer the lateral forces Fy,w.f.0
or Fyw ,; decreases causing a greater required slip angle
Equation 10.1.16, mp,,s is the proportion of the weight of the
body over the front axle and F; g, s the centrifugal force acting
at the level of the centre of gravity Bo. One wheel rebounds
and the other bumps, i.e. this vehicle has ‘reciprocal springing’,
that is:

Fzwio =Fzws + AFzwy

Fzwgi =Fzws — AFzwe

counteracts the change of camber caused by the roll
pitch of the body (Fig. 8.1-6). The vehicle pitch pole O
is located behind the wheels on the front axle and in
front of the wheels on the rear axle. If O, can be located
over the wheel centre, it produces not only a better anti-
dive mechanism, but also reduces the squat on the
driven rear axles (or lift on the front axles). These are
also the reasons why the double wishbone suspension is
used as the rear axle on more and more passenger cars,
irrespective of the type of drive, and why it is pro-
gressively replacing the semi-trailing link axle (Figs. 8.1-1,
8.1-62 and 8.1-77).

8.1.2.3 McPherson struts and strut
dampers

The McPherson strut is a further development of double
wishbone suspension. The upper transverse link is
replaced by a pivot point on the wheel house panel,
which takes the end of the piston rod and the coil spring.
Forces from all directions are concentrated at this point
and these cause bending stress in the piston rod. To avoid
detrimental elastic camber and caster changes, the
normal rod diameter of 11 mm (in the shock absorber)
must be increased to at least 18 mm. With a piston

Fig. 8.1-7 Front axle on the VW light commercial vehicle Lt 28 to 35 with an opposed steering square. A cross-member serves as
a subframe and is screwed to the frame from below. Springs, bump/rebound-travel stops, shock absorbers and both pairs of control
arms are supported at this force centre. Only the anti-roll bar, steering gear, idler arm and the tie-rods of the lower control arms are
fastened to the longitudinal members of the frame. The rods have longitudinally elastic rubber bushings at the front that absorb the
dynamic rolling hardness of the radial tyres and reduce lift on uneven road surfaces.
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Fig. 8.1-8 Rear view of the left-hand side of the McPherson front axle on the Opel Omega (1999) with negative kingpin offset at
ground (scrub radius) r; and pendulum-linked anti-roll bar. The coil spring is offset from the McPherson strut to decrease friction
between piston rod 2 and the rod guide. Part 2 and the upper spring seat 9 are fixed to the inner wheel house panel via the
decoupled strut mount 10.

The additional elastomer spring 11 is joined to seat 9 from the inside, and on the underside it carries the dust boot 12, which contacts
the spring seat 3 and protects the chrome-plated piston rod 2. When the wheel bottoms out, the elastomer spring rests on the cap of
the supporting tube 1. Brackets 4 and 13 are welded to part 1, on which the upper ball joint of the anti-roll bar rod 5 is fastened from
inside. Bracket 13 takes the steering knuckle in between the U-shaped side arms.

The upper hole of bracket 13 has been designed as an elongated hole so that the camber can be set precisely at the factory.

A second-generation double-row angular (contact) ball bearing (item 14) controls the wheel.

The ball pivot of the guiding joint G is joined to the steering knuckle by means of clamping forces. The transverse screw 15 grips into
a ring groove of the joint bolt and prevents it from slipping out in the event of the screw loosening.

The subframe 6 is fixed to the body. In addition to the transverse control arms, it also takes the engine mounts 8 and the back of
the anti-roll bar 7. The drop centre rim is asymmetrical to allow negative wheel offset (not shown) at ground (scrub radius)

(Figs. 10.1-10, 10.1-11 and 10.1-23).

diameter of usually 30 mm or 32 mm the damper works ~ The steering knuckle can be welded, brazed or bolted
on the twin-tube system and can be non-pressurized or  firmly to the outer tube (Fig. 8.1-56). Further advantages
pressurized. are:

The main advantage of the McPherson strut is that all
the parts providing the suspension and wheel control can
be combined into one assembly. As can be seen in
Fig. 8.1-8, this includes:

lower forces in the body-side mounting points E and
D due to a large effective distance ¢ (Fig. 8.1-5);
short distance b between points G and N;

the spring seat 3 to take the underside of the coil long spring travel;

spring; three bearing positions no longer needed;

the auxiliary spring 11 or a bump stop; better design options on the front crumple zone;
the rebound-travel stop; space at the side permitting a wide engine compart-
the underslung anti-roll bar 7 via rod 5; ment; which

the steering knuckle. makes it easy to fit transverse engines (Fig. 8.1-50).
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Fig. 8.1-9 McPherson strut mount on the VW Golf Il with a thrust ball bearing, which permits the rotary movement of the
McPherson strut whereas the rubber anchorage improves noise insulation. Initially, the deflection curve remains linear and then
becomes highly progressive in the main work area, which is between 3 kN and 4 kN. The graph shows the scatter. Springing and
damping forces are absorbed together so the support bearing is not decoupled (as in Fig. 8.1-10).

In the car final assembly line the complete strut mount is pressed into a conical sheet metal insert on the wheel house inside panel 1.
The rubber layer 2 on the outside of the bearing ensures a firm seat and the edge 3 gives the necessary hold in the vertical direction.
The rubber ring 5 clamped on plate 4 operates when the wheel rebounds fully and so provides the necessary security (figure:

Lemforder Fahrwerktechnik AG).

Nowadays, design measures have ensured that the ad-
vantages are not outweighed by the inevitable disadvan-
tages on the front axle. These disadvantages are:

Less favourable kinematic characteristics.
Introduction of forces and vibrations into the inner
wheel house panel and therefore into a relatively
elastic area of the front end of the vehicle.

It is more difficult to insulate against road noise — an
upper strut mount is necessary (Fig. 8.1-9), which
should be as decoupled as possible (Fig. 8.1-10, item
10 in Fig. 8.1-8 and item 6 in Fig. 8.1-56).

The friction between piston rod and guide impairs
the springing effect; it can be reduced by shorten-
ing distance b (Fig. 8.1-11).

In the case of high-mounted rack and pinion steering,
long tie rods and, consequently, more expensive
steering systems are required (Figs. 8.1-57 and
9.1-1); in addition, there is the unfavourable intro-
duction of tie-rod forces in the middle of the shock-
absorbing strut (see Section 9.1.2.4) plus additional
steering elasticity.

Greater sensitivity of the front axle to tyre imbalance
and radial runout (see Section 10.1.5).

Greater clearance height requirement.

Sometimes the space between the tyres and the
damping element (Fig. 8.1-41) is very limited.

This final constraint, however, is only important on front-
wheel-drive vehicles as it may cause problems with fitting
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snow chains. On non-driven wheels, at most the lack of
space prevents wider tyres being fitted. If such tyres are
absolutely necessary, disc-type wheels with a smaller
wheel offset e are needed and these lead to a detrimentally
larger positive or smaller negative kingpin offset at ground
1o (Fig. 10.1-8).

McPherson struts have become widely used as front
axles, but they are also fitted as the rear suspension on
front-wheel-drive vehicles (e.g. Ford Mondeo sedan).
The vehicle tail, which has been raised for aero-
dynamic reasons, allows a larger bearing span between
the piston rod guide and piston. On the rear axle
(Fig. 8.1-12):

The upper strut mount is no longer necessary, as no
steering movements occur.

Longer cross-members, which reach almost to the ve-
hicle centre, can be used, producing better camber and
track width change and a body roll centre that sinks
less under load.

The outer points of the braces can be drawn a

long way into the wheel to achieve a shorter
distance b.

The boot can be dropped and, in the case of damper
struts, also widened.

However, rubber stiffness and the corresponding
distance of the braces on the hub carriers (points 6
and 14 in Fig. 8.1-12) are needed to ensure that there
is no unintentional elastic self-steer.
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Fig. 8.1-10 The dual path top mount support of the Ford Focus
(1998) manufactured by ContiTech Formteile GmbH. The body
spring and shock-absorber forces are introduced into the body
along two paths with variable rigidity. In this way, it is possible
to design the shock-absorber bearing (inner element) in the
region of small amplitudes with little rigidity and thus achieve
good insulation from vibration and noise as well as improve the
roll behaviour of the body. With larger forces of approximately
700 N and above, progression cams, which increase the rigidity
of the bearing, come into play. A continuous transition between
the two levels of rigidity is important for reasons of comfort. The
bearing must have a high level of rigidity in a transverse
direction in order to ensure that unwanted displacements and
hence changes in wheel position do not occur. The forces of the
body springs are directed along the outer path, which has

a considerably higher level of rigidity.
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Fig. 8.1-11 If lateral force Fzw moves lever arm b round
guiding joint G, the lateral force Fgp continually acts in the
body-side fixing point E of the McPherson strut as a result of
the force Fy . This generates the reaction forces Fy ¢ and Fyk
on the piston rod guide and piston. This is Fyc + Fye = Fyk
and the greater this force becomes, the further the frictional
force Fy increases in the piston rod guide and the greater the
change in vertical force needed for it to rip away.

As the piston has a large diameter and also slides in shock-
absorber fluid, lateral force Fy k plays only a subordinate role.
Fv k can be reduced by offsetting the springs at an angle and
shortening the distance b (see Fig 8.1-56).

8.1.2.4 Rear axle trailing-arm suspension

This suspension — also known as a crank axle — consists
of a control arm lying longitudinally in the driving di-
rection and mounted to rotate on a suspension subframe
or on the body on both sides of the vehicle (Figs. 8.1-13
and 8.1-63). The control arm has to withstand forces in
all directions, and is therefore highly subject to bending
and torsional stress (Fig. 8.1-14). Moreover, no camber
and toe-in changes are caused by vertical and lateral
forces.

The trailing-arm axle is relatively simple and is pop-
ular on front-wheel drive vehicles. It offers the advan-
tage that the car body floor pan can be flat and the fuel
tank and/or spare wheel can be positioned between the
suspension control arms. If the pivot axes lie parallel to
the floor, the bump and rebound-travel wheels undergo
no track width, camber or toe-in change, and the wheel
base simply shortens slightly. If torsion springs are ap-
plied, the length of the control arm can be used to in-
fluence the progressivity of the springing to achieve
better vibration behaviour under load. The control arm
pivots also provide the radius-arm axis O; i.e. during
braking the tail end is drawn down at this point.

The tendency to oversteer as a result of the
deformation of the link (arm) when subject to a lateral
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Fig. 8.1-12 The McPherson strut rear axle on the Lancia Delta with equal length transverse links of profiled steel trunnion-mounted
close to the centre the cross-members 7 and 8. As large a distance as possible is needed between points 6 and 14 on the wheel hub
carrier to ensure unimpaired straight running. The fixing points 13 of the longitudinal links 16 are behind the wheel centre, exactly like
mounting points 17 of the anti-roll bar 18. The back of the anti-roll bar is flexibly joined to the body via tabs 19. The additional springs
10 attached to the top of the McPherson struts are covered by the dust tube 20. The cross-member 15 helps to fix the assembly to
the body. An important criterion for dimensioning the control arm 16 is reverse drive against an obstruction.

force, the roll centre at floor level the extremely small ~ 8.1.2.5 Semi-trailing-arm rear axles
possibility of a kinematic and elastokinematic effect on
the position of the wheels and the inclination of the  This is a special type of trailing-arm axle, which is fitted
wheels during cornering consistent with the inclinationof =~ mainly in rear-wheel-and four-wheel-drive passenger
the body outwards (unwanted positive camber) are  cars, but which is also found on front-wheel-drive vehi-

disadvantages. cles (Fig. 8.1-15). Seen from the top (Fig. 8.1-16), the

Fig. 8.1-13 Trailing-arm rear suspension of the Mercedes-Benz A class (1997). In order to minimize the amount of room required,
the coil spring and monotube gas-pressure shock absorber are directly supported by the chassis subframe. The connecting tube is
stress optimized oval shaped in order to withstand the high bending moments from longitudinal and lateral wheel forces which occur
in the course of driving. The torsion-bar stabilizer proceeds directly from the shock-absorber attachment for reasons of weight and
ease of assembly. When establishing the spring/shock-absorber properties, the line along which the forces act and which is altered
by the lift of the wheel is to be taken into consideration, as a disadvantageous load-path can occur with jounce. The two front
subframes are hydraulically damped in order to achieve a good level of comfort (hydromounts). The chassis subframe can make
minor elastokinematic control movements. When designing subframe mounts, it is necessary to ensure that they retain their defined
properties with regard to strength and geometry even with unfavourable conditions of use (e.g. low temperatures) and for

a sufficiently long period of time, because variations in the configuration have a direct effect on vehicle performance. The longitudinal
arms which run on tapered-roller bearings and which are subject to both flexural as well as torsional stress are designed in the form
of a parallelogram linkage. In this way, the inherent disadvantage of a trailing arm axle — unwanted toe-in as a result of the
deformation of the link when subject to a lateral force — is reduced by 75%, according to works specifications.
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- SR control arm axis of rotation EG is diagonally positioned at
———[. — an angle « = 10-25°, and from the rear an angle 8 < 5°
| can still be achieved. When the wheels bump and re-
L s bound-travel they cause spatial movement, so the drive
— 4 shafts need two joints per side with angular mobility and
| length compensation (Fig. 8.1-17). The horizontal and
vertical angles determine the roll steer properties.
When the control arm is a certain length, the following
kinematic characteristics can be positively affected by
‘ angles « and 8:

height of the roll centre;
position of the radius-arm axis;
change of camber;

toe-in change;
Fig. 8.1-14 On rear axle trailing-link suspensions, the vertical . . .
force F, together with the lateral forces Fy,y cause bending ~ Camber and toe-in changes increase the bigger the angles
and torsional stress, making a corresponding (hollow) profile, a and f: semi-trailing axles have an elastokinematic
e.g. a closed box profile necessary. A force from inside causes tendency to oversteering.

the largest torsional moment:

T=Fzw Xa+ FY7W X Tdyn

Fig. 8.1-15 Tilted-(Multiple) Staft Steering Rear Axle of the Opel Omega (1999), a further development of the tilted shaft steering
axle. The differential casing of the rear-axle drive is above three elastic bearings, noise-isolated, connected with subframe (1), and
this subframe is again, with four specially developed elastomer bearings on the installation (pos. 2-5). On top of part seated are the
bearings (6) for the back of the stabilizer. Both of the extension arms (8) take up the inner bearings of the tilted shafts, which carry the
barrel-shaped helical springs (9). In order to get a flat bottom of the luggage trunk, they were transferred to the front of the axle drive
shafts. The transmission ig, (wheel to spring, becomes thereby with 1.5 comparatively large. The shock absorbers (10) are seated
behind the centre of the axle, the transmission is with ip = 0.86 favourable.

The angle of sweep of the tilted shafts amounts to alpha = 10° and the Dachwinkel, assume roof or top angle beta = 1°35'. Both of
these angles change dynamically under the influence of the additional tilted shaft (11). These support the sideforces, coming from
the wheel carriers directly against the subframe (1). They raise the lateral stability of the vehicle, and provide an absolute neutral
elastic steering under side-forces and also, that in driving mode, favourable toe-in alterations appear during spring deflection, and
also under load.
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Fig. 8.1-16 Flat, non-driven air-suspended semi-trailing-arm rear axle of the Mercedes-Benz V class, whose driven front axle with
spring-and-shock absorber strut has conventional coil springs. The air-spring bellows are supplied by an electrically powered

compressor. The individual wheel adjustment permits the lowering or lifting of the vehicle as well as a constant vehicle height,

regardless of — even onesided — loading. It is also possible to counteract body tilt during cornering. The damping properties of the
shock absorbers are affected by spring bellow pressure depending on the load. The short rolling lobe air-spring elements make a low
load floor possible; its rolling movement during compression and rebound results in self-cleaning. In the case of semi-trailing arm
axles, roll understeer of the rear axle can be achieved by means of a negative vertical angle of pivot-axis inclination the kinematic

toe-in alteration is also reduced.

Fig. 8.1-17 Constant velocity sliding joints by GKN
Automotive. In front-drive vehicles, considerable articulation
angles of the drive axles occur, sometimes even during straight
running, as a result of the installation situation, short propshafts
and lifting movements of the body due to torque steer effects.
These result in force and moment non-conformities and losses
which lead to unwanted vibration. The full-load sliding ball joint

216

8.1.2.6 Multi-link suspension

A form of multi-link suspension was first developed by
Mercedes-Benz in 1982 for the 190 series. Driven and
non-driven multi-link front and rear suspensions have
since been used (Figs. 8.1-1, 8.1-18, 8.1-19 and 8.1-44).

Up to five links are used to control wheel forces and
torque depending on the geometry, kinematics, elasto-
kinematics and force application of the axle. As the ar-
rangement of links is almost a matter of choice depending
on the amount of available space, there is extraordinarily
a wide scope for design. In addition to the known benefits
of independent wheel suspensions, with the relevant
configuration the front and rear systems also offer the
following advantages:

o Free and independent establishment of the kingpin
offset, disturbing force and torque developed by
the radial load.

(top, also see Fig. 8.1-53) permits bending angles of up to 22°
and displacements of up to 45 mm. Forces are transmitted by
means of six balls that run on intersecting tracks. In the rubber —
metal tripod sliding joint (bottom), three rollers on needle
bearings run in cylindrically machined tracks. With bending
angles of up to 25° and displacements of up to 55 mm, these
joints run particularly smoothly and hence quietly.
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Fig. 8.1-18 Multi-link suspension of Ford Werke AG. Derived from the Mondeo Turnier model series, multi-link suspension is used by
Ford for the first time in the Focus models (1998) in the segment of C class vehicles. This is called the ‘control sword axle’ after the
shape of the longitudinal link. As there are five load paths available here, instead of the two that exist in twist-beam axles and trailing
arm axles, there is great potential for improvement with regard to the adjustment of riding comfort, driving safety and noise and
vibration insulation. As a result of a very elastic front arm bush, the high level of longitudinal flexibility necessary for riding comfort is
achieved. At the same time, very rigid and accurate wheel control for increased driving safety is ensured by the transverse link, even
at the stability limit. The longitudinal link is subject to torsional stress during wheel lift and to buckling stress when reversing. By using
moulded parts, it was possible to reduce the unsprung masses by 3.5 kg per wheel.

Considerable opportunities for balancing the
pitching movements of vehicles during braking and
acceleration (up to more than 100% anti-dive, anti-
lift and anti-squat possible).

Advantageous wheel control with regard to toe-in,
camber and track width behaviour from the point
of view of tyre force build-up, and tyre wear as

a function of jounce with almost free definition of the
roll centre and hence a very good possibility of bal-
ancing the self-steering properties.

high requirements with regard to the observation of
tolerances relating to geometry and rigidity.

8.1.3 Rigid and semi-rigid crank
axles

8.1.3.1 Rigid axles

Wide scope for design with regard to elastokinematic
compensation from the point of view of (a) specific

Rigid axles (Fig. 8.1-20) can have a whole series of dis-
advantages that are a consideration in passenger cars, but
which can be accepted in commercial vehicles:

elastokinematic toe-in changes under lateral and
longitudinal forces and (b) longitudinal elasticity
with a view to riding comfort (high running wheel
comfort) with accurate wheel control.

As aresult of the more open design, the wheel forces can
be optimally controlled, i.e. without superposition, and
introduced into the bodywork in an advantageous way
with wide distances between the supports.

Mutual wheel influence (Fig. 8.1-21).

The space requirement above the beam corre-
sponding to the spring bump travel.

Limited potential for kinematic and elastokinematic
fine-tuning.

Weight — if the differential is located in the axle
casing (Fig. 8.1-20), it produces a tendency for

The disadvantages are:

increased expenditure as a result of the high number
of links and bearings;

higher production and assembly costs;

the possibility of kinematic overcorrection of the
axle resulting in necessary deformation of the bear-
ings during vertical or longitudinal movements;
greater sensitivity to wear of the link bearings;

wheel hop to occur on bumpy roads.

The wheel load changes during traction (Fig. 8.1-22)
and (particularly on twin tyres) there is a poor
support base bsy, for the body, which can only be
improved following costly design work

(Fig. 8.1-42).

The effective distance bsp, of the springs is generally
less than the tracking width b,, so the projected spring
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Fig. 8.1-19 Multi-link rear suspension of the BMW 5 series (E39, 1996). For the first time in large-scale car production, mainly
aluminium is used for the suspension system derived from the geometry of the BMW 7 series.

The subframe (rear-axle support) (1), produced from welded aluminium tubes, is attached to the bodywork by means of four large rubber
mounts (2). These are soft in a longitudinal direction for the purposes of riding comfort and noise insulation and rigid in a transverse
direction to achieve accurate wheel control. The differential gear also has compliant mounts (3). The wheel carrier is mounted on a U-
shaped arm (5) at the bottom and on the transverse link (7) and inclined guide link (8) at the top. As a result of this inclined position, an
instantaneous centre is produced between the transverse link and guide link outside the vehicle which leads to the desired brake
understeer during cornering and the elastokinematic compensation of deformation of the rubber bearings and components. The driving
and braking torque of the wheel carrier (11) is borne by the ‘integral’ link (9) on the swinging arm (5), which is subject to additional torsional
stress as a result. This design makes it possible to ensure longitudinally elastic control of the swinging arm on the guide bearing (10) for
reasons of comfort, without braking or driving torque twisting the guide bearings as would be the case with torque borne by pairs of
longitudinal links. The stabilizer behind presses on the swinging arm (5) by means of the stabilizer link (6), whereas the twin-tube
gas-pressure shock absorber, whose outer tube is also made of aluminium, and the suspension springs provide a favourably large
spring base attached directly to the wheel carrier (11). For reasons of weight, the wheel discs are also made of aluminium plate. The wheel
carrier is made of shell cast aluminium. The rear axle of the station wagon BMW Tourer is largely similar in design. However, the shock
absorber extends from the U-shaped swinging arm in order to allow for a wide and low loading area.

rate ¢, is lower (Fig. 8.1-23). As can be seen in Fig. 8.1-61,
the springs, and/or suspension dampers, for this reason
should be mounted as far apart as possible.

The centrifugal force (F.po, Fig. 8.1-6) acting on the
body’s centre of gravity during cornering increases the
roll pitch where there is a rigid axle.

Thanks to highly developed suspension parts and the
appropriate design of the springing and damping, it has

the spring centres, which are supported on the side-members.
The spring leaves are prevented from shifting against one
another by the spring clips located behind them, which open
downwards (see also Fig. 8.1.68).

Fig. 8.1-20 Rear axle on the VW LT light commercial vehicle.
The long, parabola-shaped rolled-out, dual leaf springs cushion
the frame well and are progressive. The rubber buffers of the
support springs come into play when the vehicle is laden.
Spring travel is limited by the compression stops located over
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The anti-roll bar is fixed outside the axle casing. The benefits of
this can be seen in Fig. 8.1.23. The shock absorbers, however,
are unfortunately located a long way to the inside and are also
angled forwards so that they can be fixed to the frame side-
members.



Fig. 8.1.21 Mutual influence of the two wheels of a rigid axle
when travelling along a road with pot-holes, shown as ‘mutually
opposed springing’. One wheel extends along the path s, and
the other compresses along the path s;.

been possible to improve the behaviour of rigid drive
axles. Nevertheless, they are no longer found in standard-
design passenger cars, but only on four-wheel-drive and
special all-terrain vehicles (Figs. 8.1-43 and 8.1-68).
Because of its weight, the driven rigid axle is outper-
formed on uneven roads (and especially on bends) by
independent wheel suspension, although the deficiency
in road-holding can be partly overcome with pressurized
mono-tube dampers. These are more expensive, but on
the compressive stroke, the valve characteristic can be
set to be harder without a perceptible loss of comfort.
With this, a responsive damping force is already opposing
the compressing wheels. This is the simplest and perhaps

Rear view
by

o

A

Fig. 8.1-22 |[f the differential is located in the body of the rigid
axle, the driving torque M coming from the engine is absorbed
at the centres of tyre contact, resulting in changes to vertical
force £AFy w;.

In the example, M would place an additional load on the left rear
wheel (Fyw, + AFy ) and reduce the vertical force (Fy w,r —
AF, \.») on the right one.

On a right-hand bend the right wheel could spin prematurely,
leading to a loss in lateral force in the entire axle and the car tail
suddenly breaking away (Fig. 10.1-37).
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Fig. 8.1-23 When considering the roll pitch of the body with
the rigid axle the distances bgy, (of the springs F) and bg (of the
anti-roll bar linkage points) are included in the calculation of the
transfer with mutually opposed springing. i, is squared to give
the rate ¢,

ip =by/bs, and ¢, = crii

The greater the ratio, the less the roll reaction applied by the
body, i.e. the springs and anti-roll bar arms should be fixed as
far out as possible on the rigid axle casing.

also the most economic way of overcoming the main
disadvantage of rigid axles.

In contrast to standard-design vehicles, the use of
the rigid rear axle in front-wheel-drive vehicles has
advantages rather than disadvantages (Fig. 8.1-24). The
rigid rear axle weighs no more than a comparable in-
dependent wheel suspension and also gives the option
of raising the body roll centre (which is better for this
type of drive). Further advantages, including those for
driven axles, are:

they are simple and economical to manufacture;
there are no changes to track width, toe-in and
camber on full bump/rebound-travel, thus giving
low tyre wear and sure-footed road holding;

there is no change to wheel camber when the body
rolls during cornering (Fig. 8.1-6), therefore there
is constant lateral force transmission of tyres;

the absorption of lateral force moment My =
Frx hro s by a transverse link, which can be placed
at almost any height (e.g. Panhard rod, Fig. 8.1-25);
optimal force transfer due to large spring track width
bs,,

the lateral force compliance steering can be tuned
towards under- or over-steering (Fig. 8.1-29).

There are many options for attaching a rigid axle rear
suspension beneath the body or chassis frame. Longi-
tudinal leaf springs are often used as a single suspension
control arm, which is both supporting and springing at
the same time, as these can absorb forces in all three
directions as well as drive-off and braking moments
(Fig. 8.1-26). This economical type of rear suspension
also has the advantage that the load area on lorries and
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Fig. 8.1-24 The rear axle on a Ford Escort Express delivery vehicle. Single leaf springs carry the axle and support the body well
at four points. The shock absorbers (fitted vertically) are located close to the wheel, made possible by slim wheel-carriers/hub
units. The additional elastomer springs sit over the axle tube and act on the side members of the body when at full bump.

the body of passenger cars can be supported in two
places at the back: at the level of the rear seat and under
the boot (Fig. 8.1-27). This reduces the stress on the
rear end of the car body when the boot is heavily laden,
and also the stress on the lorry frame under full load
(Fig. 8.1-20).

The longitudinal leaf springs can be fitted inclined,
with the advantage that during cornering the rigid rear
axle (viewed from above) is at a small angle to the vehicle
longitudinal axis (Fig. 8.1-28). To be precise, the side of
the wheel base on the outside of the bend shortens
somewhat, while the side on the inside of the bend
lengthens by the same amount. The rear axle steers into
the bend and, in other words, it is forced to self-steer
towards ’roll-understeering’ (Fig. 8.1-29).

—tj:- ——————— o) o

Pro,r F i

Y, W,r,i
A 7"7/* ;/

Fig. 8.1-25 On rigid axles the axle body absorbs the bending
moments which arise as a result of lateral forces. Only the force
Ft occurs between the suspension and the body, and its size
corresponds to the lateral forces Fy w ro and Fyw,i. On

a horizontal Panhard rod, the distance hg,  is also the height of
the body roll centre. The higher this is above ground, the greater
the wheel force change £ AF, yr.

F
Y,W,ro +5sz’r
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This measure can, of course, have an adverse effect
when the vehicle is travelling on bad roads, but it does
prevent the standard passenger car’s tendency to
oversteer when cornering. Even driven rigid axles ex-
hibit — more or less irrespective of the type of suspen-
sion — a tendency towards the load alteration (torque
steering) effect, but not to the same extent as semi-
trailing link suspensions. Details can be found in Section
10.1.12.2.

On front-wheel-drive vehicles, the wheels of the
trailing axle can take on a negative camber. This improves
the lateral grip somewhat, but does not promote perfect
tyre wear. This is also possible on the compound crank
suspension (a suspension-type halfway between a rigid

Longitudinal force /]\ Lateral

force
Vertical force

Fig. 8.1-26 Longitudinal leaf springs can absorb both forces in
all directions and the drive-off, braking and lateral force
moment.
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Fig. 8.1-27 Longitudinal rear leaf springs support the body
of a car in two places — under the back seats and under the
boot — with the advantage of reduced bodywork stress.

axle and independent wheel suspension) which, up to
now, has been fitted only on front-wheel drive vehicles.
Details are given in Fig. 8.1-2 and Section 8.1.6.4.1.

8.1.3.2 Semi rigid crank axles

The compound crank suspension could be described as the
new rear axle design of the 1970s (Figs. 8.1-2 and 8.1-30)
and it is still used in today’s small-and medium-sized
front-wheel-drive vehicles. It consists of two trailing arms
that are welded to a twistable cross-member and fixed to
the body via trailing links. This member absorbs all vertical
and lateral force moments and, because of its offset to the

aly

Fig. 8.1-28 Angled longitudinal leaf springs fixed lower to the
body at the front than at the back cause the rigid rear axle to
self-steer towards understeering (so-called roll pitch
understeering). Where there is body roll, the wheel on the
outside of the bend, which is compressing along the path sy, is
forced to accommodate a shortening of the wheel base A1,
whilst the wheel on the inside of the bend, which is extending
by s,, is forced to accommodate a lengthening of the wheel
base by A/2. The axle is displaced at the steering angle Ar.

Types of suspension and drive '

Fig. 8.1-29 If a rigid rear axle steers with the angle Ar towards
understeer, the tail moves out less in the bend and the driver
has the impression of more neutral behaviour. Moreover, there
is increased safety when changing lanes quickly at speed.
The same occurs if the outside wheel of an independent wheel
suspension goes into toe-in and the inside wheel goes into
toe-out.

wheel centre, must be less torsionally stiff and function
simultaneously as an anti-roll bar. The axle has numerous
advantages and is therefore found on a number of pas-
senger cars which have come onto the market.

Fig. 8.1-30 Twist-beam suspension of the VW Golf IV (1997),
VW Bora (1999) and Audi A3 (1996). The rubber-metal bearings
of the axle body are set at 25° to the transverse suspension of
the vehicle in order to improve the self-steering properties of the
suspension together with the rigidity of the bearings which
varies in three directions in space. Compared with the previous
model, it was possible to reduce unwanted lateral-force toe-out
steer resulting from link deformation by 30% to approximately
1 mm per 500 N of lateral force. Fig. 8.1-72 shows the
four-wheel-drive version of the VW Golf IV.
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Fig. 8.1-31 The lateral forces Fy,w,o and Fy,w,,; occurring at
the centres of tyre contact during cornering are absorbed at the
bearing points O, and Oys. This results in a moment

M, = (Fywyo +Fyw,ri)Xr =Fxo bo which (depending on the
elasticity of the rubber bearing) can cause ‘lateral force
oversteering’. The longer the control arms (distance r) and the
closer the points O, and O (distance bg), the greater the
longitudinal forces +Fyo.

From an installation point of view:

o the whole axle is easy to assemble and dismantle;

o it needs little space;

o a spring damper unit or the shock absorber and
springs are easy to fit;

Types of suspension and drive

o 1o need for any control arms and rods; and thus
o only few components to handle.

From a suspension point of view:

o there is a favourable wheel to spring damper ratio;

o there are only two bearing points Oj and O, which
hardly affect the springing (Fig. 8.1-31);

o low weight of the unsprung masses; and

o the cross-member can also function as an anti-roll bar.

From a kinematic point of view:

o there is negligible toe-in and track width change on
reciprocal and parallel springing;

o there is a low change of camber under lateral forces;

o there is low load-dependent body roll understeering
of the whole axle; and

o good radius-arm axis locations Oj and Oy
(Fig. 8.1-31), which reduce tail-lift during braking.

The disadvantages are:

o a tendency to lateral force oversteer due to control
arm deformation;

Fig. 8.1-32 Front-mounted engine, rear-mounted drive (BMW 3 series E46, 1998). The manual transmission is flange-mounted on
the engine, which is longitudinally positioned over the front axle. The rear-axle differential is driven by means of a propshaft. The fuel
tank is situated in front of the rear axle for safety in case of an accident. The battery was placed in the boot in order to achieve
a balanced 50:50 axle-load distribution. Fig. 8.1-1 shows the rear axle in detail.
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Fig. 8.1-33 Chevrolet Corvette (1998). In order to achieve balanced axle-load distribution, a more rigid overall system (necessary on
account of the greater flexibility of the plastic bodywork) and more leg room, the gearbox is integrated with the rear-axle differential.
Compared with standard drives, the cardan shaft turns higher (with engine speed) but is subject to correspondingly less torque. The
front and rear axles have plastic (fibreglass) transverse leaf springs. Compared with the previous model, unwanted vibration,
particularly on an uneven road surface, is reduced as a result of the shorter length of the wheel spindles of 63 mm and the small
steering-axle angle of 8.8°. Owing to the combination of a castor angle of 6.5° with a castor trail of 36 mm (previous model: 5.9°,
45 mm), a good compromise is achieved between high lateral rigidity of the axle and good feedback properties.

o torsion and shear stress in the cross-member; o the establishment of the position of the instanta-
o high stress in the weld seams; which means neous centre by means of the axle kinematics and
o the permissible rear axle load is limited in terms of rigidity of the twist-beam axle;
strength; o the mutual effect on the wheel;
o the limited kinematic and elastokinematic opportu- o the difficult decoupling of the vibration and noise
nities for determining the wheel position; caused by the road surface; and

Fig. 8.1-34 Rear axle (left side of wheel) of the Chevrolet Corvette (1998). Links 1, 2 and wheel carrier 3 of the multi-link suspension are
made from aluminium in order to reduce the unsprung masses. The plastic leaf spring 4 is mounted at two places on the right and left
sides of the body (5) so that it also helps to make the body more resistant to roll. Roll spring stiffness is further increased by stabilizer 6.
This is attached to subframe 7, which is also made of aluminium. The design of the wheel carrier 3 on the front and rear axles is the same,
but not the wheel links 1 and 2. The toe-in control of the rear axle is exercised very stiffly and precisely, via tie rod 8.
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Fig. 8.1-35 On a front-wheel drive (left) the vehicle is pulled.
The result is a more stable relationship between the driving
forces Fx w,a and the inertia force F y Conversely, in the case of
driven rear wheels an unstable condition is theoretically evident;
front axle settings ensure the necessary stabilization.

the considerable need for stability of the bodywork in
the region of those points on the front bearings at
which complex, superposed forces have to be
transmitted.

8.1.4 Front-mounted engine,
rear-mounted drive

In passenger cars and estate cars, the engine is approxi-
mately in the centre of the front axle and the rear wheels
are driven (Fig. 8.1-32). To put more weight on the rear
axle and obtain a more balanced weight distribution, Alfa
Romeo, Porsche (928, 968 models) and Volvo integrated
the manual transmission with the differential. This is also
the case with the Chevrolet Corvette sports car (1998;
Figs. 8.1-33 and 8.1-34). With the exception of light
commercial vehicles, all lorries have the engine at the
front or centrally between the front and rear axles to-
gether with rear-wheel-drive vehicles. The long load area

Fig. 8.1-37 The front rigid axle on the Mercedes-Benz light
commercial vehicle of the 207 D/308 series with recirculating
ball steering gear and steering rod 1 parallel to the two-layer
parabolic spring. This rod has to be slightly shorter than the
front side of the spring, so that both parts take on the same
motion curve when the axle bottoms out (see also Fig. 9.1-6).
The brace 3, running from the steering column jacket 2 to the
body, bends on impact.

The T-shaped axle casing 4, which is cranked downwards and
to which the springs are fastened, can be seen in the section.
The elastomer spring 5 sits on the longitudinal member of the
frame and the two front wheels are joined by the tie rod 6. The
safety steering wheel has additional padding.

gives hardly any other option. Articulated lorries, where
amajor part of the trailer weight —the trailer hitch load —is
carried over the rear wheels, have the same configuration.
On buses, however, the passengers are spread evenly
throughout the whole interior of the vehicle, which is why
there are models with front, central and rear engines.

Front-wheel drive  Rear-wheel drive  Rear engine
front rear front rear front rear
Empty 61 39 50 50 40 60
2 passengers at the front 60 40 50 50 42 58
4 passengers b5 45 47 53 40 60
5 passengers and luggage 49 51 44 56 41 59

Fig. 8.1-36 Average proportional axle load distribution based on drive type and loading condition. With the standard-design saloon,
when the vehicle is fully laden, the driven rear wheels have to carry the largest load. With the front-wheel drive, however, with only

two persons in the vehicle, the front wheels bear the greater load.
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Fig. 8.1-38 Front hub carrier (steering knuckle) on the
Mercedes-Benz S class (W40, 1997) with a large effective
distance c (see also Fig. 8.1.4). The upper transverse control
arm 6 forms the casing for the ball pivot of the guiding joint,
whereas the lower supporting joint 7 is pressed into the hub
carrier 5. The ventilated brake disc 34 (dished inwards), the
wheel hub 9, the double-hump rim 43 with asymmetrical drop
centre and the space for the brake caliper (not included in the
picture) are clearly shown.

8.1.4.1 Advantages and disadvantages
of the front-mounted engine,
rear-mounted drive design

The standard design has a series of advantages on
passenger cars and estate cars:

There is hardly any restriction on engine length, making
it particularly suitable for more powerful vehicles (in

other words, for engines with 8-12 cylinders).

There is low load on the engine mounting, as only the
maximum engine torque times the conversion of the
lowest gear without differential transmission has to

be absorbed.

Insulation of engine noise is relatively easy.

Under full load, most of the vehicle mass is on the

driven rear axle (important for estate cars and
trailers (Fig. 8.1-36).

Types of suspension and drive .

A long exhaust system with good silencing and cata-
lytic converter configuration.

Good front crumple zone, together with the
‘submarining’ power plant unit, i.e. one that goes
underneath the floor panel during frontal collision.
Simple and varied front axle designs are possible irre-
spective of drive forces.

More even tyre wear thanks to function distribution
of steering/drive.

Uncomplicated gear shift mechanism.

Optimum gearbox efficiency in direct gear because
no force-transmitting bevel gear is in action.
Sufficient space for housing the steering system in
the case of a recirculating ball steering gear.

Good cooling because the engine and radiator are at
the front; a power-saving fan can be fitted.
Effective heating due to short hot-air and water paths.

The following disadvantages mean that, in recent years,
only a few saloon cars under 2 1 engine displacement
have been launched internationally using this design,
and performance cars also featured the front-mounted
design:

Unstable straight-running ability (Fig. 8.1-35), which
can be fully corrected by special front suspension
geometry settings, appropriate rear axle design and
suitable tyres.

The driven rear axle is slightly loaded when there are
only two persons in the vehicle, leading to poor trac-
tion behaviour in wet and wintry road conditions —
linked to the risk of the rear wheels spinning, partic-
ularly when tight bends are being negotiated at speed.
This can be improved by setting the unladen axle load
distribution at 50%/50% which, however, is not
always possible (Fig. 8.1-36). It can be prevented by
means of drive-slip control.

A tendency towards the torque
(Fig. 10.1-53) and, therefore,
complex rear independent wheel suspension with
chassis subframe, differential gear case and axle
drive causing

restrictions in boot size

The need for a propshaft between the manual gear-
box and differential (Fig. 8.1-32) and, therefore,

a tunnel in the floor pan is inevitable, plus an unfav-
ourable interior to vehicle-length ratio.

steer effect

8.1.4.2 Non-driven front axles

The standard design for passenger cars that have come
onto the market in recent years have McPherson struts on
the front axle, as well as double wishbone or multi-link

225



Types of suspension and drive

Fig. 8.1-39 Multi-link front suspension of the Mercedes-Benz model W220 (S class, 1998). Based on a double wishbone axle,
two individual links (tension strut and spring link) are used instead of the lower transverse link in order to control the steering axle
nearer to the middle of the wheel. As a result, the kingpin offset and disturbing force lever arm are reduced and vibrations are caused
by tyre imbalances and brake-force fluctuations is consequently minimized. Crash performance is also improved by the more
open design. The air-spring struts with integrated shock absorber proceed directly from the spring link. The laterally rigid rack and
pinion steering in front of the middle of the wheel leads to the desired elastokinematic understeer effect during cornering owing to the
laterally elastic spring link bearings. The manufacturing tolerances are kept so small by means of punched holes that the adjustment

of camber and camber angles in production is not necessary.

suspensions. The latter type of suspension is becoming
more and more popular because of its low friction levels
and kinematic advantages. Even some light commercial
vehicles have McPherson struts or double wishbone axles
(Fig. 8.1-7). However, like almost all medium-sized and
heavy commercial vehicles, most have rigid front axles. In
order to be able to situate the engine lower, the axle
subframe has to be offset downwards (Fig. 8.1-37).

The front wheels are steerable; to control the steering
knuckle 5 (Fig. 8.1-38) on double wishbone suspensions,
there are two ball joints that allow mobility in all di-
rections, defined by full bump/rebound-travel of the
wheels and the steering angle. The wishbone, which ac-
cepts the spring, must be carried on a supporting joint
(item 7) in order to be able to transmit the vertical
forces. A regular ball joint transferring longitudinal and
lateral forces (item 8) is generally sufficient for the
second suspension control arm. The greater the distance
between the two joint points, the lower the forces in the
components. Fig. 8.1-39 shows a front axle with ball
joints a long way apart.

The base on McPherson struts is better because it is
even longer. Fig. 8.1-40 shows a standard design and
Fig. 8.1-8 the details.

The coil spring is offset at an angle to reduce the
friction between piston rod 2 and the rod guide. The
lower guiding joint (point G) performs the same function
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as on double wishbones, whereas point E is fixed in the
shock tower, which is welded to the wheel house panel.
As the wheels reach full bump, piston rod 2 moves in the
cylinder tube (which sits in the carrier or outer tube and
when there is a steering angle the rod and spring turn
in an upper strut mount, which insulates noise and is
located at point E (Fig. 8.1-9).

Wheel controlling damper struts do not require such
a complex mount. The piston rod turns easily in the
damping cylinder (Fig. 8.1-41). Only the rod needs noise
insulation. The coil spring sits separately on the lower
control arm, which must be joined to the steering knuckle
via a supporting joint. The damper is lighter than a shock-
absorbing strut and allows a greater bearing span across the
damping cylinder, permits a wider, flatter engine com-
partment (which is more streamlined) and is easier to
repair. However, it is likely to be more costly and offset-
ting the spring from the damper (Figs. 8.1-8 and 8.1-11)
may cause slip-stick problems with a loss of ride comfort.

In the case of front-wheel-drive vehicles, there may be
a problem in the lack of space between the spring and the
drive axle.

8.1.4.3 Driven rear axles

Because of their cost advantages, robustness and ease of
repair rigid axles are fitted in practically all commercial



Types of suspension and drive '

Fig. 8.1-40 Spring strut front axle of the BMW Roadster Z3, which Lemforder Fahrwerktechnik produce in the USA and supply
directly to the assembly line there. The additional springs 2 are positioned in the coil springs (Fig. 8.1-11) which are offset at an angle
in order to reduce friction. The stabilizer 6 is connected to the lower links by the struts 3.

The cross-member 7 which serves as the subframe takes the hydraulically supported rack and pinion steering 1 at the front and the
transverse link 4 on its lower side. The L-shape of the transverse link makes good decoupling of the lateral rigidity and longitudinal
elasticity possible: lateral forces are introduced directly into the rigid front bearing, while longitudinal forces produce a rotational
movement about the front bearing as a result of the laterally elastic rear bearing 5. These rubber elements ensure a defined lateral
springing. The large-diameter internally ventilated brake discs (15” rim) and the third-generation, two-row angular ball bearings,

whose outside ring also acts as a wheel hub, are clearly shown.

The kingpin offset at ground (scrub radius) depends on the tyre width and thus the wheel offset; it is r, = +10 mm on 185/65 r 15

tyres and r, = +5 mm on 205/60 R 15 tyres.

and off-road vehicles (Fig. 8.1-43) in combination with
leaf springs, coil springs or air springing (Figs. 8.1-20 and
8.1-42). They are no longer found in saloons and coupés.
In spite of the advantages described in Section 8.1.3, the
weight of the axle is noticeable on this type of vehicle.

For independent suspension, the semi-trailing arm
axle, shown in Figs. 8.1-15 and 8.1-45, is used as in-
dependent wheel suspension in passenger and light
commercial vehicles. This suspension has a chassis sub-
frame to which the differential is either fixed or, to
a limited degree, elastically joined to give additional noise
and vibration insulation. The springs sit on the suspension
control arms. This gives a flat, more spacious boot, but
with the disadvantage that the forces in all components
become higher.

Because of its ride and handling advantages, more and
more passenger cars have double wishbone suspension

rear axles or so-called multi-link axles (Figs. 8.1-1,
8.1-19, 8.1-34 and 8.1.72).

Most independent wheel suspensions have an easy-to-
assemble chassis subframe for better wheel control and
noise insulation. However, all configurations (regardless
of the design) require drive shafts with length compen-
sation. This is carried out by the sliding constant velocity
(CV) joints fitted both at the wheel and the differential.
Fig. 8.1-17 shows a section through a joint of this type,
and Fig. 8.1-44 shows a typical modern bearing of
a driven rear wheel.

8.1.5 Rear and mid engine drive

The rear-mounted power plant consists of the engine and
the differential and manual gearbox in one assembly unit,
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Fig. 8.1-41 Front axle of the Mercedes-Benz Sprinter series (1995). The wheel-controlling strut is screwed on to the wheel carrier,
which is, in turn, connected to the lower cross-member by means of a ball joint. Both the vehicle suspension and roll stabilization are
ensured by means of a transverse plastic leaf springmounted on rubber elements. Large rubber buffers with progressive rigidity act

as additional springs and bump stops.
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and it drives the rear wheels. The power plant can sit
behind the axle (Fig. 8.1-45, rear-mounted engine) or in
front of it (Fig. 8.1-46, central engine). This configuration
makes it impossible to have a rear seat as the engine
occupies this space. The resulting two-seater is only
suitable as a sports or rally car.

The disadvantages of rear and central engine drive on
passenger cars are:

o moderate straight running abilities (caster offset at
ground angles of up to T = 8° are factory set);

e sensitivity to side winds;

o indifferent cornering behaviour at the stability limit
(central engine);

o oversteering behaviour on bends (rear-mounted
engine, see Fig. 10.1-42);

Fig. 8.1-42 Driven rear axle with air springs of the Mercedes-
Benz lorry 1017 L to 2219 L 6 x 2. The axle is carried in the
longitudinal and lateral directions by the two struts 1 and the
upper wishbone type control arm 2. The four spring bellows sit
under the longitudinal frame members and, because of the twin
tyres, they have a relatively low effective bsp. The tracking width
b, divided by bsg;, yields approximately the ratio i, = 2.2.

To reduce body roll pitch the anti-roll bar 3 was placed
behind the axle and is supported on the frame via the rod 4.
The four shock absorbers 5 are almost vertical and are
positioned close to the wheels to enable roll movements of
the body to fade more quickly.
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Fig. 8.1-43 The rear axle on the all-terrain, general-purpose passenger car, Mitsubishi Pajero. The rigid axle casing 1 is taken through
the longitudinal control arms 2. These absorb the drive-off and braking forces (and the moments which arise) and transmit them to
the frame. The rubber mountings 3 in the front fixing points 1, which also represent the vehicle pitch pole O,, are designed to be
longitudinally elastic to keep the road harshness due to the dynamic rolling hardness of the radial tyre away from the body. The Panhard
rod 4 absorbs lateral forces. The anti-roll bar 5 is (advantageously) fastened a long way out on the frame (Fig. 8.1-23). The disc brakes,
coil springs and almost vertical shock absorbers can be clearly seen.

Fig. 8.1-44 Rear axle wheel hub carrier with wheel and brake.
The drive shaft 7 is butt-welded to the CV slip joint 6. The drive
shaft transmits the driving torque to the wheel hub 15 via

a serrated profile. Part 15 is carried by the maintenance-free,
two-row angular (contact) ball bearing 5. The one-part outer
ring is held in the hub carrier 4 by the snap ring 16.

The seal rings on both sides sit in the permanently lubricated
bearing unit. The covering panel 11 (that surrounds the brake disc
12) acts as additional dirt-protection outside, as does collar 9 of
the CVjoint on the inside. This grips into a cut-out in the wheel hub
carrier 4 and creates a cavity. The centrifugal effect of the bell-
shaped joint housing prevents ingress of dirt and water. The
brake disc 12 is pulled from outside against the flange 15 and
fixed by dowel 14 until the wheel is mounted. The jaws 20 of the
drum brake acting as a handbrake act on the inside of part 12. At
the lower end, the illustration shows the fixed calliper 1 of the disc
brake. Two hexagonal bolts (item 2) fix it to the wheel hub carrier
4. Piston 3 and the outer brake pad are shown cut away
(illustration: Mercedes-Benz).

difficult to steer on ice because of low weight on the
front wheels;

uneven tyre wear front to rear (high rear axle load,
see Fig. 8.1-36);

the engine mounting must absorb the engine moment
times the total gear ratio;

the exhaust system is difficult to design because of
short paths;

the engine noise suppression is problematic;
complex gear shift mechanism;

long water paths with front radiators (Fig. 8.1-46);
high radiator performance requirement because of
forced air cooling, the electric fan can only be used
on the front radiator;

the heating system has long paths for hot water or
warm air;

the fuel tank is difficult to house in safe zones;

the boot size is very limited.

In the case of vehicles with a short wheel base and
high centre of gravity with the engine on or behind the
rear axle, there is a danger that the vehicle will overturn
if it is rolling backwards down a steep slope and the
parking brake, which acts upon the rear axle, is suddenly
applied.

As a result of the logical further development of the
kinematics and elasto-kinematics of the axles, Porsche
have succeeded in improving straight running as well as
cornering in the steady state (vehicles now understeer
slightly up to high lateral accelerations) and transient
state as well as when subject to torque steer effects.
Even in the case of the Boxsters (with mid-engine, see
Fig. 8.1-46, since 1996) and 911 (water-cooled since
1997), Porsche are adhering to rear-wheel drive (whereas
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Fig. 8.1-45 VW Transporter, a light truck which could be used either as an eight-seater bus or for transporting goods, and which has
the optimal axle load distribution of 50%/50% in almost all loading conditions. The double wishbone suspension at the front, the
semi-trailing link rear axle and the rack and pinion steering, which is operated via an additional gear set in front, can be seen clearly.
To achieve a flat load floor throughout, VW changed the Transporter to front-wheel drive in 1990.

Fig. 8.1-46 The Porsche Boxster (1996) has a water-cooled engine which is longitudinally installed in front of the rear axle. The front
axle is designed as a spring strut-type axle. The transverse link is arranged almost in extension of the wheel axle; it is connected to the
longitudinal link by a strut bush which is soft for reasons of comfort. This open design and link geometry make it possible to combine
a high level of driving precision, a result of rigid wheel control, with riding comfort, owing to the longitudinal elasticity of the axle. At

a camber angle of 8°, good straight running results from the large castor displacement of 41 mm. The kingpin offset is —7 mm and the
disturbing force lever arm is 83 mm. The pitch centre of the front axle was located near to the road to achieve kinematic wheel recession
of the axle, which is important for riding comfort, with the result that braking-torque compensation is only 10%.

The rear axle is also a spring strut-type axle in an open link design; the wheel carrier, hub and bushes as well as the transverse link
are the same as those found on the front axle. The open design makes it possible to have an inwardly inclined elastokinematic axis of
rotation, so that a stabilizing toe-in position of the rear wheels is produced during braking. The axle can also be designed to
understeer when subject to lateral forces.

The main disadvantages of the mid-engine design are apparent from the boot space: only 130 | are available at both the front and back.



Fig. 8.1-47 The low cargo area on the Peugeot light
commercial vehicle J 5/J 7 is achieved due to front-wheel drive
and a semi-trailing link axle to the rear (similar to the one in
Fig. 8.1-63).

the VW Transporter, Fig. 8.1-45, has not been built since
1991) and, in so doing, obtain the following benefits:

o very agile handling properties as a result of the small
yawing moment;

o very good drive-off and climbing capacity, almost
irrespective of load,;

o a short power flow because the engine, gearbox and
differential form one compact unit;

o light steering due to low front axle load;

o good braking force distribution;

o simple front axle design;

o easy engine dismantling (only on rear engine);

o no tunnel or only a small tunnel in the floor pan;

 a small overhang to the front is possible.
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8.1.6 Front-wheel drive

The engine, differential and gearbox form one unit,
which can sit in front of, over, or behind the front axle.
The design is very compact and, unlike the standard
design, means that the vehicle can either be around
100-300 mm shorter, or the space for passengers and
luggage can be larger. These are probably the main rea-
sons why, worldwide, more and more car manufacturers
have gone over to this design. In recent years only a few
saloons of up to 2 1 capacity without front-wheel drive
have come onto the market. Nowadays, front-wheel -
drive vehicles are manufactured with V6 and V8 engines
and performances in excess of 150 kW.

However, this type of drive is not suitable for com-
mercial vehicles as the rear wheels are highly loaded and
the front wheels only slightly. Nevertheless, some light
commercial vehicle manufacturers accept this disad-
vantage so they can lower the load area and offer more
space or better loading conditions (Fig. 8.1-47). The
propshafts necessary on standard passenger cars would
not allow this.

8.1.6.1 Types of design

8.1.6.1.1 Engine mounted longitudinally
‘north-south’ in front of the axle

In-line or V engines mounted in front of the axle —
regardless of the wheelbase — give a high front axle load,

Fig. 8.1-48 In front-wheel drive vehicles the engine can be mounted longitudinally in front of the front axle with the manual gearbox
behind. The shaft goes over the transverse differential (illustration: Renault).
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Fig. 8.1-49 Compact power train unit on the Vauxhall Corsa (1997). The engine is transverse mounted with the gearbox on the left.
The McPherson front axle and safety steering column can be seen clearly.

whereby the vehicle centre of gravity is pushed a long
way forwards (Fig. 8.1-48). Good handling in side winds
and good traction, especially in the winter, confirm the
merits of a high front axle load, whereas the heavy
steering from standing (which can be rectified by power-
assisted  steering), distinct understeering during
cornering and poor braking force distribution would be
evidence against it.

This type of design, as opposed to transverse mount-
ing, is preferred in the larger saloons as it allows for rel-
atively large in-line engines. The first vehicles of this type
were the Audi 80 and 100. Inclining the in-line engine
and placing the radiator beside it means the front over-
hang length can be reduced. Automatic gearboxes need

Direction

more space because of the torque converter. This space is
readily available with a longitudinally mounted engine.

A disadvantage of longitudinal engines is the unfav-
ourable position of the steering gear: this should be
situated over the gearbox. Depending on the axle design,
this results in long tie rods with spring strut (McPherson)
front axles (Fig. 8.1-57).

8.1.6.1.2 Transverse engine mounted
in front of the axle

In spite of the advantage of the short front overhang, only
limited space is available between the front wheel hous-
ings (Figs. 8.1-49 and 8.1-50). This restriction means that

Fig. 8.1-50 Layout of transverse engine, manual gearbox and differential on the VW Polo. Because the arrangement is offset, the
axle shaft leading to the left front wheel is shorter than that leading to the right one. The shifter shaft between the two can be seen

clearly. The total mechanical efficiency should be around n = 0.9.
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Fig. 8.1-51 Gearbox unit on the Lancia Thema, located beside the transverse engine and between the front axle McPherson struts.
Owing to the high engine performance, the design features two equal-length axle shafts joined by an intermediate shaft. There are

also internally ventilated disc brakes.

Fig. 8.1-52 Arrangement of the gearbox beneath the motor,
which is inclined towards the rear, and the differential gear
placed behind it. A single oil-economy undertakes the supply, in
this case, of the driving unit, narrow in its design (Works lllustr.
Fa Peugeot).

engines larger than an in-line four cylinder or V6 cannot be
fitted in a medium-sized passenger car. Transverse, asym-
metric mounting of the engine and gearbox may also cause
some performance problems. The unequal length of the
drive shafts affects the steering. During acceleration the
vehicle rises and the drive shafts take on different angular
positions, causing uneven moments around the steering
axes. The difference between these moments to the left
and to the right causes unintentional steering movements
resulting in a noticeable pull to one side; drive shafts of
equal length are therefore desirable. This also prevents
different drilling angles in the drive shaft causing timing
differences in drive torque build-up.

The large articulation angle of the short axle shaft can
also limit the spring travel of the wheel. To eliminate the
adverse effect of unequal length shafts, passenger cars
with more powerful engines have an additional bearing
next to the engine and an intermediate shaft, the ends of
which take one of the two sliding CV joints with angular
mobility (Figs. 8.1-51 and 8.1-17). Moreover, 'flexing
vibration’ of the long drive shaft can occur in the main
driving range. Its natural frequency can be shifted by
clamping on a suppression weight (Fig. 9.1).

Fig. 8.1-53 Front-wheel output shaft of GKN Automotive. A CV sliding joint is used on the gearbox side and a CV fixed joint is used
on the wheel side (Fig. 8.1-17). The maximum bending angles are 22° for the sliding joint and 47° for the fixed joint. For reasons of
weight, the sliding joint is placed directly into the differential and fixed axially by a circlip. A central nut secures attachment on the
wheel side. The intermediate shaft is designed as a carburized, shaped hollow shaft.
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Fig. 8.1-54 Double wishbone front axle assembly of the Audi A4. The Audi A6 of 1997, the Audi A8 (1996) and the VW Passat of
1996 are similar. Four individual transverse ‘arms’ on each side form what is effectively a double wishbone arrangement which
provides lateral and longitudinal wheel location. The two upper members (1 and 2) are attached to the spheroidal graphite iron
hollow-section stub-axle post (18) by low-friction ball and socket joints. The track rod (3) provides the steering input through

a horizontal extension of this stub-axle post which forms a steering arm. The two lower suspension members consist of the radius
arm (4) and the transverse arm (5). This latter must be capable of reacting high loads from the anti-roll bar (6) and spring/damper (7)
attachment points. The co-axial spring/damper assembly incorporates a polyurethane rubber bump-stop, as well as the hydro-
mechanical tension rod stop. The spring/damper unit (7) and the inner bearings of the upper members (1) and (2) are mounted on the
upper suspension bracket.

The inner ends of suspension members (4 and 5) are located by substantial rubber mountings on the inside of the sub-frame (10). The
rear mounting (11) is hydraulically damped to absorb any harshness associated with radial tyres. The vehicle body is mounted on
four rubber mountings (12 to 15) of specified elasticity to ensure a high standard of ride comfort.

The inner drive shafts are located to the rear of the spring dampers (7) and are connected to the drive-line by ‘tripot’ flexible
couplings (16). The outer ends of the drive shafts transmit the drive to the wheels through double-row angular contact bearings. The
inner races of these bearings are integral with the wheel hubs.

The hydraulically assisted steering rack is mounted on the vehicle’s scuttle, with the steering damper (17) located on one side of the
steering housing, and the other side attached to the steering rack.

The high location of the wheel-joint facilitates space saving and a consequent reduction of the lever-arm forces, and allows the inner
valences of the mudguard to be located further outboard.

The advantages of this type of four-link suspension include the location of the points E and G of the paired arms 1 and 2, likewise 4
and 5, which are subjected to outward thrusts resulting from steering input to the steering-arm, which are thereby compressed
through r = 10 mm. Moreover the high location of the point E (Fig. 8.1-5)-together with the negative steering roll radius r = -7 mm -
helps to reduce the loads in all components of the front suspension system.

Other design parameters of the suspension arrangement are:

King-pin inclination e =30

Caster angle T = +3°50/
Camber angle o = +3°45
Caster linear trail n =+45.5mm
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Fig. 8.1-565 Double wishbone front suspension on the Honda
models, Prelude and Accord, with short upper wishbones
with widely spaced bearings, lower transverse control arms
and longitudinal rods whose front mounts absorb the
dynamic rolling stiffness of the radial tyres. The spring shock
absorbers are supported via fork-shaped struts on the
transverse control arms and are fixed within the upper link
mounts. This point is a good force input node. Despite the
fact that the upper wheel carrier joint is located high, which
gives favourable wheel kinematics, the suspension is
compact and the bonnet can be low to give aerodynamic
advantages. The large effective distance ¢ between the
upper and lower wheel hub carrier joints seen in Fig. 8.1-5
results in low forces in all mounts and therefore less elastic
deflection and better wheel control.

8.1.6.2 Advantages and disadvantages
of front-wheel drive

Regardless of the engine position (see Fig. 8.1-52), front-
wheel drive has numerous advantages:

there is load on the steered and driven wheels;
good road-holding, especially on wet roads and in
wintry conditions — the car is pulled and not
pushed (Fig. 8.1-35);

good drive-off and sufficient climbing capacity with
only few people in the vehicle;

tendency to understeer in cornering;

insensitive to side wind;

although the front axle is loaded due to the weight
of the drive unit, the steering is not necessarily
heavier (in comparison with standard cars) during
driving;

axle adjustment values are required only to

a limited degree for steering alignment;

Types of suspension and drive .

simple rear axle design — e.g. compound crank or
rigid axles — possible;

long wheelbase making high ride comfort possible;
short power flow because the engine, gearbox and
differential form a compact unit;

good engine cooling (radiator in front), and an elec-
tric fan can be fitted;

effective heating due to short paths;

smooth car floor pan;

exhaust system with long path (important on cars
with catalytic converters),

a large boot with a favourable crumple zone for rear
end crash.

The disadvantages are:

under full load, poorer drive-off capacity on wet
and icy roads and on inclines (Fig 8.1-36);

with powerful engines, increasing influence on
steering;

engine length limited by available space;

with high front axle load, high steering ratio or power
steering is necessary;

with high located, dash-panel mounted rack and
pinion steering, centre take off tie rods become
necessary (Figs. 8.1-57 and 9.1-39) or significant
kinematic toe-in change practically inevitable;
geometrical difficult project definition of a favourable
interference force lever arm and a favourable steering
roll radius (scrub radius);

engine gearbox unit renders more difficult the
arrangement of the steering package;

the power plant mounting has to absorb the engine
moment times the total gear ratio;

it is difficult to design the power plant mounting —
booming noises, resonant frequencies in conjunction
with the suspension, tip in and let off torque effects
etc., need to be suppressed;

with soft mountings, wavy road surfaces excite

the power plant to natural frequency oscillation (so-
called ‘front end shake’;

there is bending stress on the exhaust system from
the power plant movements during drive-off and
braking (with the engine);

there is a complex front axle, so inner drive shafts
need a sliding CV joint (Fig. 8.1-53);

the turning and track circle is restricted due to the
limited bending angle (up to 50°) of the drive joints;
high sensitivity in the case of tyre imbalance and non-
uniformity on the front wheels;

higher tyre wear in front, because the highly loaded
front wheels are both steered and driven;
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Fig. 8.1-56 Lancia front axle. The McPherson strut consists of the wheel hub carrier 1 and the damping part 2; the two are
connected by three screws. The lower spring seat 3 sits firmly on the outer tube and also acts as a buffer for the supplementary
spring 4. This surrounds the outer tube 2 giving a longer bearing span (path /-o, Fig. 8.1-11). The supporting bearing 5 is arranged
diagonally and thus matches the position of the coil spring which is offset to reduce damping friction. The rubber bearing 6 absorbs
the spring forces, and the rubber bearing 7 absorbs the forces generated by the damping. Disc 8 acts as a compression buffer and
plate 9 acts as a rebound buffer for this elastic bearing. Both parts come into play if the damping forces exceed certain values.
The centre of the CV joint 10 lies in the steering axis and the wheel hub 11 fits onto a two-row angular (contact) ball bearing. Guiding
joint 12 sits in a cone of the wheel hub carrier 1 and is bolted to the lower transverse control arm 13. Inelastic ball joints provide the
connection to the anti-roll bar 14. The steering axis inclination ¢ between the centre point of the upper strut mount and guiding joint
12 and the (here slightly positive) kingpin offset at ground (scrub radius) r,, are included.

poor braking force distribution (about 75% to the
front and 25% to the rear);

complex gear shift mechanism which can also be
influenced by power plant movements.

The disadvantage of the decreased climbing perfor-
mance on wet roads and those with packed snow can be
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compensated with a drive slip control (ASR) or by
shifting the weight to the front axle. On the XM
models, Citroén moved the rear axle a long way to the
rear resulting in an axle load distribution of about 65%
to the front and 35% to the back. The greater the load
on the front wheels, the more the car tends to
understeer, causing adverse steering angles and heavy
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Fig. 8.1-57 Driven McPherson front axle on the Audi 6 (Audi 100, 1991). The dynamic rolling hardness of the radial tyre is absorbed
by the rubber bearings, which sit in the lower transverse control arms. The inner sleeves of these bearings take the arms of the anti-
roll bar, which also act as a trailing link (classic McPherson construction). To avoid greater toe-in changes

when the wheels are at full bump/rebound-travel, centre take-off tie rods are used on the rack and pinion steering higher up and in
the centre (Fig. 9.1-39). Together with these rods, the steering damper located on the right is fastened to the end of the steering rack.
The engine is mounted longitudinally, which means the drive shafts are of equal length.

The development of the axle since 1997 is shown in Fig. 8.1-54.

steering, which makes power steering mandatory (see
Section 9.1.2.5).

8.1.6.3 Driven front axles

The following are fitted as front axles on passenger cars,
estate cars and light commercial vehicles:

double wishbone suspensions;

multi-link axles;

McPherson struts, and (only in very few cases);
damper struts.

On double wishbone suspensions, the drive shafts re-
quire free passage in those places where the coil springs
are normally located on the lower suspension control
arms. This means that the springs must be placed higher
up with the disadvantage that (as on McPherson struts)
vertical forces are introduced a long way up on the wheel
house panel. It is better to leave the springs on the lower
suspension control arms and to attach these to the stiffer
body area where the upper control arms are fixed. Shock
absorbers and springs can be positioned behind the drive
shafts (see Fig. 8.1-54) or sit on split braces, which grip
round the shafts and are jointed to the lower suspension
control arms (Fig. 8.1-55). The axle is flatter and the

front end (bonnet contour) can be positioned further
down. The upper suspension control arms are relatively
short and have mountings that are wide apart. This in-
creases the width of the engine compartment and the
spring shock absorber unit can also be taken through the
suspension control arms; however, sufficient clearance to
the axle shaft is a prerequisite. Due to the slight track
width change, the change of camber becomes favourable.
Furthermore, the inclination of the control arms provides
an advantageous radius arm axis position and anti-dive
when braking (see also Fig. 8.1-75).

Most front-wheel drives coming on to the market
today have McPherson struts. It was a long time after
their use in standard design cars that McPherson struts
were used at the front axle on front-wheel drive vehicles.
The drive shaft requires passage under the damping part
(Fig. 8.1-56). This can lead to a shortening of the effec-
tive distance [-o, which is important for the axle
(Fig. 8.1-11), with the result that larger transverse forces
Fyc and Fy,c occur on the piston and rod guide and
therefore increase friction.

On front-wheel-drive vehicles there is little space
available to fit rack and pinion steering. If the vehicle
has spring dampers or damper struts, and if the steering
gear is housed with short outer take-off tie rods,
a toe-in change is almost inevitable (Fig. 9.1-4). A high
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Fig. 8.1-58 Twist-beam suspension of the Audi A6 (1997). An advantageously large support width of the guide on the links —
important for force application — was chosen because of the overhung arrangement. The flexurally resistant, but torsionally soft V
section profile of the axle is in an upright position in order to ensure that the suspension has roll understeer properties through the
high position of the centre of thrust of the profile. The instantaneous centre height is 3.7 mm and the toe-in alteration is 0.21 min/mm.
Braking-torque compensation of 73% is reached. The stabilizer situated in front of the axis of rotation increases the lateral rigidity of
the axle design, because it accepts tension forces upon the occurrence of lateral wheel forces. The linear coil springs mounted on
noise-insulating moulded rubber elements on both sides are separated from the shock absorbers to allow the maximum loading
width of the boot as a result of their location under the side rails. The gas-pressure shock absorbers support additional springs made
of cellular polyurethane which act softly, through specific rigidity balancing, to avoid uncomfortable changes in stiffness when
reaching the limits of spring travel. Owing to the rigid attachment of the shock absorbers to the bodywork, these also work at low
amplitudes; so-called ‘parasitic’ springing resulting from the unwanted flexibility of wheel suspension or bodywork components is

thereby reduced.

steering system can readily be attached to the dash panel
(Fig. 8.1-57), but a centre take-off is then necessary and
the steering system becomes more expensive (Figs. 9.1-1,
9.1-11 and 9.1-39). Moreover, the steering force applied
to the strut is approximately halfway between mountings
E and G (Fig. 8.1-11). The inevitable, greater yield in the
transverse direction increases the steering loss angle and
makes the steering less responsive and imprecise.

8.1.6.4 Non-driven rear axles

If rear axles are not driven, use can frequently be made of
more simple designs of suspension such as twist-beam or
rigid.

8.1.6.4.1 Twist-beam suspension

There are only two load paths available on each side of
the wheel in the case of twist-beam axles. As a result of

238

their design (superposed forces in the links, only two
load paths), they suffer as a result of the conflicting aims
of longitudinal springing — which is necessary for reasons
of comfort — and high axle rigidity — which is required
for reasons of driving precision and stability. This is
particularly noticeable with the loss of comfort resulting
from bumpy road surfaces. If the guide bearings of the
axle are pivoted, the superposition of longitudinal and
lateral forces should particularly be taken into consid-
eration. As a result of the design, twist-beam suspen-
sions exhibit unwanted oversteer when subject to lateral
forces as a result of deformation of the swinging arms.
In order to reduce the tendency to oversteer, large guide
bearings which, as ‘toe-in correcting’ bearings, permit
lateral movements of the whole axle body towards un-
dersteer when subject to a lateral force are provided. As
the introduction of longitudinal and lateral forces into
the body solely occurs by means of the guide bearings, it
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Fig. 8.1-59 Rear+wheel bearing on the Fiat Panda with a third-
generation, two-row angular (contact) ball bearing. The wheel

hub and inner ball bearing ring are made of one part, and the

square outer ring is fixed to the rigid axle casing with four bolts
(picture: SKF).
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Fig. 8.1-61 Torsion crank axle on the Audi A6 (Audi 100, 1991)
with spring dampers fixed a long way out at points 6 and which
largely suppress body roll vibrations.

The longitudinal control arms therefore had to be welded further
in to the U-profile acting as a cross-member and reinforced by
shoe 5. The U-profile is also raised at the side to achieve higher
torsional resistance. The anti-roll bar is located inside the U-
profile.

Brace 2 distributes the lateral forces coming from the Panhard
rod 1 to the two body-side fixing points 3 and 4. Bar 1 is located
behind the axle, and the lateral force understeering thus caused
could be largely suppressed by the length of the longitudinal
control arms. Furthermore, it was possible to increase the
comfort and to house an 80 | fuel tank as well as the main
muffler in front of the axle.

The only disadvantage is that the link fixing points, and
therefore the body roll axis O,, moves further forward and this
reduces the ‘anti-dive’, and that the suspension requires much
space when assembled.

Fig. 8.1-60 ’'Omega’ rear wheel suspension on the Lancia Y 10 and Fiat Panda, a trailing axle with a U-shaped tube, drum brakes,
inclined shock absorbers and additional elastomer springs seated inside the low-positioned coil springs. The rubber element in the
shaft axle bearing point, shown separately, has cut-outs to achieve the longitudinal elasticity necessary for comfort reasons; the
same is true for the front bearings of the two longitudinal trailing links. The middle bearing point is also the body roll axis.

The body roll centre is located in the centre of the axle but is determined by the level of the three mounting points on the body. The
lateral forces are absorbed here. The angled position of the longitudinal trailing links is chosen to reduce the lateral force
oversteering that would otherwise occur (shown in Fig 8.1-31). The coil springs are located in front of the axle centre and so have to
be harder, with the advantage that the body is better supported on bends.
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Fig. 8.1-62 Top view of the double wishbone rear axle on the
Honda Civic. The trailing arm 2, which is stiff under flexure
and torsion, and the wheel hub carrier 1 form a unit and,
along with the two widely spaced lower transverse control
arms 7 and 11, ensure precise wheel control and prevent
unintentional toe-in changes. The rubber bearing in point 3,
which represents the so-called ‘vehicle roll axis’ O,, provides
the real longitudinal wheel control of the axle. The lateral
control of wheel carrier 1 is performed by the short upper
transverse control arm 6 and the longer lower one 7, which
accepts the spring shock absorber 8 in point 9. The length
difference in the control arms gives favourable camber and
track width change.

During braking, bearing 3 yields in the longitudinal direction
and, due to the angled position of the links 11 when viewed
from the top, the front point 4 moves inwards and the wheel
goes into toe-in. Behaviour during cornering is similar: the
axle understeers due to lateral force and body roll (see Figs.
8.1-1 and 8.1-77). The wheel is carried by ‘third-generation’
angular (contact) ball bearings on which the outside ring is
also designed as a wheel hub. In models with smaller
engines, brake drums (item 10) are used, which are fixed to
the wheel hub.

must be ensured that the structure of the bodywork is
very rigid in these places (see Figs. 8.1-30 and 8.1-58).

8.1.6.4.2 Rigid axle

Non-driven rigid axles can be lighter than comparable
independent wheel suspensions. Their advantages
outweigh the disadvantages because of the almost
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non-variable track and camber values during drive.
Fig. 8.1-24 illustrates an inexpensive yet effective design:

axle casing in steel tubing;
suspension on single leaf springs.

The lateral and longitudinal wheel control character-
istics are sufficient for passenger cars in the medium
to small vehicle range and delivery vehicles. The re-
sultant hard springing is acceptable and may even be
necessary because of the load to be moved. The wheel
bearing can be simple on such axles (Fig. 8.1-59).
Faster, more comfortable vehicles, on the other hand,
require coil springs and, for precise axle control,
trailing links and a good central guide (Fig. 8.1-60) or
Panhard rod. This is generally positioned behind the
axle (Fig. 8.1-61).

8.1.6.4.3 Independent wheel suspension

An independent wheel suspension is not necessarily
better than a rigid axle in terms of handling proper-
ties. The wheels may incline with the body and the
lateral grip characteristics of the tyres decrease, and
there are hardly any advantages in terms of weight.
This suspension usually needs just as much space as
a compound crank axle.

Among the various types, McPherson struts (Fig.
8.1-12), semi-trailing or trailing link axles (Figs. 8.1-2,
8.1-13 and 8.1-63) and - having grown in popularity for
some years now — double wishbone suspensions, mostly
as so-called multi-link axles (Figs. 8.1-1, 8.1-8 and
8.1-62) are all used. The latter are currently the best
solution, due to:

kinematic characteristics;

elastokinematic behaviour;

space requirements;

axle weight;

the possibility of being able to retrofit the differential
on four-wheel drive (Figs. 8.1-77 and 8.1-1;

see also Section 8.1.4.3).

8.1.7 Four-wheel drive

In four-wheel drives, either all the wheels of a passenger
car or commercial vehicle are continuously — in other
words permanently — driven, or one of the two axles is
always linked to the engine and the other can be selected
manually or automatically. This is made possible by what
is known as the ‘centre differential lock’. If a middle
differential is used to distribute the driving torque be-
tween the front and rear axles, the torque distribution
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Fig. 8.1-63 Compact trailing arm rear axle, fitted by Renault to less powerful medium-sized vehicles. The short torsion bar springs
grip into the guide tubes 2 and 3 in the centre of the vehicle. Parts 2, 3 and 4 are jointly subjected to torsional stresses and so the
torsional stiffness of the transverse tubes contributes to the spring rate. On the outside, the cast trailing arms 1 are welded to the
transverse tubes, which (pushed into each other) support each other on the torsionally elastic bearings 5 and 6. This creates

a sufficiently long bearing basis, which largely prevents camber and toe-in changes when forces are generated.

The entire assembly is fixed by the brackets 7 which permits better force transfer on the body side sill. Guide tubes 2 and 3 are
mounted in the brackets and can rotate, as well as the outer sides of the two torsion bars 4. The two arms thus transfer all vertical
forces plus the entire springing moment to the body. The anti-roll bar 8 is connected to the two trailing arms via two U-shaped tabs.
The two rubber bearings 5 and 6 located between the tubes 2 and 3 also contribute to the stabilizing effect.

The bump and rebound travel stops are fitted into the shock absorber 9. As shown in Fig. 8.1-2, on the newer models, the dampers
would be inclined so that they can be fixed to the side members of the floor pan which also leads to more space between the wheel
housings.

7.2
:[ can be established on the basis of the axle-load ratios, the
64l | design philosophy of the vehicle and the desired handling
characteristics. That is why Audi choose a 50%:50%

4-wheel drive with winter tyres
[T

/|

distribution for the V8 Quattro and Mercedes-Benz
choose a 50%:50% distribution for M class off-road ve-

2 hicles, whereas Mercedes-Benz transmits only 35% of
T the torque to the front axle and as much as 65% to the
z _ rear axle in vehicles belonging to the E class.
© Front-wheel drive with winter tyres This section deals with the most current four-wheel-
S N ==~ drive designs. In spite of the advantages of four-wheel
s [ T 1T drive, suitable tyres — as shown in Fig. 8.1-64 — should be
§ 4-wheel drive with summer tyres fitted in winter.
Fr},-‘,{[_v;g;a drive with summer tyres Fig. 8.1-64 With a loaded Vauxhall Cavalier on compacted
snow (ux,w = 0.2) driving forces are measured on the flat as
a function of the slip (Fig. 10.1-33). The illustration shows the
0 10 20 30 40 50 60 70 80 advantage of four-wheel drive, and the necessity, even with this
type of drive, of fitting correct tyres. Regardless of the type of
Slippage % em———t= drive, winter tyres also give shorter braking (stopping) distances

on these road surface conditions.
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Fig. 8.1-65 Hill-climbing capacity on a homogeneous surface with front, rear-wheel and four-wheel drive, and with locked centre
differential and a driving force distribution of 50%/50% on four-wheel drive. Of the cars studied, the front/rear axle load distribution

was (Fig. 8.1-36):

front-wheel drive 57%/43%;
rear-wheel drive 51%/49%;
four-wheel drive 52%/48%.

8.1.7.1 Advantages and disadvantages

In summary, the advantages of passenger cars with per-
manent four-wheel drive over those with only one driven
axle are:

o better traction on surfaces in all road conditions,
especially in wet and wintry weather (Figs. 8.1-64-
8.1-66);

e an increase in the drive-off and climbing capacity
regardless of load;

o better acceleration in low gear, especially with high
engine performance;

o reduced sensitivity to side wind;

o stability reserves when driving on slush and
compacted snow tracks;

o better aquaplaning behaviour;
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100
Y%
T 75 -
2 v
4 L
o = — b=
o = O o ©
g 50 58 2 —38
L v &= v £ -
] 29 =]
< c c I} =
o g &2 T g
2 &= =
[9) C © v T o
] 25— &= TIRTIEN =
= T € c £€=%8 <
Sggl 82
[TIR] = c v
SEE| TEY
S T T | < 22

differential lock
with axle differential

Rear-wheel drive
Rear—WheeI drive
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Fig. 8.1-66 Influence of the type of drive and differential lock on the propulsion force with u split’, in other words, a slippery road
surface with uxw = 0.1/0.8 on one side only. 100% locking of the rear axle differential gives most benefits.

Some car manufacturers offer this option as ASR (or EDS ) or using a hydraulic manual selection clutch. However, only 25% to 40%
locking is provided on the multi-disc limited-slip differentials that have usually been fitted on vehicles to date.
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Fig. 8.1-67 The Mercedes G all-terrain vehicle, according to
DIN 70, a so-called ‘all-purpose passenger car’, has high
ground clearance and short overhangs both front and rear. This,
together with the large ramp angles (o4, «,,) and the overhang
angle B, makes it particularly suitable for off-road driving.

particularly suitable for towing trailers;
balanced axle load distribution;
reduced torque steer effect;

e even tyre wear.

Types of suspension and drive '

According to EU Directive 70/156/EWG, a ‘towed
trailer load” of 1.5 times the permissible total weight has
been possible for multi-purpose passenger vehicles (four-
wheel passenger vehicles) since 1994.

However, the system-dependent, obvious disadvan-
tages given below should not be ignored:

e acquisition costs;

o around 6-10% higher kerb weight of the vehicle;

o generally somewhat lower maximum speed;

e 5-10% increased fuel consumption;

e in some systems, limited or no opportunity for using
controlled brake gearing, for instance for anti-locking
or ESP systems;

o not always clear cornering behaviour;

o smaller boot compared with front-wheel-drive vehicles.

Predictability of self-steering properties even in variable
driving situations, traction, toe-in stability and de-
celeration behaviour when braking, manoeuvrability,
behaviour when reversing and interaction with wheel
control systems are the principal characteristics of the

Fig. 8.1-68 The Fiat Panda Treking 4 x 4, a passenger car based on front-wheel drive with transverse engine. The vehicle has
McPherson struts at the front and a rigid axle with longitudinal leaf springs at the back. The propshaft leading to it is divided into
three to be able to take the rotational movements of the rigid axle around the transverse (y) axis during drive-off and braking and to
absorb movements of the drive unit. The Fiat Panda is an estate car with the ratio:

2159 mm

= 3680mm 0>

i
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Fig. 8.1-69 The front wheel on the outside of the bend draws the largest arc during slow cornering, the track circle diameter Dg,
while the inner wheel draws the considerably smaller arc Dy;. This is the reason for the differential in the driven front axle of the front-
wheel drive. The bend diameters Dg, and D, to the rear are even smaller, so the rolling distance of the two wheels of this axle
decreases further and there can be tensions in the drive train if both axles are rigidly connected, a bend is being negotiated and when
a dry road surface makes wheel slip more difficult because of high coefficients of friction.

Fig. 8.1-70 Complex power distribution on the Fiat Campagnolo, a four-wheel drive, all-purpose passenger car. The drive moment
is transferred from the manual gearbox via a centrally located two-gear power take-off gear to the differentials of the front and

rear axles. Efficiency is not likely to be especially good.

Fig. 8.1-71 Torsen central differential fitted in Quattro models (apart from the TT) by Audi. It consists of two worm gears, which are
joined by spur gears and, depending on the traction requirement, can distribute the driving torque up to 75% to the front or rear

axle. Under normal driving conditions 50% goes to each axle.
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Fig. 8.1-72 Four-wheel-drive Golf 4motion (1998). In the four-wheel-drive vehicle, Volkswagen uses a multi-link suspension
consisting of one longitudinal and two transverse links mounted on a subframe. The driving torque is transmitted to the rear axle via
a wet multi-disc clutch by the Swedish company Haldex which is flange-mounted on the rear axle drive and runs in oil. This
electronically controlled clutch can build up a coupling torque of up to 3200 Nm even at small cardan-shaft rotation angles of 45°
and can be combined to good effect with brake-power control systems. The drive train of the Audi TT Quattro (1998) built on the

same platform is built to almost the same design.

vehicle movement dynamics which are taken into con-
sideration for an assessment of four-wheel-drive
systems.

To transmit the available engine torque to all four
wheels, interaxle differentials (such as cone, planet or
Torsen differentials), which are manually or automati-
cally lockable, or clutches (such as sprag, multi-disc or
visco clutches) must be installed on the propshaft be-
tween the front and rear axles. Differentials must be
present on both drive axles. However, on roads with
different coefficients of friction on the left and right
wheels, known as ‘u-split’, and with traditional differ-
entials, each driven axle can, at most, transmit double the
propulsion force of the wheels running on the side with
the lower coefficient of friction (u-low).

Higher driving forces can be achieved with an ‘axle
differential lock’ or controlled wheel brake gearing which
creates the need for ‘artificial’ torque on the spinning
wheel. Differential-locking can only be 100% effective on
the rear axle as, at the front, there would no longer be
problem-free steering control. The lock partially or
completely stops equalization of the number of revolu-
tions between the left and right wheel of the respective
axle and prevents wheelspin on the u-low-side.

In passenger cars, automatic locking differentials are
used between front and rear axles. These can operate
mechanically (multi-disc limited slip differentials (see
Torsen differential, Fig. 8.1-71) or based on fluid friction
(visco lock, Fig. 8.1-74) and produce a locking degree of
usually 25-40%. Higher values severely impede
cornering due to the tensions in the power train (Fig. 8.1-
69) Nevertheless, up to 80% locking action can be found
in motor sport.

The locking action of uncontrolled or slip-dependent
differential locks necessitates increased expenditure
with the use of brake-power control systems (ABS, ESP).
Thus, in the case of the visco lock, a free-wheel clutch is
required that is engaged during reversing. Here the ad-
vantage of controlled differentials (Haldex clutch, auto-
matically controlled locking differential, see Sections
8.1.7.4 and 8.1.7.5) becomes apparent: They can be used
to maximum effect in any operating conditions and with
any brake-power control system, because the locking
action is produced by an electronically controlled,
hydraulically activated multi-disc clutch (Fig. 8.1-67).

Traditional differential locks are increasingly being
replaced because of the use of wheel control systems in
both front- and rear-wheel drive as well as four-wheel-drive
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Fig. 8.1-73 Multi-disc clutch of the Swedish company Haldex, used in the Golf 4motion (1998) and Audi TT Quattro (1998). When
there is a difference in speed between the front and rear axles, the disc cam 6 on the output shaft activates the working elements of
the axial-piston pump 12 by means of the rollers 7. Via the control valve 14, the pressure produced activates the working piston
which moves the discs. The torque transmitted is adjusted continuously by the control unit up to the maximum value, depending on
the driving situation described by the wheel sensors, the signals from the slip and brake-power control systems, the position of the
accelerator pedal, the engine speed etc. The clutch is disengaged when the ABS function is used. 1 electronic control unit, 2
connector vehicle (voltage, CAN, K leads), 3 oil filter, 4 shaft bevel wheel exit (rear axle gearing), 5 lamella, 6 cam plate, 7 coil, 8 relief
valve, 9 pressure regulating valve, 10 accumulator, 11 input shaft, 12 axial piston pump, 13 pre-load pump, 14 control valve, 15

intermittent or step motor.

vehicles. In these systems, the wheel speed is mea-
sured, usually with the use of ABS sensors. If the speed
of a wheel is established, this wheel is retarded by
means of the wheel braking device. In the case of the
differential, this corresponds to the build-up of torque
on the side of the spinning wheel and it can now
transmit torque at the higher coefficient of friction up
to the adhesion limit of the wheel. Volkswagen AG
calls this system electronic differential lock, as front-
wheel-drive forces which correspond to those of
a driven axle with differential lock and 100% locking
action, and which can even be exceeded in intelligent
(slip-controlled) systems, such wheel gearing systems
produce. The system can ensure that the driving torque
that is to be applied to the side with the retarded
wheel is equal to the torque on the side with the higher
coefficient of friction. This ‘lost torque’ must be gen-
erated by the transmission, on the one hand, and re-
tarded by the wheel brake, on the other, so that loss of
engine power and heating of the wheel brakes are
produced. The braking temperatures are calculated on
the basis of the braking torque and period of
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application of the brakes. If the temperatures calcu-
lated exceed the permissible limits, application of the
brakes is discontinued during the front-wheel-drive
phase until a calculated cooling of the system has taken
place; the transmission then corresponds to that found
in a conventional vehicle.

Another possibility for maximum utilization of grip is
afforded by traction control systems in which engine
power is reduced by means of the throttle, injection and
ignition point so that the spinning wheels work in the
region of lower slip and consequently higher adhesion.
Both systems are used together, even without four-wheel
drive. In models of the E and M class with an electronic
traction system (ETS), Mercedes-Benz uses electronic
locks instead of mechanical differential locks.

8.1.7.2 Four-wheel-drive vehicles
with overdrive

In four-wheel-drive vehicles with overdrive the middle
differential is not used. The engine torque is distributed
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Fig. 8.1-74 Visco clutch with slip-dependent drive moment distribution. Two different packages sit in the closed drum-shaped
housing: radially slit steel discs, which are moved by the serrated profile of the hollow shaft, and perforated discs which grip (as can
be seen below) into housing keys. The shaft is joined with the differential and the casing with the propshaft going to the rear axle.
The discs are arranged in the casing so that a perforated disc alternates with a slit one. The individual parts have no definite spacing
but can be slid against one another axially. The whole assembly is filled with viscous silicone fluid and the torque behaviour (therefore
the locking effect) can be adjusted via the filling level.

If slip occurs between the front and rear axle, the sets of discs in the clutch rotate relative to one another and shearing forces
are transferred via the silicone fluid. These increase with increasing slip and ensure a torque increase in the rear axle. The
power consumed in the visco clutch leads to warming and thus to growing inner pressure. This causes an increase in the
transferable torque which, under conditions of extreme torque requirement, ultimately leads to an almost slip-free torque
transfer (rigid drive). With ABS braking, a free-wheeling device disengages the clutch; the latter must be engaged again when

reversing.

to all four wheels by means of a clutch on the propshaft,
as required. The clutch can be engaged manually, or au-
tomatically in response to slip. With the use of sprag
clutches, which are usually engaged manually, the torque
is transmitted in a fixed ratio between the front and rear
axles; multi-disc or visco clutches permit variable torque
distribution. As these systems have essential similarities
with permanent four-wheel drive varieties, they are
discussed in Section 8.1.7.4.

With sprag-clutch engaged transmissions, the design
complexity, and therefore the costs, are lower than on
permanent drive. Usually there is no rear axle differential
lock, which is important on extremely slippery roads;
while this results in price and weight advantages, it does
lead to disadvantages in the traction.

Front-wheel drive is suitable as a basic version and the
longitudinal engine has advantages here (Fig. 8.1-48).
With the transverse engine, the force from the
manual gearbox is transmitted via a bevel gear and a di-
vided propshaft, to the rear axle with a differential

(Fig. 8.1-68). There is relatively little additional com-
plexity compared with the front-wheel-drive design,
even if, on the Fiat Panda (Trecking 4 x 4), there is
a weight increase of about 11% (90 kg), not least because
of the heavy, driven, rigid axle. It is possible to select
rear-wheel drive during a journey using a shift lever that
is attached to the prop-shaft tunnel.

Manual selection on the Subaru Justy operates
pneumatically at the touch of a button (even while
travelling). This vehicle has independent rear-wheel
suspension and weighs only 6% more than the basic
vehicle with front-wheel drive. Traction is always im-
proved considerably if the driver recognizes the need in
time and switches the engine force onto all four wheels.
In critical situations, this usually happens too late, and
the abrupt change in drive behaviour becomes an ad-
ditional disadvantage.

Conversely, if the driver forgets to switch to single
axle drive on a dry road, tensions occur in the power train
during cornering, as the front wheels travel larger arcs
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Fig. 8.1-75 Driven front axle of the Porsche 911 Carrera 4 (1996, 1998). The visco clutch is flange mounted directly on the front axle
to achieve a better distribution of axle load. With corresponding slip of the rear wheels, up to 40% of the driving torque is transmitted
to the front axles. Particular attention was paid during the adjustment of the four-wheel drive to predictable self-steering properties
independent of drive distribution and to controllability of the handling characteristics even at the stability limit. Instead of differential
locks, specific wheel brake engagements are made in order to retard spinning wheels. Four-wheel drive is integrated into the
Porsche Stability Management (PSM), a system for controlling the dynamics of vehicle movement with brake actuation.

Fig. 8.1-76 Double wishbone rear axle on the Audi A4 Quattro. The suspension subframe 1 is fixed to the body with four widely
spaced rubber mountings (items 2 and 3) and houses the differential casing 8 and transverse control arms (items 4 and 5). The
springs and shock absorbers are mounted next to the fixings for the upper control arms 7. The location 6 of the wheel hub carrier 5
was raised (long base c, Fig. 8.1-4) and drawn outwards. The lower transverse control arm 4 is fixed to part 1 with widely spaced
mountings. These measures ensure a wide boot and low forces, making it easier to attain the desired kinematic characteristics.
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Rear differential

Fig. 8.1-77 Double wishbone rear axle of the Honda Civic Shuttle 4 WD. The visco clutch sits (held by two shaft bearings) in the
centre of the divided propshaft. The rear axle differential has been moved forwards and is mounted to the rear on the body via

a cross-member. Apart from the different type of wheel bearings and the lower transverse control arm positioned somewhat further
back (to make it possible to bring the drive shafts through in front of the spring dampers), the axle corresponds to Fig. 8.1-62 and

resembles the suspension shown in Fig. 8.1-1.

than the back ones (Fig. 8.1-69). The tighter the bend,
the greater the stress on the power train and the greater
the tendency to unwanted tyre slip.

A further problem is the braking stability of these
vehicles. If the front axle locks on a wet or wintry road
during braking, the rear one is taken with it due to the
rigid power train. All four wheels lock simultaneously
and the car goes into an uncontrollable skid.

8.1.7.3 Manual selection four-wheel
drive on commercial and all-terrain
vehicles

The basis for this type of vehicle is the standard design
which, because of the larger ground clearance necessary
in off-road vehicles (Fig. 8.1-67), has more space avail-
able between the engine and front axle differential and

Fig. 8.1-78 Drive train of the four-wheel-drive Mercedes-Benz E class 4MATIC (from 1997). In order to be able to control the drive
shafts to the front wheels, an integrated spring-and-shock absorber strut in the shape of a fork on the lower transverse link is used. In
the almost identical suspension design of other than off-road varieties, the springs and shock absorbers are separate.
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Fig. 8.1-79 The torque coming from the engine is apportioned by the Planet Wheel-Centric Differential 1 in such one, to the rear
cardan shaft 2 (64%) and to the front one 3 (36%). The offset to this shaft is bridged-over by the inserted tooth type chain 4. The
adaptation of the distribution of driving power is taken over the multiple-disk clutch 5, which is driven (controlled) by the
electromagnet. Power Divider A110 of the Fa. ZF (Zahnradfabrik Friedrichshafen).

between the cargo area and the rear axle. Fig. 8.1-70
shows the design details:

a central power take-off gear with manual selection
for the front axle, plus a larger ratio off-road gear,
which can be engaged if desired;

three propshafts;

complex accommodation of the drive joints if there
is a rigid front axle (Fig. 8.1-3).

8.1.7.4 Permanent four-wheel
drive; basic passenger car with
front-wheel drive

All four wheels are constantly driven; this can be
achieved between the front and rear axle with different
design principles:

a bevel centre differential with or without manual
lock selection;

a Torsen centre differential with moment
distribution, based on the traction requirement
(Fig. 8.1-71);

a planet gear central differential with fixed moment
distribution and additional visco clutch, which auto-
matically takes over the locking function when a dif-
ference in the number of revolutions occurs or

a magnetic clutch (which is electronically controlled,
Fig. 8.1-79),
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electronically controlled multi-disc clutches (Haldex
clutch, Fig. 8.1-73);
a visco clutch in the propshaft power train, which se-

lects the initially undriven axle depending on the tyre
slip (Figs. 8.1-72, 8.1-74 and 8.1-75).

Here too, the front-wheel-drive passenger car is suitable
as a basic vehicle. In 1979, Audi was the first company to
bring out a car with permanent four-wheel drive, the
Quattro, and today vehicles with this type of drive are
available throughout the entire Audi range. On a longi-
tudinally mounted engine, a Torsen centre differential
distributes the moment according to the traction re-
quirement (Fig. 8.1-71). The four-wheel drive increases
the weight by around 100 kg.

VW used a visco clutch in the power train (without
centre differential) for the first time on the Transporter
(Fig. 8.1-74) and then subsequently used it in the Golf
syncro. The clutch has the advantage of the engine
moment distribution being dependent on the tyre slip.
If the slip on the front wheels, which are otherwise
driven at the higher moment, increases on a wet or
frozen surface or off-road, more drive is applied to the
rear wheels. No action on the part of the driver is either
necessary or possible. The transverse engine makes
a bevel gear in front of the split prop shaft necessary.
The visco clutch sits in the rear differential casing and
there is also an overrunning clutch, which ensures that
the rear wheels are automatically disengaged from the
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Fig. 8.1-80 Front cross-section view of the engine; and drive axle of a standard four-wheel-drive vehicle (BMW assembly diagram).
The basic vehicle has rear-wheel drive and, in order to also be able to drive the front wheels, the front axle power take-off 4 had to be
moved into the space of the oil pan. The intermediate shaft 1 bridges the distance to the right inner CV joint and thus ensures
drive shafts of equal length to both wheels (items 2 and 3 and Fig. 8.1-51). Part 1 is mounted on one side in the non-lockable
differential 4 and on the other side in the outrigger 5. This, and the casing 6, are screwed to the oil pan.

Fig. 8.1-81 Front suspension and drive axle of the Mercedes-Benz off-road vehicle of the M series. In off-road vehicles, rigid axles
are mostly used. Instead of these, Mercedes-Benz installs double wishbone suspensions at the front and rear. In this way, the
proportion of unsprung masses can be reduced by approximately 66%; driving safety and riding comfort are increased. For space
reasons, torsion-bar springs are used for the suspension of the front axle.

1 lower transverse link in the form of a forged steel component because of the introduction of torque by the torsion bars (2) and notch
insensitivity off road conditions; 2 torsion bars (spring rate of 50 Nm/degree); 3 vertically adjustable torque support which can be
placed in any position in a transverse direction; 4 integral bearers (subframe) attached to the box-type frame by 4 bolts; 5 upper
transverse link in the form of a forged aluminium component; 6 rack and pinion power steering, 7 twin-tube shock absorber with
integrated rubber bump stop, 8 transverse link mounting points; 9 stabilizer application of force to lower transverse link.
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Fig. 8.1-82 Rear axle of the Mercedes-Benz off-road vehicle of the M series. Suspension and damping are ensured by the spring strut
(1) whose spring is tapered for reasons of construction space (spring rate gradually increasing from 70 to 140 N/mm), 2 brake disc with
integrated drum parking brake, 3 upper transverse link (forged aluminium component), 4 lower transverse link (forged aluminium
component), 5 tie rod (forged steel component), 6 integral bearer (subframe), 7 stabilizer, 8 transverse link mounting points.
Common characteristics of front and rear axles: camber and castor are adjusted by positioning the transverse link mounting points
(8) in long holes during assembly. Technical data: spring travel +100 mm, kingpin offset —5 mm, disturbing force moment arm
56.7 mm, kingpin inclination 10.5°, camber angle —0.5°, castor for front axle/rear axle 7/—8.5°, castor trail for front axle/rear axle
37/—55 mm, wheel castor trail for front axle/rear axle 5/—4.5 mm, instantaneous centre height for front axle/rear axle 80/119 mm,
braking-torque compensation for front axle/rear axle 38/21%, starting-torque compensation for front axle/rear axle —7/3%. The axle
concept was designed and developed by Mercedes-Benz. Mass production and assembly is undertaken by Zahnradfabrik
Friedrichshafen AG who, via Lemférder Fahrwerktechnik AG, supply the complete subassemblies to the assembly line as required.

drive, on overrun, to guarantee proper braking behav-
iour. This type of drive is fully ABS compatible. When
reverse is engaged, a sliding sleeve is moved, which
bridges the overrunning clutch to make it possible to
drive backwards.

When selecting their rear axle design, manufacturers
choose different paths. Audi fits a double wishbone
suspension in the A4 and A6 Quattro (Fig. 8.1-76),
Honda uses the requisite centre differential on the

double wishbone standard suspension in the Civic
Shuttle 4WD (Figs. 8.1-77 and 8.1-62).

8.1.7.5 Permanent four-wheel-drive,
basic standard design passenger car

Giving a standard design car four-wheel drive requires
larger modifications, greater design complexity and
makes the drive less efficient (Fig. 8.1-78). A power take-
off gear is required, from which a short propshaft
transmits the engine moment to the front differential.
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The lateral offset must be bridged, for example, with
a toothed chain (Fig. 8.1-79). The ground clearance must
not be affected and so changes in the engine oil pan are
indispensable if the axle drive is to be accommodated
(Fig. 8.1-80).

The power take-off gear (Fig. 8.1-79) contains a planet
gear centre differential which facilitates a variable force
distribution (based on the internal ratio); 36% of the
drive moment normally goes to the front and 64% to the
rear axle. A multi-disc clutch can also be installed that
can lock the differential electromagnetically up to 100%,
depending on the torque requirement (front to rear
axle). Moreover, there is a further electrohydraulically
controlled lock differential in the rear axle which is also
up to 100% effective.

The two differentials with variable degrees of lock
offer decisive advantages:

e to reach optimal driving stability, they distribute
the engine moments during overrun and
traction according to the wheel slip on the drive
axles;
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Motor Reduction  Drive  Four-wheel drive Middle Front axle Rear axle Example
position  drive on differential differential differential
switched slip perm.  |ocks via
by dependent by locking brake locking brake
longit. 2.05:1 rear sprag-clutch man. N/A n n n n Opel Frontera
longit. 1.425:1 rear sprag-clutch man. N/A n n multi-disc n Mitsubishi Pajero
clutch
longit. 2.15:1 rear sprag-clutch man. N/A n n n n Suzuki Jimny Cross
Country
longit. 2.43:1 rear sprag-clutch man. N/A n n multi-disc n Chevrolet Blazer
clutch
longit. 2.48:1 rear multi-disc. electron. N/A n n multi-disc n Ford Explorer
clutch
transv. front multi-disc electron. N/A n n nn n Honda CR-V
longit.  2.72:1 rear visco N/A n n multi-disc n Jeep Grand Cherokee
clutch
transv. front visco N/A n n n n Chrysler Voyager 4WD
transv. front visco N/A n y n y Land Rover
Freelander Discovery
longit. rear visco N/A n y n y Porsche Carrera 4
transv. front visco N/A n y multi-disc n Volvo V70 R AWD
clutch
transv. front visco N/A n y multi-disc n VW Multivan Synchro
clutch
transv. front Haldex N/A n y n n Audi TT Quattro,
multi-disc Golf 4motion
longit. f+r longit.  claw clutch n n n n Daihatsu Terios
diff.
longit. 2.64:1 f+r longit.  N/A n y n y Mercedes-Benz M series
diff.
longit. y f+r longit. y y n y n Mercedes-Benz G series
diff.
longit. f+r longit.  N/A n y n y Mercedes-Benz E series
diff.
longit. f+r longit.  N/A n y n y BMW Sports Activity
diff. Vehicle (SAV, E53)
longit. 1.21:1 f+r longit.  N/A n y n y Land Rover Discovery
diff.
y f+r longit.  visco + man. Toyoto LandCruiser
diff.
longit. 1.93:1 f+r longit. visco+ man. n n sprag-clutch n Mitsubishi Pajero
diff.
longit. 1.20:1 f+r longit.  visco lock n n n n Subaru Legacy Outback
diff.
longit. 1.45:1 f+r longit.  visco lock n n n n Subaru Forester
diff.
transv f+r Torsen self-locking n y n y Audi A4/A6 Quattro,
diff. VW Passat Synchro
transv f+r Torsen self-locking n y n y Audi A4/A6 Quattro,
diff. VW Passat Synchro

Fig. 8.1-83 Different kinds of four-wheel drive.

o they allow maximum traction without loss of driving
stability (Fig. 8.1-66).
The locks are open during normal driving. By including the
front axle differential, they make it possible to equalize
the number of revolutions between all wheels, so tight
bends can be negotiated without stress in the power train
and parking presents no problems. If the car is moved with
locked differentials and the driver is forced to apply the
brakes, the locks are released in a fraction of a second. The
system is therefore fully ABS compatible.
In its four-wheel drive vehicles of the E class
(Fig. 8.1-78), Mercedes-Benz uses a transfer gear with

central differential situated on the gearbox outlet and
a front axle gear integrated into the engine-oil pan. The
(fixed) driving torque distribution is 35%:65%. Instead
of traditional differential locks, the wheel brakes are
activated on the spinning wheels as in off-road vehicles of
the M class (Figs. 8.1-81 and 8.1-82). This system per-
mits maximum flexibility, its effect not only corresponds
to differential locks on front and rear axles as well as on
the central differential, but also makes it possible for
other functions such as ABS and electronic yaw control
(ESP) to be integrated without any problem. Design
complexity — and thus cost — is considerable.

253



CHAPTER 8.1 Types of suspension and drive

8.1.7.6 Summary of different kinds
of four-wheel drive

The list in Fig. 8.1-83 shows the increasing use of slip-
controlled clutches (visco and Haldex clutches) for the
transmission of torque instead of an interaxle differential
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and the importance of electronic brake application sys-
tems which are used instead of lockable differential
gears. Modern four-wheel varieties operate without
functional restrictions with antilocking, slip and driving
stabilization systems.



Section Nine

Steering



This page is left intentionally left blank



Steering

Jornsen Reimpell, Helmut Stoll and Jurgen Betzler

This chapter gives only the essential aspects of the subject,
‘Steering’.

The steering system is type-approved on all new pas-
senger cars and vans coming on to the market; it is
governed by the following EC directives.

70/311/EWG 91/662/EWG
74/297/EWG 92/62/EWG

Figs. 9.1-1, 8.1-45, 8.1-56 and 8.1-70 show the complete
steering system of a front-wheel-drive passenger vehicle
with left-hand steering.

9.1.1 Steering system

9.1.1.1 Requirements

On passenger cars, the driver must select the steering
wheel angle to keep deviation from the desired course
low. However, there is no definite functional relation-
ship between the turning angle of the steering wheel
made by the driver and the change in driving direction,
because the correlation of the following is not linear
(Fig. 9.1-2):

turns of the steering wheel;

alteration of steer angle at the front wheels;
development of lateral tyre forces;
alteration of driving direction.

This results from elastic compliance in the components of
the chassis. To move a vehicle, the driver must continually
adjust the relationship between turning the steering wheel
and the alteration in the direction of travel. To do so, the
driver will monitor a wealth of information, going far
beyond the visual perceptive faculty (visible deviation

Automotive Chassis: Engineering Principles; ISBN: 9780750650540

from desired direction). These factors would include for
example, the roll inclination of the body, the feeling of
being held steady in the seat (transverse acceleration) and
the self-centring torque the driver will feel through the
steering wheel. The most important information the driver
receives comes via the steering moment or torque which
provides him with feedback on the forces acting on the
wheels.

[t is therefore the job of the steering system to convert
the steering wheel angle into as clear a relationship as
possible to the steering angle of the wheels and to convey
feedback about the vehicle’s state of movement back to
the steering wheel. This passes on the actuating moment
applied by the driver, via the steering column to the
steering gear 1 (Fig. 9.1-3) which converts it into pulling
forces on one side and pushing forces on the other, these
being transferred to the steering arms 3 via the tie rods 2.
These are fixed on both sides to the steering knuckles and
cause a turning movement until the required steering
angle has been reached. Rotation is around the steering
axis EG, also called kingpin inclination, pivot or steering
rotation axis (Fig. 8.1-3).

9.1.1.2 Steering system on independent
wheel suspensions

If the steering gear is of a type employing a rotational
movement, i.e. the axes of the meshing parts (screw shaft 4
and nut 5, Fig. 9.1-15) are at an angle of 90° to one another,
on independent wheel suspensions, the insides of the tie
rods are connected on one side to the pitman arm 4 of the
gear and the other to the idler arm 5 (Fig. 9.1-3). As shown
in Figs. 9.1-12 and 9.1-36-9.1-38, parts 4 and 5 are
connected by the intermediate rod 6. In the case of steering
gears, which operate using a shift movement (rack and

Copyright © 2001 Elsevier Ltd; All rights of reproduction, in any form, reserved.
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Fig. 9.1-1 Damper strut front axle of a VW Polo (up to 1994) with ‘steering gear’, long tie rods and a ‘sliding clutch’ on the steering
tube; the end of the tube is stuck onto the pinion gear and fixed with a clamp. The steering arms, which consist of two half shells and point
backwards, are welded to the damper strut outer tube. An ‘additional weight’ (harmonic damper) sits on the longer right drive shaft

to damp vibrations. The anti-roll bar carries the lower control arm. To give acceptable ground clearance, the back of it was designed
to be higher than the fixing points on the control arms. The virtual pitch axis is therefore in front of the axle and the vehicle’s front end

is drawn downwards when the brakes are applied.
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Fig. 9.1-2 Delayed, easily manageable response of the right front wheel when the steering wheel is turned by 100° in 0.2 s, known
as step steering input. A slip angle of s = 7° on both front tyres is generated in this test. The smaller angle o, on the rear axle, which
later increases, is also entered. Throughout the measurement period it is smaller than o (x-axis), i.e. the model studied by Mercedes
Benz understeers and is therefore easy to handle.
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TDirection

Fig. 9.1-3 Synchronous steering A-bar on the front suspension of a left-hand drive passenger car or light van; on the right-hand
drive vehicle, the steering gear is on the other side. The steering arm (3) and the pitman arm (4) rotate in the same direction. The tie rods

(2) are fixed to these arms.

Direction

Fig. 9.1-4 Rack and pinion steering with the steering linkage ‘triangle’ behind the front axle. The spigots of the inner tie rod joints 7 are
fixed to the ends of the steering rack 8 and the outside ones to the steering arms 3 (see also Figs. 8.1-40 and 8.1-54).

pinion steering), it is most economical to fix the inner tie
rod joints 7 to the ends of the steering rack 8 (Fig. 9.1-4).

9.1.1.3 Steering system on rigid axles

Rack and pinion steering systems are not suitable for
steering the wheels on rigid front axles, as the axles move
in a longitudinal direction during wheel travel as a result
of the sliding-block guide. The resulting undesirable
relative movement between wheels and steering gear
cause unintended steering movements. Therefore, only
steering gears with a rotational movement are used.
The intermediate lever 5 sits on the steering knuckle
(Fig. 9.1-5). The intermediate rod 6 links the steering
knuckle and the pitman arm 4. When the wheels are
turned to the left, the rod is subject to tension and turns
both wheels simultaneously, whereas when they are
turned to the right, part 6 is subject to compression. A
single tie rod connects the wheels via the steering arm.
However, on front axles with leaf springs, the pitman
arm joint 4, which sits on the steering gear 1, must be
disposed in such a manner that when the axle is at full

suspension travel, the lower joint 8 describes the same arc
9 as the centre of the front axle housing (Figs. 9.1-6 and
8.1-37). The arc 9 must be similar to the curved path 7,

IDirecﬂon

Fig. 9.1-5 On rigid axles, apart from the two steering arms 3,
only the tie rod 2, the idler arm 5 and the drag link 6 are needed to
steer the wheels. If leaf springs are used to carry the axle, they
must be aligned precisely in the longitudinal direction, and lie
vertical to the lever 5 when the vehicle is moving in a straight line.
Steering arm angle A is an essential factor in the relationship
between the outer and the inner curve steering angles.
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Direction

Fig. 9.1-6 Side view of a rigid front axle showing the movement
directions 9 and 7 of the drag link and axle housing during
bump and rebound-travel. The path of point 7 is determined by
the front half of the leaf spring and can be calculated on a spring-
balance by measuring the change in length when a load is
added to and removed from the spring.

otherwise there is a danger of the wheels experiencing
a parallel toe-in alteration when the suspension reaches
full travel, i.e. both being turned in the same direction
(Fig. 9.1-7). If a rigid axle is laterally controlled by
a panhard rod, the steering rod must be parallel to it.

Its construction is similar to that of the intermediate
rod of the steering linkage shown in Fig. 9.1-13; length
adjustment and ball joints on both sides are necessary.

9.1.2 Rack and pinion steering

9.1.2.1 Advantages and disadvantages

This steering gear with a shift movement is used not only
on small and medium-sized passenger cars, but also on
heavier and faster vehicles, such as the Audi A8 and

Mercedes E and S Class, plus almost all new light van
designs with independent front wheel suspension. The
advantages over manual recirculating ball steering sys-
tems are (see also Section 9.1.3.1):

simple construction;

economical and uncomplicated to manufacture;
easy to operate due to good degree of efficiency;
contact between steering rack and pinion is free of
play and even internal damping is maintained

(Fig. 9.1-10);

tie rods can be joined directly to the steering rack;
minimal steering elasticity compliance;

compact (the reason why this type of steering is fitted
in all European and Japanese front-wheel-drive
vehicles);

the idler arm (including bearing) and the intermedi-
ate rod are no longer needed;

easy to limit steering rack travel and therefore the
steering angle.

The main disadvantages are:

greater sensitivity to impacts;

greater stress in the case of tie rod angular forces;
disturbance of the steering wheel is easier to feel
(particularly in front-wheel drivers);

tie rod length sometimes too short where it is
connected at the ends of the rack (side take-off
design;

size of the steering angle dependent on steering rack
travel,

this sometimes requires short steering arms 3
(Fig. 9.1-4) resulting in higher forces in the entire
steering system,;

decrease in steering ratio over the steer angle associ-
ated with heavy steering during parking if the vehicle
does not have power-assisted steering;

cannot be used on rigid axles.

Fig. 9.1-7 If the movement curve 7 of the axle housing and curve 9 of the rear steering rod joint do not match when the body bottoms out,
the wheels can turn and therefore an unwanted self-steering effect can occur.
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Fig. 9.1-8 The three most common types of rack and pinion

steering on left-hand drive passenger cars; right-hand drive vehicles

have the pinion gear on the other side on the top and bottom

configurations (shown in Fig. 9.1-39). The pinion gear can also be

positioned in the centre to obtain longer steering rod travel.

9.1.2.2 Configurations

Steering '

right on right-hand drive) and tie rod joints
screwed into the sides of the steering rack (side
take-off).

Type 2 Pinion gear in vehicle centre and tie rods
taken off at the sides.

Type 3 Pinion gear to the side and centre take-off,
i.e. the tie rods are fixed in the vehicle centre to the
steering rack.

Type 4 ‘Short steering’ with off-centre pinion gear
and both tie rods fixed to one side of the steering rack
(Fig. 9.1-1).

Types 1 and 3 are the solutions generally used,
whereas Type 2 was found in some Porsche vehicles,

and Type 4 used to be preferred by Audi and VW.

9.1.2.3 Steering gear, manual with
side tie rod take-off

There are four different configurations of this type of

steering gear (Fig. 9.1-8):

Type 1 Pinion gear located outside the vehicle
centre (on the left on left-hand drive and on the

@l‘:ﬂmﬂl

Type 1 (Fig. 9.1-8) is the simplest solution, requiring least
space; the tie rod joints are fixed to the sides of the
steering rack (Fig. 9.1-9), and neither when the wheels are
turned, nor when they bottom out does a moment occur
that seeks to turn the steering rack around its centre line.
It is also possible to align the pinion shaft pointing to the

Section A-B

Fig. 9.1-9 Rack and pinion steering on the Vauxhall Corsa (1997). The tie rod axial joints 4 bolted to the side of the steering rack and
the sealing gaiters 5 can be seen clearly. To stop them from being carried along when the toe-in is set (which is done by rotating the

middle part of the rod) it is necessary to loosen the clamps 6.

The pinion 1 has been given a ‘helical cut’, due to the high ratio, and is carried from below by the needle bearing 2. The bearing
housing has been given a cover plate to facilitate assembly and prevent dirt ingress.
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Fig. 9.1-10 Rack- and- pinion steering by ZF; section through pinion gear, bearing and rod guide. The distance ring 18 is used for setting
the plays, and the closing screw 16 is tightened against it. The O-ring 19 provides the damping function and prevents rattling noises.

steering tube (Figs. 8.1-57, 9.1-24 and 9.1-29) making it
easy to connect the two parts together. Using an in-
termediate shaft with two joints (Figs. 8.1-49 and 9.1-26)
enables the steering column to bend at this point in an
accident. In this event the entire steering gear is turned when
viewed from the side (i.e. around the y-axis).

Fig. 9.1-10 is a section showing how, on all rack and
pinion steering systems, not only can the play between
the steering rack and the pinion gear be easily eliminated,
but it also adjusts automatically to give the desired
damping. The pinion gear 21 is carried by the grooved
ball bearing 20; this also absorbs any axial forces. Ingress
of dirt and dust are prevented by the seal 31 in a threaded
ring 43 and the rubber cap 45. The lower end of the
pinion gear is supported in the needle bearing 23.

In a left-hand-drive passenger car or light van, the
steering rack 3 is carried on the right by a plastic bearing
shell and on the right by guide 15, which presses the
steering rack against the pinion gear. On a right-hand-drive
vehicle this arrangement is reversed. The half-round out-
line of the guide 15 does not allow radial movement of the
steering rack. To stop it from moving off from the pinion
gear, when subject to high steering wheel moments (which
would lead to reduced tooth contact), the underside of the
guide-bearing 15 is designed as a buffer; when it has moved
a distance of s < 0.12 mm it comes into contact with the
screw plug 16.

Depending on the size of the steering system, coil
spring 14 has an initial tension force of 0.6-1.0 kN, which
is necessary to ensure continuous contact between
steering rack and pinion gear and to compensate for any
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machining imprecision, which might occur when the
toothing is being manufactured or the steering rack
broached or the pinion gear milled or rolled. The surface
of the two parts should have a Rockwell hardness of at
least 55 HRC; the parts are not generally post-ground
due to the existence of a balance for the play. Induction-
hardenable and annealed steels such as Cf 53, 41 Cr 4
and others are suitable materials for the steering rack,
case-hardened steels such as 20 MnCr 5, 20 MoCr 4, for
example, are suitable for the pinion gear. In order to
ensure a good response and feedback of the steering, the
frictional forces between guide-bearing 15 and gear rack
3 must be kept as small as possible.

Sealing the steering rack by means of gaiters to the
side (Fig. 9.1-9) makes it possible to lubricate them with
grease permanently, and lubrication must be provided
through a temperature range of —40°C to +80°C. It is
important to note that if one of the gaiters is damaged,
the lubricant can escape, leading to the steering becoming
heavier and, in the worst case, even locking. Gaiters
should therefore be checked at every service inspection.
They are also checked at the German TUV (Technischer
Uberwachungs Verein) annual vehicle inspection.

9.1.2.4 Steering gear, manual with
centre tie rod take-off

As shown in Figs. 8.1-57 and 9.1-1, and as described in
Section 9.1.7.3.2, with McPherson struts and strut
dampers the tie rods must be taken off from the centre if
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Fig. 9.1-11 Top view of the rack and pinion steering of the front-wheel-drive Opel (Vauxhall) Astra (up to 1997) and Vectra

(up to 1996); the steering arms on the McPherson strut point backwards and the steering gear is located relatively high. For this reason the
tie rods have to be jointed in the middle and (in order not to come into contact with the gear housing when the wheels are turned) have to
be bent. The guide-bearing in the groove of the housing prevents the steering rack from twisting. On the inside, both tie rods have the
eye-type joint; the distance a to the steering rack centre, which causes a bending moment, and a torque (when the wheels bump and
rebound) is also shown. The two bolts 6 gripping into the steering rack are secured.

Once the screws 3 and 4 have been loosened, toe-in to the left and right can be set by turning the connecting part 5. The steering gear
has two fixing points on the dashpanel, which are a long way apart and which absorb lateral force moments with minimal flexing. As also
shown in Fig. 9.1-10, the pinion is carried by a ball and a needle bearing (positions 20 and 23) and is also pressed onto the

steering rack by a helical spring. The illustration shows the possible path s of the rack guide. Figs. 9.1-46-9.1-48 show the reason for the

length of the tie rods on McPherson struts and strut dampers.

the steering gear has to be located fairly high up. This is
because the steering tie rods must thus be very long in
order to prevent unwanted steering movements during
wheel travel (Fig. 9.1-46).

In such cases, the inner joints are fixed in the centre of
the vehicle to the steering rack itself, or to an isolator that
is connected to it. The designer must ensure that the
steering rack cannot twist when subject to the moments
that arise. When the wheels rebound and compress, the
tie rods are moved to be at an angle, something which
also happens when the wheels are steered. The effective
distance a between the eye-type joints of the tie rods and
the steering rack centre line, shown in Fig. 9.1-11, gives
a lever, via which the steering could be twisted. Two
guide pieces which slide in a groove in the casing stop this
from happening. However, the need to match the fit for
the bearing of the steering rack and the guide groove can
lead to other problems. If they are too tight, the steering

will be heavy, whereas if they are too loose, there is a risk
of rattling noises when the vehicle is in motion.

As the steering forces are introduced at a relatively
large distance from the bearing points of the steering axle
(suspension strut support bearings at the top, ball-and-
socket joint on the transverse link at the bottom), elastic
(flexural) deformations occur on the suspension strut and
shock-absorber strut. As a result, steering precision and
response characteristics worsen.

9.1.3 Recirculating ball steering

9.1.3.1 Advantages and disadvantages

Steering gears with a rotating movement are difficult to
house in front-wheel-drive passenger cars and, in a stan-
dard design vehicle with independent wheel suspension,
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Fig. 9.1-12 Top view of the strut damper front axle on a Mercedes vehicle. The intermediate rod and the tie rods are fixed side by side on the
pitman and idler arms and one grips from the top and the other from the bottom into the two levers; the steering square is opposed. The
steering damper is supported on the one side at the intermediate rod and on the other side on the suspension subframe.

The anti-roll bar is linked to the lower wishbone type control arms whose inner bearings take large rubber bushings. The defined springing
stiffness of these bearings, together with the inclined position of the tie rods (when viewed from the top) means that when the vehicle corners,
thereis areduction in the steering input, i.e. elastic compliance in the steering, tending towards understeering. The strut dampers are screwed
to the steering knuckles; the negative kingpin offset is r, = -14 mm.

also require the idler arm 5 (see Fig. 9.1-3) and a further This results in only low load to the pitman and inter-
intermediate rod, position 6, to connect them to the mediate arms in the event of tie rod diagonal forces
pitman arm 4; the tie rods are adjustable and have pre-lubri- occurring.

cated ball joints on both sides (Figs. 9.1-13 and 9.1-14). It is also possible to design tie rods of any length

This type of steering system is more complicated on desired, and to have steering kinematics that allow

the whole in passenger cars with independently sus- an increase in the overall steering ratio is with increase
pended front wheels and is therefore more expensive ing steering angles. The operating forces necessary to
than rack and pinion steering systems; however, it park the vehicle are reduced in such cases.

sometimes has greater steering elasticity, which reduces
the responsiveness and steering feel in the on-centre
range.

Comparing the two types of configuration (without
power-assisted steering) indicates a series of advantages:

Can be used on rigid axles (Figs. 9.1-5 and 8.1-37).

9.1.3.2 Steering gear

The input screw shaft 4 (Fig. 9.1-15) has a round thread
in which ball bearings run, which carry the steering nut 5
with them when the steering wheel is rotated. The balls

Ability to transfer high forces. which come out of the thread at the top or the bottom
A large wheel input angle possible — the steering gear (depending on the direction of rotation) are returned
shaft has a rotation range up to £45°, which can be through the tube 6. The nut has teeth on one side which
further increased by the steering ratio. mesh with the toothed segment 7 and therefore with the
It is therefore possible to use long steering arms. steering output shaft 8. When viewed from the side, the

ol o 1T
Ty 1]

Fig. 9.1-13 Configuration of an adjustable tie rod with pre-lubricated joints and buckling-resistant central tube, the interior of which
has a right-hand thread on one side and a left-hand thread on the other. It can usually be continuously adjusted by +10 mm. When toe-in
has been set, the length on the right and left tie-rod may differ, resulting in unequal steering inputs and different size turning circles; for
this reason, the central tube should be turned the same amount on the left and right wheel.

The configuration shown in the illustration is used on rigid front axles and as a drag link (illustration: Lemférder Fahwerktechnik).
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Fig. 9.1-14 Lemfdérder Fahrwerktechnik pre-lubricated tie rod
joint, used on passenger cars and light vans. The joint housing 1
has a fine thread on the shaft (M14 x 1.5 to M22 x 1.5) and is
made of annealed steel C35V; surface-hardenable steel 41Cr4V is
used for the ball pivot 2.

The actual bearing element — the one-part snap-on shell 3 made
from polyacetal (e.g. DELRIN, made by Dupont) — surrounds the
ball; the rolled-in panel cover 4 ensures a dirt- and waterproof
seal. The polyurethane or rubber sealing gaiter 5 is held against
the housing by the tension ring 6. The gaiter has a bead at
the bottom (which the second tension ring 7 presses against the
spigot) and a sealing lip, which comes into contact with the
steering arm.

The ball pivot 2 has the normal 1:10 taper and a split pin hole
(position 8). If there is a slit or a hexagonal socket (with which
the spigot can be held to stop it twisting), a self-locking nut can
be used instead of a slotted castle nut and split pin.

slightly angular arrangement of the gearing can be seen
top right. This is necessary for alignment bolt 1 to over-
come the play of the wheels when pointing straight
ahead, by axial adjustment. If play occurs in the angular

Steering '

ball bearings 2 and 3, the lock-nut must be loosened and
the sealing housing cover re-tightened.

Only a few standard design larger saloons can be found
on the road with manual recirculating ball steering. For
reasons of comfort, newer passenger cars of this type have
hydraulic power-assisted steering. The same applies to
commercial vehicles; only a few light vans are still fitted
with manual configurations as standard and even these are
available with power-assisted steering as an option.

9.1.4 Power steering systems

Power steering systems have become more and more
widely used in the last few years, due to the increasing
front axle loads of vehicles on the one hand and the
trend towards vehicles with more agile steering prop-
erties and hence direct transmission steering systems on
the other. With the exception of some members of the
‘sub-compact’ class, power steering systems are op-
tionally or automatically included as one of the standard
features.

Manual steering systems are used as a basis for power
steering systems, with the advantage that the mechani-
cal connection between the steering wheel and the
wheel and all the components continues to be main-
tained with or without the help of the auxiliary power.
The steering-wheel torque applied by the driver is

Fig. 9.1-15 Mercedes Benz recirculating ball steering suitable for passenger cars and light vans; today, apart from in a few exceptional
cases, this is only fitted as a hydraulic power-assisted version. Pitman arm 9 is mounted onto the tapered toothed profile with a

slotted castle nut 11 (Fig. 9.1-24).
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detected by a measurement system located in the region
of the input shaft of the steering gear or in the steering
tube, and additional forces or moments are introduced
into the system. This follows a characteristic curve
(valve characteristic) or group of curves depending on
the height of the steering-wheel torque, if another
quantity, e.g. driving speed, is entered as a signal. The
steering boost is thereby reduced, with the aim of
achieving better road contact at higher speeds.

9.1.4.1 Hydraulic power steering
systems

Hydraulic power steering systems are still the most
widely used. The method of using oil under pressure
to boost the servo is sophisticated and advantageous in
terms of cost, space and weight. Sensitivity to move-
ments caused by the road surface and hence the effect
of torsional impacts and torsional vibrations passing
into the steering wheel is also noticeably reduced,
particularly with rack and pinion steering. This can be
attributed to the hydraulic self-damping. It might also
be the reason why it is possible to dispense with an
additional steering shock absorber in most vehicles
with hydraulical rack and pinion steering, whereas it is
required for the same vehicles with manual steering
(see Section 9.1.6).

The oil pump is directly driven by the engine and
constantly generates hydraulic power. As hydraulic

power steering systems have to be designed in such a
way that a sufficient supply volume is available for fast
steering movements even at a low engine speed, supply
flow limiting valves are required. These limit the supply
flow to about 8 | per minute in order to prevent the
hydraulic losses which would otherwise occur at higher
engine speeds. Depending on the driving assembly and
pump design, the additional consumption of fuel can lie
between 0.2 and 0.7 1 per 100 km.

Assemblies which are added to provide auxiliary
power are shown in Fig. 9.1-16, taking the example of the
rack and pinion steering used by Opel in the Vectra
(1997). The pressure oil required for steering boost is
supplied direct to the steering valve 6 located in the
pinion housing from vane pump 1 via the high-pressure
line 2 and the cooling circuit 3. From here, depending on
the direction of rotation of the steering wheel and the
corresponding counterforce on the wheels, distribution
to the right or left cylinder line takes place (items 7 and
8). Both lead to the working cylinder which is integrated
in the steering-gear housing 5. A disc located on the gear
rack divides the pressure chamber. Differences in pres-
sure generate the required additional axial force in the
gear rack Fp; via the active areas of the disc:

Fpi = (Phyd,2 — Phyd,1)Api (9.1.1)
where Ap; is the effective piston surface, here the dif-
ference between the disc and gear rack surfaces, and
Phyd,1 or 2 are the pressures acting on the working piston.

Fig. 9.1-16 Hydraulic power steering system of the Opel Vectra (1997). The individual components are:

vane pump, driven by V-belts

high-pressure line

cooling circuit

return line, from the steering valve to the pump

OO~ N =

steering valve

7/8 pressure lines to the working cylinder
9 steering column with intermediate shaft
10 steering wheel with integrated airbag
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steering gear with external drive, attached to the auxiliary frame
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Fig. 9.1-17 lllustration of the principles of the ZF recirculating ball steering in the neutral position (vehicle travelling in a straight line).
The steering valve, the working piston and the mechanical gear sit in a common housing. The two valve pistons of the steering valve have
been turned out of their operating plane to make the diagram easier to see. The individual parts are:

1 gear housing

2 piston with steering nut

3 steering spindle connection

4 steering shaft with toothed segment

9/10 valve piston
11/12 inlet groove
13/14 radial groove
15/16 return groove

5 steering worm roller with valve body 17 fluid reservoir

6 balls 18  torsion bar

7 recirculation tube 19  hydraulic pump
8 fluid flow limitation valve 20

In a situation where there is no torque, for example
during straight running, the oil flows direct from the
steering valve 6 back to the pump 1 via the return line 4.

The method of operation of the steering valve is shown
in Fig. 9.1-17, using the example of recirculating-ball
steering. In a similar way to rack and pinion steering, it is
integrated into the input shaft of the steering gear. As is
the case with most hydraulic power steering systems, the
measurement of the steering-wheel torque is undertaken
with the use of a torsion bar 18. The torsion bar connects
the valve housing 5 (part of the steering screw) to the
valve pistons 9/10 in a torsionally elastic way. Steering-
wheel torque generates torsion of the torsion bar. These
valve pistons then move and open radial groove 13 or 14,
depending on the direction of rotation. This leads to
a difference in pressure between pressure chambers D1
and D2. The resultant axial force on the working piston 2
is calculated using Equation 9.1-2. Because phyqd also
operates in the interior space of the piston behind the
steering screw 5, the surface areas are the same on both
sides:

7D3

7 (9.1.2)

Fpi = Phyd,1 or 2 APi = Phyd,1 or 2

pressure-limiting valve

9.1.4.2 Electro-hydraulic power
steering systems

With electro-hydraulic power steering systems, the
power-steering pump driven by the engine of the vehicle
via V-belts is replaced by an electrically operated pump.

Fig. 9.1-18 shows the arrangement of the system in an
Opel Astra (1997). The electrically operated power pack
supplies the hydraulic, torsion-bar controlled steering valve
with oil. The pump is electronically controlled — when
servo boost is not required, the oil supply is reduced.

The supply of energy by electricity cable allows
greater flexibility with regard to the position of the
power pack. In the example shown, it is located in the
immediate vicinity of the steering gear. Compared with
the purely hydraulic system, the lines can be made con-
siderably shorter and there is no cooling circuit. The
steering gear, power pack and lines are installed as a
ready-assembled and tested unit.

To sum up, electro-hydraulic power steering systems
offer the following advantages:

The pressure supply unit (Fig. 9.1-19) can be accom-
modated in an appropriate location (in relation to
space and crash safety considerations).
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Fig. 9.1-18 Electro-hydraulic power steering system of the Opel Astra (1997). The individual components are:
1 electrically operated power-steering pump with integrated reserve tank (‘power pack’)

2 pump-steering valve hydraulic lines

3 rack and pinion steering gear with external drive, attached to auxiliary frame

4 steering valve.

o Servo boost is also guaranteed by the electrical be adjusted by the control electronics individually for
pressure supply even when the engine is not the particular vehicle.
running.
o Pressure-controlled systems generate only the 9.1.4.3 Electrical power steering
amount of oil required for a particular driving situa- systems
tion. Compared with standard power steering sys-
tems, energy consumption is reduced to as little The bypass of the hydraulic circuit and direct steering
as 20%. boost with the aid of an electric motor has additional
o The steering characteristics (nature and amount of advantages in terms of weight and engine bay space
steering boost, sensitivity, speed dependency) can compared with electro-hydraulic steering, because of

Pressure hose

[ .

To the
power
supply

e

Sensor cable _ Return

hose

Control system,
e.g. steering
speed signal

Pressure supply unit with
integrated control device

1 ALY o —— =
e P )
L2 nrg "

Standard rack and pinion hydraulic steering (by ZF)

Fig. 9.1-19 Open-centre control system from ZF. The pressure supply unit designed as a modular unit can be fitted with different
electric motors (DC motor with or without brushes) and pump fuel feed volumes (1.25-1.75 cm® per rpm) depending on its particular
function. QOil tanks for horizontal or vertical installation are also available. Operating pressure is up to 120 bar, with a maximum power
consumption of 80 A.
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Fig. 9.1-20 Steering column with power-steering assembly of the Opel Corsa (1997). The individual components are:

1 column tube

2 steering tube

3 sliding sleeve with groove

4 rotary potentiometer with tap
5 servomotor

6 drive worm

7 worm gear

the omission of all the hydraulic components. Other
advantages are obtained through more variations of the
steering boost because of the purely electrical signal
processing.

Safety
steering column

Intermediate shaft
1 Servo unit with universal joints
v

with electronics

1 and 2 are
assembled

Manual steering gear 2

Ratio
« constant
« variahle

Fig. 9.1-21 Electrical power steering system by ZF. The servo unit
acts directly upon the pinion of the rack and pinion steering.
Consequently, the amount of stress to which the pinion is
subjected increases by the amount of steering boost, compared
with @ mechanical or hydraulic power steering system.

The electrical servo unit can be installed on the
steering column (Fig. 9.1-20), pinion (Fig. 9.1-21) or gear
rack (Fig. 9.1-22). The steering axle loads and maximum
gear rack forces are, depending on the particular

Safety
steering column

Intermediate shaft
with universal joints

Sensors and
torsion bar

Manual steering gear

Ratio
« constant
« variable

Electronics

Servo unit with

« recirculating ball gearing
« electric motor

« angle transducer

Fig. 9.1-22 Electrical power steering system by ZF. The servo unit
acts on the gear rack itself. This system is suitable for high axle
loads and steering forces. The maximum current strength is 105 A
with a 12 V electric system; with a 42 V system, it is only 35 A.
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arrangement, about 650 kg and 6000 N, 850 kg and 8000
N or 1300 kg and 10 000 N.

The systems only have limited power because the
current is limited by an operating voltage of 12 V. They
are of interest though for smaller vehicles. In this class of
vehicles in particular, electric power steering systems
show their advantages, not least because of the small
amount of energy required. The introduction of the in-
creased voltage of 42 V will make the use of electrical
power steering systems and wheel brakes much easier.

Fig. 9.1-23 shows the steering system of the Opel
Corsa (1997) with electric power steering. It is a system
with steering-tube transmission, i.e. the intermediate
spindle transmits the whole of the torque resulting from
the steering wheel force and servo boost. Due to the
more direct steering transmission, this torque is clearly
higher than in a comparable manual steering system,
something which must be taken into consideration when
deciding on the size of the components which control
performance.

In Fig. 9.1-20, the method of operation of the servo
assembly (EPAS system by NSK) becomes clear: a plastic
worm gear 7 is applied to the steering tube 2. This is en-
gaged by the worm 6, which in its turn is connected to the
shaft of the servomotor 5. Steering-wheel torque gener-
ates a torsional movement of the torsion bar (concealed by
the sliding sleeve 3). The steering tube area is axially
grooved above the torsion bar and spindle-shaped below.
As the spindle rises, the sliding sleeve makes an axial
movement on the steering tube proportional to the torsion
of the torsion bar. This axial movement is transmitted to
the rotary potentiometer 4 via a tap. Corresponding to
a group of curves, the servo boost is determined from the

steering-wheel torque and driving speed signals and the
servomotor 5 controlled accordingly.

9.1.5 Steering column

In accordance with the German standard DIN 70 023
‘nomenclature of vehicle components’, the steering
column consists of the jacket tube (also known as the
outer tube or protective sleeve), which is fixed to the
body, and the steering shaft, also called the steering tube.
This is only mounted in bearings at the top (or top and
bottom, positions 9 and 10 in Fig. 9.1-26) and transfers
the steering-wheel moment My to the steering gear.

A compliant cardan joint (part 10 in Fig. 9.1-24) can
be used to compensate for small angular deviations. This
also keeps impacts away from the steering wheel and, at
the same time, performs a noise insulation function on
hydraulic power-assisted steering. If the steering column
does not align with the extension of the pinion gear axis
(or the steering screw), an intermediate shaft with two
universal joints is necessary (part 6 in Fig. 9.1-26). When
universal joints are used, attention should be paid to their
transmission properties, which are dependent on their
angle of inflexion for steering wheel angle and moment,
because a non-linear steering moment above the steering
angle, noticeable for the driver, can occur.

The steering tube should be torsionally stiff to keep
the steering elasticity low. On the other hand, it should
show, together with the jacket tube, a deformation be-
haviour which is defined in a longitudinal direction, as
steering wheel intrusion in case of a head-on crash is to be
avoided while the absorption of force necessary for the

Fig. 9.1-23 Electric power steering system of the Opel Corsa (1997). The individual components are:

1 steering-column assembly
2 steering column with intermediate spindle
3 rack and pinion steering with external drive.
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Fig. 9.1-24 Mercedes Benz safety steering tube and dished steering wheel; it is fixed to the recirculating ball steering gear with
a compliant ‘joint’. The bottom illustration shows the corrugated tube bending out in a head-on crash. The illustration also shows the
energy-absorbing deformation of the steering wheel and the flexibility of the steering gear mounting.

Fig. 9.1-25 BMW passenger car with air bags for the front, sides and head (front and back).
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Fig. 9.1-26 Steering column of the VW Golf lll and Vento (1996). The collapsible steering tube (Fig. 9.1-27) is carried from the bottom by
the needle bearing 9 and through the top by the ball bearing 10 in the jacket tube; the spigot of the steering lock grips into part 5. The
almost vertical pinion gear of the rack and pinion steering is linked to the inclined steering tube via the intermediate shaft 6 with the
universal joints 7 and 8. The dashpanel is sealed by the gaiter 11 between this and the steering gear (illustration: Lemférder

Fahrwerktechnik).

functionality of the airbag (Fig. 9.1-25) must be safe-
guarded. As there is a requirement in some US states
that the airbag should cushion a driver who is not wearing
his seatbelt in a crash, despite the fact that seat belts are
mandatory, the steering column must be designed for this
borderline contingency.

Three types of steering tube configuration meet these
requirements with vehicle-specific deformation paths on
passenger cars:

steering tubes with flexible corrugated tube portion
(Fig. 9.1-24);

collapsible (telescopic) steering tubes (Figs. 9.1-27
and 9.1-28);

detachable steering tubes (Figs. 9.1-1 and 9.1-29).

To increase ride and seating comfort, most automobile
manufacturers offer an adjustable steering column, either as

standard or as an option. The position of the steering wheel
can then be altered backwards and forwards as well asup and
down (positions 1 and 2 in Fig. 9.1-30). As can be seen in the
illustrations, electrical adjustment is also possible.

On light vans, which have a steering gear in front of
the front axle, the steering column is almost vertical
(Figs. 8.1-7 and 8.1-37). In a head-on crash the outer
tube bracket 1 and the steering wheel skeleton must flex

(Fig. 9.1-31).

9.1.6 Steering damper

Steering dampers absorb shocks and torsional vibrations
from the steering wheel and prevent the steering
wheel over-shooting (also known as free control) on front-
wheel-drive vehicles — something which can happen when
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Fig. 9.1-27 Telescopic collapsible steering tubes consist of a lower part 1, which is flattened on the outside, and a hollow part 2, which is
flattened on the inside. The two will be fitted together; the two plastic bushes 3 ensure that the assembly does not rattle and that the
required shear-off force in the longitudinal direction is met. The tab 4 fixed to part 1 ensures the passage of electric current when the horn
is operated. The spigot of the steering wheel lock engages with the welded-on half shells 5 (illustration: Lemférder Fahrwerktechnik).
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Fig. 9.1-28 Volvo steering column. Both the corrugated tube 1 in the intermediate shaft and the collapsible steering tube 2 meet the
safety requirements. To save weight, the universal joints are made of aluminium alloy Al Mg Si 1 F31 (illustration: Lemfdrder

Fahrwerktechnik).

the driver pulls the steering wheel abruptly. The dampers
therefore increase ride comfort and driving safety, mainly
on manual steering gears. The setting, which generally
operates evenly across the whole stroke range, allows
sufficiently light steerability but stops uncontrollable
wheel vibrations where the front wheels are subjected to
uneven lateral and longitudinal vibrational disturbances;

Fig. 9.1-29 ‘Release clutch’ used by VW on steering columns. A
half-round plate sits on the short shaft that is linked to the steering
pinion gear, and carries the two pins 1 which point downwards.
They grip into the two holes of the clutch 2 sitting on the steering
tube from the top. The jacket tube is connected to the dashboard
via a deformable bracket. As shown in a head-on crash, this part 3
flexes and the pins 1 slide out of part 2.

in this event the damper generates appropriate forces
according to the high piston speeds involved.

The dampers are fitted horizontally. As shown in
Fig. 8.1-57, on rack and pinion steering, one side of the
damper is fixed to the steering rack via an eye or pin-type
joint and the other to the steering housing. On recircu-
lating ball steering systems, the pitman arm on in-
dependent wheel suspensions or the intermediate rod
can be used as a pivot point (Figs. 8.1-39 and 9.1-12) or
the tie rod on rigid axles. As shown in Fig. 9.1-5, this is
parallel to the axle housing.

9.1.7 Steering kinematics

9.1.7.1 Influence of type and position
of the steering gear

Calculating the true tie rod length ug (Fig. 9.1-32) and
the steering arm angle A (Fig. 9.1-3) creates some diffi-
culties in the case of independent wheel suspensions.
The position of the steering column influences the posi-
tion of the steering gear by the type of rotational move-
ment. If this deviates from the horizontal by the angle w
(Fig. 9.1-33), a steering gear shaft, which is also inclined
by the angle w, becomes necessary. The inner tie rod joint
T which sits on the pitman arm, is carried through
a three-dimensional arc, influenced by this angle w when
the wheels are turned. However, the outer joint U on the
steering knuckle whose steering axis is inclined inwards
(Fig. 9.1-34) by the kingpin inclination angle ¢ and is
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Fig. 9.1-30 Electrically adjustable steering column manufactured by Lemférder Fahrwerktechnik. The electric motor 3 turns a ball nut
via the gears 4 and this engages with the grooves 5 of the steering tube and shifts it (position 6) in the longitudinal direction (position 1).
To change the height of the steering wheel (position 2), the same unit tips around the pivot 8 by means of the rod 7.

Fig. 9.1-31 The VW Bus Type Il has an almost vertical steering column. In a head-on crash, first the steering wheel rim gives and then the
retaining strut 1, which is designed so that a given force is needed to make it bend inwards.

Fig. 9.1-32 Onindependent wheel suspensions, the tie rod UT is spatially inclined. The path ¢/ (i.e. the lateral distance of points U and T from
one another) or the angle k must be determined when viewed from the rear. From the top view, the distance d or the angle wg is more
important; the projected lengths which appear in both views are u; and u,. The true tie rod length is then: ug = (u? + ¢ + dz)l/z.
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Fig. 9.1-33 The central points of the tie rod joints (T on the inside and U on the outside) change their position relative to one another,
based on the wheel travel (vertical and horizontal) on independent wheel suspensions. The reasons for this are the different directions
of movement of pitman arm and steering arm. The former depends on the inclined position of the steering gear (angle w) and that of

the point U from the inclination of the steering axis EG, i.e. the kingpin inclination ¢ and the caster angle t.
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Fig. 9.1-34 When viewed from the rear, the inner tie rod joint T on
rack and pinion steering moves parallel to the ground, whereas the
outer tie rod joint U moves on an arc running vertical to the
steering axis EG. Any caster angle t must also be considered.

often also inclined backwards by the caster angle t
(shown in Fig. 9.1-33). This joint therefore moves on
a completely different three-dimensional arc.

The construction designer’s job is to calculate
the steering arm angle A (and possibly also the angle o
of the pitman arm, Fig. 9.1-37) in such a manner that
when the wheels are turned, the specified desired curve
produced comes as close as possible. The achievement of
the necessary balance is made more difficult still by the
movements of the wheel carrier during driving: for
example, wheel travel, longitudinal flexibility and verti-
cal springing.

Two curves that are desirable on passenger cars with
an initially almost horizontal shape (A6 = +30’) and

a subsequent rise in the curve to nearly half the nominal
value when the wheels are fully turned. The more highly
loaded wheel on the outside of the bend can even be
turned further in than the inner wheel (and not just
parallel to it, A6 = —30/) ; due to the higher slip angle
that then has been forced upon it, the tyre is able to
transfer higher lateral forces. When the wheels are fully
turned, the actual curve should, nevertheless, remain
below the nominal curve to achieve a smaller turning
circle.

The steering angle 6, of the wheel on the outside of
the bend depends on the angle of the one on the inside of
the bend 6; via the steering difference angle Aé:

A6 = 6; — 6, (axis of the ordinate)

9.1.7.2 Steering linkage configuration

The main influences on Aé are the steering arm angle 2,
the inclined position of the tie rod when viewed from the
top (angle ., Fig. 9.1-32) and the angle o of the pitman
and idler arms on steering gears with a rotational move-
ment. The tie rod position is determined by where the
steering gear can be packaged. The amount of space
available is prescribed and limited and the designer is
unlikely to be able to change it by more than a little. The
task consists of determining the angles A and o by drawing
or calculation. Both also depend on the bearing elastici-
ties, which are not always known precisely.
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Fig. 9.1-35 Path and movement points necessary for determining the tie rod length and position. The position of the tie rods is given
by the connecting line UP (to the pole). The illustration also shows the roll centre Ro.

T Direction

Fig. 9.1-36 ‘Synchronous’ 4-bar linkage with steering arms pointing forwards. The inner joints are fixed to the sides of the

intermediate rod.

The configuration of the steering kinematics on rack
and pinion steering is comparatively simple; here, it is
only necessary to transfer a straight-line lateral shift
movement into the three-dimensional movement of the
steering knuckle (Fig. 9.1-34). However, the extension of
the tie rod UT must point to virtual centre of rotation P
(Fig. 9.1-35); this is necessary on all individual wheel
suspensions for determining the body roll centre Ro and
is therefore known (see Section 9.1.6.3).

On steering gears with a rotational movement, the
4-bar linkage can be either in front or behind the axle and
can be opposed or synchronous; Figs. 9.1-3 and 9.1-36—
9.1-38 show four different configurations.

From a kinematic point of view, rack and pinion
steering systems have a triangular linkage that can either
be in front of or behind the axle or even across it. Figs.
9.1-4 and 9.1-39-9.1-41 show the individual options for
left- and right-hand drive vehicles and also where the

Direction
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Fig. 9.1-37 ‘Opposed’ 4-bar linkage located in front of the wheel centre. Steering arm and pitman arm rotate in opposite directions
towards one another, similar to meshing gears. The tie rods are fixed directly to pitman and idler arms. For kinematic reasons, these can

have the pre-angle o (see also Fig. 8.1-7).
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Fig. 9.1-38 ‘Opposed’ 4-bar linkage located behind the wheel centre. The inner tie rod joints can be fixed to the middle part of the
intermediate rod or directly to the pitman and idler arm (see Fig. 9.1-12).
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Fig. 9.1-39 The rack-and-pinion steering is behind and above the wheel centre and the steering arms point forward (shown for a
right-hand-drive vehicle). For kinematic reasons, the inner tie rod joints are fixed to a central outrigger — known as a central take-off.
This type of solution (also shown in Fig. 8.1-57) is necessary on McPherson and strut damper front axles with a high-location steering
system as the tie rods have to be very long to avoid unwanted steering angles during jounce.

The significantly simpler steering kinematics on rigid

pinion gear must be located — above or below the R
axles are shown in Figs. 9.1-5-9.1-7.

steering rack — to make the wheels turn in the direction
in which the steering wheel is turned. The steering arms
(negative angles A) which point outwards, shown in  9.1.7.3 Tie rod length and position
Fig. 9.1-41, allow longer tie rods; something which is
useful when the inner joints are pivoted on the ends of =~ When the wheels compress and rebound as well as in
the steering rack. longitudinal movement, there should not be any, or only
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Fig. 9.1-40 The steering is in front of the wheel centre and the triangular linkage behind it, with the inner joints fixed to the ends of t