Harald Naunheimer
Bernd Bertsche
Joachim Ryborz
Wolfgang Novak

Automotive
Transmissions

Fundamentals, Selection,
Design and Application

Second Edition

@ Springer



Automotive Transmissions

Second Edition






Harald Naunheimer - Bernd Bertsche -
Joachim Ryborz - Wolfgang Novak

Automotive Transmissions

Fundamentals, Selection, Design
and Application

In Collaboration with Peter Fietkau

Second Edition

With 487 Figures and 85 Tables

@ Springer



Dr.-Ing. Harald Naunheimer

Vice President Corporate Research
and Development

ZF Friedrichshafen AG
Graf-von-Soden-Platz 1

88046 Friedrichshafen

Germany

harald.naunheimer @zf.com

Dr.-Ing. Joachim Ryborz
Project Manager
Development Transmission
for Light Commercial Vehicle
ZF Friedrichshafen AG
Alfred-Colsman-Platz 1
88045 Friedrichshafen
Germany
joachim.ryborz@zf.com

In Collaboration with

Dipl.-Ing. Peter Fietkau

Scientific Employee

Universitit Stuttgart

Institute of Machine Components
Pfaffenwaldring 9

70569 Stuttgart

Germany

peter.fietkau @ima.uni-stuttgart.de

ISBN 978-3-642-16213-8
DOI 10.1007/978-3-642-16214-5

Springer Heidelberg Dordrecht London New York
Library of Congress Control Number: 2010937846

© Springer-Verlag Berlin Heidelberg 1994, 2011

This work is subject to copyright. All rights are reserved, whether the whole or part of the material is
concerned, specifically the rights of translation, reprinting, reuse of illustrations, recitation, broadcasting,
reproduction on microfilm or in any other way, and storage in data banks. Duplication of this publication
or parts thereof is permitted only under the provisions of the German Copyright Law of September 9,
1965, in its current version, and permission for use must always be obtained from Springer. Violations

Professor Dr.-Ing. Bernd Bertsche
Director

Universitét Stuttgart

Institute of Machine Components
Pfaffenwaldring 9

70569 Stuttgart

Germany

bernd.bertsche @ima.uni-stuttgart.de

Dr.-Ing. Wolfgang Novak
Development Engineer
Daimler AG

Mercedesstraf3e 119

70546 Stuttgart

Germany

wolfgang.novak @daimler.com

Translator

Aaron Kuchle

Foreign Language Institute
Yeungnam University
214-1 Dae-dong
Gyeongsan, Gyeongbuk
Korea 712-749
aaronkuchle @yahoo.com

e-ISBN 978-3-642-16214-5

are liable to prosecution under the German Copyright Law.

The use of general descriptive names, registered names, trademarks, etc. in this publication does not
imply, even in the absence of a specific statement, that such names are exempt from the relevant protective
laws and regulations and therefore free for general use.

Cover design: eStudio Calamar S.L.

Printed on acid-free paper

Springer is part of Springer Science+Business Media (www.springer.com)



Preface to the Second Revised
and Expanded Edition

“Automotive Transmissions” was first published in Germany in May 1994. It was
so well received that we decided to publish the book in English in 1999. Since
then much has happened in the automotive and transmission sectors.

Imperatives imposed upon the development of automotive transmissions are
improving driving performance, increasing driving comfort and ease of use, in-
creasing reliability and service life, reducing weight and installation space, raising
efficiency levels, profiling the brand image, reducing costs and, above all, reduc-
ing fuel consumption and pollutant emissions. Markets and market mechanisms
for passenger cars and commercial vehicles differ and the emphasis placed on
these requirements differs in turn. Common to all cases is that a variety of re-
quirements leads by necessity to a conflict of goals. Approaches that can help to
solve the goal conflicts are individual usage-optimised transmission solutions,
higher integration of submodules, introducing more functionality and generating
superordinate functions by means of networking with other vehicle components.

In the case of passenger cars, the trend toward individualised designs has
caused strong segmentation with numerous vehicle classes. This has also lead to a
massive diversification among transmission designs, with individual solutions and
competing concepts: manual transmissions (MT), automated manual transmissions
(AMT), dual clutch transmissions (DCT), conventional automatic transmissions
(AT), continuously variable transmissions (CVT) and hybrid drives. The “black
and white”, manual vs. automatic situation existing back in 1990 no longer ap-
plies. In the case of commercial vehicle transmissions, the mechanical geared
transmission with 6 to 16 speeds of either single-range or multi-range design are
standard. In the heavy-duty truck segment, AMT have become successful in
Europe. Their path led from semi-automatic designs right up to fully automated
transmissions. Increasing integration of peripheral parts and submodules into the
transmission has led to lighter, more compact and more reliable aggregates.

Electrics and electronics, actuator technology and sensor technology have
played a defining role in many innovations in the area of automotive transmis-
sions. Software is responsible for many of the functions of transmission systems,
and thus for much of their customer benefit. The increase in function content and
networking with other components of the vehicle leads to changes in the chain of
responsibility between vehicle and transmission manufacturers.

The correct evaluation of trends in the market, in engineering and technology
has taken on greater importance. The tasks now are to recognize and evaluate fu-
ture demands early on, to derive new strategies and products from this basis and to
develop and finally to produce these products for the market cost-effectively while
maintaining a high level of quality. The goal of this book is to provide some of the
tools required to do this. It intends to show the process of product development for
automotive transmissions in its entirety.
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The second edition integrates innovations in automotive transmissions into the
systematic framework established in the first edition. Approximately 40% of the
content of the second edition is either entirely new or revised with new data. As
with the first edition, however, the goal is not to introduce the most current devel-
opments or to be exhaustive in details, but to provide the reader with lines of rea-
soning and to demonstrate approaches. Theoretical principles and concepts are ex-
plained that are of general validity and hence of enduring relevance. Therefore
beside current designs, transmission systems that are no longer in production are
also presented.

In order to strengthen the relation to praxis, the second edition has consolidated
the knowledge of experts from different sub-disciplines. Our thanks go to them:
history: Hans-Jorg Dach (ZF); passenger car MT/AMT: Christian Hoffmann
(Getrag); passenger car DCT: Michael Schifer (VW), Michael Kislat (VW), Mi-
chael Ebenhoch (ZF); passenger car AT: Christoph Dorr (Mercedes-Benz); pas-
senger car/commercial vehicle hybrid: Stefan Kilian (ZF); passenger car CVT:
Peter Schiberna (Audi); commercial vehicle AMT: Carsten Gitt (Mercedes-Benz);
commercial vehicle CVT: Karl Grad (ZF); gearing: Franz Joachim (ZF); opera-
tional fatigue strength: Karl-Heinz Hirschmann (Uni Rostock); acoustics: Martin
Hildebrand (Ford); external gearshift system: Andreas Giefer (ZF); multi-plate
clutches: Dietmar Frey (ZF); dry clutches: Benedikt Schauder (ZF Sachs); wet
dual clutches: Johannes Heinrich (BorgWarner); bearings: Oskar Zwirlein (FAG);
seals: Werner Haas (Uni Stuttgart); refarders: Reinhold Pittius (Voith); all-wheel
drive: Dieter Schmidl (Magna Powertrain), Andreas Allgower (Getrag), Hubert
Grohlich (VW); electronic transmission control: Josef Schwarz (ZF); calculation
tools: Marco Plieske (ZF); driving simulation: Friedemann Jauch (ZF); manufac-
turing: Christian Wagner (ZF); testing: Peter Brodbeck (Porsche) — and many oth-
ers who supported us with their advice and expertise.

We would like to thank the following companies for up-to-date and realistic il-
lustrations: Allison, Audi, BMW, BorgWarner, Eaton, Ford, Getrag, Honda, LuK,
Magna Powertrain, Mercedes-Benz, Opel, Porsche, Toyota, Voith and VW. Spe-
cial thanks are due to ZF for all their support during the development of this book.

This English language edition could not have come to fruition without the assis-
tance of many contributors. We are particularly indebted to Dipl.-Ing. Peter Fiet-
kau as the manager and co-ordinator of the project, and to his assistants at the In-
stitute of Machine Components (IMA), University of Stuttgart. We thank
Springer-Verlag for their good cooperation. Our special thanks go to our families
for their great patience, understanding and support during the three years spent
preparing this book.

In 2002, Professor Dr.-Ing. Gisbert Lechner passed away. He was the initiator
and author of the first English edition of “Automotive Transmissions”. We see the
second edition as a continuation of his excellent work.

Friedrichshafen Harald Naunheimer, Joachim Ryborz
and Stuttgart, May 2010 Bernd Bertsche, Wolfgang Novak



Preface

It was in 1953 that H. Reichenbacher wrote the first book on motor vehicle trans-
mission engineering. At that time, the German motor industry produced 490 581
vehicles including cars, vans, trucks, busses and tractor-trailer units. In 1992, pro-
duction had reached 5.2 million. The technology at that time only required cover-
age of certain aspects, and Mr Reichenbicher’s book accordingly restricted itself
to basic types of gearbox, gear step selection, gear sets with fixed axles, epicyclic
systems, Fottinger clutches and hydrodynamic transmissions.

Automotive engineering and the technology of mechanism design have always
been subject to evolution. The current state of the art is characterised by the fol-
lowing interrelations:

Environment - Traffic - Vehicle - Transmission.

Questions such as economy, environment and ease of use are paramount. The util-
ity of a transmission is characterised by its impact on the traction available, on
fuel consumption and reliability, service life, noise levels and the user-friendliness
of the vehicle.

There are new techniques which now have to be taken into account, relating to
development methodology, materials technology and notably strength calculation.
Examples include operational fatigue strength calculations, the introduction of
specific flank corrections, taking account of housing deformation, and the need for
light-weight construction.

Transmission design engineering bas been enriched by numerous variants. The
manual two-stage countershaft transmission, preferred for longitudinal engines,
and the single-stage countershaft transmission preferred for transverse engines
now have many sub-variants, e.g. automatic transmissions, continuously variable
transmissions, torque converter clutch transmissions, dual clutch transmissions,
and transmissions for all-wheel drive.

The engine and transmission must increasingly be considered as one functional
unit. The terms used are “powertrain matching” and “engine/transmission man-
agement”. This can only be achieved by an integrated electronic management sys-
tem covering the mechanical components in both engine and transmission.

The technique of systematic design developed in the 1960s, and the increasing
use of computers for design, simulation and engineering (CAD) are resulting in
ever-reducing development cycles. This trend is reinforced by competitive pres-
sures. Systematic product planning is another significant factor in this regard.

It was therefore necessary to create an entirely new structure for the present
book “Automotive Transmissions”. Modern developments have to be taken into
account. The great diversity and range of issues in developing transmissions made
it difficult to select the material for this completely new version of “Automotive
Transmissions”, especially within the prevailing constraints. Not every topic could
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be covered in detail. In those places where there is an established literature, the au-
thors have chosen to rely on it in the interests of brevity.

The purpose of this book is to describe the development of motor vehicle trans-
missions as an ongoing part of the vehicle development system. Only by actively
taking this interaction into account is it possible to arrive at a fully viable trans-
mission design. The aim is to highlight the basic interrelations between the drive
unit, the vehicle and the transmission on the one hand, and their functional fea-
tures such as appropriate gear selection, correct gear step, traction diagram, fuel
consumption, service life and reliability on the other. Of course, another major
concern was to represent the various engineering designs of modern vehicle
transmissions in suitable design drawings.

The book is addressed to all engineers and students of automotive engineering,
but especially to practitioners and senior engineers working in the field of trans-
mission development. It is intended as a reference work for all information of im-
portance to transmission development, and is also intended as a guide to further
literature in the field.

Without the assistance of numerous people this book would not have been writ-
ten. We would like to thank Dr Heidrun Schropel, Mr Wolfgang Elser, Dr Ekke-
hard Krieg, Dr Winfried Richter, Mr Thomas Sporl, Mr Thilo Wagner, Dr Georg
Weidner and Professor Lothar Winkler for researching and revising chapters. We
also wish to acknowledge the contribution of numerous assistants and postgradu-
ates for important work on specific aspects.

We wish to thank Christine Habich for her professional editing. We would like
to thank many employees and scientific assistants of the IMA (Institute of Ma-
chine Components) for reviewing and checking various parts of the text.

Such a book cannot be published without current practical illustrations. The
publishers wish to acknowledge their gratitude to numerous companies for making
illustrations available: Audi AG, BMW AG, Eaton GmbH, Fichtel & Sachs AG,
Ford Werke AG, GETRAG, Mercedes-Benz AG, Adam Opel AG, Dr.-Ing. h.c.
Porsche AG, and Volkswagen AG. We are particularly indebted to ZF Fried-
richshafen AG who have always been most forthcoming in responding to our nu-
merous requests for graphic material.

We are also indebted to Springer-Verlag for publishing this book. We would
particularly like to thank Mr M Hofmann, whose faith in our project never wa-
vered, and whose gentle but firm persistence ensured that the book did indeed
reach completion. Dr Merkle then prepared the work for printing. We must also
thank the publisher of the “Design Engineering Books” series, Professor Gerhard
Pahl for his patience and advice. Our thanks especially to our families for their
understanding and support.

Stuttgart, Gisbert Lechner
May 1994 Harald Naunheimer
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Terms and Symbols

A formula you cannot derive is a corpse in the brain /C. Weber/

Physical variables are related by mathematical formulae. These can be expressed
in two different ways:

e quantity equations,
e unit equations.

Quantity equations

Quantity equations are independent of the unit used, and are of fundamental appli-
cation. Every symbol represents a physical quantity, which can have different
values:

Value of the quantity = numerical value x unit .

Example: Power P is generally defined by the formula
P=Tw, (1)

where 7 stands for torque and w stands for angular velocity.

Unit equations

If an equation recurs frequently or if it contains constants and material values, it is
convenient to combine the units, in which case they are no longer freely select-
able.

In unit equations, the symbols incorporate only the numerical value of a variab-
le. The units in unit equations must therefore be precisely prescribed.

Example: In order to calculate the effective power P in kW at a given rotational
speed n in 1/min, the above equation (1) becomes the unit equation

Tn
P= . 2
9550 @

The unit equation (2) applies where the prescript P is expressed in
kW, T'in Nm and » in 1/min.



XVIII  Terms and Symbols

Designation system for steels

In several sections of this book, particular steels have been referred to according to
German standard DIN EN 10027. Often there is no exact English equivalent.
However it seemed important to provide an explanation of the type of steel being
referred to. Therefore the basics of the specification will be explained.

The main symbol is the carbon content multiplied by 100 followed by the
chemical composition of the material. The alloying elements are sorted by their al-
loy content, whereby the percentage of content is multiplied by a multiplier ac-
cording to the following table. If there is no percentage of an element given in the
specification, this means that there is just a small content of this element.

Multiplier Alloying element
4 Mn, Si, Ni, W, Cr, Co
10 Al, Cu, Mo, Ta, Ti, V, Pb, Zr, Nb, Be
100 P,S,N,C
1000 B
Examples:
16MnCr5 0.16% carbon, 1.25% Cr, small content of Cr

42CrNiMo4-4  0.42% carbon, 1% Cr, 1% Ni, small content of Mo

Terms and Symbols

(Only those which occur frequently; otherwise see text)

A Surface area, vehicle cross-section = projection of vehicle frontal
area

Ar Friction surface area

A(?) Availability

Bio System service life for a failure probability of 10%

By System service life for a failure probability of x%

C Basic dynamic load rating, constant

cG Constant gear

CGy Front-mounted splitter unit constant high

CGy Front-mounted splitter unit constant low

CGmain Main gearbox constant gear

CGgr Range-change unit constant gear

D Diameter, damage

Dyt Actual damage sum
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Damage sum of a load profile
Theoretical damage sum

Modulus of elasticity

Force

Braking force

Manual effort, slope descending force
Air resistance, bearing force

Shear force (transverse force)

Wheel resistance

Lateral force

Gradient resistance

Circumferential force

Traction

Available traction

Required traction

Acceleration resistance, axial force
Pressure force of the pressure plate
Normal force

Radial force

Tangential force

Distribution function, failure probability
Wheel load

Moment of inertia

Transmission characteristic value
Service life, sound level

Bending moment

Torsional moment

Reference moment

Number of load cycles, number of oscillation cycles to failure,
component service life

Power, equivalent bearing load
Frictional power related to surface area
Power requirement at wheel

Mean frictional power during synchronizer slipping
Shear force (transverse force), flow rate
Reaction force, stress ratio

Yield strength

Tensile strength

0.2% offset yield strength

Survival probability, reliability

Safety factor, locking safety factor of synchronizers, slip, interlock

value, taper disc radius

Brake slip

Rear-mounted splitter unit high
Rear-mounted splitter unit low
Drive slip
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T Torque, temperature, characteristic service life

T Acceleration torque (synchronizer), locking torque (differential)

Tc Clutch torque

Tp Drag torque

Ty Load torque

Twm Engine torque

Txr Friction torque, slip torque

Ty Opening torque (synchronizer)

U Revolutions

vV Displacement volume (oil pump)

Vu Total swept volume

w Section modulus, work, absorbable work, frictional work

Wa Frictional work related to surface area (specific frictional work)

W Section modulus under bending

W, Section modulus under torsion

a Acceleration, centre distance

b Shape parameter, failure slope, pack length, width, fuel
consumption

by Size factor

b, Specific fuel consumption

by Fuel consumption per unit of distance, surface factor

c Rigidity, absolute speed

cw Drag coefficient

Cm Machine capability index

Cp Process capability index

Cs Tooth rigidity

Cu Circumferential component of absolute speed

cy Meshing rigidity (average value of tooth rigidity over time)

d Diameter

e Eccentricity

f Deflection, frequency

R Rolling resistance coefficient

§(0) Density function

g Gravitational acceleration

h; Number of stress oscillation cycles

i Ratio

ia Powertrain ratio (from engine to wheels)

icG Constant gear ratio

ig Final ratio

ip.A Ratio of the axle drive

IEN Ratio of the hub drive

gy Ratio of the transfer box

iG Transmission ratio

IG.tot Overall gear ratio, range of ratios

is Moving-off element ratio
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me

Oth

X,z

Zj

AS
AV

0o
Ost
Ok
On

Variator ratio

Number of friction surfaces

Wohler curve equation exponent

Characteristic value of a torque converter

Gear module, mass, linear scale (converter)

Vehicle mass

Standard module

Rotational speed, number, number of load cycles, number of
bearings

Engine speed

Contact pressure, pressure, number of gear pairs, service life
exponent

Effective average pressure in the cylinder of a combustion engine
Gradient

Gradient in %

Radius, redundancy level of a system

Dynamic wheel radius

Travel, shift movement at the gearshift sleeve

Root thickness chord

Statistical variable, time

Failure free time

Slipping time, friction time

Shifting time

Gear ratio, circumferential speed

Speed, flow rate

Vehicle speed

Wind speed

Theoretical speed with slip S =0

Absorbed work

Addendum modification coefficient

Co-ordinates

Number of speeds, number of friction surfaces, number of teeth,
number of load cycle passes

Number of teeth gear i

Interval, difference
Wear path (synchronizer)
Wear (synchronizer)

Meshing angle, cone angle of a cone synchronizer, viscosity-
pressure coefficient

Effort ratio

Gradient angle

Stress concentration factor

Normal meshing angle

Helix angle at reference circle, opening angle of dogs
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P Fatigue notch factor

) Reference cone angle, degree of pump irregularity (volumetric flow
pulsation)

& Total contact ratio

&y Transverse contact ratio

&p Overlap ratio

n Efficiency, dynamic viscosity

3 Temperature

A Performance coefficient (converter, retarder), rotational inertia
coefficient

A%) Failure rate

u Torque ratio, torque conversion, coefficient of friction

HUstall Stall torque ratio

Hu Static coefficient of friction

v Speed ratio, speed conversion, kinematic viscosity

p Density, radius of curvature

o Normal stress

oD Endurance strength

on Hertzian stress

Oy Bending stress

oy Reference stress

T Torsional stress, torque increase of a combustion engine

0] Gear step, bending angle

N Base ratio change with progressive stepping

02 Progression factor with progressive stepping

O Gear step with geometrical stepping

@ Angular velocity

Subscripts

0 Nominal or initial state

1 Pinion (= small gearwheel), input

2 Wheel (= large gearwheel), output

3 Frame

1,2,3, .. Atpoint 1,2, 3, ...

A Available, related to area, powertrain, axle

AM Angular momentum

B Required, brake, acceleration

C Clutch

CC Converter lock-up clutch

CG Constant gear

CS Countershaft

D Endurance, endurance strength, deficit, direct, drag
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anloyBesNesles!

IS
L,L1,L2

MS
MSW

(ON)

g
W,O<

Roll
Rot

Ng<C

o

abs

calc
dyn

exper
L]

id
in

Final ratio

Excess

Vehicle, tooth root

Gearbox, propeller shaft

Static friction, main, main gearbox, ring gear, high (= fast),
Hertzian, displacement, manual

Input shaft

Air, load, low (= slow)

At bearing point, at bearing point 1, 2
Engine, model

Main shaft

Main shaft wheel

Hub, rear-mounted range unit

Output shaft

Pump, pump wheel, planetary gear
Pump test

Transverse

Reverse gear, roll, slip, friction, wheel, range-change unit, reactor,

rotor (retarder)
Roll
Rotation

Sun gear, splitter unit, stator (retarder), system, lateral, shifting,

moving-off element

Pulsating (strength)

Gradient

Turbine, drive

Torque converter

Circumferential

Front-mounted range unit, loss, test, variator, transfer box
Alternating (strength), wind

Traction, opening

Acceleration, axial, values at tip circle
Absolute

Actual

Axial

Bending

Calculated

Dynamic

Effective

Experimental

Values at root circle

Inner, input, control variable i =1, 2,3, ..., n
At point 1, j

Ideal

Input
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J Control variable

k Control variable, notching effect

m Mean, machine, number of stress classes
main Main

max Maximum

min Minimum

n Nominal, normal, n-th gear, standard
0 Outer, output

out Output

p Process

perm Permissible

r Radial

red Reduced

ref Reference

rel Relative

res Resultant

S Surface, distance

spec Specific

stat Static

t Torsion, time, tangential

th Theoretical

tot Total

trans Transverse

u Circumferential

v Reference

w Pitch circle

X,V,Z In x, y, z direction, around x, y, z axis

z Highest gear, number of speeds



1 Introduction

Every vehicle needs a transmission!

1.1 Preface

All vehicles, aircraft and watercraft included, require transmissions in order to
convert torque and engine speed. Transmissions are distinguished in accordance
with their function and purpose — e.g. selector gearboxes, steering boxes and
power take-offs. This book deals exclusively with transmissions for road vehicles
as well as for vehicles designed for both on-road and off-road use (Figure 1.1).

Figure 1.2 provides an overview of common transmission designs and their sys-
tematic classification. Further details can be found in Chapter 6 “Vehicle Trans-
mission Systems”. Dual clutch transmissions are assigned to automatic transmis-
sions with various gear ratios due to their similarity with respect to control and
functionality.

Vehicles
| |
Land vehicles Vessels Aircraft
Road-going Construction Agricultural Tracked and Rail vehicles
vehicles vehicles vehicles special-purpose
vehicles
Exclusively Construction vehicles
on-road use on+off-road use
Selector : 5 Differential gears Transfer boxes :
gearboxes Final drives Locking differentials| | Power take-offs Steering boxes

Fig. 1.1. Definition of the term “automotive transmission” as this book uses it

H. Naunheimer et al., Automotive Transmissions, 2nd ed.,
DOI 10.1007/978-3-642-16214-5 1, © Springer-Verlag Berlin Heidelberg 2011
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Transmission types
z-speed transmissions Continuously variable
(geared transmissions with z speeds) transmissions (CVT)
I\{‘Ianual Amo”ﬁted Automatic transmis-|  Hybrid drive Hy-
mi?s?g;ls mir;ligzioaasns_ sions with various with Mechanical | drau-
ear ratios electric machines lic
(MT) (AMT) s
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86 |S5a|TE c w|lw@s bl [ = 0 Gl | S5a
pe|lec|isg|Sse| §E cke 5= = © Lozl c| e
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-— W +~ i) > = -— - o -— b -
o oS |te < 3J 0O o © (o]
23) >"toc g IO0|OE o
With power interruption Without power interruption (powershift)
Moving-off )
f Automati
Ll s mgi'?n ?E)(f:f
operated clutch 9
Manua_l Automatic gearshift Automatic torque: and
gearshift speed conversion

Fig. 1.2. Systematic classification of automotive transmission types

Reliability Economy Road safety

Service life Fuel consumption Transport capacity Ease of operation

Fig. 1.3. The effect of the transmission on basic attributes of a vehicle
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100%

Partly developed
technologies

Highly developed
technologies

Consumer goods

Use, function, sales

Gene technology,
computer

dicles.

gearboxes,
machine
tools,
rolling
bearings

Moderate
increase

Refrigerators,
binoculars,
detergents,
bicycles

Small...

Development, production and marketing resources required —

Fig. 1.4. Achievable
increase in the
practical value of a
product by additional
development effort

The task of a transmission is to convert the traction available from the drive unit,
satisfying requirements placed on it by the vehicle, the road, the driver and the
environment. Technical and economical competitiveness are essential here. In
addition to the driving and transport performance of passenger and commercial
vehicles, transmissions are of central importance with respect to reliability, fuel
consumption, ease of operation and road safety (Figure 1.3).

Table 1.1. Comparison between industrial and automotive transmissions

Transmission Number of | Ratio 1st Power Input Mass | Specific
speeds gear/overall torque power
(forward) | gear ratio (kW) (Nm) (kg) | kW/kg)
Industrial
12.5 0.48
1 330 2100 680
— 100%
Commercial vehicle
(AMT) 14.1 1.49
1 16 397 2600 | 266
‘E{|| H ik 17.0 300%
I L—‘-‘—
Passenger car (MT)
42 6.39
6 294 500 46
5.1 1300%
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Fast, flexible
market-orientated
development

Satisfy legal
requirements

\ f
Superordinate Take account of technical
development goals developments

/ \

Optimal conversion of the

engine power available: High reliability, adequate
good economy and service life, low noise and
acceleration environmental compatibiliy

Fig. 1.5. Superordinate development goals for vehicle transmissions

Automotive transmissions are mass-produced products of a high technical and
technological order. They are classified as highly developed technologies (Figure
1.4). What is remarkable is the specific power P, in kW/kg of commercial vehi-
cle transmissions, which is more than three times more than that of industrial
transmissions (Table 1.1), despite the fact that automotive transmissions have
more speeds. On the other hand, industrial transmissions have to be designed for a
longer service life.

Basic innovations in the field of automotive transmissions are no longer to be
expected. Instead, we are witnessing a process of gradual evolution. This process
is characterized by system thinking focused on the factors Environment <> Traffic
< Vehicle <> Engine/Transmission and by the use of electronics for operational,
control and monitoring processes. The superordinate design objectives for auto-
motive transmissions resulting from these tendencies are shown in Figure 1.5.

Vehicle transmission development must be fast and market-oriented. Custom-
ers’ preferences, especially in the case of commercial vehicles, must be accom-
modated flexibly. Legal conditions, kW/t-regulation or emission policies for ex-
ample, must be met. Furthermore, emotional aspects like driving pleasure must
also be taken into consideration.

The main goal when designing an automotive transmission is an optimal con-
version of the traction available from the engine into the traction force of the vehi-
cle over a wide range of road speeds. This must be done such that there is a favor-
able compromise between the number of speeds, the climbing and acceleration
performance and fuel consumption. Further technical and technological develop-
ments should obviously be considered — reliability and service life as well. It is
also essential to have regard for environmental and social considerations.

The design of vehicle transmissions should always stay within the planning ho-
rizon for new vehicles (Figure 1.6). During the developmental phase of a vehicle,
a corresponding transmission must also be created or further developed. To this
end, new manufacturing technologies for mass production must also be prepared
and introduced.



1.1 Preface 5

Development \
phase

Production

Spare part availability

Product update

Presence on the road

|

I

|

|

|

|

{
Years 24
Fig. 1.6. Time dimensions and planning horizons in the automotive industry, from [1.1]

After the end of the production phase, it should be guaranteed that spare parts are
available. For this purpose, the life cycles of additional components, including
semiconductor components, have to be taken into consideration.

This book seeks to present the automotive transmission development process as
a whole (Figure 1.7). It should show ways of thinking that go beyond mere com-
ponent design. Regardless of which product is at hand, it is always necessary to
assess the total system in which that product will later be employed. Such a sys-
tem overview is indispensable and will be presented in Chapter 2.
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Automotive transmissions are decisively influenced by the vehicle, the engine and
the road profile. Without basic knowledge of these factors, meaningful develop-
ments are impossible.

Chapter 3 shows the interaction between power required and power available.
The first development task focused directly on vehicle transmission is then select-
ing the range of ratios to be covered, the “overall gear ratio”. In conjunction with
selecting the number of speeds z, the gear ratio of the individual speeds, the resul-
tant gear steps and the gear ratio of the final drive, the interaction of the vehicle
and its transmission system can be evaluated and defined. Observing the road pro-
file, it must be decided whether the vehicle is being sufficiently accelerated and
whether the required climbing power and the specified maximum speed vy, are
reached. We can then establish at the same time whether the transmission unit also
permits economical driving — driving with low amounts of fuel consumption in
particular. This is dealt with extensively in Chapters 4 and 5.

Creative design, which is indispensable, is complemented by systematic
design. Here, a functional analysis is carried out during the conceptual phase.
Solutions for individual functions must be found, evaluated and joined together to
make an overall solution, i.e. the transmission design. Chapter 6 provides the in-
formation regarding the vehicle transmission systems necessary for this.

Following this in Chapters 7 to 11 are the layout and design of the most impor-
tant components of a transmission: gearwheels, shafts, bearings, synchronizers,
clutches, parking locks, pumps as well as hydrodynamic clutches and converters.
A treatment of all the details involved in highly developed computation and simu-
lation methods would go beyond the scope of this book. We have instead confined
ourselves to the basics of calculation methodology and operations.

In Chapter 12, the structure of various transmission designs and important de-
tailed solutions are explained with the help of a plentiful amount of design exam-
ples. Electronic transmission controls built with microprocessors have been the
standard in automatic transmissions since 1982. They are among the most com-
plex electronic components in the vehicle and are undergoing a very dynamic de-
velopment with respect to both hardware and software. Chapter 13 explores this
topic and deals with their integration and interconnection with other control de-
vices in the vehicle.

Tools and parameters for the development of automotive transmissions are
handled in the latter part of the book. Chapter 14 is dedicated to calculation and
simulation tools. In Chapter 15, we take a look at the product development proc-
ess. Manufacturing technology has a large influence on transmission design, com-
petitiveness and quality. Chapter 16 provides insight into the broad and innovative
field of machining, assembly and final inspection.

Quality is a decisive competitive factor. The final customers are interested
above all in the reliability and service life of the overall system. Methods for plan-
ning and guaranteeing quality as well as corresponding testing programs and test
stations are described in Chapter 17.

Of particular concern in this book is to show the reader different approaches
and to supply data as amply as possible regarding practical development work on
automotive transmissions. As Dudeck put it, “The task of engineering science is,
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among other things, to refine complicated models to the point of simplicity”. This
book strives towards that aim.

1.2 History of Automotive Transmissions

Knowledge of the past and of the state of the Earth adorns and nourishes the
human spirit /Leonardo da Vinci/

Learn from the past for the future! Development engineers and designers should
have a grasp of the historical development of their products. Then they can esti-
mate what progress is still possible and what technological potential the current
product development has already realized. Such knowledge compliments that of
systematic design (see Chapter 15).

1.2.1 Basic Innovations

Basic innovations are discoveries, inventions and new developments, without
which products of today could not have been developed. They lead in turn to fur-
ther discoveries, inventions, new developments and designs that culminate inevi-
tably in new products (Figure 1.8).

In the course of such developments, certain phenomena should be explained
and researched in order to guarantee that the product will function reliably.

Table 1.2. Examples of fundamental innovations in automotives and automotive
transmissions

4000 Mesopotamian vase with a picture 1829 Stephenson Rail vehicle, steam
BC of a cart locomotive
2500 Wheels made of two semicircular 1877 Otto Patent for four-stroke gas
BC wooden discs, presumably with engine with compression
leather tyres 1885 Benz Three-wheeler with internal
2000- Spur gears with pin wheel gear as combustion engine
1000 drive element for water scoops 1897 Bosch Magneto-electric ignition
BC (Sakie, Figure 1.10), worm gears 1905 Fortinger Hydrodynamic torque
for cotton gins converter
500  Greek scholars discover the 1907 Ford Mass production of
BC  principles of mechanics model T; the passenger car
200  Lever, crank, roller, wheel, hoist, becomes a mass-produced item
BC worm gear and gearwheel are in 1923  Bosch Injection pump
use 1925 Rieseler Automatic passenger
1754 Euler’s law of gears for gear- car transmission with torque con-
wheels, involute toothing verter and planetary gear set

1769 Wartt Patent for steam engine
1784 Wart Gearbox with constant-
mesh engagement
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Table 1.2 is an attempt to retrace the seminal innovations in mechanical engineer-
ing that have led to the motor vehicle and thus to automotive engineering.

Basic innovations for vehicles and vehicle transmissions:
examples see Table 1.2

~~

Inventions, new developments and research work
derived from basic innovations

Development steps with vehicles and vehicle
drives: examples see Table 1.3

Development steps with vehicle transmissions:
examples see Table 1.4

Development steps of toothing and other
gearbox components:
examples see Table 1.5

Development steps with hydrodynamic
converters and clutches: see Table 1.6

Investigation of phenomena:
examples see Table 1.7

Fig. 1.8. Product developments are built upon basic innovations

Fig. 1.9. Conversion of reciprocal move-
ment into rotary movement. Twin-
cylinder power unit with opposed pistons
in the steam passenger car designed by
Cugnot (1725 to 1804)
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1.2.2 Development of Vehicles and Drive Units

The idea of equipping an engine with a gear unit in order to adjust speed and
torque to the power output required is 100 years older than our present-day auto-
mobile with its official birth date of 1886. In the early days of the engine, the
problem was how to convert the reciprocating motion of the piston into rotary
movement. One possible solution is shown in Figure 1.9. The historical develop-
ment of the transmission is thus closely tied to that of all engines (see Table 1.3).

Table 1.3. A chronology of important developments in vehicles and drive units

5000- First technical inventions known: 1889 Maybach-Daimler Steel
500 BC wheel, cart, gearwheel wheeled passenger car with open
1500 Diirer Sketch of a self- 2-speed transmission
propelled vehicle 1897 Bosch Controlled electric
1690 Papin designs an atmospheric magneto ignition
steam engine with cylinder and 1897 Diesel Diesel engine; heavy fuel
pistons engine with compression ignition
1769 Cugnot Steam vehicle with 1903  Wright brothers Powered flight
rectifier transmission 1907 Ford Introduction of mass
1784 Watt Double-acting steam production line
engine with rotary movement and 1926 Gregoire Constant-velocity
flywheel joint. The Tracta joint opens the
1800 Trevithick Patent for high- door to mass-produced front-
pressure steam engine wheel drive
1801 Trevithick Use of steam vehicle 1934 Porsche Project draft of the
to carry passengers Volkswagen
1801 Artamonow Metal bicycle with 1935 Opel designs the first frameless
pedal cranks body for mass production vehicles
1814  Stephenson First steam 1959 Presentation of the BMC Mini,
locomotive which will be the archetype for
1817 Drais Steerable road wheel compact cars
1832 Pixii Rotating alternating 1970  Thyssen Henschel
current generator Transrapid maglev monorail
1845 Thompson Invention of the 1979 Mercedes and BMW Intro-
pneumatic tyre duction of electronic engine
1862 Lenoir Double-acting gas piston control units and digital ABS
engine 1980 France TGV high-speed
1866 Siemens Discovery of the trains
dynamo-electric principle and 1989 Audi Introduction of direct
design of an operational dynamo injection and exhaust driven
1877 Otto Patent for four-stroke gas turbochargers for passenger car
engine with compression diesel engines
1884  Parsons Patent for steam turbine 1992  After the Japanese vehicle manu-
1885 Benz Three-wheeler with facturers the European ones are
combustion engine introducing multi-valve engines in
1885 Daimler Motorcycle series production
1886 Daimler/Maybach Four-wheel 1997 Common-rail injection in
motor car passenger car diesel engines
1888 Dunlop Pneumatic rubber tyre
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Fig. 1.10. An early transmission system! Egyptian water wheel (Sakia) in Luxor,
approximately 2000 to 1000 BC

1.2.3 Stages in the Development of Automotive Transmissions

Gears were doubtlessly used over 1000 years ago for enhancing human and animal
labour. Similarly to bullock gear systems, still used for water supply in Egypt to-
day, the two mating parts interlock by means of wooden pins or teeth (Figure
1.10).

The first drawings of gear systems date from the Middle Ages. Motor power
was lacking and thus muscle power had to be used in its place. Human “machines”
had to do the heavy work in the process. The first “vehicle transmissions” origi-
nated. In an etching by Albrecht Diirer from about 1500, the limited human power
stroke is converted into propulsive force by means of a thrust crank, an angular
gear and a spur gear stage.

Table 1.4 provides examples for important stages in the development of auto-
motive transmissions. Note that all essential elements and design principles for
transmissions had already been developed by 1925. Since then, further progress
has pursued the goals of increasing service life and performance, reducing weight
and noise reduction and optimising operability. There are four basic lines of de-
velopment (Figure 1.11, see also Figure 1.2):

mechanical z-speed transmissions (including automated ones),
automatic transmissions with various gear ratios,

continuously variable mechanical or hydrostatic transmissions and
hybrid drives.
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Mechanical z-speed transmissions
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Fig. 1.11. Development sequence of passenger and commercial vehicle transmissions.

a Transmission with sliding gear engagement; b transmission with constant-mesh
engagement; ¢ synchromesh transmission; d torque converter clutch transmission;

e “Add-On”-automated manual gearbox; f* countershaft-type automatic transmission;

g conventional automatic transmission; # dual clutch transmission; i hydrostatic
continuously variable transmission with power-split; j; mechanical continuously variable
transmission with taper discs; k& friction gear, toroidal; / 1-E machine hybrid with z-speed
transmission; m 2-E machine hybrid with summarising gear (power-split)
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Table 1.4. Examples of important stages in the development of vehicle transmission
1784 Watt stipulates that steam 1900 Lang 3-speed geared transmissi-
engines require additional ratios on with constant-mesh wheels and
for road-going vehicles draw key shifting
Watt patents variable-speed 1900 Diamant Speed Gear Company
gearbox with dog clutch Helical gear transmission
engagement and constant mesh of 1905 Pittler Hydraulic drive system
gearwheels (Figure 1.12) with hydro pump and hydro motor
1821 Griffith 2-speed transmission 1906 Renault Pneumatic transmission
with sliding gears (Figure 1.12) with piston compressor and piston
1827 Pecqueur First differential in a engine
road-going vehicle (Figure 1.12) 1906 Didier Two-stage planetary gear
1834 Bodmer Planetary transmission transmission with shifting using
with stallable ring gear body brake band and clutch of the
using brake belt planetary gear via friction plate
1849 Napier/Anderson 2-speed belt face clutch
transmission (Figure 1.12) 1907 Renault Hydrostatic transmissi-
1879 Selden Patent enclosed sliding on with axial piston pump and ax-
gear transmission with reverse ial piston motor
gear and clutch (Figure 1.12) 1907 Ford Mass production of the
1885 Marcus Cone clutch for motor model T with 2-speed planetary
vehicles gear
1886 Benz Belt-driven bevel gear 1915 ZF Soden transmission 4-speed
differential (Figure 1.12) all constant-mesh transmission
1889  Maybach-Daimler 4-speed with constant-mesh gearwheels
transmission with sliding gears with preselector shifting and with
(Figure 1.13) synchronizing aids
1890 Peugeot Complete powertrain 1925 ZF Commercial vehicle standard
with sliding gear drive gearbox with spur toothed sliding
(Figure 1.13) gears
1899 Buchet Continuously variable 1925 Rieseler Automatic passenger
belt transmission with axially car transmission with torque
adjustable taper discs converter and planetary gear set
1899 Krauser/Schmidt Continuously 1926 Cotal 3-speed planetary gear
variable friction gear with taper with automatic shifting via
discs three electromagnetic clutches
1899 Darracq - Léon - Bollée 5-stage 1928 Development of the Trilok
variable-speed belt “transmission converter — a precondition for
gearbox” modern hydromechanical
1899  Oliverson - Killingsbeck Conti- “conventional” automatic
nuously variable belt transmission transmissions
with axially adjustable taper discs 1928 Maybach Overdrive auxiliary
1900 Reeves-Pulley Continuously gearbox for reducing engine
variable V-belt transmission with speed; shifting by means of
thrust links and axially adjustable override face dogs, and ground
taper discs helical-cut gearwheels to reduce
1900 Léo 3-speed transmission with noise
face dog clutch engagement, 1929 ZF Aphon transmission

integral differential and chain
drive reverse gear

Helical-cut 4-speed transmission
with multi-plate synchronizers
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Table 1.4. (continued)

1931

1932

1934

1939

1939

1940

1948

1950

1950

1950

1952

1953

DKW F1 with driven front
wheels. Transverse-mounted
2-cylinder 2-stroke engine
Wilson transmission Multi-stage
planetary coupled gear with
identical ring gears that are
alternately fixed against the
housing by means of brake belts
ZF All-synchromesh gearbox
4-speed gearbox, helical cut, all
speeds synchronized

General Motors Hydra-Matic
transmission First mass-
produced conventional automatic
transmission: 13 million pro-
duced; hydrodynamic clutch,
4-speed planetary transmission
ZF 4-speed transmission, helical
cut, prototypes with electro-
magnetic multi-plate clutches
Franke Patent on dual clutch
transmissions

General Motors Dynaflow-
transmission with polyphase
converter and 2-speed
Ravigneaux planetary gear set
ZF AK6-55 6-speed commercial
vehicle transmission, all speeds
with dog clutch engagement

Packard Ultramatic transmission.

Conventional automatic
transmission with torque
converter lock-up clutch, 2-stage
2-phase converter and 2-speed
planetary gear

Van Doorne “Variomatic”

Mass production of continuously
variable V-belt transmission with
axially adjustable taper discs
(diameter adjustment)
Borg-Warner “Warner-Gear”-
transmission Conventional
automatic transmission with
Trilok converter and 3-speed
planetary gear set

Borgward Automatic
transmission with converter and
3-speed spur gear drive with
electrohydraulic shifting

1953

1957

1958

1961

1962

1965

1967

1970

1970

1971

1972

ZF Hydromedia transmission
for buses; 3-speed transmission
with converter and hydraulically
activated multi-plate clutches

ZF S 6-55, 6-speed commercial
vehicle transmission, first fully
synchronized commercial vehicle
transmission

Smith Magnetic-particle dual
clutch with rear-mounted 3-speed
spur gear transmission and
electrically activated dog clutches
Daimler Benz 4-speed automatic
transmission, of 2-range design
with hydrodynamic clutch

Eaton 9-speed commercial
vehicle transmission with power-
split to two countershafts for a
shorter overall design length

ZF 3 HP 12, 3-speed-automatic
transmission for passenger cars:
converter without lock-up clutch,
3-stage planetary gear set and
hydraulic actuation

VW Semi-automatic transmissi-
on with torque converter clutch
and rear-mounted 3-speed geared
transmission

ZF 5K/S 110 GP, 9-speed
commercial vehicle transmission
(1+4x2) with dog clutches or
synchronized and rear-mounted
range-change unit in planetary
design

Various companies develop a
torque converter clutch
transmission for commercial
vehicles with a torque converter
lockup clutch and secondary 6—8
speed transmission

Sundstrand “Responder” Mass
produced hydrostatic commercial
vehicle gearbox with power-split
through planetary gear set

Turner Commercial vehicle
transmission with output constant
gear and synchromesh on the
countershaft to increase service
life
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Table 1.4. (continued)

1975  Van Doorne Continuously ranges for tractors
variable passenger car transmis- 1998 Getrag Automated 6-speed
sion with steel thrust link chain transmission in multi-range
and axially adjustable taper discs design for Smart compact cars

1978 S-speed passenger car gearboxes 1998 ZF AS-Tronic Fully automated
with increased overall gear ratio commercial vehicle transmission
to reduce fuel consumption with 12 or 16 speeds in

1979 ZF Ecosplit 16-speed 2-countershaft design
commercial vehicle transmission 1999  Audi Multitronic Mass produc-
with integrated front-mounted tion of continuously variable
splitter unit and rear-mounted transmissions. Tensional link
range-change unit chain and wet master clutch

1980  Trilok converter with lock-up 1999 VW 6-speed manual trans-
clutch in automatic passenger car mission for front-wheel drive
transmissions with transverse engine

1983  Eaton/Fuller TwinSplitter 2000 Toyota Mass production of
12-speed commercial vehicle hybrid drives with the Prius 1
transmission with 4-speed main 2001 ZF 6-speed automatic trans-
gearbox and two rear-mounted mission for standard drive
splitter units 2002 Aisin 6-speed automatic

1985 Porsche Re-discovery of the passenger car transmission for
dual clutch principle as an auto- front-wheel drive with transverse
matic transmission for passenger engine
cars 2003 VW Dual clutch transmission

1987 ZF Semi-automation for with 6 speeds for front-wheel
commercial vehicle transmissions, drive with transverse engine
AVS automatic preselection gear- 2003  Mercedes-Benz T-speed
shifting automatic transmission for

1989 Porsche Automatic transmission standard drive
with finger-tip control and 2005 Getrag 7-speed automated
adaptive shifting strategies manual transmission for BMW

1990 Mass production of conventional M5
automatic transmissions with tor- 2006 Aisin 8-speed automatic
que converter, lock-up clutch, five passenger car transmission for
speeds and electrohydraulic shift standard drive

1991 Renewed interest in alternative 2008 VW Dual clutch transmission
powertrain concepts: electrical with dry clutch and 7 speeds
and hybrid drives 2009 ZF 8HP, 8-speed automatic

1996 Fendt Vario Hydrostatic passenger car transmission for

continuously variable power-split
transmission with two driving

standard drive with optimised
efficiency

The invention of the steam engine soon brought forth the desire to adjust the
available power to the intended use. The first steam-powered vehicles were driven
by ratchet gears (Figure 1.9). Climbing gradients required higher ratios than driv-
ing on an even surface. In 1784, James Watt patented the constant-mesh gear with
constantly meshing gearwheels still common today (Figure 1.12). Variable-speed
transmission was born.
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Fig. 1.12. Early vehicle components and gears
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Fig. 1.13. Transmissions from the early days of the automobile

Actual production of road vehicles only began several decades later. In the year
1801, steam vehicle builders Evans and Trevithick solved the problem of torque
adaptation, yet this still entailed interchanging a gear pair.

Already the beginning of the 19th century saw a series of important inventions
(Figure 1.12). In 1821, Griffith revealed his sliding-gear transmission system, an
inexpensive solution that was widely used well into the 20th century. Pecqueur
managed in 1827 to equalize varying wheel speeds while cornering with the use of
a differential.

In 1834, Bodmer designed a partially power-shiftable planetary gear. The
change in gear ratio is achieved by disengaging the shifting dogs and tightening a
brake band. As part of an overall patent for a vehicle with a piston engine, Selden
patented a sliding-gear countershaft transmission with clutch and reverse gear in
the year 1879.

It is remarkable how intensively research efforts already at the turn of the cen-
tury were focused on the continuously variable transmission which is most ideally
suited to internal combustion engines. Besides electrical and mechanical solutions,
hydrostatic and even pneumatic ones were considered (Table 1.4). However, they
did not gain acceptance, be it because of their insufficient power or mechanical
complexity. The Fottinger torque converter (Table 1.6), invented in 1905 for ship
propulsion systems, was first adapted to vehicle powertrains around 1925.

Direct drive was a crucial advancement. With it, Benz created the classic coun-
tershaft transmission with coaxial input and output still in use today. It was not yet
included in Peugeot’s exemplary powertrain from 1890 (Figure 1.13). The coun-
tershaft transmission design, with direct drive and four forward gears, proved a
success. The basic problems of stepped gear change had been solved.

Around 1920, a further development phase began. Comfort had to be increased.
The primary development goals were now making the gearshifting process easier
and reducing noise by implementing ground and/or helical-cut spur gears or by re-
ducing engine speed. Another important breakthrough was standard transmission,
which was brought on the market for commercial vehicles in 1925. With it, gear-
boxes that were structurally identical or that varied only in their ratios and connec-
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tions allowed for rational and inexpensive production. The gearbox has sliding
gears.

The first facilitations in gearshifting date from the year 1915. The ZF Soden
transmission included constant-mesh gearwheels, a preselector and synchronizing
mechanisms. This transmission had preselection gearshifting: the driver sets a
knob on the steering wheel to the desired gear and presses the pedal. The clutch is
disengaged. As the shifting pedal is released, the preselected gear clicked auto-
matically into place. The advantage of nearly effortless gearshifting could not
compete with its disadvantages, such as the difficulty of adjusting the cable con-
trols and the complex gearbox design.

In the case of a transmission from General Motors, the gearshifting process and
subsequent power transmission was achieved by means of dogs with a cone syn-
chronizer for speed synchronization between the shaft and the gearwheel. In 1928,
Karl Maybach succeeded in improving vehicle running smoothness considerably
by reducing gearing faults and engine speed with his auxiliary overdrive transmis-
sion and helical-ground gears. The quiet-running four-speed ZF Aphon gearbox
originated at the same time. Its upper three speeds were synchronized with multi-
plates. In the ZF fully synchromesh gearbox for passenger cars (1934), all forward
gears were already equipped with cone synchronizers.

The last conspicuous changes made to mechanical passenger car transmissions
occurred after World War II, when more vehicles came out on the market, at first
with rear-wheel drive, later with transverse engine and front-wheel drive — a de-
velopment which has in the meantime spread to upper mid-size vehicles. For rea-
sons of space, direct drive and coaxial design were abandoned and the engine,
transmission and differential were combined into a single unit.

From about 1978, for fuel economy reasons, 5-speed transmissions with an in-
creased overall gear ratio and finer ratio stepping gained increasing popularity for
passenger cars. About ten years later, 6-speed manually shifted transmissions were
also used in sports cars with longitudinal engines and rear-wheel drive. Especially
in Europe, diesel engines in passenger vehicle gained in importance. Their image
shifted from that of “Taxi-style” endurance machines to the active, high-torque
engines. The transmission could compensate the lacking engine speed spread with
more speeds. In 1999, VW began employing 6-speed manual transmissions for
passenger cars with strong diesel engines mounted front-transverse. By 2005, six
speeds were widely used among manually shifted vehicle transmissions.

Improvements in service reliefs all the way up to automatic gearshifting are a
distinctly important line of development. From about 1956, Fichtel & Sachs fur-
nished DKW (now Audi) with an electrically controlled, semi-automatic clutch,
the Saxomat. This system consists of a centrifugal master clutch and a vacuum-
operated gearshifting clutch. Upon contact with the gearshift lever, the gearshift-
ing clutch is opened by a vacuum-controlled servo device. When the gearshift
lever is released, air is slowly released to the servomechanism through a nozzle,
thus engaging it. Pressing the accelerator pedal accelerates the air supply and thus
the engaging motion. In comparison with a vehicle with a foot-activated clutch,
driving comfort is significantly increased. In 1967, VW presented a semi-
automated three-speed torque converter clutch transmission (TCCT) for passenger
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vehicles. From about 1995, a first generation of automated manual transmissions
was introduced for passenger cars and light commercial vehicles up to 3.5 t. They
were based on the concept of “add-ons”, i.e. the attachment onto existing mass-
produced transmissions of automated actuators for clutch and gearshifting. Figure
1.11e illustrates such an “add-on” version as exemplified by the MT75 5-speed
transmission installed at that time in the Ford Transit. The basic concept of “add-
ing on” actuators was retained for the second generation of AMT as well. In the
third generation, from about 2008, the peripheral parts were integrated.

Already in the year 1925, H. Rieseler designed an automatic transmission com-
prising a torque converter and rear-mounted planetary transmission. He thereby
designed a transmission, the essential components of which — torque converter
with planetary gear shifted by means of clutches and brakes — are now typical for
all conventional automatic transmission systems. Rieseler had made an extraordi-
nary contribution, the advantages of which were not yet recognized by subsequent
design engineers. The latter consistently sought only to replace the mechanical
clutches with a fluid clutch. The conventional automatic transmission, consisting
of a torque converter (some with a hydrodynamic clutch), 3- or 4-stage planetary
gear set and hydraulic control, began to become established as of 1939. The manu-
facturing technology required for this was developed in the USA.

The first mass-produced transmission of this kind was the General Motors Hy-
dramatic. These transmissions spread rapidly in the USA after World War II, cap-
turing market shares of around 85%. In Europe on the other hand, conventional
automatic transmissions for passenger cars only reached a market share of around
13%. In 1953, Borgward developed the first automatic transmission designed in
Germany. It had a powershift countershaft transmission with a front-mounted
torque converter used only for starting. Daimler-Benz followed in 1961 and ZF in
1965 with their own designs. Daimler-Benz still had the old design reminiscent of
the Hydramatic transmission, with planetary gear transmission and front-mounted
fluid clutch. These automatic transmissions underwent constant development
aimed at fuel conservation. The slip-controlled torque converter lock-up clutch as
well as transmissions of up to 8 speeds for increasing the range and improved ad-
aptation of ratios became standard.

Under competition by dual clutch transmissions, the field of conventional
automatic transmissions has been focusing since around 2003 even more on spon-
taneity, dynamics and fuel consumption in order to open up further potential. The
dual clutch transmissions going into production prior to 2010 predominately have
torque ranges larger than 300 Nm and have wet-operating clutches. Dry dual
clutches are presently being developed for transmissions below 300 Nm.

The continuously variable transmission reappeared fifty years after its first de-
velopment. Van Doorne’s Variomatic was developed in 1950, and in 1958 it be-
came the first mass-produced continuously variable transmission. The power was
transmitted by rubber V-belts and V-belt pulleys, the diameter of which could be
varied by axial displacement. In the Variomatic, centrifugal weights and a mem-
brane acted on by vacuum achieved this adjustment of the pulleys. On the output
side, the pressure is produced by a spring. In such a design with two parallel
mounted belts a differential is unnecessary. The difference in rotational speed is
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compensated by belt slip. The rubber V-belts placed a limit on power. The permis-
sible input torque was around 100 Nm. The transmission was therefore only suit-
able for small passenger cars.

Van Doorne then conceived the notion of the “steel V-belt”. The thrust link
chain consists of a steel belt made up of thin belts, onto which the thrust links are
pushed, connected to the V-belt pulleys. This transmission, developed around
1970, was ready for use around 1975 and went into production around 1987. The
Audi Multitronic started production in 1999 as a continuously variable transmis-
sion with a tensional link chain and wet master clutch. This transmission serves
mid-size vehicles of up to 350 Nm engine torque. While continuously variable
passenger car transmissions can claim a considerable market share for small cars
in Japan, they appear, especially in Europe, not to have lived up to prior expecta-
tions. In the case of small cars, especially weight and costs speak against the con-
tinuously variable transmission. It thus appears that automated manual gearboxes
have become more competitive in the European small car market.

Until the World War II, commercial vehicle transmissions were distinguished
from passenger vehicles essentially only in dimension. This then changed funda-
mentally. Payloads increased as new tyres could take on heavier loads; trucks be-
gan being used not only regionally but also for long-distance transport; the mo-
torway network was expanded etc. — all this necessitated a larger range of ratios
(i.e. a greater overall gear ratio) and thus more gears.

The initial development goals for mechanical transmissions for commercial ve-
hicles were low weight (= larger payload), noise reduction and improved ease of
use with the introduction of synchronizers. One important requirement was a long
service life of up to 1 million km. Initially, five to six speeds were sufficient, al-
though front-mounted splitter units already provided a finer stepping of the overall
gear ratio. The 6-speed gearbox was expanded to 12 speeds. The increase in the
specific power output (kW/t) of commercial vehicles then led to the need for an
increased overall gear ratio. Transmissions with nine or more speeds were devel-
oped. For better fuel economy or, alternatively, better performance, transmissions
with twelve to sixteen speeds became common for heavy trucks in the early 1970s.
Such transmissions are designed as multi-range gearboxes (see Chapter 6).

Due to problems concerning service life and cost, synchronizers did not be-
come as established in commercial vehicle gearboxes as in passenger cars. While
passenger cars already had fully synchronized transmissions before World War 1II,
the first fully synchronized commercial vehicle transmission did not come onto
the market until 1957 with the ZF S 6-55. But especially in Europe, more and
more commercial vehicle transmissions were equipped with synchromesh to ease
the gearshifting process. Other approaches to improving ease of operation were
also explored. The companies Faun and Siemens began developing the Symo
gearshift mechanism in 1954. In this engine-based synchromesh, the electronically
controlled gear is engaged at the exact moment when the element to be engaged is
synchronized. The electronics also control acceleration/deceleration during shift-
ing. In critical situations, such as steep downbhill slopes or hills, it is possible that
equalization of rotational speed by the engine may not alone be sufficient, or it
may not be executable if the electronic system fails. Since this situation — danger-
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ous for the driver, the vehicle and the load — could never be completely excluded,
the system never went into mass production. Around 1970, an attempt was made
to make commercial vehicle transmissions semi-automatic by developing torque
converter clutch transmissions (Figure 1.11d). The combination of a torque con-
verter with a conventional separating clutch and a 6 to 16 speed transmission
made moving-off with heavy tractor-trailer units easier. The torque converter in-
creased the overall gear ratio. Transmissions of this sort are indeed in use, but
have not become popular, claiming a mere 1 to 2% of the market share. The rea-
sons for this are mostly to be sought in their high price (due to their complexity) as
well as in increased fuel consumption.

Semi-automated commercial vehicle transmission designs have been coming
onto the market since about 1985. Representative examples of such systems are
the AVS system (automatic preselection shifting) by ZF or Mercedes-Benz’s EPS
system (electronic pneumatic shift). Fully automatic transmissions have become
pervasive among heavy-duty commercial vehicles since about 2000. In such sys-
tems, both the moving-off and gear-changing processes are completely automated.
As is the case for automated transmissions for passenger cars, commercial vehicle
transmission designs have also taken the “add-on” route towards integrating pe-
ripheral parts into the transmission.

Automatic transmissions have not yet become common in trucks. This has to do
with questions of economy and reliability. When commercial vehicles are ex-
ported to developing countries, the main concern is that they be easy and reliable
to maintain. However, automatic transmissions are standard for city buses (Figure
1.11g). 1971 saw the first production version of a continuously variable hydro-
static power-split transmission (via a planetary gear set) for city delivery vehicles,
the Sundstrand Responder. It proved unsuccessful however, and production was
discontinued. Later attempts to utilize hydrostatic units with mechanical power-
splits via planetary gears in city buses were also unsuccessful. Instead, power-split
hydrostatic continuously variable transmissions have been widely used in the pro-
duction of tractors of various manufacturers since about 1996.

Presently, fuel cell related research is focusing intensively on the development
of electrical drives, particularly for city buses.

1.2.4 Development of Gear-Tooth Systems and other Transmission
Components

The components of automotive transmissions are themselves in a state of evolu-
tion. We will now examine the development of components such as gearwheels,
shafts, bearings, synchronizers and clutches as well as electronic controls (Table
L.5).

The most important component is the gearwheel. It would be impossible to
provide historical evidence of the first gearwheels. But gear drives were used early
on both for increasing human or animal power and for exploiting wind and water
power. We can assume that the use of wooden gearwheels with crossed axes —
similar to the bullock gear systems still in use for irrigation in Egypt today — is one
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of the earliest examples of the use of the gearwheel (Figure 1.10). Derived from
these primeval gearwheels are mill drives and series-connected geared drives used
to realize greater transmission ratios. Designs of such systems are recorded in
great diversity in contemporary drawings. The use of gearwheels for the transmis-
sion of power has proven particularly fruitful in mining and mill construction. The
great artist and inventor Leonardo da Vinci provided the foundations for our pre-
sent-day machine component already back in the 15th century.

The scientific study of gears began at the end of the 17th century with de la
Hire. Euler, Willis and Reuleaux continued this work. The law of gears as it was
finally formulated by Saalschiitz in 1870 states:

There will be uniformity of transmission of motion between two mesh-
ing gearwheels where the common normal of both tooth curves passes
through the pitch point C at any contact point of the flanks.

The creation of theoretically correct flank profiles on a mathematical and graphi-
cal basis was the prerequisite of mechanical gear technology. The development of
the rolling process was groundbreaking for industrial gearwheel production (Table
1.5).

While lantern and cycloid gears had previously been the most important types
of gear, today it is the involute. Because of its straight-flanked tool, which meshes
on the base circle, it can be manufactured and measured precisely. Moreover, it
has the characteristic of being insensitive to changes in gear centre distance.

Developments since 1980 have opened up new possibilities in gearwheel manu-
facturing. With numerically controlled tooth-hobbing machines, the rotary and
longitudinal movements required to produce the tooth profile are controlled and
synchronized electronically. In this way, arbitrary tooth profiles can be produced
for special purposes, e.g. for low-noise gear pumps, which however still satisfy the
requirements of the gear law.

Table 1.5. Chronological development of gear tooth systems and other transmission
components

2000- Spur gears with lantern gear, “Book of moment of force”,
1000 worm gears. Transport of heavy principle of virtual speeds,
BC loads on rollers principle of independent super—
230  Philon v. Alexandria position of movements, principle
BC Multi-lever wheel with gear rack of the potential lever
100  Sun wheels and planetary gears 15th C. Gearwheels for transmitting
BC in the astrolabe of Anticythera movement in windmills
1300 Giovanni da Dondi Astronomic 1639 Désargues Cycloid profiled
clock with internal gearing and gearwheels
elliptical gearwheels 1694 De La Hire Founder of gearing
15th C.Idea of helical gears science, point gearing: teeth
Sprocket wheels for link chains paired with points or journals,
15th C. Leonardo da Vinci  “Book of pitch circles

movement”, “Book of gravity”,
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Table 1.5. (continued)

1733
1754
1765
1780
1820
1820

1850

1856

1857

1865

1869
1872

1876

1881

1882

1883

1885

1887

1890

1895

1897

Camus Pair gearing, teeth paired
with teeth, cycloid toothing
Euler Involute toothing

Euler Curvature centre-points
Wasborough/Pickard

Thrust crank transmission

Axial ball bearing with cage as
bearing for castors

Tredgold Beginning of gear-
wheel strength calculation

Willis Systematic classification
of gears: Modules: possibility of
combining any gearwheels from
the same module

Schiele Hobbing process useable
with insertion of index gears
Application and spread of rolling
bearings in bicycles, first
patented cup-and-cone bearing
Reuleaux Description of
“general gear hobbing”

Surirey Ball bearing
Wagen-Thorn Gear shaping
method

Reuleaux Line of action

Hertz Theory of contact and
pressure of solid elastic bodies;
Hertzian stress

Bilgram Invention of bevel gear
production
Petroff/Tower/Reynolds
Hydrodynamic lubricant film
theory in plain bearings

Marcus Cone clutch for
automobiles (Figure 1.12)

Grant Gear shaping method for
helical gears

Sachs Patent on precision
bicycle wheel hub

Maybach Gate shift for
automotive transmissions,
grouping gears in “gates”
Pfauter Universal gearwheel
milling machine for spur gears,
worm gears and helical gears

1902

1903
1907
1908
1912

1915
1916

1925

1927
1930

1934

1938

1938

1956

1955

1982

1983

1997

>2000

Stribeck Work on the chief
characteristics of plain bearings
and roller bearings

First deep groove ball bearing
SKF Self-aligning ball bearing
Norma First useable cylindrical
roller bearing

Humphrie Synchromesh to make
changing gear easier

Maag Gear grinder

v. Soden Patent application for
synchromesh

Gleason Hypoid gear

ZF Bevel grinding

Palmgren Method for calculat-
ing rolling bearings based on the
concept of service life
Determination of module series
ZF Introduction of lock
synchronizer

Simmer Patent for rotary shaft
seal

Fichtel & Sachs Saxomat
Electrically controlled semi-
automatic clutch comprising
centrifugal master clutch and
vacuum-activated gearshifting
clutch

Novikov Round-flank toothing
for unhardened spur gears
Transmission control of automatic
transmissions with microproces-
Sors

Free tooth formation according to
the law of gears using numerically
controlled gear hobbing machines
Mercedes-Benz & Siemens
combine in the automatic
transmission W5A 180 electronic
transmission control, actuating
elements, sensors and hydraulics
to one mechatronic system and
place it inside the transmission
System and information net-
working of vehicle components

Initially, heat-treated steels were used to make gearwheels. Case-hardened steels
soon became necessary in order to improve performance while simultaneously re-
ducing weight. To reach the level of quality necessary for noise reduction, gear-
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wheels have to be shaved after hobbing or ground after hardening. Current meth-
ods of machining after heat treatment are described in Chapter 16.

Other important transmission components such as rolling bearings, clutches and
synchronizers were then developed in the second half of the 19th century and the
beginning of the 20th. Since about 1995, there have been essential innovations in
automotive transmissions in the highly dynamic fields of electronics, software,
function development as well as system and information networking.

Finally, it should be mentioned that toothed gearing, as a means of converting
torque and rotational speed, has a better power/weight ratio than other converters
such as belt or chain drive, hydrodynamic or hydrostatic transmission or the elec-
tric motor.

1.2.5 Development of Torque Converters and Clutches

Initially, the individual components of automatic transmissions developed slowly,
but this development has accelerated markedly, especially considering the com-
plexity of such systems.

The foundation was laid by H. Fottinger in 1905, when he had a torque con-
verter patented and a hydrodynamic clutch shortly thereafter. Fottinger con-
structed this torque converter for use in ships and never considered installing one
in an automobile. The development of the torque converter is a good example of
the systematic development of a transmission component (see Table 1.6 and Chap-
ter 10). As an electrical engineer, Fottinger recognized the potential of combining
a hydrodynamic prime mover (pump) with a machine (turbine) and first developed
the idea theoretically.

It lasted almost two decades until attempts were made to apply Fottinger’s
torque converter and clutch to an automotive transmission. The Trilok converter
devised by Spannhake, Kluge and van Santen combined the less efficient torque
converter with the more efficient clutch. By mounting the reactor in the housing
by means of a freewheel unit, the reactor runs freely when the reaction torque is
discontinued, that is, exactly at the moment that the output torque falls below the
input torque. The torque converter becomes a clutch and can thereby make use of
the high level of efficiency of the fluid clutch in the high speed range. This com-
bination has long been prevalent in automatic transmissions worldwide. In 1925,
Rieseler recognized the potential inherent in the torque converter as both a mov-
ing-off and limited torque conversion mechanism for automatic vehicle transmis-
sions. In the USA, the technology for mass production of hydrodynamic clutches
and torque converters was developed shortly before World War II.

In order to bypass the slip necessary for power transmission in the Trilok con-
verter, the pump and the turbine have been fitted with a lock-up clutch in the main
driving ranges. This lock-up clutch has been slip-controlled since about 1994, thus
making it possible to lock the converter even in lower gears and at low engine
speeds. Developments such as the turbine torsional vibration damper or the two-
damper converter have further improved the filtering of engine excitation.
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Table 1.6. Chronology of the development of torque converters, clutches and their use in
conventional automatic transmissions

1900

1902

1905

1910

1917

1925

1928

Steam turbines start to replace
steam engines. Ship propulsion
systems require a reversible
reduction gearbox approx. 1:4 for
several 1000 hp between the
turbine and the propeller
Fottinger is commissioned by
the “VULCAN?” shipyard where
he works to study this problem;
the largest gearwheel transmis-
sions deliver only 400 hp
Fottinger’s patent specification on
24 June, with the basic idea of
hydrodynamic power transmis-
sion. Integration of pump and tur-
bine to reduce losses, German
Patent No. 221422

German Patent No. 238804 for
hydrodynamic clutch = converter
without reactor

Gearwheel transmissions catch up
with and displace torque convert-
ers in marine engineering. But the
significance of the hydrodynamic
clutch continues to increase
Rieseler, a colleague of
Fottinger, builds and tests an
automatic vehicle transmission
with torque converter and
planetary gear unit

The TRILOK consortium in
Karlsruhe (Spannhake, previously
a colleague of Fottinger, Kluge
and van Sanden) develop the
Trilok converter. Both phases run
in a single fluid circuit, first the
torque phase (77, = 0.8—0.9) and
then the clutch phase

(7max = 0.98)

1939

1948

1955

1961

1965

1965

1980

1994

1996

2006

General Motors develops the
first mass-produced (10 million)
fully automatic vehicle transmis-
sion, the Hydramatic, with
hydrodynamic clutch

Dynaflow transmission by GMC
with 4-phase torque converter
Borgward Borgward builds the
first automatic mass-produced
transmission in Germany, with
hydrodynamic converter and rear-
mounted 2-speed transmission
The first in-house development by
Daimler-Benz. Hydrodynamic
clutch with rear-mounted 4-speed
2-range planetary transmission

3 HP 12 from the gear manu-
facturer Zahnradfabrik Frie-
drichshafen AG: Trilok sheet
metal converter with rear-
mounted 3-speed Ravigneaux
planetary gear set

Trilok converter with lock-up
clutch for commercial vehicle tor-
que converter clutch transmission.
Cast pump, sheet metal turbine
Trilok converter with lock-up
clutch for automatic passenger car
transmission

ZF Slip-controlled lock-up
clutch in passenger car transmis-
sion 5 HP 30, lock-up also in
lower gears

LuK Turbine torsional vibration
damper, closing of the lock-up
clutch at low engine speeds
ZF-Sachs Two-damper torque
converter for broadband filtering
of engine excitation

1.2.6 Investigation of Phenomena: Transmission Losses and

Efficiency

For the successful and reliable utilization of automotive transmissions, a great va-
riety of phenomena need to be researched. Hertzian stress, tooth root strength,
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elasto-hydrodynamic lubrication and operational fatigue strength are just a few
examples.

One representative example of historic development is the phenomenon of fric-
tion. Heat is generated in transmissions by friction. Friction occurs when tooth
flanks and bearing parts make rolling or sliding contact from shifting and from
circulating, flowing oil.

Heat generation in transmissions was soon a matter of great interest. Determin-
ing transmissions losses, i.e. toothing, bearing and churning losses, became in-
creasingly important. Inquiry into the friction coefficient along the contact path
became topical. An understanding of the transmission’s efficiency and how this is
related to design, load and speed is essential for any energy-saving measures.
Table 1.7 provides an overview of research into these phenomena.

Table 1.7. Chronology of the development of research into transmission loss phenomena

1869 Reuleaux First formulations to 1967 Lechner Scuffing resistance
determine frictional work losses with spur gears made of steel.
1883 Ernst Losses in spur gears and Heat generation in gearwheels.
perpetual screws Investigation of the phenomenon
1886 Lewis Measurement of of gear scuffing as a function of
efficiency of worm gears gearing geometry and operating
1911 Rickli/Grob Measuring loss in conditions
transmissions with a torque test 1971 Duda Detailed analysis of the
bench. The reading is the actual influences of tooth geometry on
loss, and no longer the input and efficiency
output power 1972  Schouten Rolling, sliding action
1946 Hofer Approximation formula as elasto-hydrodynamic problem
supported by measurements for 1975 Rodermund Elasto-hydro-
calculating the efficiency of a gear dynamic lubrication with involute
stage gearwheels. Losses with variable
1954 Niemann develops a formula for coefficient of friction along the
calculating efficency contact path
P, 1980 Lauster Investigation and
=== calculation of the thermal
il economy of mechanical
itl transmissions
n=1-— 1982 Walter Investigation of splash
iz o
) lubrication of spur wheels at
1960 Niemqnn, Ohlendorf Sy.stematlc circumferential speeds of up to
experiments and calculations to 60 m/s
determine transmission losses. 1985 Funk Heat dissipation in trans-
Gear losses in the mixed friction missions under quasi-static
area (power loss through dry operating conditions
friction), information on churning 1988 Mauz Hydraulic losses of spur
lo.sses.and bearing losses gear systems at circumferential
1965 Hill mvestlgates the connection speeds of up to 60 m/s
between gearing geometry and 1990 Greiner Investigation of

efficiency; he calculates the trans-
mission efficiency at a constant
average coefficient of friction

lubrication and cooling of
injection-lubricated spur gear
systems
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1.2.7 Historical Overview

The development of automotive transmissions can, historically speaking, be split

into four stages:

Ca. 1784 to 1884

Ca. 1884 to 1914

Ca. 1914 to 1980

Ca. 1980 to date

Recognition of the fact that the torque/speed characteristics
of steam engines and internal combustion engines must be
adapted to the load by means of a transmission in order to
obtain the maximum power. The first solutions were vari-
able-speed transmissions with sliding or constant-mesh
gears.

Hunt for the correct principle for torque/speed conversion.
Besides toothed gearings, a great diversity of transmission
designs was attempted: chain, belt and friction gears, electric,
hydraulic and even pneumatic transmissions, geared trans-
missions and especially continuously variable transmissions
were tested. All the while, every transmission design was
specially tailored for a particular vehicle.

Geared transmissions became more accepted because of their
high power/weight ratio. The notion of standardized gear-
boxes that could easily be modified for use in different vehi-
cles became established. Their development has continued
through the subsequent decades up to the present time in
terms of service life, reliability, noise level and ease of op-
eration (synchromesh, conventional automatic transmission,
shifting with uninterrupted traction, semi-automated trans-
mission with electronically controlled shift aid). The number
of speeds and the overall gear ratio constantly increased.
Mass increases in motorization have been a crucial impetus
behind the development of service reliefs for passenger cars.

The main focus of further research has been “individual” so-
lutions tailored to particular uses (see also Chapter 2.5
“Trends in Transmission Design”). The palette of transmis-
sion designs has gotten much larger. Alternative transmission
designs for passenger cars are competing with each other:
manual transmissions, automated manual transmissions, dual
clutch transmissions, conventional automatic transmissions,
continuously variable transmissions and hybrid drives.
Geared transmissions have 5-8 speeds. All-wheel technology
has gained in importance. In the case of commercial vehicles,
geared transmissions have 6—16 speeds and the greatest pos-
sible overall gear ratios. In the European heavy-duty com-
mercial vehicle sector, automated manual gearboxes have
become widespread. Now even commercial vehicles have at-
tained a high level of operational comfort and can be driven



1.2 History of Automotive Transmissions 27

by practically anyone. There are also important develop-
ments in both passenger and commercial transmission tech-
nology in the fields of electronics, software, function devel-
opment as well as in system and information networking.



2 Overview of the Traffic — Vehicle —
Transmission System

Communication and mobility are the prerequisites
of all human interaction! /Walter Koch, 1980/

2.1 Fundamental Principles of Traffic and Vehicle
Engineering

The interrelations between traffic and traffic engineering and the economy as a
whole are as close as they are fundamental. Transport processes have a basic eco-
nomic function similar to that of money, without which a modern economy, based
on the division of labour and with complex system processes, cannot function. As
an example of this interrelation, Figure 2.1 shows a constant increase in goods
traffic performance, both universally and with reference to the population of Ger-
many. The lion’s share of this goods traffic takes place on the road.
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Fig. 2.1. Example: Development of goods traffic and population in Germany; figures for
the whole of Germany from 1990 [2.5, 2.14]

H. Naunheimer et al., Automotive Transmissions, 2nd ed.,
DOI 10.1007/978-3-642-16214-5 2, © Springer-Verlag Berlin Heidelberg 2011
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Automotive transmissions are a sub-system embedded within the transport system
“road traffic”. This system is characterised by the following factors:

Person < Vehicle < Road < Traffic Volume < Goods in Transit

There is a conflict of goals here that must be considered (Figure 2.2). If the indi-
vidual wants to increase his or her own quality of life, this is only initially positive
for the quality of life of society as a whole as well. Should everyone attempt to in-
crease his or her own individual quality of life without compromise, the overall
quality of life of that society will suffer. This conflict of goals is becoming espe-
cially obvious today in consideration of the traffic and environment issue.

On the subject of the Road Traffic Transport System, H. J. Forster writes as fol-
lows [2.7]:

“Since humanity, with all its wishes and needs, far outweighs all
other interests, optimising the system is not necessarily the same
thing as optimising transportation performance. Both people actively
using the traffic system as well as others simultaneously suffer from
its ill effects. Classic measures of transport effectiveness, such as
transportation volume (passenger kilometres), and the cost and speed
of travel, should therefore become secondary considerations. Priority
has to be given to more complex human criteria such as journey qual-
ity, human satisfaction, and especially environmental impact. For
goods traffic however, economic factors such as transportation vol-
ume (tonne-km), transport costs (cost per tonne-km) and journey
speed (km/h) continue to outweigh considerations of social and envi-
ronmental impact.”

Optimum for individual
and society

Quality of life of society

Fig. 2.2. Relationship
between the quality of

life of a society and that
0 Quality of life of the individual of an individual
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2.1.1 The Significance of Motor Vehicles in our Mobile World

Mobility is a basic, age-old human need. Two factors influence human choice of
means of transport. One is actual satisfaction of his objective needs, such as trans-
portation performance, door-to-door access and destination attainability. The sec-
ond factor is the satisfaction of perceived subjective needs such as comfort, con-
venience, and freedom to decide the means, destination and timing of the journey.
Individual mobility by motor vehicle is also an expression of our free social order.
Individual traffic is stochastic; it is neither determinable nor subject to a planned
economy. Public transport is determinable. Its use can be planned.

According to Helling [2.9], we can sketch out situations and development goals
for road traffic if we consider it as a black box (see Figure 2.3) and compare the
costs with the results. This simplified approach leads to the task of realising the
desired transport performance with minimal negative side-effects and at low re-
source costs. The resources required to manufacture motor vehicles are character-
ised as ambivalent insofar as they also add economic value and help create jobs
(Figure 2.4).

The economic importance of the automotive industry is enormous, in terms of
both employment and human sustenance. For example, in the year 2005, every 7th
German citizen made his or her living from the automobile industry! The sales
volume of the automotive industry in Germany is twelve times higher than that of
the machine tool industry.

A company that mainly produces motor vehicles or products for the motor ve-
hicle industry could find no other products with the same production volume to
provide nearly as many jobs.
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Fig. 2.3. Resources consumed and results achieved by the road traffic system [2.9]
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Fig. 2.4. Breakdown of jobs dependent on the motor transport industry in Germany

Motor vehicles have gained great significance for humanity. They should serve to
improve each individual’s quality of life.

There are no alternatives to motor vehicles in sight. The trend towards increas-
ing motorisation (Figure 2.5) continues unabated despite the threat of gridlock. No
alternative system presently existing or under development points towards the
possibility of replacing the motor vehicle in the forseeable future.

The rekindled pioneer spirit of the railways, with high-speed trains and rail
trailer shipment for long-distance haulage, is pointing in the right direction. For
the time being however, the motor vehicle fulfills not only the basic human need
for mobility, it also allows door-to-door transport of both people and goods.
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Road vehicles

Other road vehicles Motor vehicles Motor vehicle trailers
| and
I | semi-trailers
Motorcycles Automobile
Motorcycle |
Motorcycle with I 1
side car Passenger Commercial Road Train
Motor scooter car vehicle
Powslr aslsusted Saloon Truck, Motor bus Towing with
Ee Estate Tipper truck trailer
Sports Tractor Truck train
Convertible Fire-fighting appliance  Articulated truck

Fig. 2.6. Classification of road vehicles and motor vehicles to German standard DIN 70010
[2.2]

Motor vehicles play a dominant role in both passenger and freight transport. The
various vehicle types are shown in Figure 2.6.

Statistics show that motor vehicles are an unhalting trend. Neither environ-
mental destruction nor the threat of gridlock have discouraged us from our craving
for mobility. Since 1946, the number of motor vehicles in the world has risen at a
rate of 10% per year (Figure 2.7).

Despite declines caused by the World Wars, we can still see an average yearly
increase of 9% between 1907 and the German reunification in 1990 (Figure 2.8).
Within the same time period, the number of motor vehicles per capita rose from
0.00044 to 0.52345.
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Fig. 2.7. Increase in the number of motor vehicles world-wide [2.16]



2.1 Fundamental Principles of Traffic and Vehicle Engineering

33

60

50

40

30

20

/

Vehicles in millions

10

/

0

_II-/

rd

~_ "

1900

1920

1940

1960

Fig. 2.8. Growth of the number of vehicles in Germany [2.16]

Thus, in 1990 about every second inhabitant of Western Germany possessed a mo-

1980 Year 2000

tor vehicle. In 2004, the total number of motor vehicles per capita in Germany
rose to 0.63008 with 52 million vehicles in total (Figure 2.9).

Even with the intensive promotion of mass transit, the demand for motor vehi-
cles, especially in Eastern Europe and Asia, will probably continue to climb, how-
ever not to the same extent as in industrial countries previously. It is therefore im-
perative that the vehicles exported to and produced in these developing countries

be as resource-conserving and efficient as possible.
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The prognosis for the road traffic transport system is therefore:

The significance of the motor vehicle will, despite some shifts within particu-
lar transport areas, not change in the longer term. On the one hand, the motor
vehicle is an excellent answer to both the passenger’s need for mobility and
the necessity of flexibility in goods transport. On the other hand, infrastruc-
ture expenditure permits only slow and gradual change because of the com-
plex established structure of traffic systems [2.7].

2.1.2 Trends in Traffic Engineering

Traffic is the sum of all processes serving to overcome distance, comprising all re-
location of persons, goods and information. The environment of the automotive
transmissions as a product is determined by the traffic system. We differentiate
between five categories of traffic:

local traffic: urban traffic,

regional traffic: traffic within agglomeration areas,
long-distance traffic: traffic between agglomeration areas,
continental traffic: long-distance traffic and
intercontinental traffic.

Specifically for passenger and commercial vehicle transmissions, we only distin-
guish between local and long-distance traffic, while in the case of buses there is a
three-fold distinction between city traffic, local traffic and long-distance traffic
(coaches). This traffic structure also has a perceptible effect in the development
and design of vehicle transmissions.

The parameters of traffic performance are extensively defined in Table 2.1. The
most salient figures are the level of vehicle ownership and the passenger kilome-
tres and tonne-kilometres per year as measures of passenger and goods traffic per-
formance.

The term “transportation performance” defines traffic performance as relates to
goods traffic (Table 2.1/5b). In every historical epoch, the gradient of increase of
specific transportation performance has been greater than the gradient of popula-
tion growth, i.e. goods consumption per capita and the haulage distance have al-
ways grown more quickly than the population.

Developmental trends in modern traffic engineering derive from the solutions
to four main problems:

satisfying all transportation requirements,

increasing the environmental friendliness of the means of transportation,
reducing primary and secondary energy consumption and

realising the potentials of electronic communication.

The most varied means of transportation such as road, rail, canal and pipeline can
be distinguised into transport systems according to their purpose or their tech-
nology.
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Table 2.1. Measures of traffic performance
Name Definition Calculation Unit
= Vehlcle. Total number of vehicles Motor
population | . A . MVP ;
VP circulating in a region or state vehicle
2. L‘evel of ve- | Number of Vehicles per head MVP Motor vehicles
hicle owner- | of population in a region or MVo = 77 Inhabitants
ship MVO | state
b e Number of vehicle journeys n Journeys
volume of |. . . VT = Zﬁ = Zﬂ
traffic pr | N particular period = = Year
3a. Passenger Number of car and bus VTo = Z o Z . Journeys
kel trips in a particular period r £ % "~ Year
VTp p p p ieleyy  iclpys
3b. Individual -
traffic Nurgber of car tripsina VT, = Z £ Journeys
VT, particular period iclear Year
3c. ngﬁ}?cs Number of truck trips in a VTg= Z £ Journeys
VT particular period e Year
fi
4' 3;?1?;% ort Weight of transported V= z z ] tonne
goods in a particular period o Eik Year
v ielgom.veh. k=1
5. Total traffic | Total number of km travelled fi km
performance | by all vehicles in a particular TP :Z Z Sik Y
TP period el k-l car
5a.Passenger | Km travelled by passenger fi
traffic vehicles multiplied by the TPp :Z Z Sikc Pik Pkm
TPy number of occupants i€lcarlgys k=1 Year
fi
5b. Goods Km. travelled»by_ goods tonne-km
traffic vehicles multiplied by the TPG= Z Z SKEiN "~ vear
TPg weight of the load i€ leomen, kol Sl
6. Total spec. | Traffic performance 1 Ji km
traffic as above, but related to the TP,  =— S | T
performance | number of inhabitants P Inh ; ; ' Inh. x Year
7. }jllf£5port Effective volume per hour TF m?3
e of a traffic conduit h
8. Specific Transport flow related to the
. . TF m
transport cross-sectional area required TFipec = Vi m
flow TFgye, | by the traffic conduit
Observations: Time interval considered Ar=1 year
MVP: Motor vehicle i € 1..,MVP=1where I =Icy U Iy Icom ven,
Inh :lInhabitants j € 1,...,/nk
1 : Number of trips of the i-th motor vehicle/Ar k € 1,....f;
s;x - Journey length of the k-th journey of the i-th vehicle
Pik : Number of people of the k-th trip of the i-th vehicle
Zik - Weight of the load of the k-th trip of the i-th vehicle
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A transport system consists of:

e means of transport:
— transport medium (vehicle),
— transport infrastructure (road, track, and rail) and
e transport organisation (operational control, administration).

Vehicle transmissions are therefore components of a transport system. Factors in-
fluencing this system are environmental preservation, market needs, legislation
and individual customer demands.

2.1.3 Passenger and Goods Transport Systems

Traffic engineering is aimed at developing and providing reliable transport sys-
tems and means of conveyance.

We distinguish between passenger and goods traffic. The most important means
of transport for passenger traffic are walking, bicycles, motorcycles, private cars,
taxis (passenger cars on demand), public transport (local bus and urban rail trans-
port), railways, airplanes and ships. Figure 2.10 illustrates how the largest per-
centage of passenger traffic is carried by passenger cars. Passenger traffic on pub-
lic transport and railway is drastically lower. If we compare the journey distance
and transportation performance of the various means of transport (Figure 2.11),
we can see that there are no adequate means of transport in the ranges both be-
tween 1 to 10 km and between 100 to 1000 km.

Figure 2.12 shows travel times for various means of local passenger transport in
relation to the length of the journey.
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Fig. 2.10. Growth of passenger traffic in Germany [2.5]
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Passenger cars and taxis are the fastest means of transport for short-distance pas-
senger trips. Due to their low average driving speed, city buses are clearly slower
than urban high-speed railways given equal idle times. For longer journey dis-
tances, from about 17 km, high-speed city railways provide shorter travel times
than passenger cars or taxis.

For goods transport, five different means of transport are available:

railways,

commercial vehicles (road traffic),
ships (canals, maritime transport),
airplanes (airfreight) and
pipelines.

These means of transport are often joined to form a transport chain (Figure 2.13).
New approaches to limiting the amount of goods traffic on roads are urgently
needed. Various characteristics such as transport speed, transport flow, space re-
quired and transport flow related to the space requirement make it possible to
compare these means of transport. If we compare various means of transport with
repsect to transport speed and flow (Figure 2.14), the railway performs particu-
larly well, followed by trucks. Pipelines, however, compare unfavourably.

Of particular interest is a comparision of the specific transport flow. This indi-
cates how fully the transportation infrastructure is being utilised relative to the
cross sectional area it requires.

Means Transport | Transport | Profile Specific

of Cross-sectional speed flow surface| transport flow
trans- profile

port v(km/h) | TF(m*h) [ A(m?) | TFgpec = TF/A (m/h)
Rail-

way 50 20 000 37 541 I:I

Mator- :
way E.EJEE 50 14500 | 115 | 126 |

|
Canal ﬁ : ﬁ 12 6 250 470 |13.3 o
]
PI.'pe' - e - 7.2 2850 | 04 |7125
ine
1

Fig. 2.14. Comparison of goods transport alternatives: rail, motorway, canal, pipeline
[2.8]
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This comparison gives the pipeline a distinct advantage, followed by the railway
and motorway. The canal ship is particularly disadvantageous in this context.

Figure 2.15 shows the efficiency of various means of transport. The ratio be-
tween total weight and payload is the most favourable for the pipeline, followed
by the barge, railway and truck. In contrast, the payload ratio is clearly less fa-
vourable for aircraft.

Fig. 2.16. Growth of goods traffic in Germany [2.5]
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Commercial vehicles carry most of the annual volume of goods traffic (Figure
2.16), with rail and barge well behind. There is no immediate prospect of expand-
ing rail freight to relieve the burden of goods traffic on our roads to a noticable ex-
tent.

A key feature for a goods transport system is door-to-door access, or target pu-
rity: can the goods be transported by the same means of transport without tran-
shipment? The reason for the enormous increase in the number of trucks is door-
to-door transport, speed and economic efficiency, and just-in-time delivery to as-
sembly lines. Transport systems have to be assessed on the basis of satisfying
transportation needs, environmental impact and energy efficiency.

First, there are structural adjustments that are necessary. In particular, road and
rail must be treated equally in financial terms. In this respect, rail is at a disadvan-
tage to road traffic. Using the road as a cheap storage facility in the just-in-time
system of delivery is not economically viable in the long term as it promotes in-
creased traffic congestion.

2.1.4 Alternative Transport Concepts

Innovative mass transit systems have been under consideration since around 1960.
We distinguish between local transport within congested urban areas and high-
speed trains for easing the burden of long-distance traffic on the roads. Prototypes
of such concepts are in existence, some of them using new technologies such as
maglev or air cushion technology. Some experimental tracks have been con-
structed, yet such concepts have not become popular. They have but few advan-
tages compared to traditional transpost systems for the most part. This is all the
more true considering the fact that the railway continues to offer further develop-
ment potential.

The only one of these systems to have had success is that of the Transrapid
[2.15], which went into commercial service in December 2003 in Shanghai. The
Transrapis is a maglev monorail with linear motor drive. Designing and develop-
ing such systems is expensive and has to be co-ordinated internationally to make it
viable. Their success depends on legislation and market acceptance.

Both conventional and innovative vehicles and transport systems for local traf-
fic can be systematically categorised in a morphological matrix (Table 2.2) ac-
cording to their control system and type of use (or availability to the user). A me-
thodical analysis such as this helps us to develop ideas for new transport systems.

Buses are considered to have better than average development prospects for lo-
cal and regional transport because of their flexibility in use, low investment costs
and relatively low energy requirements. The importance of buses has been re-
flected in an intensive development of automatic transmissions specifically for
them.

One interesting development has been that of buses that are partly guided along
tracks, operating in “dual-mode”. This means buses can operate both freely on
conventional roads and also under guidance along special tracks.
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Table 2.2. Classification of transport systems by control system and type of use.
(Individual utility decreases from top to bottom) [2.9]

Use
Control o
Individual On demand Planned
Passenger car Taxi
Free Commercial vehicle Schedule service bus
Demand bus
Motorcycle
Dual-mode Automated Dual-mode taxi Dual-mode bus
motorway
Track-bound Transport belt Cabin taxi Railway

The benefits of such systems are reduced driver stress, tracks that are easy to build
and less environmentally damaging and minimal tunnel diameters. “Demand
buses” are mini-buses which can be called to bus stops. A process computer opti-
mises transport routes within the service network and notifies the passenger of de-
parture time.

In addition to new developments in road traffic, high-speed trains are being in-
creasingly used that shorten rail travel times considerably. The ICE (Germany),
TGV and Thalys (France), Eurostar (England and France) and AVE (Spain) form
a European network of high-speed trains with a maximum speed of 300 km/h or
more. These developments are characterised by high transportation performance,
virtual door-to-door access, and a high level of passenger comfort.

2.2 The Market and Development Situation for Vehicles,
Gearboxes and Components

Progressive vehicle and transmission developments must not only focus on tech-
nilogical sophistication but also be market-orientated. Vehicles and transmissions
are developed cyclically and have a relatively long product and production life-
cycle. Vehicle transmissions generally only require redevelopment after some
10—15 years. The transmission developer must therefore be acquainted with the
market situation and be able to assess the market and changing values in society in
the long term. This requires continuous observation of the market and of techno-
logical developments as well as project planning, implementation and analysis of
“futuristic” projects. Incorrect product development decisions generally lead to se-
rious financial loss.

2.2.1 Market Situation and Production Figures
The automotive industry is a crucial factor in the global economy. In 2004, 63.04

million motor vehicles were manufactured (Figures 2.17 and 2.18). This figure
comprises 53 million passenger cars and 10 million commercial vehicles [2.16].
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Definitions:

Passenger car: Motor vehicle designed and equipped mainly for
transporting people, with a maximum of nine seats.
Commercial vehicle: Motor vehicle designed for the purpose of:
— transporting people — Bus;
— for transporting goods and pulling trailers — Truck;
or just for pulling trailers — Tractor.
This excludes passenger cars.

There are three main centres competing in the development of motor vehicles:
Europe, the US and Japan/South Korea/China. Europe is the largest manufacturer
of passenger cars (Figure 2.17). The proportion of passenger car production ac-
counted for by small, mid-range and luxury passenger cars varies greatly in the
various European producer countries. Whereas France and Italy produce mostly
small and mid-range passenger cars, Germany produces a larger proportion of
mid-range and luxury passenger cars. Germany produces more luxury passenger
cars than the rest of Europe put together.

Every market has specific conditions essentially dictated by the socioeconomic
situation of the buyers, social values, geographical factors and, not the least, by
legislation. To be successful, motor vehicles have to fulfill the requirements of the
respective market. This particularly applies to the transmission as the link between
the road and the engine. For example, while in the US over 85% of passenger cars
are equipped with automatic transmissions, it is only 13% in Europe.

For commercial vehicles of over 3.5t gross weight, the gearbox is usually se-
lected specifically for the particular case of application. There are often different
numbers of speeds and different methods of operation (manual or automatic)
available for a commercial vehicle gearbox from different manufacturers. The
spectrum of types of transmission for commercial vehicles is as broad as the spec-
trum of applications (Figure 2.18). In the US for example, constant-mesh gear-
boxes are mostly used for trucks weighing over 16 t. For long stretches where no
shifting is necessary, the driver is equipped with the less convenient unsynchro-
nized constant-mesh gearbox. This is also the case in many developing countries,
where driver comfort is of less concern than the longer service life of the constant-
mesh transmission. In Europe on the other hand, synchromesh gearboxes dominate
for heavy-duty trucks as well, accounting for about 90%.

A large proportion of European commerical vehicle production is accounted for
by the class up to 3.5 t gross weight rating (Figure 2.18). These vehicles usually
have 5 or 6 speed synchromesh transmissions, which are often either identical to
passenger car transmissions or are modified passenger car transmissions.

Assuming that, for the sake of spare parts, 10% more gearboxes than vehicles
are manufactured, the number of transmission components comprising gears and
synchronizer packs can be estimated. In 2004, about 240 million gearwheels and
46 million synchronizer packs were produced for passenger car synchromesh gear-
boxes in Europe. For commercial vehicle constant-mesh and synchromesh trans-
missions, about 38 million gearwheels and 7.5 million synchronizer packs were
manufactured.
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Table 2.3. Germany’s balance of trade in motor vehicles [2.16]
Q“mai;‘lgtzsi“ 1997 | 1998 | 1999 | 2000 | 2001 | 2002 | 2003 | 2004
Passenger cars 2.82 | 327 | 344 | 346 | 3.64 | 3.62 | 3.67 | 3.67
g Commercial vehicles | 0.22 | 0.24 | 0.24 | 0.27 | 0.28 | 0.25 | 0.25 | 0.25
=
Total 3.04 | 3.51 | 3.68 | 3.73 | 3.92 | 3.87 | 392 | 3.92
Passenger cars 1.95 | 2.04 | 2.17 | 2.05 | 2.09 | 1.95 | 2.03 | 2.04
é Commercial vehicles | 0.22 | 0.23 | 0.23 | 0.23 | 0.21 | 0.20 | 0.19 | 0.15
) Total 217 | 227 | 240 | 2.28 | 2.30 | 2.15 | 2.22 | 2.19

These figures are indicative of the enormous economic importance of the motor

vehicle. No other product supports the production of such technically sophisti-
cated components in such quantities. There is no product in sight that could re-
place the motor vehicle as the engine of the economy.

Table 2.3 shows the balance of trade in recent years for German motor vehicles.
In 2004, 3.92 million vehicles were exported and 2.19 million imported. Table 2.4
shows the most important independent manufacturers of automotive transmis-
sions. Vehicle transmissions, especially those for mass-produced passenger cars,
are primarily produced by the vehicle manufacturers themselves.

Table 2.4. Some independent manufacturers of automotive transmissions (headquarter)

Passenger cars Commercial vehicles
mechanical automatic mechanical automatic

o |- Getrag -ZF -ZF -ZF
= |- ZF - General Motors - Voith

- Transmission - Eaton - Allison
< .
2 Technologies - Eaton

Corp. (TTC) - Twin Disc

s |- Aichi - Aisin - Aisin - Aisin
2 [- Aisin - Jatco - Fuji Univance |- Jatco
= |- Fuji Univance
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2.2.2 Development Situation

The course of technological development has accelerated during recent years. Mi-
croelectronics is constantly finding new areas of application in vehicles, in trans-
missions and in their development. The pace of product development is increas-
ingly becoming an important competitive factor for individual companies. Table
2.5 shows characteristic development times for vehicle transmissions. Current re-
search aims to reduce these durations.

Suppliers from the Far East with longer working hours demand new develop-
ment strategies from Europe. European industry must accordingly make better use
of existing potential and assess its own depth of development and production
[2.1].

The general principles of automotive transmission development are elaborated
in Chapter 15 “The Automotive Transmission Development Process”.

2.3 Basic Elements of Vehicle and Transmission
Engineering

It is important to define both the motor vehicle and its use clearly in order to
achieve a practical development of vehicle transmissions. In the following, con-
ventions, definitions and physical foundations of automotive and transmission
technologies will be outlined, forming the basis for the following chapter.

The concept of “automotive transmission” as it is used in this book comprises
all components in the powertrain assembly with the exception of the engine (Fig-
ure 2.19).

Table 2.5. Typical development lead times for automotive transmissions

Passenger cars Commercial vehicles
Synchromesh | Automatic Synchromesh Automatic
and contant-

transmission | transmission transmission
mesh transm.

Development phase

Concept phase 4 5 6 9
Design and development 5 7 6 12
Prototype production 6 9 9 12
Testing 12 12 15 15
Frepiion R

2 Months 36 48 48 66
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Fig. 2.19. Definition of the subject area of automotive transmissions

In the development of automotive transmissions, we must distinguish between
variables that the designer can influence — internal factors — and those that cannot
be influenced, but which still must be taken into consideration — external factors.
This is shown in Table 2.6.

2.3.1 Systematic Classification of Vehicles and Vehicle Use

The development of a vehicle transmission conforms to the type of vehicle, its
power unit and its intended use. A classification of vehicles oriented to transmis-
sion development assists systematic analysis. Table 2.7 shows a transmission-
oriented classification of vehicles which has proved effective in practice. Vehicles
are first divided into passenger cars, commercial vehicles, construction-site vehi-
cles, agricultural tractors and special vehicles.

Table 2.6. Internal and external factors affecting the development of automotive
transmissions

Internal factors External factors
which can be influenced by the design which cannot be influenced by the design
engineer engineer
e Bodywork e Road profile
e Chassis e Driving style
e Electrics/electronics e Payload
e Engine e Traffic conditions
e Automotive transmission (s. Fig. 2.19) | e Weather conditions




48 2 Overview of the Traffic — Vehicle — Transmission System

Table 2.7. Transmission-oriented classification of motor vehicles by type of vehicle and
type of use; GVW: Gross vehicle weight. *) Another feature is the number of seats

Type of vehicle Type of use

Power P <75 kW

Power P > 75 kW

Passenger
cars

Vans <3.5t

Light-duty commercial vehicles: GVW < 7.5t

] ~

- )
" é Medium-duty commercial vehicles: GVW <16t .*g
clls o
< Heavy-duty commercial vehicles: GVW > 16 t s | B <
> 3 | = 3
— = e}
£ Urban bus Sl e o
= =) el =
& o s o
g * | Interurban bus 0

0 &
s & :

& | Multi-purpose bus S

Coach

Agricultural tractors

Construction-site vehicles

Special vehicles

Passenger cars are split into three main groups, under 75 kW engine size, over
75 kW engine size and vans smaller than 3.5 t. The commercial vehicle category is
split into buses and trucks. The truck category is further broken down by gross ve-
hicle weight. The bus category can conveniently be broken down by stops per
kilometer for urban buses, interurban buses, multi-purpose buses or coaches.

There are three basic types of use in a transmission-orientated classification of
automobiles:

e On-road use,

o On-/off-road use, e.g. construction-site vehicles. This combined type of use,
which is typical e.g. for dump trucks, means the transmission must provide
economical propulsion both on- and off-road and

o Off-road use. Vehicles move predominantly off-road, possibly with occasional
on-road use. This category includes tracked vehicles or extremely heavy special
vehicles not permitted on normal roads, such as landfill vehicles or mining
vehicles.
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2.3.2 Why do Vehicles Need Gearboxes?

Almost all automobiles in use today are driven by internal combustion engines
with cyclical combustion, working on the spark-ignition or diesel principle. The
factors determining the power output and performance characteristics of internal
combustion engines are explained in Section 3.3.

In addition to the many advantages of the internal combustion engine, such as
high power-to-weight ratio, relatively good efficiency and relatively compact en-
ergy storage, it has three fundamental disadvantages:

¢ unlike steam engines or electric motors, the combustion engine is incapable of
producing torque from rest (zero engine speed), see Figure 3.14,

¢ an internal combustion engine only produces maximum power at a certain en-
gine speed (Figure 3.14) and

o fuel consumption is strongly dependent on the operating point in the engine’s
performance map (Figure 3.18).

With a maximum available engine power P, and a road speed v, the so-called

“ideal traction hyperbola” Fz 4 and the effective traction hyperbola F 5. can be

calculated as follows
P

max

P
Fyaid = or £y =—n;ax Mot - (2.1

Thus, if the full-load engine power Py, were available over the whole speed
range, the traction hyperbolas shown in Figure 2.20a would result. But for the in-
ternal combustion engine the traction profile also shown in Figure 2.20a would re-
sult. The maximum traction between tyres and road is limited by the friction limit.

The problem with the internal combustion engine as a prime mover is now
clear. The whole shaded area in Figure 2.20a cannot be used without an additional
output converter. The output converter must convert the characteristic of the com-
bustion engine in such a way that it approximates as closely as possible the ideal
of the traction hyperbola (Figure 2.20b).

Output converter: e speed converter
= mechanical or hydrodynamic clutch and

o speed-torque converter
= geared transmission or continuously variable
transmission.

The proportion of shaded area, i.e. the proportion of impossible driving states, is
significantly smaller when an output converter is used, and the power potential of
the engine can be better applied.
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Fig. 2.20. a Secondary map of an internal combustion engine without a gearbox;
b Secondary map of an internal combustion engine with rear-mounted 4-speed
gearbox: traction diagram

Figure 2.20b shows that increasing the number of speeds as much as possible
gives a correspondingly better approximation to the traction hyperbola. With con-
tinuously variable transmissions, the traction hyperbola can correspond to the trac-
tion characteristic curve over the range of ratios.

The second fundamental disadvantage of the internal combustion engine, that it
does not deliver torque from rest, is overcome by means of a moving-off element
(force locking clutch). The moving-off clutch (master clutch) is generally mounted
between the engine and the transmission in the powertrain. See Chapter 10 “Mov-
ing-off elements”.

The task of the transmission in defining engine operating points that are fa-
vourable in terms of efficiency and performance is dealt with in detail in Chapter 5
“Matching Engine and Transmission”.
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2.3.3 Main and Auxiliary Functions of Vehicle Transmissions,
Requirements Profile

For transmissions to function adequately as the link between the engine and the
drive wheels, it is advisable for the design engineer to consider the “vehicle
transmission” as a functional whole, including gearbox and moving-off element,
i.e. the whole system of adapting speed and torque, including changing gear and
starting.

The four main functions of a vehicle transmission are to:

o FEnable the vehicle to move-off from rest.
o Adapt power flow.
Convert output torque 75 and output speed 7,.
Enable reverse motion.
e Enable permanent power transmission.
Positive or force locking engine power transmission with minimal loss.
o Control power matching.

In addition to these main requirements there are some ancillary transmission re-
quirements, also known as operational requirements, which substantially affect its
competitiveness. The result of a survey of manufacturers and users of commercial
vehicle transmissions is shown in Table 2.8.

The importance of individual ancillary requirements is displayed on a scale
from 0 = unimportant to 10 = very important. Such a rating list of ancillary re-
quirements is referred to as a requirements profile. The ancillary requirements of
vehicle transmissions can be broken down as follows:

operational reliability,

gearbox costs,

ease of repair,

ease of operation,

power matching,

efficiency,

installation dimensions and weight,
customisability and

emissions (noise, oil etc.).

Starting from the requirements profile derived from statistical surveys or empirical
data, goal conflicts due to design or economic constraints can be recognised and a
suitable compromise sought on the basis of the weighting allocated.

These compromises are translated into specific criteria for the development en-
gineer, contained in the specification, which is presented in Chapter 15.
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Table 2.8. A typical requirements profile for commercial vehicle transmissions.

Score = average assessment of importance on a scale of 0—10

Requirements Score Requirements Score
Long service life 9.00 Number of parts 1.58
Low repair costs 4.89 Power take-offs 1.55
Low production costs 4.59 Assembly tools 1.55
Range of ratios 4.02 Time to remove and replace 1.50
Gear step 3.47 Shift connections 1.49
Early failures unusual 3.13 Temperature resistance 1.48
Length 2.92 Crawler gear available 1.46
Long maintenance interval 2.63 Accessibility 1.42
Operating travel/force 2.59 Type of range-unit design 1.40
Low weight 2.55 Ratio variants 1.39
Traction constantly available 2.47 Method of assembly 1.34
Vibration resistance 2.35 Moving-off 1.32
Small number of seals 2.33 Spare parts procurement 1.26
Danger of operator error 2.20 Low power loss 1.22
Low maintenance costs 2.19 Clutch engagement 1.16
Overload capability 2.08 Low development cost 1.16
Overdrive available 2.06 Standard connections 1.11
Installation of wearing parts 1.92 Height above main shaft 1.07
Type of shift 1.86 Clear gearshift pattern 1.06
Owner repairable 1.72 Good service network 1.00

2.3.4 Interrelations: Direction of Rotation, Transmission Ratio, Torque

The key factors in a gearbox are the direction of rotation, the transmission ratio
and the torque. In order to be able to compare and assess various transmission de-
signs and variants, we therefore need definitions to use as a standard for all con-

siderations [2.11].

Definition of Direction of Rotation

The direction of rotation in a powertrain is defined as positive when the direction
of rotation is clockwise in a right-handed Cartesian system of co-ordinates. This is
as viewed against the forward direction of movement related to the vehicle, as
shown in the left-hand diagram in Figure 2.21.
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Fig. 2.21. Definition of direction of rotation in a powertrain [2.3, 2.4]

In the case of complicated gear plans, especially in the case of planetary gears, it
is advisable to represent the speeds of rotation of the individual transmission ele-
ments with their sign and relative to each other. It is in principle of no importance
which of the two possible directions of rotation is defined as positive, but nor-
mally the direction of rotation of the transmission input shaft is taken as positive
(right-hand diagram in Figure 2.21).

Definition of Transmission Ratio

The transmission ratio ig is the relationship between the angular velocity w; of the
input shaft of a gearbox to w, of the output shaft

iG == (2.2)

The relationship between the output speed n, and the input speed n; in a power-
train component is called the speed conversion v (Equation 4.2). The torque con-
version u gives the relationship between the output torque 7, and the input torque
T of a powertrain component (Equation 4.3). With Equation 2.2 and the sign rules
derived above, the following characteristics result for the transmission ratio:

ic > 0 transmission input and output shaft rotate in the same direction,

ic < 0 change of direction of rotation in the transmission,
lig]l > 1 speed reducing ratio,
lig] < 1 speed increasing ratio.
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In the case of continuously variable transmissions and with transmission combina-
tions:

ig = oo stationary output with rotating input,
ic = 0 stationary input with rotating output.

The ratios inside a gearbox are designated by the gear ratio u. The gear ratio u of a
gear pair is the ratio of the number of teeth z, of the larger wheel to the number of
teeth z; of the smaller wheel (pinion)

u=22 with Zp 2> 7). (2.3)

Z

German standard DIN 3990 specifies that in the case of spur gears the number of
teeth of a wheel with external gearing is positive, and that the number of teeth of a
wheel with internal toothing (ring gear) is to be taken as negative.

Definition of Torque

Further important factors affecting a gearbox are the torque values acting on its
shafts. Their directions of action must be defined by showing their sign. Here
again, it is in principle of no consequence which torque direction is taken as posi-
tive.

The torque direction of the transmission input shaft is normally also defined as
positive. By separating the transmission components and establishing torque equi-
librium, it can be shown that the torque direction is always reversed along a free
connecting shaft.

As shown in Figure 2.22, the torque direction changes along a transmission
component, but the direction of rotation does not. The sign of the power P ab-
sorbed (positive) or delivered (negative) at a particular point can be determined
from the speed of rotation and the torque at that point in the transmission by
means of Equation 2.4

P=Tw=2znT. (2.4)

Miiller [2.12] proposes four key rules for speeds of rotation, torque values and
power values in a transmission:

o All parallel shafts in a transmission rotating in the same direction will have
speeds with the same sign.

o Inan “input shaft”, the signs for speed of rotation and torque are the same, in
an “output shaft”, they are opposite to each other.

o “Input power” is always positive; “output power” is always negative.

o The two equal connecting torque values of a free connecting shaft have oppo-
site signs at the connecting ends.
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Fig. 2.22. Sign rules for rotational speed, torque and power

A transmission consists of at least three parts, one of which must be the “frame”.
This important condition is necessary to provide a reaction for the difference in
force or torque between the input and output side resulting from the conversion of
movement. In vehicle transmissions, the gearbox housing is the frame.

The symbolic representation proposed by Wolf [2.17], as shown in Figures 2.23
and 2.24, clearly illustrates these relations. From Equations 2.2, 2.9 and 2.10 it fol-
lows that

TZZ_Tlﬂ:_TliG' (2.5)
@,

With Equation 2.7 the reaction torque 75 can be calculated as

Ty=-T,-T, =T (i -1). (2.6)
L+T,+T;=0, 2.7
B+P+PF=0, (2.8)

Loy+To,+T;0;,=0, (2.9)

W3 = Opeame =0 . (2.10)

Fig. 2.23. Wolf transmission symbols
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Fig. 2.24. Planetary coupled gear represented by Wolf symbols

Two fundamental characteristics of transmissions concerning reaction torque
emerge from Equation 2.6:

e For a transmission ratio of ig = 1, i.e. direct drive, the transmission takes on the
function of a clutch, i.e. its frame does not have to provide any reaction torque.

o The reaction torque of the frame changes its sign, i.e. its direction, when shift-
ing from a speed reducing gear to a speed increasing gear.

The third “frame” part can also be in the form of a second input or second output
member. In these cases the term “differential drives” is used.

2.3.5 Road Profiles, Load Profiles, Typical Vehicle Use and Driver
Types

In addition to the “internal” factors affecting the transmission (i.e. the design data
of the individual vehicle sub-assemblies), the designer should be fully informed
about “external” factors such as driving style, vehicle use and road type (see also
Table 2.6).

This information can be acquired through field trials and customer surveys, fo-
cusing on the following criteria:

® Road types:
Proportion of total mileage on various types of roads such as motorway, rural
road, urban traffic or mountain road (see Table 2.9).

e Loading:
Percentage distribution of journeys with numbers of passengers, cargo and
trailer weight.

o Driving style:
Shifting frequency, gearshift engine speed, acceleration habits in town
(moving-off from traffic lights), on rural roads (when leaving built up areas)
and on the motorway (overtaking).
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In addition to the abovementioned criteria it is useful to classify drivers by type.
Table 2.9 shows an example of driver type classification according to the percent-
age of roads used.

The definition of the so-called CARLOS driver (Car Loading Standard) is used
to get a consistent mix of roads for the load profile. Table 2.10 shows the road mix
used for determining the load profile for automatic transmissions, the CARLOS-
PTA (Powertrain Automatic).

The CARLOS-PTA road mix describes percentages of road type s,. For a refer-
ence route sp., taken as standard for the interpretation, the respective road length
results from the formula sy = sge, X 5,. Using an extrapolation factor fg, the dis-
tance to be measured is sv = sy / fg.

The following determinations apply as boundary conditions for determining the
load process:

o Style of driving:
Measured journey on public roads in compliance with traffic regulations.
Driving style variations result from varying drivers.

o Vehicle weight:
Measurements both solo (vehicle without trailer: GVW = Gross Vehicle
Weight) and in combination (vehicle weight with trailer: GCW = Gross
Combined Weight) in order to determine maximum stress.

® Roads:
Public roads. Special off-road routes are not a part of the CARLOS-PTA road
mix and must be considered seperately should the vehicle manufacturer
demand it.

e Accidental factors:
The traffic situation and the weather are examples of accidental factors that
cannot be freely chosen. Should these factors become extreme, they are not
taken into consideration so as not to distort the result.

The load patterns determined by road tests and computer simulation can be trans-
lated into load profiles using suitable classification methods. The transmission ser-
vice life is then generally estimated using the Miner and Haibach damage accumu-
lation hypothesis, based on the load profiles and the corresponding Wohler curves.

Table 2.9. Breakdown of driver type in terms of powertrain loading in a passenger car
[2.10]

Proportion of kilometres covered in %
Driver type
Motorway Rural road Urban traffic | Mountain road
Motorway driver 70 14 13 3
Rural road driver 30 56 11 3
Urban driver 30 23 45 2
Mountain driver 40 30 20 10
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Table 2.10. CARLOS-PTA road mix for a reference route of 150 000 km [2.6]

Road type Proportion of Length of Length of Extrapolation
road type road type measurement factor
sp (%) sy (km) sy (km) fe
Motorway 60 90 000 900 100
Rural road 25 37 500 375 100
Urban road 40 60 000 600 100
Mountain road 15 22 500 225 100
Sum 140 210 000 2100 100

Information on load profiles and service life is given in Section 7.4 “Operational
Fatigue Strength and Service Life”. The development of transmissions using com-
puter-aided driving simulation is described in Chapter 14.

2.4 Fundamental Performance Features of Vehicle
Transmissions

The development process is successful only
if it results in a product that sells

Any specification for a product must be:

e suited to its intended purpose (functionally suitable),
e cost-effective (economic) and
o acceptable (environment friendly, easy to operate, and functional).

These superordinate development goals define the fundamental performance fea-
tures of a transmission. Vehicle transmissions have to be designed to provide
torque conversion suited to operating conditions, with low fuel consumption and
at a competitive price. Specifically, this means service life appropriate to the in-
tended use (operational fatigue strength), reliability, ease of operation, small in-
stallation space, low noise level, low weight and high efficiency (Figure 2.25).

Such performance features are often enough for a quick rough comparison of
one’s own designs with those of others.

2.4.1 Service Life and Reliability of Transmissions

Early failure and early wear impair the availability and economic efficiency of a
passenger car or commercial vehicle. It is often overlooked that a slight over-
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rating of the transmission relative to the drive motor can achieve an enormous in-
crease in service life. Over-rating by 10% doubles the service life, whereas the
price of the transmission only increases by 10% at a first approximation (see Fig-
ure 2.30).

The standard values listed in Table 2.11 apply to service life, the most impor-
tant performance characteristic of transmissions. By, service life refers to the ser-
vice life within which 10% of the transmissions of a production batch of a given
transmission type fail. With passenger car transmissions, the required B, service
life is 150 000 km. The market requirements of commercial vehicle transmission
service life are significantly higher, depending also on the particular application.
In this case, the B service life is between 250 000 and 1 200 000 km (Table
2.11).

The applicable load profile for the individual speeds (Section 7.4) is particu-
larly important. It depends on the route profile, vehicle powertrain (axle ratio and
dynamic tyre radius), vehicle loading (e.g. weight of load, oil sump temperature
etc.) and driving style.

Transmission reliability requires thorough calculation and analysis at the design
stage. See also Section 7.4 “Operational Fatigue Strength and Service Life” and
Chapter 17 “Reliability and Testing of Automotive Transmissions”. It must be
borne in mind that a transmission is a system with mechanical, mechatronic and, if
applicable, electronic components that are more or less reliability-critical.

Components such as gearwheels, shafts or bearings are now well calculable.
Not only electric components of mechatronic modules (e.g. electric motors and
circuit board components of transmission or clutch actuators) but also electronic
components (e.g. electronic transmission control with a number of electronic
components such as processors, amplifiers, capacitors, resistors etc.) must undergo
an examination of their technical reliability.

Fuel-efficient torque conversion matching
the operating conditions and the vehicle,

o at a competitive price
gl e,
S = =
S
5|5 |5
c s Q Service life in line L Ease of
% § &’ with intended use Rellability operation
5
- Small
installation LC.WL fin.gh LO\lnr nolise
space weight efficiency eve

Fig. 2.25. Fundamental quality and performance features of vehicle transmissions
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Table 2.11. By, service life of passenger car and commercial vehicle transmissions under
different operating conditions

Operating conditions By service life (km)

150 000

v

Passenger cars

Commercial vehicles
Light-duty commercial vehicles (and vans) | > 250 000
Medium-duty and heavy-duty trucks

On building sites  (Off-/on road) > 400 000

Urban traffic (Stop and go) > 600000

Long distance > 1200 000
Buses

Urban bus > 700 000

Interurban bus > 1000 000

Coach > 1000 000

2.4.2 Centre Distance Characteristic Value

Characteristic values can be determined for transmissions and other products by
using standard procedures to establish values for key basic variables of the future
design quickly and without complex calculations. This method of “design using
characteristic values” is ideal for use with computer-aided design. When the draft
design has been transferred to the computer, the graphic and quantitative aspects
need to be refined. Such characteristic values relate for example to size, mass or
cost.

The centre distance a of a countershaft transmission is its most important pa-
rameter. The smaller the centre distance can be with a given output torque 7, the
smaller the overall dimensions of the transmission. The centre distance is deter-
mined by the gear with the greatest torque multiplication ig ma.x (first gear). It is
possible to gain a good impression of the order of size of a competitive centre dis-
tance before carrying out any calculation by relating the centre distances of one’s
own transmissions and those developed by competitors to their output torque 7>.
This type of analysis encapsulates a great variety of production and operating ex-
perience with gearbox designs proven in practice.

Figure 2.26 is an example of such a centre distance analysis, showing the trend
of the centre distance with coaxial, two-stage single-range countershaft gearboxes
as well as coaxial multi-range gearboxes with one countershaft as a function of the
output torque 73 at the output shaft. Centre distances for passenger car gearboxes
are accordingly 70-95 mm. In the case of vans and light-duty commercial vehi-
cles, gearboxes with centre distances of 75-105 mm are used.
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Fig. 2.26. Trend of centre distance a with coaxial two-stage single-range countershaft gear-
boxes for passenger and commercial vehicles as a function of the output torque 7, at the
output shaft

Gearboxes for medium-duty commercial vehicles have a centre distance of
100-130 mm, whereas units for heavy-duty trucks are in the range 130-160 mm.
The spread is explained by differing design methods, by different applications
with different load profiles, and by technical production factors. As a result of the
existence of transfer lines for centre distance drill holes in the gearbox housing, it
is often more economical to achieve the required service life by adapting the face
widths rather than optimising the centre distance.

Another reason is in-company standardisation of centre distance intervals. By
reference to Figure 2.26 and the relationship derived from it between centre dis-
tance a and output torque 7 in first gear, we derive for coaxial, two-stage single-
range passenger and commercial vehicle countershaft transmissions

a=11.4831,%" (2.11)

or a=11483(i¢ nue ;)" (2.12)

with a centre distance scope of application between 70 mm and 130 mm.

The relation of the centre distance a and the output torque 7, in first gear for
commercial vehicle multi-range transmissions designed with a single countershaft
can be seen in Figure 2.27.
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Fig. 2.27. Trend of centre distance a with commercial vehicle multi-range transmissions
with one countershaft as a function of the output torque 7, at the output shaft

The associated equation in the scope of application of centre distances between
130 mm and 160 mm is:

a=522017,""" (2.13)

or a=52201(ig pu T )" . (2.14)

lG,max

This enables centre distances in millimetres to be estimated for coaxial, two-stage
countershaft gearboxes of single-range design as well as for multi-range gearboxes
with one countershaft, leading to an economical gearbox size. For this purpose
only the maximum transmission input torque 7} in Nm and the required maximum
ratio of the transmission ig max need to be known. Of course such a prognosis can-
not replace precise transmission design and centre distance calculation. See Chap-
ter 7 “Design of Gearwheel Transmissions for Vehicles”.

2.4.3 Gearbox Mass Characteristic Value

Another key performance characteristic of the transmission is its mass mg. The
cost of a gearbox is proportional to its weight at the first approximation. The mass
of the transmission can be related to the input torque 7; the maximum ratio g max
and the number of gears.

Figures 2.28 and 2.29 show an analysis of a large number of transmissions that
have been designed and produced. The gearbox mass mg in kg is plotted against
the parameter 7, z% or T, iGmax Z 0.5
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Fig. 2.28. Trend of gearbox mass mg for coaxial two-stage passenger and commercial
vehicle countershaft transmissions of single-range design as a function of the output torque
T, at the output shaft and the number of speeds z

The equation for coaxial two-stage passenger and commerical vehicle gearboxes
of single-range design is (see Figure 2.28)

mg =0.199 (T2°'669 z°-334) (2.15)
or mg = 0.199 ((ig e 7,)7%% 2°3). (2.16)
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Fig. 2.29. Trend of gearbox mass mg for commercial vehicle multi-range gearboxes with
one countershaft as a function of the output torque 7 at the output shaft and the number of

speeds z
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Figure 2.29 shows the trend of the gearbox mass mg for multi-range commercial
vehicle transmissions with one countershaft as a function of the parameter 7, z*°
or T iG max 2% The equation reads:

mg =1.723 (T20'439 20‘219) (2.17)

or mg =1.723 ((iG’max T1)°'439 20'219). (2.18)

The diagrams in Figures 2.28 and 2.29 can be used in two ways:

e assessing the anticipated weight of a transmission, whose total ratio, input
torque and number of speeds are known from the specification,

e checking whether a developed transmission is competitive in relation to its
mass.

2.4.4 Gearbox Cost Characteristic Value

As with transmission mass, parameters can be established for transmission costs or
selling price. Figure 2.30 shows an analysis of transmissions that have been built.
The relative selling price RSP is plotted against the parameter 7,z"° or
T G .max 2%, The relative transmission selling price is based on a manually shifted
passenger car transmission with an input torque of 7} = 350 Nm, number of speeds
z =6 and a maximum transmission ratio in the Ist gear of ig . = 5.5, which cor-
responds to a relative transmission selling price of RSP = 1.
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Fig. 2.30. Trend of gearbox selling price RSP as a function of the output torque 7 at the
output shaft and the number of speeds z (Reference: manual passenger car transmission:
T, =350 Nm, z = 6 and iG max = 5.5: RSP = 1)
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The points in this diagram can be approximated by a parabola with the equation:

RSP =0.0183 7,0%'% 702 (2.19)

or RSP =0.0183 (ig e ;)% 207 (2.20)

The selling price (or production cost) trend shown in the graph enables the trans-
mission designer to estimate whether the efficiency of his transmission is worth-
while for the customer in terms of the price/performance relationship of other
transmissions. It is also possible to forecast the achievable market price at the
product planning stage.

The comparative cost of different types of vehicle gearboxes is also of interest.
The specific design and production features and different operating conditions and
safety requirements of the different types of gearboxes result in significantly dif-
ferent relative weight costs. The relative weight costs (EUR/kg) are shown in Fig-
ure 2.31 for eleven different types of transmissions used for different purposes.

The design basis for the relative weight costs is the passenger car synchromesh
transmission with 15 EUR/kg (=100%). Commercial vehicle synchromesh trans-
missions have the lowest weight costs (13.5 EUR/kg at 2005 prices). Then come
construction vehicle transmissions. Automated manual passenger car gearboxes
are more expensive than syncromesh transmissions for passenger cars. Conven-
tional passenger car automatic transmissions are not significantly more expensive
because of the large production volume. Passenger car dual clutch and continu-
ously variable transmissions are more expensive in comparison to conventional
passenger car automatic transmissions.

On the other hand, the reliability requirements of commercial vehicle automatic
transmissions for heavy load profiles and low production volumes increase weight
costs considerably. Directly compared, automated manual gearboxes for commer-
cial vehicles are significantly less expensive. Aircraft transmissions have by far
the highest weight costs because of their complex weight-saving design and 100%
quality monitored production.

2.4.5 Gearbox Noise

The transmission often generates a high proportion of noise, being the main link in
the engine/powertrain/wheel chain. In addition to the general broadband noise, the
meshing frequencies of gearwheel transmissions are very disturbing because of
their discrete sounds. Primary noise reduction is therefore necessary at the design
stage, the gear specification stage and during production, combined with quality
assurance (see Section 7.5 “Developing Low-Noise Transmissions™).

Because of its importance, transmission noise is subject to strict regulations
(see Table 7.3), which are likely to become more stringent.
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Fig. 2.31. Reference values for relative weight costs for various types of transmissions

2.4.6 Gearbox Losses and Efficiency

As part of the effort to save energy, the question of efficiency, and hence of gear-
box friction losses, has received more attention. No mechanism converts torque as
effectively as a gear pair in terms of production cost, converter ratio and effi-

ciency.

Nevertheless the requirement is to determine and if possible improve the effi-
ciency of vehicle transmissions as a function of torque, speed and other character-

istic values.

Load-dependent and independent

GEAR LOSSES

+

Load-dependent and independent

BEARING LOSSES

+

SEALING LOSSES

+

OTHER LOSSES

e.g. converter, pump etc.

Fig. 2.32. Composition of losses in
vehicle gearboxes
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Table 2.12. Reference values for the efficiency ranges of gearwheels and vehicle gearboxes

Type of gearbox 7 (%)

Spur gear 99.0-99.8
Gear pair

Bevel gear 90-93
Mechanical transmission | Passenger car 92-97
with splash lubrication Commercial vehicle 90-97
Automatic transmission with various gear ratios (AT, DCT) 90-95
Mechanical continuously variable transmission 87-93

Hydrostatic continuously variable transmission without

power-split and mechanical part 80-86

The overall power loss of a transmission is made up of various load-dependent
and load-independent elements (Figure 2.32). See also Section 3.1.7 “Efficiency
Map” (especially Figure 3.5).

Gearwheel-based vehicle transmissions are the most efficient of all
torque/speed converters (Table 2.12), and have the best power/weight ratio. This is
also why single- and multi-stage transmissions, of both single- and multi-range
design, have been successful for vehicles. The use of hydrostatic transmissions,
torque converters or continuously variable transmissions based on the pulley or
frictional wheel principle generally leads to lower efficiencies.

2.5 Trends in Transmission Design

The motor vehicle market has undergone fundamental changes since about 1975.
Especially for passenger cars, the trend towards individualisation has led to con-
siderable segmentation with numerous vehicle classes. This has also led to diversi-
fication in transmission design. Instead of a “black or white” alternative between
manual (MT) or conventional automatic transmissions (AT), still the case in 1990,
there is in the meantime a variety of transmissions designs. These will be de-
scribed in Chapters 6 and 12. Figure 2.33 shows the diversity of passenger car
gearbox designs.

Despite higher costs in product development and for manufacturing plants, the
trend is leading away from the “standard transmission” towards individual solu-
tions. This entails a large number of basic designs and a multitude of adaption al-
ternatives. It is therefore of the utmost importance that trends in the market and in
technology be assessed, as companies indeed do on a systematic level. Future de-
mands must be anticipated and evaluated in order to develop new strategies.
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Fig. 2.33. Trend in the use of passenger car transmissions in Europe

Vehicle transmission requirements were described in Section 2.3.3. The goals of
designing new transmissions and of further development include:

increasing operational reliability and functionality,
increasing ease of operation,

increasing service life and reliability,

reducing gearbox and repair costs,

emphasising brand image,

— increasing comfort,

— increasing dynamics,

¢ reducing weight and installation space,

increasing efficiency,
reducing consumption and emissions.

Markets and market mechanisms for passenger cars and commercial vehicles dif-
fer, changing the respective emphasis on these requirements. Common to all cases
is that a variety of requirements leads by necessity to a conflict of goals. The fol-
lowing approaches can help solve such goal conflicts [2.13]:

development and use of individual transmission solutions,

— varying gearbox designs, contingent on the requirements,

increased integration on the aggregate level (Figure 2.35),

— e.g. integration of peripheral parts and submodules into the gearbox,
making the transmission more functional,

— e.g. electromechanical locking differentials,

superordinate functions by means of networking,

— e.g. networking of information to determine the driving strategy.
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In the case of passenger car transmissions, the trend towards individual solutions
with alternative and competing concepts has led to a marked diversification in
transmissions designs: manual transmissions (MT), automated manual transmis-
sions (AMT), dual clutch transmissions (DCT), conventional automatic transmis-
sions (AT), continuously variable transmissions (CVT) and hybrid drives (Hy-
brid). The transmission and its design underscore the character or image of the
respective vehicle segment and market. As such the transmission is an essential
competitive factor. Each design has its own strengths and weaknesses which de-
pend in turn on the conditions of use. For this reason, evalutions must take place
on a case-by-case basis — universally valid assertions are not possible.

Operating conditions and boundary conditions that are crucial for the suitability
of a transmission design to a specific vehicle include:

o the vehicle segment,

acceptance of the transmission design in this vehicle segment by the final
customers,

brand image,

propulsion strategy, motor characteristics,

powertrain configuration (e.g. front-wheel drive, all-wheel drive),
production facility type and equipment,

acceptance of the transmission design in different markets,

legislation and regulations (e.g. emissions).

The coaxial design for example is well suited to standard rear-wheel drive, while
the axial offset of a CVT with a taper disc variator or a gearbox with a counter-
shaft has design-specifc advantages for front-wheel drive. The available produc-
tions facilities and associated investments also influence the evaluation of applica-
bility.

Regional market peculiarities are a further example of boundary conditions that
can demand individual solutions. For example, automated manual transmissions —
with the power interruption peculiar to them — have no chance in typical automatic
transmission markets like NAFTA. Figure 2.34 shows the development and pre-
diction of market behaviour for passenger car transmissions in Europe, NAFTA
and Japan. The literature varies greatly in its predictions [2.18].

The manual transmission (MT) with 5 and 6 speeds has remained dominant in
Europe. Seven speeds are offered in more sporty vehicles and with automation.
MTs are inexpensive and light transmissions. Their market share is declining but
still remains on a relatively high level. For compact cars and light trucks smaller
than 3.5 t, automated manual transmissions (AMT) will become increasingly im-
portant. Further development will improve shifting quality and reliability, thereby
improving the somewhat tattered image dating from this transmission’s early
stages. Weight and cost speak against the use of continuously variable transmis-
sions in compact cars. For compact and mid-range cars, the dual clutch transmis-
sion (DCT) with 6, 7 and 8 speeds is considered to have good market chances, es-
pecially for sport cars.
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Fig. 2.34. Passenger car transmission designs: market shares and prediction

ATs, with torque converters and up to 8 speeds for passenger cars, will either re-
tain or slightly expand their market share for mid-range and luxury classes.
“Geared Neutral” infinitely variable transmissions (IVT) based on friction gears
with torque capacities greater than 400 Nm are currently being developed.

Diesel engines continue to claim large market shares in Europe. Presently in
2007, hybrid technology is considered primarly as a boost to brand image. Hybrid
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drives are thus mostly found in luxury cars and in the form of mild hybrids (see
Sections 6.6.5 and 12.1.5).

For passenger cars, North America and Japan are typical automatic transmis-
sion markets. Manual transmissions play a minor role there. Continuously variable
transmissions (CVT) are becoming widespread especially in Japanese compact
cars. The development of the market share of hybrid drives as well as their form,
whether as mild hybrid or full hybrid (Table 3.7) depends greatly on legislation.
There is a lot of potential predicted for them in these markets.

In the case of commercial vehicle transmissions, the mechanical geared trans-
mission with 6 to 16 speeds of either single- or multi-range design is the standard.
In the heavy-duty truck segment, automated manual transmissions have become
successful in Europe. Their path led from semi-automated designs right up to fully
automated transmissions (Figure 2.35). Increasing integration of peripheral parts
and submodules into the transmission has led to lighter, more compact and more
reliable aggregates. The number of interfaces decreases, vehicle installation is al-
leviated and the total system can be checked in its completion.

While in 2005, for light-duty commercial vehicles (less than 3.5 t), AMTs
based on passenger car transmissions already had considerable market presence,
this is still not the case for the medium-duty commercial vehicle segment (500 to
1500 Nm). Automated manual transmissions for commercial vehicles of this per-
formance class have been on the market since 2005.

The conventional automatic transmission — with torque converter, lock-up
clutch and planetary gear sets — has among commercial vehicles only become
widely used in city buses. This will also remain its domain.
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Fig. 2.35. Increased integration on the aggregate level using an automated manual
transmission for a commerical vehicle as example
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While hydrostatic continuously variable transmissions do have a market share for
agricultural tractors, they have not been successful in buses. Electric drives for
buses have been developed. Due to the high costs compared with manual and
automatic transmissions, an extensive serial production of such drives depends
heavily on legislation.

The trend towards individual transmission solutions with a large number of ba-
sic transmission designs and a variety of adaption alternatives will in the future
demand a better functioning management of variants by the suppliers. The kind of
partnership between the vehicle manufacturer (OEM = Original Equipment Manu-
facturer) and the system supplier (Tier 1) is also changing. Vehicles are being
equipped with more and more complex functionalities. The increase in function
content in the transmission systems and networking with other components of the
vehicle lead to changes in the chain of responsibility.

Another trend is that the vehicle manufacturers, who themselves have an in-
creased amount of tasks, expect an ever larger scope of services from their suppli-
ers. The latter have to adapt to new contents. This means, assuming constant re-
sources, that Tier 1 suppliers will themselves pass on tasks and responsibility for
certain components to Tier 2 and 3 suppliers [2.13].
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Reciprocity: Supply and Demand

Vehicle transmissions mediate between the engine and the drive wheels. The
transmission adapts the power output to the power requirement by converting
torque and rotational speed. The power requirement at the drive wheels is deter-
mined by the driving resistance [3.9].

3.1 Power Requirement

The anticipated driving resistance is an important variable when designing vehicle
transmissions. Driving resistance is made up of

e wheel resistance Fy,

e air resistance Fy,

e gradient resistance Fi; and
e acceleration resistance F,.

3.1.1 Wheel Resistance

Wheel resistance comprises the resisting forces acting on the rolling wheel. It is
made up of rolling resistance, road surface resistance and slip resistance.

Figure 3.1 shows the forces and torques acting on the wheel. The integral of the
pressure distribution over the tyre contact area gives the reaction force R. It is the
same as the wheel load Gr. Because of the asymmetrical pressure distribution in
the wheel contact area of the rolling wheel, the point of application of the reaction
force R is located in front of the wheel axis by the amount of eccentricity e. If the
wheel is unaccelerated and driven by Ty, then

Ty = Fy rgm + Re. 3.1)

For a wheel rolling without drive torque and braking torque (7 = 0)

e
—Fy=—R. (3.2)

T dyn

H. Naunheimer et al., Automotive Transmissions, 2nd ed.,
DOI 10.1007/978-3-642-16214-5 3, © Springer-Verlag Berlin Heidelberg 2011
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st

st

Fig. 3.1. Forces and torques at the wheel. @ On the level; b on uphill/downhill stretch

The circumferential force —Fy is equal to the rolling resistance force Fygon given
these assumptions. On a level surface R = Gy, and therefore

e
Frron =— Gr - (3.3)
dyn

Trials have revealed an almost linear correlation between the rolling resistance
force Frron and the wheel load G. The relationship is defined by the formula

FR rot = fr Gr - 3.4

The dimensionless proportionality factor fz is designated as the rolling resistance
coefficient. From (3.3) and (3.4) it is given as

Jr=—". (3.5)

T dyn

Table 3.1 shows standard values for rolling resistance coefficients both on and off-
road. Rolling resistance is chiefly a function of ground speed, wheel load, tyre
pressure and tyre type.

Since driving resistance calculations normally assume straight running on a dry
surface, and rolling resistance is anyway the dominant wheel resistance, wheel re-
sistance is normally assumed to be equal to rolling resistance. The following for-
mula then applies:

Fr = Frron - 3.6)

When travelling up gradients/down slopes at an angle of «g, (Figure 3.1b), then

R =Gy cosag; . 3.7
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Table 3.1. Reference values for the rolling resistance coefficient fz. For road speeds below
60 km/h, f; can be assumed to be constant. (See also Table 5.1)

Road surface Rolling resistance coefficient fi

Firm road surface

Smooth tarmac road 0.010
Smooth concrete road 0.011
Rough, good concrete surface 0.014
Good stone paving 0.020
Bad, worn road surface 0.035

Unmade road surface

Very good earth tracks 0.045
Bad earth tracks 0.160
Tracked tractor on acre soil 0.070-0.120
Clamp wheels on acre soil 0.140-0.240
Loose sand 0.150-0.300

For the whole vehicle with a mass my, the wheel resistance Fr, which is consid-
ered equal to the rolling resistance, is thus given by

Fp = fg mp g cosag; . (3.8)

In the lower speed range, the rolling resistance coefficient can be regarded as a
constant at the first approximation. The gradient angle ag can be ignored on nor-
mal journeys with gradients/downhill slopes of less than 10%. With a gradient of
10% as; = 5.7° and thus cos ag; ~ 1.

3.1.2 Adhesion, Dynamic Wheel Radius and Slip

There is a frictional connection between the tyres and the road surface. The trans-
mittable circumferential force Fy, (Figure 3.1a), is proportional to the wheel load
reaction force R, with a maximum value

FUmax = Fzmax =t R (3.9)

Table 3.2. Static coefficient of friction xy of new pneumatic tyres on road surfaces [3.1]

Road speed Static coefficient of friction uy
(km/h) Dry road surface Wet road surface
50 0.85 0.65
90 0.80 0.60
130 0.75 0.55
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The maximum traction Fz between the tyres and the road surface is constrained by
the adhesion limit (friction limit, Figure 2.20). See also Section 6.1.4 in relation to
circumferential force, lateral force and Kamm circle. Table 3.2 gives static friction
figures uy of pneumatic tyres on road surfaces.

For many vehicle dynamics calculations, the radius of the tyres is needed (Ta-

ble 3.3).

Table 3.3. Dynamic wheel radius of common tyre sizes [3.7-3.8]

Size Rolling circum-|  rgy, Size Rolling circum-|  rgy,
ference (m) (m) ference (m) (m)
Passenger cars Passenger cars

155/70 R 13 1.671 0.266 | 255/40 ZR 18 2.016 0.321
165/65R 13 1.659 0.264 | 275/40 ZR 18 2.065 0.329
175/65R 13 1.702 0.271 | 295/30 ZR 18 1.937 0.308
155/65R 14 1.702 0.271 | 335/30ZR 18 2.01 0.320
165/70 R 14 1.793 0.286 | 255/40 ZR 19 2.071 0.330
175/65R 14 1.781 0.284 | 285/40 ZR 19 2.169 0.345
175/80 R 14 1.940 0.309 | 295/30 ZR 19 2.016 0.321
185/65R 14 1.818 0.289 | 345/30 ZR 19 2.108 0.336
175/55R 15 1.748 0.278 315/35R 20 2.220 0.354
185/55R 15 1.784 0.284 | 335/30 ZR 20 2.166 0.345
195/65R 15 1.937 0.308 Vans and light-duty commercial vehicles
205/60 R 15 1.912 0.304 185/60 R 15 1.827 0.291
215/65R 15 2.016 0.321 225/70 R 15 2.112 0.336
195/55R 16 1.891 0.301 205/65R 16 2.036 0.324
195/60 R 16 1.952 0.311 215/75R 16 2.206 0.351
205/55R 16 1.928 0.307 | 205/75R 17.5 2.297 0.366
215/55R 16 1.958 0312 Trucks/Buses

225/55R 16 1.995 0318 | 215/75R 17.5 2.339 0.372
235/50R 16 1.958 0312 | 245/70R 17.5 2.406 0.383
215/45R 17 1.909 0.304 | 265/70 R 19.5 2.644 0.421
215/55R 17 2.037 0.324 | 305/70 R 19.5 2.815 0.448
215/60R 17 2.106 0.335 | 275/70 R 22.5 2.922 0.465
225/55R 17 2.074 0.330 | 295/60 R 22.5 2.806 0.447
235/65R 17 2.251 0.358 | 295/80R 22.5 3.184 0.507
255/60 R 17 2.251 0.358 | 315/80R 22.5 3.282 0.523
245/45R 18 2.065 0.329 | 495/45R 22.5 3.085 0.491
245/50R 18 2.144 0.341 13R 225 3.428 0.546
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A distinction is made between

o static wheel radius ryy:
The distance from the centre of the wheel to the road contact plane with the
wheel at rest and

o dynamic wheel radius rgy:
Calculated from the distance travelled per revolution of the wheel, rolling
without slip. The dynamic wheel radius is calculated from a distance travelled
at 60 km/h [3.2]. The increasing tyre slip at higher speeds roughly offsets the
increase in gyp.

The slip between the tyres and the surface can be described as

Wyp 1, -0
drive slip Sy = % (3.10)
R “dyn

Or — @y T,
brake slip Sp=—— R (3.11)
Up

where vr is the actual vehicle speed.

3.1.3 Air Resistance

Air flows around the moving vehicle and through it for purposes of cooling and
ventilation. The air resistance is made up of the pressure drag including induced
drag (turbulence induced by differences in pressure), surface resistance and inter-
nal (through-flow) resistance.

The air resistance is a quadratic function of the flow rate. The flow rate v is de-
rived from the sum of the vehicle speed vr and the wind speed component vy in
the direction of the vehicle longitudinal axis. If the wind speed direction is the
same as the direction of travel of the vehicle (following wind), then the wind
speed is deducted from the vehicle speed to calculate the flow rate. Driving resis-
tance calculations normally assume calm, in which case: v = vg.

Air resistance is calculated from the product of dynamic pressure 1/2 p; v* and
the maximum vehicle cross-section 4 multiplied by the dimensionless drag coeffi-
cient cy. At an air pressure of 1.013 bar, a relative air humidity of 60% and a tem-
perature of 20°C the air density p. = 1.199 kg/m’.

The drag coefficient cy represents the special case of straight flow, i.e. the
wind direction is in line with the longitudinal axis of the vehicle. Table 3.4 gives
the cw-values and the maximum vehicle cross-sections (projected frontal area) of
some current vehicles.
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Table 3.4. Reference values for drag coefficient cy. In the case of goods trucks, the
cw coefficient and the maximum vehicle cross-section are very much dependent on the

particular design. *) Driver sitting and with fitting clothing

Vehicle cw A (m?) cw A (m?)
Motorcycle with rider® 0.5-0.7 0.7-0.9 0.4-0.6
BMW K 1200 S* 0.58 0.71 0.41
BMW R 1200 GS* 0.62 0.85 0.52
Convertible 0.29-0.53 1.58-2.90 0.58-1.54
Opel Tigra TwinTop
Roof open 0.40 1.94 0.78
Roof closed 0.35 1.94 0.67
Mercedes-Benz SLK 200 K
Roof open 0.37 1.93 0.71
Roof closed 0.32 1.93 0.62
Mercedes-Benz SL 500
Roof open 0.34 2.00 0.68
Roof closed 0.29 2.00 0.58
Audi A4 Cabrio
Roof open 0.34 2.11 0.72
Roof closed 0.31 2.11 0.65
Limousine/SUV 0.25-0.39 1.97-2.90 0.50-1.54
Ford Fiesta 1.41 0.34 2.06 0.70
VW Golf V 1.41 0.32 2.22 0.72
Mercedes-Benz B 180 CDI 0.30 2.42 0.73
BMW 320i 0.28 2.11 0.59
Audi A6 Avant 0.31 2.26 0.70
Mercedes-Benz S 320 CDI 0.26 2.40 0.62
Mercedes-Benz ML 280 CDI 0.34 2.81 0.96
Porsche Cayenne Turbo 0.39 2.78 1.09
BMW 645i 0.29 2.15 0.62
Porsche 911 Carrera 0.28 2.00 0.56
Van 0.35-0.40 3.1-4.2 1.1-1.7
Opel Vivaro Life 0.37 3.38 1.24
Ford Transit MWB, MJ06 0.35 4.14 1.45
Bus 0.4-0.8 6.0-10.0 2.4-8.0
Setra 415 HD 0.44 8.26 3.63
Light trucks 0.40-0.60 4.5-6.0 1.8-3.6
Truck (Solo) 0.45-0.80 6.0-10.0 2.7-8.0
Truck with trailer 0.55-0.85 7.0-10.0 3.9-8.5
Articulated vehicle 0.45-0.75 7.0-10.0 3.2-7.5
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Drag is calculated by
1
Fu=7pcw Av*, (3.12)

The aerodynamics of vehicles with high-drag flow-impeding body, such as com-
mercial vehicles, can be greatly improved by the use of air guiding plates.

3.1.4 Gradient Resistance

The gradient resistance or downhill force relates to the slope descending force
(Figure 3.2) and is calculated from the weight acting at the centre of gravity

Fg = my g sinog, . (3.13)

The road gradient g is defined as the quotient of the vertical and horizontal projec-
tions of the roadway (Figure 3.2).

When designing roads, gradients of more than 7% are normally avoided. Ex-
cept in extreme cases, the following approximation is valid

sinag, ~ tanag, = ——

. 3.14
100 (3-19)

Table 3.5 shows the maximum gradients (¢ 'y.x) of some Alpine passes.

Vertical projection
Harizontal projection

g=tanag; =

q'=qgx100

Vertical projection

Horizontal projection

A 4

[«

Fig. 3.2. Forces acting on the vehicle travelling uphill
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Table 3.5. Maximum gradients of some passes in Europe

Pass ¢ max Pass q’max
Germany: Austria:
Achenpass 14% Grofiglockner 12%
Oberjoch 9% Timmelsjoch 13%
France: Turracher Hohe 26%
Col de Braus 15% Wurzenpass 18%
Iseran 12% Switzerland:
Italy: Simplon 10%
Brenner highway 12% St. Bernardino 12%
Stilfser-Joch 15% St. Gotthard 10%

3.1.5 Acceleration Resistance

In addition to the driving resistance occurring in steady state motion (v = const),
inertial forces also occur during acceleration and braking.

The total mass of the vehicle my (translatory component) and the inertial mass
of those rotating parts of the drive accelerated or braked (rotational component)
are the factors influencing the resistance to acceleration:

Fa :mred,i a, with (3.15)
']r d,i
Mygq; = Mg +ZT (3.16)
rdyn

The rotational component is a function of the gear ratio. The moment of inertia of
the rotating drive elements of engine, moving-off element, gearbox, drive shaft
etc., including all the road wheels (even the non-driven road wheels), are reduced

to the driving axle.
This reduces to Ji.q;. The acceleration resistance is frequently represented in

simplified form as

Fy,=Amga, (3.17)

where A is a rotational inertia coefficient, which expresses the proportion of the
total mass that is rotational. Reference values for the rotational inertia coefficient
for passenger cars are shown in Figure 3.3.

Since the gear ratio is a quadratic factor in determining the reduced moment of
inertia, the rotational inertia coefficients for vehicles with high-ratio gears are
widely spread. (Reference values for trucks as per [3.14] are: crawler gear: A~ 10,
Ist gear: A = 3, direct gear: A~ 1.1).
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Fig. 3.3. Reference values for rotational inertia coefficients of passenger cars [3.9]

3.1.6 Total Driving Resistance

The traction F7zp required at the drive wheels is made up of the driving resistance
forces described above, and is defined as

Fzp=Fg +Fg +FL + F, . (3.18)
Together with Equations 3.8, 3.12, 3.13 and 3.17, this may be expanded to

. 1
Fzp=mp g (fR cosag; +smaSt)+§pL cy A v? +mg Aa. (3.19)

With steady state motion (a = 0) and the approximations mentioned (cos ag ~ 1
and sin ag ~ tan asg,) this simplifies to

1
Frg=mp g (fR + tanaSt)+ 7 pLew A v?. (3.20)
This may be used to calculate the power requirement Pz g
Pg=Fzp0. (3.21)

Figure 3.4 shows the individual components of driving resistance of a mid-size
passenger car, the resultant traction requirement and the power requirement.
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Fig. 3.4. Traction required and the resultant power required for a mid-size passenger car.
For vehicle data see Figure 5.3

Taking into account the powertrain ratio iy and the overall powertrain efficiency
Not, the traction Fz, available at the wheels may be calculated from the engine
characteristic curve as follows

P(ny) T (ny)i
Fpp = = — 1 (3.22)
o dyn

The traction required and the traction available for a vehicle are shown in a “trac-
tion diagram”. The traction diagram is discussed in detail in Section 5.1 “Traction
Diagram”.

3.1.7 Efficiency Map

The efficiency of the engine and powertrain affects fuel consumption, emissions
and driving performance. The engine efficiency is represented by the specific fuel-
consumption curves. See also Section 3.3.3 “Consumption Map”.

Powertrain losses can be classified according to their components into losses
caused by the:

moving-off element: e.g. torque converter,

gearbox: e.g. gearwheel transmission, pulley transmission,

final drive and

auxiliary units: e.g. steering pump, oil pump in automatic gearboxes, air condi-
tioning system, variable displacement pump in continuously variable transmis-
sions.

Reference values for the amount of loss with different designs of vehicle transmis-
sion are given in Section 2.4.6 “Gearbox Losses and Efficiency”.
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To calculate the traction available or the point at which to operate an engine, it is

necessary to know the powertrain efficiency 7, from the engine output shaft

through to the driving wheels. In a sense the powertrain efficiency represents an-

other driving resistance. It is made up of the efficiencies
b By

:—:1—
"R R

(3.23)

or equivalently the power losses Py of the individual components of the power-
train:

e gearing losses.
— friction losses, load-dependent,
— churning and squeezing losses attributable to splash lubrication, load-
independent,
o bearing losses.
— friction losses, load-dependent,
— lubrication losses, load-independent,
o sealing losses:
— friction losses caused by rotary shaft seals at shaft exits,
— friction losses caused by piston rings used to keep oil under pressure at the
shift elements,
o synchronizing losses:
— fluid friction between synchronizer ring and friction cone,
o clutch losses:
— fluid friction with wet running, multi-plate clutches and brakes in automatic
gearboxes and automated manual gearboxes,
e torque converter losses:
— losses in the hydrodynamic torque converter,
o auxiliary units:
— power to drive auxiliary units.

A further distinction is made between losses that are

e dependent on the input speed and the input torque,

e dependent only on the engine speed, including in particular pumps directly
driven by the engine and

¢ almost independent of rotational speed and torque. For example the efficiency
of the final drive is normally assumed to be constant.

Figure 3.5 shows these power losses using the example of a coaxial 6-speed man-
ual transmission at part load in 4th gear. In this case, it is not the direct gear.

Figure 3.6 shows the efficiency of the powertrain from the engine output shaft
through to the drive wheels in fourth gear of a 5-speed manual gearbox. Provision
is made for a steering pump as an auxiliary unit. The level of efficiency only de-
clines rapidly in the low load area.
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In the case of manual gearboxes, a constant level of efficiency can often be as-
sumed with sufficient accuracy. In the case of continuously variable transmissions,
the part-load efficiency is significantly worse, and the drag torque is significantly
higher (Figure 3.6).

3.2 Diversity of Prime Movers

The driving resistance described in Section 3.1 has to be overcome by the prime
mover in cooperation with the other components of the powertrain.

The energy supply, which has to be carried in the vehicle, means “dead” weight
and “dead” volume. Energy supplies with an energy density as high as possible are
desirable. Figure 3.7 shows the working capacity at the drive wheels from various
types of energy supply.

The weight of the energy accumulator is factored in, as is the transmission effi-
ciency figure (energy at the wheel/energy of the fuel). Further important criteria in
selecting transportable power storage are rapid recharging of the energy accumula-
tor and the necessary infrastructure.
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Diesel oil and petrol perform the best in this context. The space requirement for
electric batteries is about 30 times larger than for spark ignition or diesel drives
with the same capacity. However, the fuel cell has in the meantime reached nearly
the small storage volume of spark ignition and diesel drives if H, is extracted from
methanol on the move [3.12].

3.2.1 Overview

The drive system of a vehicle can be made up of a variety of combinations of
components for storing energy, converting energy and converting output. The
prime mover used is a crucial factor in determining the assemblies and design of
the associated powertrain.

Various prime movers could be used in a vehicle (Figure 3.8). They can be
broken down into combustion engines and electric motors. In selecting a suitable
power unit, the following factors must be considered:

e operating performance:

drive characteristics, ease of control, startability, energy accumulator etc.,
® economy:

specific energy consumption, specific manufacturing cost etc. and
o environment friendliness:

pollutant emissions, noise, vibration etc.

The engine characteristic is a decisive technical consideration in selecting the
prime mover, i.e. the power available at full load across the engine speed range.

PRIME MOVERS —

Combustion engines [ Hybrid drives [ Electric motors
Internal External
" combustion —‘ combustion
Single ignition Contino_us
combustion
Spark ignition
er?gineg L Gas turbine — Stirling engine — 3-phase motor
Diesel engine — Lear Delta engine [— Special design
Wankel engine — Steam engine — (DC motor)

Fig. 3.8. Overview of prime movers for motor vehicles
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Fig. 3.9. Components of an electric drive

The operation of the various prime movers is not discussed here. References are
made to the literature as appropriate. In the discussion that follows, the term inter-
nal combustion engine refers to a spark ignition or diesel engine.

3.2.2 Electric Drive with Electric Energy Accumulator

In this design, the electric motor serves as the sole prime mover. Within a certain
speed range, it has the ideal engine characteristic with P = const, which conforms
to the ideal traction hyperbola. It can be operated from rest, i.e. motor speed zero,
and apply torque. A battery is used as the electric energy accumulator. It must be
charged from an energy grid before the vehicle can be propelled purely electrically
(and thus emission-free) over a certain stretch of road. Then it must be recon-
nected to the energy grid for recharging. Figure 3.9 shows the components of an
electric drive. It is not essential to have an additional speed/torque converter.

The use of passenger cars with exclusively electric drive will remain restricted
to cities and their environs because of their limited range and performance and the
battery charging time required.

3.2.3 Electric Drive with Fuel Cell

The primary energy accumulators of electric drives with fuel cells is a tank filled
with a fuel (e.g. hydrogen or methanol). An electric motor is used as the prime
mover (Figure 3.10).

The fuel cell, like a battery, directly converts the chemical reaction energy of
the fuel into electric energy for the drive. This direct process can claim some ad-
vantages in efficiency compared to methods that take an indirect route via thermal
energy conversion (i.e. internal combustion engines). Especially in part-load op-
eration, such as in city traffic, the advantages of fuel cell drive systems become
apparent. Depending on the fuel used and the method of procuring it, this drive
technology shows potential for reducing pollutant emissions.
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Fig. 3.10. Electric drive with a fuel cell

In comparison to electric drives with electric energy accumulators, the range limi-
tation is alleviated by the fact that the system can be refuelled. However, without
an additional battery, the fuel cell drive cannot recuperate any kinetic energy dur-
ing braking (see Section 3.2.4), since it is difficult to operate the fuel cell in the to-
tal system reversibly.

In vehicle drive technology, the fuel cell most used is one based on a polymer
electrolyte membrane (PEM). This works under temperatures less than 200°C with
hydrogen or methanol as the fuel (Figure 3.11). Hydrogen can be prepared as such
or obtained by reforming fuels. Systems with fuel reformation are significantly
more complex.

The structure of and processes within a fuel cell will be simplified explained in
the following using the example of a hydrogen-oxygen fuel cell: the fuel cell con-
sists of two electrodes (anode and cathode) that are separated from each other by a
membrane (e.g. PEM). The membrane is selective, only permeable for H' ions.
The anode is supplied with hydrogen (fuel), which is there oxidised into H" ions as
electrons are released.

2H,0 09
Cathode 1
o 5
Electrolyte/ ﬁ = %
4]
Membrane AR o5
o
Anode

structure and process in a

= = Current  Fig. 3.11. Schematic
L
2H;3 hydrogen-oxygen fuel cell
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The cathode is supplied with atmospheric oxygen (oxidising agent). As electrons
are added, this is reduced to anions and reacts with the H' ions that have come
through the membrane to form water or steam. Electrical potential is created be-
tween the electrodes, and an electric current can flow to an electric consumer (e.g.
an electric motor).

In the case of the hydrogen-oxygen fuel cell, this electric potential is theoreti-
cally 1.23 volts in an unloaded state. The voltage of the system can be controlled
by means of a series connection of several fuel cells to make a stack.

Technical difficulties still exist in the storage of the highly volatile hydrogen
and in the “icing up” of the fuel cell by the freezing of exhaust steam at very low
outside temperatures.

All fuel cell types are still quite high in price. This is due partially to the small
numbers produced but also to the high costs of the raw materials used (precious
metal catalysers, expensive polymers).

Presently in 2007, not only do open-ended technical and economical problems
stand in the way of a widespread introduction of fuel cell technology to the mar-
ket, there are also questions concerning the production and distribution of the nec-
essary fuel. In the context, one interesting development is for example the regen-
erative production of hydrogen from water by means of electrolysis using solar
technology or wind energy technology. Yet this energy conversion method is very
costly: electrolysis, hydrogen transport via pipelines and liquefaction or compres-
sion for storage purposes, reconversion into electrical energy in the fuel cell. As a
result, compared with direct storage of regeneratively produced electric energy in
a battery, this technology has a much smaller total efficiency. Increasing amounts
of research and development efforts are being undertaken with an eye to clarifying
the requirements being made on the changing infrastructure (e.g. the petrol station
network) [3.11].

3.2.4 Hybrid Drive

Hybrid drives are drives that have at least two different prime movers and energy
accumulators [3.14]. Possible energy accumulators are:

e chemical energy accumulator: ~ — conventional fuel tank,
e clectrical energy accumulator: ~ — battery, high-performance capacitor,
¢ mechanical energy accumulator: — flywheel,

— hydraulic accumulator.

Electrical energy accumulators are charged during generator operation of an elec-
trical machine. During motor-driven operation, the stored electric energy is fed
back to the powertrain. Among electric energy accumulators, the following tech-
nologies are the most competitive:

e lithium-ion batteries (Li-Ion),
¢ nickel-metal hydride batteries (NIMH) and
¢ high-performance double-layer capacitors (“ultracaps” or “supercaps”).
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Table 3.6. Energy accumulator technology — a comparison [3.6]

Li-lon battery | NiMH battery | Double-layer
capacitor

theoretical )

in kW/ke@10s 2.0-3.5 1.3-1.8 7-10
Power density used power den-

(% kW/kg) 2

?{;ﬁjﬁg% 80-100 40-50 3-5
Energy density used energy for o

hybrid vehicle 5-15% 5-15% “potssi%? ;’

layout (DoD) ¥ P
Operation (°C) 30 to +60 ~30 to +45 ~30 to +70
temperature

1)
2)
3)
4)

Power density at mean discharge voltage

Time-averaged boost and recuperation power obtained from drive cycles
Assumption: Cells are designed power optimised

To realise the required service life for automotive use, with batteries just a part of the
available energy is converted per charge/discharge cycle (Depth of Discharge)

Table 3.6 provides a comparison of the most important properties of these differ-
ent energy accumulator technologies.

Mechanical energy accumulators have so far served primarily to assist moving-
off. They are used to accumulate braking energy in vehicles which must start and
stop frequently, such as city buses. The mechanical energy of the flywheel or gyro
accumulator is converted into electric energy and feeds the electric motor. Fly-
wheels can pose a security risk in the vehicle however because of their high
speeds and resultantly high kinetic energy.

The causes for the rapidly accelerating development of the automotive industry
in the field of hybrid drive technology, which has already led to the successful
market introduction of the first mass-produced hybrid vehicles, are complex: ris-
ing oil prices are putting more pressure on vehicle manufacturers to offer alterna-
tive, low-energy drive concepts. This pressure is even greater in some countries
due to stiffer legislation seeking to reduce the emission of exhausts such as CO,.
Often, such legislation involves tax breaks for hybrid vehicles. Since hybrid vehi-
cles suggest interesting and promising solutions to problems related to fuel con-
sumption and emissions, the image of this drive technology (its “green image”)
has improved enormously in recent years [3.13].

Internal Combustion Engine + Electric Drive

The combination of combustion engine plus electric drive gives better range and
availability than a vehicle with electric drive only. The electric motor’s capability
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of being able to reach its maximum torque even at low speeds opens up the possi-
bility of an interesting supplement to conventional combustion engine drives (see
Figure 3.12).

Even at low performance standards, electromotive torque can be relatively
high. As the speed is increased, performance increases approximately linearly un-
til the “corner speed”, the point of maximum performance, is reached. Beyond this
corner speed, electromotive torque decreases in accordance with a power hyper-
bola. In this speed range, torque and performance curves of the combustion engine
typically reach their highest values, signifying that advantageous operating condi-
tions can result from the combination of the electric motor and combustion engine
[3.4-3.5]:

e temporary noise and emission-free, purely electrical driving (e.g. in congested
urban areas),

e clectric moving-off/manoeuvring without the combustion engine,

e recovery of kinetic energy during breaking by charging the electric energy
accumulator by generator operation of the electric motor (recuperation),

o torque support of the combustion engine by the electric motor (boosting),

e combustion engine start/stop during stop-and-go traffic or when stopping at a
traffic light,

o supply of the vehicle on-board power requirement by generator operation of the
electric motor (eliminates the need for an alternator).

500 300
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o Il e N P /

200

300 /
1 150

/
| 100 /

100 50 /

Torque
Power

0 T T r 0 T ‘
0 2000 4000 1/min 6000 0 2000 4000 1/min 6000
Speed Speed
== |nternal combustion engine Electric motor

Fig. 3.12. Characteristic curves of torque and performance for electric motors and internal
combustion engines
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However, vehicles with hybrid drive have a weight disadvantage in comparison to
those with only one kind of drive, since, besides the second drive, they also re-
quire a second energy accumulator.

Lower in weight and installation space requirements, three-phase AC motors
have the advantage of a high power density, thus making them ideal for use in
electric or hybrid vehicle powertrains. In this context, basically two different
three-phase AC motor technologies are in use:

e asynchronous machines (ASM) and
e permanent-magnet synchronous machines (PSM).

Besides these, special electric motor construction types are also used:

e permanent-magnet transversal flow machines (TFM) and
o switched reluctance machines (SRM).

As high-performance drive machines, direct current motors are barely still in use
in present-day motor vehicles.

The new operating conditions described above can be deduced for the func-
tional structure of a vehicle drive as a function of performance data of the electric
drive unit (electric motor and electric energy accumulator) and the associated
voltage level. These conditions are potentially advantageous not only for reducing
fuel consumption and emissions but also with respect to other criteria like driving
dynamics and comfort. From this we derive a subdivision into different hybrid
classes (Table 3.7).

Discussion of hybrid drives with internal combustion engines and electric mo-
tors involves distinguishing between these concepts:

o serial hybrid powertrain, Figure 3.13a:
no mechanical coupling of combustion engine and wheels,
— mechanical gearbox not mandatory,
— acombustion engine, in conjunction with a generator, functions solely as a
electricity producer,
— two high-performance electric machines (generator + generator/electric mo-
tor)

o parallel hybrid powertrain, Figure 3.13b:

— both drives can be combined,

— mechanical gearbox required, favourable derivability from existing transmis-
sion concepts (“add-on”),

— only one electric machine is necessary. When the internal combustion engine
is being used, it can run at nearly optimum efficiency. If the specific power
output of the engine is higher than that required to overcome the driving re-
sistance, the excess power can be used to charge the battery. If the specific
power output of the combustion engine is lower than that required to over-
come the driving resistance, the electric motor can provide support as long
as the state of charge of the electric energy accumulator allows it. However:
conversion losses must be taken into account!
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Table 3.7. Hybrid classes, from [3.13]

Micro hybrid Mild hybrid Full hybrid
Power of electric motor 2-10 kW 4-20 kW >20 kW
Torque of electric motor <90 Nm <500 Nm <500 Nm
Voltage 1442V >42V 100-650 V
On-board power supply . . .
Combustion engine start/stop . . .
Recuperation . .
Boosting . .
Electrical driving (Duration
depends on size of energy ac- .
cumulator)

e power-split hybrid drive, Figure 3.13c:

— splitting of the combustion engine power output into mechanical and electric
paths,

— summarising gear (planetary gear sets) required for the splitting and
joining of the mechanical and electric power-paths. This electric variator
permits a continuous torque and speed conversion,

— at least two high-performance electric machines are needed. However,
because of their reciprocal power supply, they cannot supply their full
nominal power for boost or recuperation processes.

Micro and mild hybrids are generally built as parallel hybrids. The distinction be-
tween serial, parallel and power-split hybrids pertains to full hybrids.

3.3 Power Output, Combustion Engine Characteristic

Internal combustion engines based on the spark ignition and diesel principle will
retain their dominant position in automotive engineering for the foreseeable fu-
ture.

The key features of spark ignition engines are the high power/weight ratio,
good performance and low combustion noise. The disadvantages are the quality of
fuel required and the high part-load consumption.

The economy of the diesel engine is based on its low consumption, especially
in the part-load range, its low maintenance requirement (no ignition system), the
low fuel quality required and its good gaseous emissions ratings. The disadvan-
tages are the level of particulate emissions, higher noise than SI engines, irregular
running due to higher compression, the lower engine speed spread (Muyax/fimin), the
low power output per litre, and the resultant greater weight and higher price.
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The higher capital cost means that a diesel engine only becomes economical in
vehicles which do a high mileage. Almost all commercial vehicles use diesel en-
gines.

While turbocharging has long been dominant with diesel engines, supercharg-
ing has also become widespread in spark ignition engines since 2005. One line of
development is seeking to downsize to reduce fuel and emissions, another seeks to
increase driving performance (sports cars). Table 3.8 shows typical torque values
per litre.

3.3.1 Torque/Engine Speed Characteristic

There are two typical characteristic curves to describe the engine characteristic of
combustion engines. One is the torque/engine speed curve at full load (100% ac-
celerator pedal position) and the other is the corresponding full-load power curve
(engine characteristic). Figure 3.14 shows the map of an internal combustion en-
gine and the characteristic points of the full load characteristic curve. The maxi-
mum braking torque (0% accelerator pedal position) increases almost linearly with
engine speed to a maximum of approx. 30% of the nominal torque T5,.

Various measures are used to facilitate comparison of different engines. Key
variables are torque increase (torque elasticity)

7= (3.24)

and the engine speed ratio (engine speed elasticity)

v——n"
vt (3.25)

max )

An engine is considered to have greater elasticity the greater the product z v is.
This is apparent in the form of better engine power at low and medium engine
speeds, which in turn means less frequent gear changing.

Table 3.8. Typical torque per litre swept volume of passenger car engines.
*) complex turbocharging technique

Typical torque values (Nm//)

Without With Sport engine®
turbocharging turbocharging P &
Spa'rk ignition 100 150 200
engine
Diesel engine - 170 250
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Fig. 3.14. Characteristic curves of an internal combustion engine

Different engine characteristics can be achieved by varying the engine design. A
distinction is made in principle between three typical characteristics (Figure 3.15).
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3.3.2 Engine Spread, Throttle Map

The spread of the engine is an important variable influencing the interaction of the
internal combustion engine with the transmission (Chapter 5). In its function as a
speed and torque converter, the transmission has a range of ratios: the overall gear
ratio (Section 4.2.1). It is defined as the quotient of the maximum and minimum
transmission ratio.

The engine spread refers to an engine’s speed and torque range. Vehicles with
powerful engines accordingly have a large torque spread. Diesel engines have a
lower maximum speed than spark ignition engines and accordingly have a smaller
engine speed spread. Figure 3.16 shows the characteristic diagram of two passen-
ger car engines. The engine shown on the left is a spark ignition engine without
supercharging; the one shown on the right is a turbo diesel engine with intercooler.

The diesel engine has a smaller speed spread than the spark ignition engine, but
a greater torque spread. The transmission ratios have to be selected to accommo-
date this. The spread of the engine and the overall gear ratio (in combination with
the stepping between gear ratios) are the main factors determining the functional
characteristics of the vehicle.

The driver uses the accelerator pedal to indicate the power desired from the en-
gine. When the accelerator pedal is fully depressed (100%) this corresponds to the
engine full-load curve, and when the accelerator pedal is not depressed (0%), to
the thrust characteristic curve. Figure 3.16 shows the lines for the same accelerator
pedal position for the two engines. The almost equidistant pattern is typical of die-
sel engines. The term “throttle valve angle” is often used instead of “relative ac-
celerator pedal position”. A throttle valve angle of 90° then corresponds to the en-
gine full-load line. Diesel engines do not have a throttle valve for preparing the
mixture, so the term “relative accelerator pedal position” or “control rack travel”
is used.

200
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Nm | position %1 00 % position 100 %
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Fig. 3.16. Passenger car engine performance maps, accelerator pedal position (throttle
map). a Spark ignition engine; b turbo diesel engine with intercooler



98 3 Mediating the Power Flow
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Fig. 3.17. Consumption map of a spark ignition engine. Absolute consumption b, in g'h

3.3.3 Consumption Map

The fuel consumption of a stationary internal combustion engine can be repre-
sented as a function of engine speed and torque. A consumption characteristic dia-
gram of this type is shown in Figure 3.17; the absolute consumption b, is shown
in g/h. It increases rapidly with the engine output. If the specific consumption b, is
shown in g/kWh, the term “onion diagram” is used (Figure 3.18). There is a
minimum consumption b, just below the full-load characteristic curve in the
lower engine speed range. The precise position depends on the engine. In the case
of spark ignition passenger car engines the minimum consumption is around
250 g/kWh, with passenger car diesel engines it is around 190 g/kWh and with
commercial vehicle diesel engines it is as well around 190 g/kWh.

In the engine map the effective average pressure py, in the cylinder is often
plotted instead of the engine torque. The following relationship applies

Iy 2rx . 2

- with i= ,
Vi i number of strokes

(3.27)

me

(1 bar = 10° N/m?), where V}; is the total swept volume in m’. In four-stroke en-
gines i = 0.5.

Like the engine characteristic the consumption map is an important basis for
matching engine, transmission and vehicle. The transmission exploits the fuel-
efficient areas of the engine performance map. Figure 3.18 shows the contour lines
of constant specific fuel consumption b. (onion curves) as well as the
torque/engine speed curves at a constant engine output (demand power hyperbola)
T(P = const). In this way the same engine output can be achieved at different
torque/engine speed values — points / and 2 in the engine map — and thus also
with different levels of fuel consumption.
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Consumption map of a 2.0 litre spark ignition engine with 111 kW

A minimum fuel consumption point can be found on any power hyperbola. The
curve passing through these points is the minimum fuel consumption curve.



4 Power Conversion: Selecting the Ratios

The transmission puts the engine to work

Chapter 3 dealt with the relationship between the power available from the engine
and the power requirement arising from driving resistance. The torque/speed pro-
file of the internal combustion engine is not suited to use in motor vehicles (see
also Section 2.3.2 “Why do Vehicles Need Gearboxes?”). Output converters are
needed for the final output to approximate as closely as possible to the ideal en-
gine characteristic with P,,, = const over the entire engine speed range. Clutches
serve to adapt engine speed, transmissions serve to adapt both speed and torque.
The conversion ratio is determined by theoretical and practical engineering con-
straints, which depend in many cases on the application.

The basic design of the transmission involves first determining the maximum
and minimum ratio, i.e. the “overall gear ratio” of the transmission, and then se-
lecting the intermediate ratios. Chapters 4 and 5 deal with the selection of these
key features. They are the basis for the calculation, engineering and design of

components (Figure 4.1).
. Mediating the
Chapter. Power Flow

ST, . Power Conversion:
Optimisation involving:

b Selecting the Ratios
— Road testing _
— Test bench testing Matching Engine and
— Computer simulation q Transmission

CONCEPT
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V.

LAYOUT AND DESIGN

|
4 4 8 B o

DEVELOPMENT
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Gearwheels Shafts Shifting Moving-off Bearings,
mechanisms elements housing
etc.

Fig. 4.1. The ratios selected are the key features of the transmission, and thus form the basis
for subsequent development work

H. Naunheimer et al., Automotive Transmissions, 2nd ed.,
DOI 10.1007/978-3-642-16214-5 4, © Springer-Verlag Berlin Heidelberg 2011
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4.1 Powertrain

In vehicles with internal combustion engines, the output conversion between the
engine and the drive wheels is achieved by the combined action of the assemblies
of the powertrain. Figure 4.2 shows the hierarchical structure of the various ratios
in the powertrain, starting from the total powertrain ratio i5. The total ratio of the
powertrain is derived from the ratio is of the moving-off element, the ratio ig of
the transmission and the final ratio i,

iy =ig i ip - (4.1)
The ratio of output speed n, to input speed n; of a powertrain component is de-

fined as speed conversion v,

v="2 4.2
= (42)

The torque conversion u represents the ratio between the output torque 7, and the
input torque 7 of a powertrain component,

T2
= (4.3)
Tm (nw) | in
‘ I : 1
is iq i
% ‘ | I : 1 | I_I_I
E } I igv iGH iGN If'E,v iEaA  IEN
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Fig. 4.2. Hierarchical structure of the powertrain ratio i, using the example of a commercial
vehicle with standard drive, i.e. front-mounted engine with rear-wheel drive
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The term ratio of i # 1.0 should only arise when there is both speed and torque
conversion. In this case

z’=n—', if u>1.0. (4.4)
ny

Master clutches convert only rotational speed, i.e. is = 1.0. Hydrodynamic torque
converters convert both rotational speed and torque, is > 1.0. Torque converters
are discussed in Section 10.4. The discussion below is based on a dry clutch as the
standard moving-off element.

The gearbox ratio ig constantly adapts the traction available from the engine in
steps — or better in an infinite number of steps — to the traction hyperbola for
P..x = const (see also Figure 2.20). Range units are fitted on the input (igv) or out-
put (ign) side to increase the number of speeds where the vehicle needs a broad
overall gear ratio, such as commercial vehicles and off-road vehicles. The balance
between performance and fuel consumption is achieved by adjusting the final ratio
ig, which is especially important for commercial vehicles.

4.2 Total Ratio and Overall Gear Ratio

The powertrain has to offer ratios between engine speed and road wheel speed
enabling the vehicle to

¢ move-off under difficult conditions,
e reach the required maximum speed and
e operate in the fuel-efficient ranges of the engine performance map.

The maximum ratio required i max 18 fixed by the first condition. The second con-
dition gives the maximum road speed ratio ia(Umaxm). The smallest powertrain ra-
tio iamin 1S given by the third condition. Figure 4.3 shows the speed spread of a
transmission in a diagram of velocity against engine speed. The engine speed
range (primary side) is “spread” by the transmission to the speed range of the sec-
ondary side. The operating range extends between the ratio boundaries.

Increasing speed limits and traffic density are reducing the importance of maxi-
mum speeds of passenger cars. By the same token, acceleration performance is
gaining in importance.

A wide overall gear ratio is particularly important for heavy passenger cars
with powerful engines and a low drag coefficient [4.1]. They need:

e a high stall torque ratio is max for moving-off and accelerating and
e alow minimum ratio i i, for low engine speeds at high road speeds to reduce
fuel consumption.
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Fig. 4.3. Velocity/engine-speed diagram, overall gear ratio

4.2.1 Overall Gear Ratio ig tot

The overall gear ratio of the transmission, often referred to as the range of ratios,
is the ratio between the largest and smallest ratio
_ iG,max i]

Gt == —=—, withthe gearsn=1toz. 4.5)

1

lG,min z

The overall gear ratio depends on:

e the specific power output of the vehicle (Ppax / (15 + Mpayicaa) in KW/t),
o the engine speed spread (see Section 3.3.2) and
o the intended use.

Vehicles with a low specific power output, such as commercial vehicles, need a
larger overall gear ratio. The same applies for vehicles with diesel engines, which
have a small engine speed spread. Reference values for overall gear ratios of vari-
ous vehicles are shown in Figure 4.4.

For passenger cars in particular it is necessary to consider that:

e However great the overall gear ratio is, the transmission can only move the
operating point on the demand power hyperbola (see also Figure 3.18).

e The most fuel-efficient range cannot be exploited by a passenger car with a
powerful engine travelling on the level at moderate speeds since there is
insufficient power required.

¢ The engine and all powertrain components have to fit together: powertrain
matching, see Chapter 5.
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Fig. 4.4. Reference values for overall gear ratios for various types of vehicle. In the case
of automatic transmissions, the conversion of the torque converter (. = 2...3) has to be
added

4.2.2 Selecting the Largest Powertrain Ratio ia max

The greatest traction requirement must be known to determine the ratio of the gear
with the largest torque multiplication. The friction limit — i.e. the maximum force
that can be transmitted between the tyres and the road — is a physical limit and
must be taken into account when establishing the traction Fz 4 at the road wheels
(see Equation 3.9)

FZ,A < FZ,max =puy R.

Table 3.2 gives static friction coefficients uy for certain operational conditions.
Air resistance may be ignored at the speeds anticipated in the lowest gear. At the
drive wheels a balance must be struck between the maximum requirements of ac-
celeration, gradient, road surface, payload and trailer load:

Maximum traction available 7 , = Maximum traction required F 5

. 1 .
TM,max lA,max Thot —— =M &§ (fR COs g +SImM aSt)+ mg Aa. (46)
dyn
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The largest ratio ia ma., Often called the stall torque ratio, depends mainly on the
specific power rating (kW/t) of the vehicle. Two extreme conditions may be con-
sidered:

e The maximum gradient that can be climbed at an acceleration of @ = 0 m/s’.
Climbing performance, Section 5.2.2 and

e The maximum acceleration on the level.
Acceleration performance, Section 5.2.3.

The stall torque ratio for passenger cars and commercial vehicles designed for
maximum gradability is, from Equation 4.6:

. _rdyn mg g(fR COSG‘St"'Sino{St)
lA,max - .

4.7)
TM,max Mot

The dynamic wheel radius rg4y, of most common tyre sizes is shown in Table 3.3.
Reference values for 74y, are: = 0.3 m for passenger cars and = 0.5 m for commer-
cial vehicles. Reference values for the rolling resistance coefficient fz are shown in
Table 3.1. A climbing performance of ¢',,x greater than 50% is normally required
for an unladen passenger car. This ensures that a trailer can be towed and steep
ramps overcome with ease.

Acceleration performance depends not only on the stall torque ratio, but also to
a significant degree on how closely the gears approximate to the traction hyper-
bola. The acceleration performance required depends very much on the brand im-
age of the vehicle.

The largest ratio in commercial vehicles is often dictated by the vehicle’s in-
tended use. For example, building site vehicles and road sweepers have gears for
extremely slow movement (U..,y1). Using the kinematic relationship

V=R Ty (4.8)
the crawler gear in a commercial vehicle is given by

T
3.6— iy min T
~ 30 M,min “dyn (49)

lA,max -
(%

crawl

where Ry min 1 in 1/min, 74y, is in m and Uery in km/h. These very high-ratio gears
are known as crawler gears.

4.2.3 Selecting the Smallest Powertrain Ratio ia min
Assuming there is no slip in the power transmission from wheel to road and that

the (desired) maximum speed is reached at maximum engine speed, then the
smallest powertrain ratio is given by
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T
365
7730 MMmax T (4.10)
ZA,min - v .
max

where Ay max 1S in 1/min, 74y, in m and Uy, in km/h.

Commercial Vehicles:

The limiting factors of legal speed restrictions and diesel engine cut-off speed
mean that the maximum speed will often be a design parameter when developing
commercial vehicle powertrains. The design ranges for commercial vehicles in
Europe arising from the maximum permissible speed v, are shown in Figure 4.5.

Passenger Cars:

There are various factors to be considered in selecting the smallest ratio. One fac-
tor is the high proportion of duty time spent in the highest gear, which can be
more than 80% in the case of passenger cars. Depending on the type of design se-
lected, a distinction is made between:

1/ Omax — Opfim“m d@Sig}’lI iA,min = iA(vmax,th)s
2/ overrevving design,
3/ underrevving design.

1/ Vimax — Optimum Design

In order to convert the maximum engine power installed in the vehicle into maxi-
mum performance, the required power curve Pz must pass through the point of
maximum engine power available Pz amax (= Py) [4.3]. This is called the design
point 4, Figure 4.6. It represents the maximum speed v, 1 theoretically available
(¢' = 0%; no wind). The acceleration reserve and fuel consumption in top gear are
also important factors in the case of passenger car transmissions.

140+
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S “TIETT 2T s 11
o2 ] =] =
2 4048 oS S E e
1|~ S = c i
] ~ x 7] -
201 § S 58 £ g
1 [ = 0= =] -
0

Fig. 4.5. Design speeds for determining i min for commercial vehicle powertrains. The
maximum speed data relates to Germany
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e excess power available Pz, is a measure of acceleration reserve, and the en-
Th lable Pz, f lerat , and th
gine speed ny serves as a measure for fuel consumption (Figure 4.6).

2/ Overrevving Design

The power available and the power required intersect in the declining section of
the power supply curve Pz, as shown in Figure 4.6, Point B. The speed U
which can be achieved at this point with an overrevving design is less than v,y 4.

The powertrain ratio iapmin 1S greater than iay min = iA(Umaxm)- This is achieved
by increasing the ratio of the highest gear i, or the final ratio ig. Since the engine
speed is then higher for a given road speed, the operating point moves into the
range of higher fuel consumption on the engine map. The high level of excess
power Py gy, makes this arrangement preferable for sports designs.

3/ Underrevving Design

The power available and power required intersect on the rising section of the
power supply curve, point C.

110 | ‘
Pz amax = Pmax Ntot
kW
L d
90 '/‘ ]
T
PZ,A at: ,/ |/ :
o /7 oy - =
s |, i L] |
3 in2,min = 3.7 N Y= =S
e "/ B QTF e
7/ R 5
70 4 // P u E
inmin =325 & Q / 1
7 %
4 I E Key:
1/ At Vinax th
iA3,min 42-7 Pzs — ==— 2/ Overrevving
/" | — — — 3/ Underrevving
50 1< | A [ !
110 130 150 170 190 210 km/h 250
T Velocity v

i 3161 3736 4310 | 4885 5460 6034  1/min
nva 3599 4253 4907 | 5562 | 6216
nva 2626 3104 3581 4058 | 4536 5014 5491 5968

Engine speed ny

Fig. 4.6. Selecting the ratio in top gear for passenger cars. The excess power and associated
engine speeds are highlighted for a speed of 170 km/h.
Design: 1/ at Upaxm; 2/ overrevving; 3/ underrevving
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In this case the powertrain ratio ia3mm 1S less than iz(vmaxm). The reduction in en-
gine speed is the important feature of this design. The operating point moves into
an area of improved fuel consumption. There are various approaches to reducing
the powertrain ratio in the underrevving design, as follows:

o increase the overall gear ratio with the same number of speeds (Figure 4.7b),
¢ reduce the final ratio (“long axle design” — Figure 4.7c) and

e increase the overall gear ratio by increasing the number of gears — overdrive —
(Figure 4.7d).

Figure 4.7 illustrates these approaches using the example of a passenger car pow-
ertrain with a 4-speed gearbox. The basic design is a powertrain optimised for
Umax.h (Figure 4.7a).
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The effect of increasing the overall gear ratio with the same number of gears is to
create relatively large gaps in the power output, thus reducing the vehicle’s accel-
eration performance. Increasing the final ratio (“long axle design”) with the same
overall gear ratio leads to a smaller stall torque ratio, and thus to reduced climbing
performance and increased clutch stress when moving-off. For this reason, manu-
facturers now add a Sth and 6th gear (overdrive, economy gear) to the conven-
tional 4-speed manual shift gearbox. Most top gear designs reduce engine speed
by 10-20%, compared to the 4-speed design.

The fifth and sixth speed on manual passenger car gearboxes can be designed
as overdrives to reduce engine speed. Alternatively, they can provide a closely
stepped sports gearbox in which the increased number of gears serves to approxi-
mate more closely to the traction hyperbola and thus enhance performance.

4.2.4 Final Ratio

The final ratio i selected adapts the handling characteristics and fuel consumption
to the intended function, and is particularly important for commercial vehicles.
For example trucks and buses operating mostly in flat terrain are fitted with longer
axle designs than those operating in hilly regions. The longer axle design (ig jong <
iEnorma1) T€duces the engine speed at normal driving speed, but also the excess trac-
tion in all gears (Figure 4.7c¢).

The final ratio achievable in a single stage is 2 < ig < 7. Larger ratios are
achieved with an additional ratio stage in the final drive.

The various ways of designing the final ratio are listed systematically in Sec-
tion 6.8. Section 12.3 describes some examples of final drives currently in use.

4.3 Selecting the Intermediate Gears

The relationship between the ratios of two neighbouring gears, the gear step ¢, is
given by

<—max 4.11
) (4.11)

The transmission stepping should be large enough to enable the next lower gear
(n—1) to be engaged when the maximum engine torque is reached in gear n,
without exceeding the maximum permissible engine speed n,,x (Figure 4.8). The
following aspects should be considered when selecting the gear ratios:

o The greater the number of gears, the better the engine exploits its efficiency by
adhering to the traction hyperbola. But as the number of gears increases, so
does the frequency of gearshifting and the weight and size of the gearbox.
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e The proportion of distance travelled in the lower gears is low, especially in the
case of passenger cars.

e The proportion of distance travelled in each gear depends on the specific power
output (kW/t), the route profile, the traffic conditions and driver behaviour.

o The smaller the gear step ¢, the easier and more pleasant the gearshift action.

e The thermal load on the synchronizer rings is proportional to the square of the
gear step.

In view of these in part contradictory aspects, compromises have to be made in
designing the gearbox. Two formal methods for calculating gear steps have proved
effective in practice:

e geometrical gear steps and
e progressive gear steps.

4.3.1 Velocity/Engine-Speed Diagram

The velocity/engine-speed diagram gives a good overview of appropriate configu-
rations of the transmission ratios. It is often referred to as a gear plan or saw pro-
file diagram, and has the road speed plotted against the engine speed for each gear
n, fromn=11toz.

140 l
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Fig. 4.8. Velocity/engine-speed diagram of a bus with 8-speed transmission, with range-
change unit. Maximum road speed in the diesel engine governed range
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Figure 4.8 shows the velocity/engine-speed diagram for a bus with an 8-speed
transmission with range-change unit. The gearbox is geometrically stepped (see
Section 4.3.2).

The maximum speed is reached in 8th gear in the “governed range” of the die-
sel engine (see also Figure 5.6). The saw profile diagram shows the earliest upshift
possible without stalling the engine and the earliest downshift possible without
exceeding the maximum engine speed.

4.3.2 Geometrical Gear Steps

In the geometric design the gear step ¢ between the individual gears always has
the same theoretical value

P =" G0t - (4.12)

The ratios of the individual gears n =1 to z is then given by

i, =i, gy ™. (4.13)

In practice the gear step will vary slightly from ¢, (Figure 4.8). The approxima-
tion to the effective traction hyperbola F 4. is equally good in all gears (Figure
4.9a). The difference in maximum speed between the gears consequently increases
with each shift to a higher gear.

Geometrical gear steps are most common in commercial vehicle gearboxes; the
lower specific power output means all the gear steps are of equal significance.
Multi-range transmissions (Figure 4.8) have to be stepped geometrically to make
all ratio steps the same size, preventing individual gears from overlapping (see
also Section 6.7.1 Number 2/ “Multi-Range Transmissions™).

4.3.3 Progressive Gear Steps

Progressive gear steps are used for passenger car transmissions. The higher the
gear, the smaller the gear step. Figure 4.9b shows the progressive transmission
stepping in the traction diagram and the velocity/engine-speed diagram (saw pro-
file diagram). This shows clearly how the difference between the gear maximum
speeds remains roughly constant with progressive gear steps. In the traction dia-
gram the gaps between the effective traction hyperbola and the traction available
are reduced in the top gears.

In the speed range relevant to passenger cars, this is reflected in improved shift-
ing comfort (smaller ¢), and in improved acceleration performance. The high level
of excess power available in the lower speed range of passenger cars means that
larger gaps in the traction availability are acceptable.

Given the overall gear ratio ig . and the selected progression factor ¢,, the base
ratio change ¢; can be calculated thus:
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1 .
P =2 05 () [Gitot - (4.14)
2
The ratios i, in the gears n = 1 to z are found to be
l.n — Z.Z §0|(Z_n) w;)S (z—n) (z—n—]) ) (415)
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p>=10to 1.2.
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Fig. 4.9. Gear steps. Effects in the traction diagram and the velocity/engine-speed diagram
(saw profile diagram). Ratios as shown in Table 4.1.
a Geometrical gear steps; b progressive gear steps
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Table 4.1. a Geometrical gear steps; b transmission ratios of a 5-speed passenger car
gearbox derived by calculation and ultimately built after fine tuning

a) Gear: geom. 1 2 3 4 5
Icaleulated 4.14 2.93 2.05 1.43 1.00
b) Gear: progr. 1 2 3 4 5
Icalculated 4.14 2.54 1.69 1.24 1.00
Tbuilt 4.20 2.49 1.66 1.24 1.00

The above calculation method provides initial values to be used when selecting ra-
tios. The gear ratios need to be adapted to the vehicle by a process of fine adjust-
ment involving bench tests, road tests and computer simulation of field conditions.
Design and manufacturing constraints have to be taken into account.

Other testing and acceptance conditions, such as fuel consumption and exhaust
emissions, may also be significant in particular cases. Table 4.1 gives an example
of the design of a passenger car transmission. The progression factor is ¢, = 1.1
and the base ratio change is ¢ = 1.24.

4.4 Ratio Variation in Continuously Variable
Transmissions

Continuously variable transmissions are torque and speed converters whose ratio
can be continuously varied without interrupting the power flow. In combination
with an intelligent engine/transmission control, continuously variable transmis-
sions make it possible to exploit the engine performance characteristic curve more
fully.

Engine torque and speed may be freely selected with a continuously variable
transmission, but they must be located on the current demand power hyperbola
and in the operating map defined by the overall gear ratio (see also Figure 5.13 in
Section 5.3.4 “Continuously Variable Transmissions”). Here the engine speed and
transmission ratio are directly interrelated.

The overall gear ratio of continuously variable transmissions is normally
iGtot = 5—6. They are normally described in terms of their adjustment range rather
than the overall gear ratio. It is possible to achieve continuously variable pulley
transmissions with a larger adjustment range by suitable engineering design (for
example by using several power branches, see Section 6.6.6). The limited torque
capacity of the chain currently restricts its use to vehicles with a transmission in-
put torque of approximately 400 Nm.

The speed of adjustment of the transmission, and thus the change of engine
speed, is a decisive factor in smooth running [4.2]. The adjustment speed is de-
fined as
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dny di
M _ —. 4.16
dr nOutput dr ( )

If the adjustment speed is too high, smoothness of operation suffers. The energy
required to make the adjustment is partly taken from the kinetic energy of the ve-
hicle. This can reverse the sign of the acceleration resulting in “gearshift jolt”,
which the driver finds uncomfortable.

If the adjustment speed is too low, the smoothness of operation is enhanced but
the responsiveness of the vehicle suffers.



5 Matching Engine and Transmission

Apart from design, the main factors affecting the market success of
a vehicle are performance, fuel consumption, emissions and comfort

Chapter 3 dealt with the available and the required power. Chapter 4 then elabo-
rated the principles for selecting overall gear ratios. The purpose of this chapter is
now to consider matching the transmission to the engine and the vehicle. This is a
task in the field of vehicle longitudinal dynamics. The powertrain and its compo-
nents are optimised by means of computer driving simulation and road and bench
tests. The powertrain components — engine, moving-off element, selector gearbox,
final drive etc. — must be “harmoniously” combined. This matching process is
called “powertrain matching”. The main optimisation criteria in this process are

performance,

fuel consumption,
emissions and
comfort.

This adaptation process has to be tackled from both sides, matching the engine to
the transmission and vice versa. In practice, the characteristics of the engine
dominate, and the characteristics of the transmission have to be “adapted” to
match.

“Engine spread” Overall gear ratio Traction available

from the engine/

transmission
combination

Traction
Fz p available
from the engine

7222 .

Velocity v Velocity v

Traction Fz
Traction Fz
Moving-off range

Fig. 5.1. Combined action of “engine spread” and overall gear ratio

H. Naunheimer et al., Automotive Transmissions, 2nd ed.,
DOI 10.1007/978-3-642-16214-5 5, © Springer-Verlag Berlin Heidelberg 2011
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Fig. 5.2. Engine performance map with the characteristic onion curves of constant fuel
consumption of a spark ignition engine. The driving resistance lines for minimum (ia pin)
and maximum (i max) powertrain ratio define an operating map for points representing
unaccelerated driving on a level surface. Vehicle, engine and transmission data as in
Figure 5.3

The transmission mediates between the engine and the road surface; it adapts the
traction available to the power required, ensuring the desired performance. For
this purpose, the speed range of the engine is mapped to a wheel speed range or a
road speed range. Similarly, the torque range of the engine is mapped to a torque
or traction range at the wheels. The speed and torque range of the engine should
be referred to as the “engine spread” as discussed in Section 3.3.2. Engine spread
and the overall gear ratio together form a field of possible traction at the wheels
(Figure 5.1). The transmission enables the most fuel-efficient operating regions of
the engine to be exploited (Figure 5.2).

Fuel consumption is influenced greatly by the gear ratio and the final ratio
specified, as well as the gearshift points selected. During unaccelerated driving on
a level surface, there can be “discrete” operating curves (with geared transmis-
sions), or a whole operating map (with continuously variable transmissions), be-
tween the driving resistance lines, 7g, for the minimum and maximum powertrain
ratios. With geared transmissions the operating points lie at the intersections of the
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ratio-dependent driving resistance lines and the lines showing engine power avail-
able T'(P = const). But the operating points can only lie within the specified field.
The operating map shifts on uphill and downhill runs and when accelerating, be-
cause of the changing driving resistance.

In geared transmissions, the most favourable consumption area of the driving
resistance curve is usually only covered by top gear. Figure 5.2 shows how an en-
gine power of 40 kW, T(P = 40 kW), can be produced during unaccelerated
movement on a level surface (¢ = 0 m/s® and ¢’ = 0%) fuel-inefficiently in 3rd gear
at point I: b.~ 350 g/kWh, or fuel-efficiently in Sth gear at point 2: b.=
270 g/kWh. The ratio of the highest gear has been selected to be fuel-efficient
when the driving resistance curve comes as close as possible to point by, of low-
est specific fuel consumption. See also Section 3.3.3 “Consumption Map”.

5.1 Traction Diagram

The acceleration and climbing performance in the various gears of the transmis-
sion must be checked. In the traction diagram (Figure 5.3), the traction available in
each gear and the traction required at various gradients are plotted as a function of
the vehicle speed using Equations 3.19 to 3.22.
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Fig. 5.3. Traction diagram with the demand curves for various gradients for a mid-size
passenger car with a spark ignition engine as shown in Figure 5.2
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Fig. 5.4. Performance diagram (derived from the traction diagram, Figure 5.3)

The traction available is reduced by the powertrain efficiency, #.,, which also in-
cludes the effect of losses due to auxiliary units such as servo pumps (see Section
3.1.7).

The power may be calculated by multiplying the traction by the corresponding
speed, and can be shown on the performance diagram (Figure 5.4). The maximum
speed, the maximum climbing performance and excess traction in the various
gears can be found from the traction diagram. The excess traction Fz g, is given by
the formula

Frpx =Fza —Fzp=Fzp —Fp —Fg —FL - F, (5.1

_ T(ny) ia

, 1 5
p Mot —mr 8 (fr COS“St‘*“““St)‘EﬂL Cy Av"—mg Aa .
dyn

The traction diagram shows unaccelerated movement, i.e. when a = 0 m/s%. To in-
terpret the climbing and acceleration performance of a vehicle, the excess power
available at the operating point, F g, can be written in two ways. Usually, to give
climbing performance during unaccelerated movement

Fype =Fza — Fr — FL =myg gsinag (5.2)

and to give acceleration performance during movement on the level

Fypw=Fzp —Fr—FL=mp Aa. (5.3)
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5.1.1 Deriving a Traction Diagram (Example)

Construction of the traction diagram in Figure 5.3 is explained below as an exam-
ple. The procedure can be split into the following steps:

A Determining the Traction Available

1 Specifying the initial dynamic operating parameters:
The following calculations are based on the engine and transmission data
given in Figure 5.3.

2 Selecting some characteristic points on the full load curve:
The full load curve of the sample engine is shown in Figure 5.2. This curve
and the values at maximum torque and maximum power provide the first en-
tries in Table 5.1.

Table 5.1. Design table of the traction diagram (continued)

ny (1/min) 800 | 2000 | 3000 | 4000 | 4750 | 5930 | 6200
Ty (Nm) 115 150 170 175 189 179 170

3 Calculating the associated gear-dependent speeds and tractions:
This is to be carried out as an example for 1st gear with i; = 3.72. From Equa-
tion 4.8

3.6~ nyy (1/min) ry,,
v (km/h) = :

I Ig

V146 (km/h) 7.6 19.0 28.5 38.0 45.1 56.3 58.9

The powertrain efficiency in 1st gear is assumed to be constant. 7, = 0.92.
Using Equation 3.22

T(ny )i i
Fyp (kKN)=—"MELp
Z,A( ) 1000 o Mot

F7 a6 (KN) 42 55 6.2 6.4 6.9 6.5 6.2

4 Entering the traction available/speed values on a diagram:
See Figure 5.3, Fz 5 curve for 1st gear.

B Determining the Driving Resistance Lines

1 Determining the initial values:
The initial values for calculating the driving resistance lines are the vehicle
data given in Figure 5.3. The density of the air p, = 1.199 kg/m’.
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2 Calculating the traction required at several speeds and gradients:
Using Equation 3.20 for unaccelerated movement

1 . 1
F; [kN]:_ mg g(fR COS gy +Sln0‘5t)+5PL cw 4

v? [km/h]
1000 '

3.67
For gradients greater than 10%, the approximations cosag~1 and

sin ag, ~ tan ag, are no longer acceptable. Entering the speed-dependent roll-
ing resistance coefficient fr gives

v (km/h) 0 50 100 150 200 250
IR 0.0124 0.0124 0.0131 0.0145 0.0200 0.0330
F780% (KN) 0.18 0.26 0.48 0.86 1.45 2.29

3 Entering the traction required/speed values on the diagram:
See Figure 5.3, Fzg curve for movement on the level, ¢’ = 0%.

C Reading of Relevant Data

1 Maximum speed:
The maximum speed of the vehicle on a level surface is achieved in 4th gear,
and is approximately 218 km/h. It is found at the intersection of the traction
available line and the driving resistance line for ¢' = 0%.

2 Other performance data:
See Tables 5.2 and 5.3.

5.1.2 Engine Braking Force

“Good braking means faster driving”. This applies in particular to trucks with their
large vehicle weight. Fast downhill speeds are required for trucks to achieve high
average speeds and hence economic transport. Attainable downhill speeds are
those which can be travelled without acceleration and without activating the ser-
vice brake (friction brake). Depending on the type of braking, a distinction is
made [5.11] between

o steady-state braking:

preventing unwanted acceleration on downbhill runs,
o deceleration braking:

reducing speed and stopping if necessary and
o braking at rest:

preventing undesired movement of the vehicle at rest.

In overrun conditions the internal combustion engine delivers braking torque (see
Figure 3.14). The braking torque is essentially the result of pumping work in the
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cylinders. In the case of commercial vehicles, additional continuous service
brakes, an exhaust throttle or retarder for example, can further increase the engine
braking effect. See also Section 11.6 “Vehicle Continuous Service Brakes”.

The engine braking power available F7; 4 is incorporated in the traction diagram
in a similar way to the traction available F7 . F'g 4 is often also referred to as over-
run drag. Power flow in overrun conditions is from the wheels to the engine.
Whereas the traction diagram is calculated from the full load characteristic curve
of the engine when power flow is from the engine to the road (Figure 5.5),

-~
("M)(HRJ Tnia (5.4)

F, ZA ~ tot tot »
T dyn T dyn

in overrun conditions the calculation is from the road to the thrust characteristic
curve of the engine

n
T(ny)=Fpa Tagn [H—RJ Mot » (5.5)
M
Fyp = T(ny) _ T(ny)ia .
’ n Tayn 77 5.6
Tayn ot (l’le et ( )
M

If the variation in the powertrain efficiency #, = function (ratio, speed, torque) is
taken into account in calculating engine braking force, then it must be remem-
bered that the ratio is defined in the direction of power flow. That means that in
overrun conditions “the ratio is reversed”.

The equation of motion for braking is derived from the equations for motion
under power. See Section 3.1 “Power Requirement”. In deceleration braking, i.e.
a <0 m/s%, inertial forces operate. They correspond to the acceleration resistance
F,. During steady-state braking « is equal to 0 m/s”. Braking is supported by roll-
ing resistance and air resistance, which are given a negative sign.

On downhill runs the slope descending force Fy corresponds to the gradient re-
sistance Fg; with negative gradient, g < 0%.

[ Under power
™
™ A
gy
Overrun

Fig. 5.5. Power flow under power and during overrun
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Downhill, the resultant braking force requirement F g at the wheels is given by

Fpp=Fy—F,—Fr —FL. 5.7

The braking force deficit, Fpp, of the engine must be covered by the service brake
or, in the case of commercial vehicles, by an additional continuous service brake
system

FB,D :FB,B _FB,A(nMriA)~ (5.8)

Figures 5.3 and 5.4 are the traction diagram and performance diagram respectively
of a mid-size passenger car with a spark ignition engine. Figure 5.6 shows the
traction diagram of a 16 t truck. The influence of an additional splitter unit in re-
ducing the gear steps can be seen there. The splitter unit enables a better approxi-
mation to the traction hyperbola Fz a.

60
Transmission data: Vehicle data, truck:
kN JSt_ —{ — —| Main gearbox Splitter unit mg 16 t
50 : B
B 1300 -| #1:906  (4g:7.51) owxA: 712 m
30%
) ) dyn': 0.526 m
i:5.25  (bg:4.35) .
40 | p—— ) : Engine data:
o s | F7 Ae ig:3.15 (g :2.61) Tax 883 Nm
C LN 200 | 141212 (as:176) 1 (Tmax) © 1300 1/min
<] . .
-§ 30 \ i5:1.43  (i5g:1.19) Prax 173 kw
= — — — ] - ig:1.0 ig:4.3 N (Pmax): 2100 1/min
3rd e —=
S 0% +——
4th—-._________-- __—______.-——"’—"——.
10 4= . — —— Governed range
th ——
6th — g
| 1 g'=0% T — —
— 6th
e 3raAth ot - 5% -
a |2 —— e
A =l_ @ O
S 10 (3 == —10% =
8 1 ———F—"
o — 5 U D= E
£ Engine braking force, main gearbox:) _ > 1l - — —
g —20 T3NS —— ——| = without
with exhaust throttle valve |l - —20% —
T e e S | — -
0 20 40 60 80 100 km/h 120

Velocity v

Fig. 5.6. Traction diagram of a 16 tonne truck with 6-speed gearbox. Engine braking curves
with and without exhaust throttle valve
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Besides the traction available, Figure 5.6 also shows the curve of maximum en-
gine braking force for each gear. The 173 kW engine has an engine braking power
of 57 kW at 2100 1/min. In Figure 5.6 the engine braking curves where an engine
brake (exhaust throttle) is in use are represented by continuous grey lines. With an
exhaust throttle the engine achieves a braking power of approximately 100 kW at
2100 1/min.

Engine braking force in 5th gear without an exhaust throttle is not adequate to
prevent acceleration when travelling down a 5% slope (Point 7); however this is
made possible by using an engine brake in 5th gear (Point 2). Without an exhaust
throttle the vehicle would have to travel down the slope in 3rd gear at a lower
speed (Point 3).

5.1.3 Geared Transmission with Dry Clutch

Figures 5.3 and 5.6 show the interaction of a combustion engine with a geared
transmission in the case of a passenger car (Figure 5.3) and a truck (Figure 5.6). In
both cases the moving-off element is a conventional dry clutch. In trucks and
buses with powerful engines the maximum speed is often reached in the governed
range of the diesel engine, i.e. beyond the actual maximum engine speed.

5.1.4 Geared Transmission with Torque Converter

The converter test diagram (Figure 5.7) is necessary to determine the traction
curve of a geared transmission with a torque converter of Trilok design. See also
Chapter 10 “Moving-Off Elements” and Section 10.4 “Hydrodynamic Clutches
and Torque Converters”.

140 22 200
SIAN o2 / 7 M
(@]
& o] e [[2], 2 17177
[y i N 5 (0]
@ < E= =]
3] » =) — —
5 80 NN Sties 5oy oS
5 AN ON\IBE B e o S8 0
@ 60 N 114 8 S il S
8 N \ G S 80 N
g 40 NN 12 & “ /
a = 40 74
20 N, 1
[+— Converter range —
0 +—F——+——1— —1-0.8 0 —_—
0 02 04 06 08 1 500 2500 1/min 6500
a) Speed conversion v b) Engine speed n

Fig. 5.7. a Converter test diagram; b engine performance map with torque converter
parabolas. npy = 2000 1/min; v¢ = 0.85
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In the converter test diagram (Figure 5.7a) the pump test torque Tpy (7p2o00), de-
termined at a pump test speed npy = 2000 1/min, and the associated torque conver-
sion u, are shown plotted against the speed conversion v.

The pump torque parabolas at constant speed conversion, the so-called con-
verter parabolas, are added to the engine characteristic graph by using the infor-
mation in the converter test diagram. The converter parabolas span a field of pos-
sible engine operating points. With the 7py values from Figure 5.7a and where
npy = 2000 1/min, the characteristic value of the torque converter then becomes

T
k(v)=—" (5.9)
npy

and from this the converter parabolas may be found

Ty =k(v)n3, (5.10)

where T, = Ty and n, = ny. At the intersections of the converter parabolas with the
full load curve, the speed np and the torque 7p on the engine (or pump) side are
now converted to the speed st and the torque 77 on the turbine side of the con-
verter, where:

S— (5.11)
7 —
| L - Vehicle data:
] Ist __40% - see Fig. 5.3
kN ] —
\ 30% | Engine data:
5 i — see Fig. 5.3

y - =

] _ ~ .

\ — |- Fz.ne 20% Transmission data:
o4 - i1 =366 ip=199
- ] el i3=141 ip=1.0
5 N \\@ — 10% | is=074 ig=345
g TN o =
= | \vm P Converter data:

] < Stall torque ratio:

—_—
2] \)—_—-—f \ Hstall = 2.14
y ath o<’ |
1] T — 5th Lock-up point: vg = 0.85
- x
EEEETIA
g il R A N S
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Fig. 5.8. Traction diagram of the vehicle as shown in Figure 5.3 with 5-speed automatic
transmission and Trilok converter
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For specified v-values the associated values of u can now be read off the converter
test diagram. Using these values, the turbine torque 7t may be calculated as

Tr=uTp. (5.12)

The traction curves can now be calculated from the transmission input values Tt
and nt, as described in Section 5.1.1. v¢ is the symbol for the speed ratio at the
lock-up point. In the converter range of the Trilok converter, for v <vc, ¢ > 1.
The combined action of engine and Trilok converter in a conventional automatic
transmission is shown in Figure 5.8.

Figure 5.9 shows the turbine or transmission input torque curve for full and part
load (lines of equal accelerator position). The lock-up point of the Trilok converter
shifts in accordance with the pump parabola for vc.

For torque transfer, Trilok converters have a differential rotational speed be-
tween the converter pump and the converter turbine even after the lock-up point.
This has a negative effect on fuel consumption.

Closing the torque converter lock-up clutch (CC) — and thus the locking-up of
the vibration-damping converter — is only possible if the torsional vibration in-
duced by the engine in the powertrain does not go beyond the comfort boundary.
“Hard” Trilok converters without a lock-up clutch, which have a steep v¢ parabola
and are operated for long periods of time in the clutch range, are more favourable
with respect to vibration decoupling than converters with a lock-up clutch. How-
ever, with respect to consumption, they are less favourable. Furthermore, hard
converters with a lot of torque response are not suited to turbocharged diesel en-
gines considering their weakness in moving-off. Trilok converters have therefore
generally been equipped with lock-up clutches since the mid-1990s.

vC
Clutch
range

Converter
range
Full-load curve

100 %,

Turbine torque

Accelerator
pedal
position

AY

Turbine speed

Fig. 5.9. Cooperation of engine and Trilok converter at full load and part load
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Lock-up clutch requirements concerning reduction of fuel consumption, shifting
quality, vibration decoupling and improving the vehicle’s movement dynamics
have increased constantly over the years. While it was sufficient until the early
1980s to support the moving-off process with the torque increase of the torque
converter and then to close the clutch in the higher gears at higher speeds, torque
converter lock-up clutches with controlled slip make it possible to extend signifi-
cantly the driving ranges in which the clutch is active.

Modern systems with slip-controlled torque converter lock-up clutches (SCC)
are already switched on in the 1st gear and operate under slip-control in all gears.
This requires sophisticated control concepts as well as design measures with re-
spect to thermal stress and vibration decoupling. See also Section 10.4.6 “Engi-
neering Designs”.

5.2 Vehicle Performance

The performance of a vehicle is defined by its maximum speed and its climbing
and acceleration capability. The performance of a vehicle can be determined by
comparing the traction available and the traction required at any point, as shown in
Equation 5.1.

The procedure for determining the maximum speed, acceleration and traction of
a vehicle is defined in standards (e.g. German standard DIN 70020 [5.2]). The per-
formance data at the point of maximum engine torque, and at the point of maxi-
mum engine power are usually given in order to document the performance of a
vehicle. Table 5.2 shows this for the vehicle used as an example in Figure 5.3. Ta-
ble 5.3 shows some further driving conditions and consumption data for the vehi-
cle travelling at constant speed.

5.2.1 Maximum Speed

The German standard DIN 70020 defines maximum speed as the average of the
greatest speeds in both directions that a vehicle can maintain over a measured dis-
tance of 1 km. The main test conditions are:

o vehicle loaded with half the difference between the gross weight and the un-
laden weight,

e level, dry surface with good grip,

e maximum wind speed =3 m/s and

o the vehicle must travel along the test track in both directions without
interruption.

The maximum speed may be found from the traction diagram at the intersection of
the traction required curve with the traction available curve (Figures 5.3, 5.4, 5.6
and 5.8). The maximum speed in the various gears is determined by selecting the
gear ratio of the individual gears of the gearbox.
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Table 5.2. Performance data of the vehicle used as an example in Figure 5.3. Velocity v,
traction F 5, excess traction Fz gy, climbing performance ¢ 'y,x and acceleration a,, at the
point T = 189 Nm at 4750 1/min and T, = T(Ppax) = 179 Nm at 5930 1/min

Gear v (km/h) Fz 4 (kN) Fzpx (kN) q"max (%) Amax (MJ57)
at at at at at

Toax | To | Toax | Tn | Toax | Tn | Toax | Do | T | T

1 458 | 57.2 6.9 6.5 6.6 6.2 49 46 3.7 34
83.5 | 1043 | 3.8 35 33 3.0 23 21 2.0 1.8
127.0 | 1585 | 2.5 24 1.8 1.4 12 10 1.2 0.9
170.1 | 2124 | 1.9 1.8 0.8 0.2 5 1 0.5 0.1

(O, I N B VS BRI ]

213.2 | 266.1 | 1.5 1.4 - - - - - _

Table 5.3. Driving conditions and consumption data for some constant speeds. Engine
speed nyy, fuel consumption b, and climbing performance g’y

Gear ny (1/min) b, (1/100 km) @ max (%)
at (km/h) at (km/h) at (km/h)

30 60 90 | 120 | 30 60 90 | 120 | 30 60 90 | 120

1 |3112 - — - | 151 | - - - |337| - - —

2 [1706 | 3412 | 5118 | — 85 | 98 [ 115 | — | 157|164 | 183 | -

3 | 1122|2244 3367 | 4489 | 6.8 | 6.6 | 79 | 9.8 | 87 | 103 | 10.6 | 11.3

4 837 | 1675|2512 (3350 | 6.1 | 5.7 | 6.8 | 84 | 49 | 64 | 65 | 6.0

5 - | 1336 (2005|2673 | — 51 | 60 | 74 - 4.7 | 44 | 39

5.2.2 Climbing Performance

Climbing performance is represented by the gradient resistance as defined in
Equation 3.13. Uniform speed (a = 0 m/s°) is assumed when determining climbing
performance, so that the entire excess traction Fz gy, as defined in Equation 5.2, is
available to negotiate the gradient. The maximum climbing performance is given
as

F, Z.ex

mFg.

sm aSt,max =

(5.13)

It is normal practice to convert the angle of slope ag; into road gradient ¢’ in per-
cent (Equation 3.14).
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Fig. 5.10. a Dependence of climbing performance on gear; b acceleration of the test
vehicle from Figure 5.3 dependent on gear

Excess traction as a function of speed can be read from the traction diagram for
the various gears. The climbing performance in each gear can thus be calculated
from Equation 5.13, and plotted in a diagram as a function of speed (Figure
5.10a).

5.2.3 Acceleration Performance

Maximum acceleration on the level (as, = 0°) can be derived from Equation 5.3

FZEX
Apax = - 5.14
: mg A, ( )

The acceleration performance in each gear may be calculated using Equation 5.14
and the gear-dependent coefficient of rotational inertia 4, (Figure 5.10b). In com-
mercial vehicles the lowest gear is often given a high ratio to give the vehicle
good climbing performance, even when fully loaded. The coefficient of rotational
inertia can thus become very large, with the result that acceleration may be better
in second gear than in first.

5.3 Fuel Consumption

Fuel consumption is not only a major factor determining the efficiency of a motor
vehicle, but responsible utilisation of resources and pollution reduction are also
becoming increasingly significant factors.
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The fuel consumption of a vehicle is expressed either as

e consumption per distance travelled b, in / /100 km and
e consumption per unit time b; in g/h.

It can be determined by calculation or by experiment. There are guidelines setting
out the test conditions under which fuel consumption of passenger cars, trucks and
buses must be measured [5.3]. Here too, the main test condition is loading the ve-
hicle with half the difference between the gross weight and the unladen weight.

Real-world fuel consumption figures differ from those of the standard test cy-
cles, due to the effects of driving style and road and traffic conditions, environ-
mental factors and the condition and equipment of the vehicle. The driver has a
major impact: the speeds and gears he selects determine the operating point of the
engine and thus its fuel consumption.

5.3.1 Calculating Fuel Consumption (Example)

The specific fuel consumption b, at any momentary operating point may be read
off the engine performance map with constant specific fuel consumption charac-
teristic curves (Figure 5.2). This requires the engine speed 7y and the associated
engine torque T(ny). The engine speed is calculated from the road speed using
Equation 4.8
Vi
v 277 . (5.15)

The engine torque required 77 g(ny) is calculated from the traction required at the
wheels and the powertrain efficiency, using Equation 3.22,
F7p Tgm 1

Iyg(ny)=—"T"—. (5.16)
lA 77tot

If the engine map shows the effective mean pressure py, in the cylinder instead of
the engine torque or engine power, then Equation 3.27 may be used to perform the
conversion. The required engine power Pz g(7y) 1S given by

1
Pyp(ny)=Fzgv—-. (5.17)
ot

The fuel consumption per unit distance can then be calculated using Equations
5.16 and 5.17:

b, P b, F,
bs: e (nM): e ZB ) (518)
Pruel U Pruel Mot

In this example the fuel consumption at the operating points marked / and 2 is
calculated using the engine performance map in Figure 5.2.
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Example

A vehicle with the data shown in Figure 5.3 is to travel on a level surface at a con-
stant speed of 150 km/h. Given that fz = 0.0145 and p, = 1.199 kg/m’, the traction
requirement at the wheels is 862 N. With a powertrain efficiency of 7, = 0.92 (as-
sumed constant), Equation 5.17 gives a required engine power of approximately
40 kW. If the vehicle travels at this speed in 3rd gear, then operating point / in
Figure 5.2 shows a specific fuel consumption b, = 350 g/kWh. Substituting into
Equation 5.18, with a petrol density of pg, = 755 g/ (Figure 3.17),

350[‘%) 40 (kW)
, __ \kWh

. — :0'124(%j:12'4(ﬁ}
755(?} 150(}1) m m

Driving in 5th gear (operating point 2 in Figure 5.2), b. = 270 g/kWh. Substituting
the traction requirement directly into Equation 5.18

270[g)862 No Ws_ kWh
kWh m km3600 / [
b, = =0.093 p— =93 To0km |
755(%] 0.92
20
1 /
100km
\ LB 4th gear /
16 /
g [7p) 14 L 2 //
&5 ] /7
E"g 12 1= 7 DA/
SR /
§ = 10 s | 2nd gear / / Sthgear |
°% - | /%
E E 8 3rd gear /Iﬁ////
6- - —
4./,
4

0 20 40 60 80 100 120 140 160 180 km/h 220
Velocity v
Fig. 5.11. Fuel consumption related to gear for the vehicle used as an example in Figure

5.3. Operating point /, from Figure 5.2: (150 km/h in 3rd gear) gives a fuel consumption of
12.4 litres/100 km. Operating point 2 on the other hand gives 9.3 litres/100 km in 5th gear
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The driver can thus have a decisive effect on fuel consumption by his gear selec-
tion and the timing of gearshifts. Figure 5.11 shows the fuel consumption of the
sample passenger car in each of the gears. In each gear there is a speed at which
fuel consumption is optimal. Because air resistance increases as the square of
speed, the power requirement, and thus fuel consumption, increases rapidly at high
speed.

In order to use Equation 5.18 to calculate fuel consumption for driving cycles
with varying speed, the cycle must be broken down into small time intervals dur-
ing which acceleration is assumed to be constant. The calculation of fuel con-
sumption for standard cycles and on free routes is an important application for
driving simulation programs. See Chapter 14 “Computer-Aided Transmission De-
velopment”.

5.3.2 Determining Fuel Consumption by Measurement

Fuel consumption is measured either on a roller test bench or in road tests. Three
methods are used:

e gravimetric or volumetric measuring methods,

o flow measurement and

e determining consumption from the carbon balance of the exhaust gas
composition.

Standardised cycles are normally used to assess the consumption and emissions
performance of vehicles (Table 5.4). In these cycles, the most important variable
is the road speed profile, with any stationary periods, plotted over time.

120 | Part 1 Part 2
(ECE = Urban driving cycle) (EUDC)
Ll , 400's
80 4 Basic urban cycle
60 - 195 s
40
s AR IAYA AR
o ALY/ 1N n R | N
a) 200 600 800 1000 s 1200
120 J——Transient phase Stabilised phase
505 s 867 s
km/h -
80 -
60
40
r“\ﬂ VAL
0 ‘ r r r
200 400

b) 1000 1200 s 1400

Fig. 5.12. Road speed profiles of test cycles. « NEDC2000; b FTP75
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Table 5.4. Important driving cycles specified for passenger cars

e From 2011 planned as
cold start and hot start
test

Cycle Time |Length| 0-U | Upa Special features Aim
(s) | (m) |(km/h)|(km/h)
NEDC2000 1180 | 11007 | 33.6 | 120 |e high idling proportion |® Emissions
(EU) (28%) e Consumption
e OBD test
City-Cycle 1372 | 12068 | 31.4 | 91.2 |e Part of FTP75 ¢ Emissions
UDDS ¢ Consumption
(USA)
FTP75 1877 | 17763 | 34.1 | 91.2 e Emissions
(USA) e Consumption
Highway-Cycle | 765 | 16444 | 77.4 | 96.4 |e Determination of fuel |¢ Consumption
(USA) consumption
e Determination of NO,
SC03-Cycle 594 | 5792 | 34.8 | 88.2 |e Start control cycle e Emissions
(USA) e Air conditioning on
e SFTP cycle:
single test or together
with FTP75
US06-Cycle 600 | 12872 | 77.9 | 129.2 | Load cycle e Emissions
(USA) (highway cycle)
e Hot test
e SFTP cycle:
single test or together
with FTP75
New York City | 600 | 1931 | 11.4 | 44.6 |e Running loss test e Evaporation
Cycle measurement
(USA) at passenger
cars with SI
engine
CARB Unified | 1735 | 17699 | 36.7 | 108.1 |e Optional instead of |e OBD test
Cycle FTP75
(USA)
10-15-Mode 660 | 4160 | 22.7 70 |e Hot start test ¢ Emissions
(Japan) e Until 2010 ¢ Consumption
11-Mode 505 | 4083 | 30.6 | 60.0 |e Cold start test ¢ Emissions
(Japan) e Up to 2007 just for SI
engines, from 2007
also for diesel engines
JCO08 1204 | 8200 | 24.4 | 81.6 |e From 2008 planned as|e Emissions
(Japan) cold start test
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Figure 5.12a shows the road speed profile of the European NEDC2000 (New
European Driving Cycle) from the year 2000. This driving cycle consists of 4 con-
secutive basic urban driving cycles of 195 s duration each — the ECE urban cycle —
and of the 400 s EUDC (Extra Urban Driving Cycle). In Figure 5.12b, the profile
of speed over time for the American FTP75 (Federal Test Procedure) test cycle is
shown. This test program consists of a 2-phase UDDS (Urban Dynamometer Driv-
ing Schedule) urban cycle, in which the cycle is first completed (cold transition
phase and stabilised phase), and the first phase (0 — 505 s) is repeated as a hot test
phase after a 10 minute stationary period.

In the USA, the overall fuel consumption of all a manufacturer’s vehicles,
called “fleet consumption”, is regulated by law. There are no such legal require-
ments in Europe yet. However, there is a voluntary agreement between the ACEA
(European Automobile Manufacturers Association) and the EU to lower the aver-
age emission of CO, in new passenger cars to 140 g/km by the year 2008. The
Japanese organisation JAMA and the Korean KAMA have made similar agree-
ments.

Fuel consumption for trucks is normally measured on the road or calculated by
computer simulation. The wide variation in equipment and fittings makes it more
difficult to compare consumption between commercial vehicles than between pas-
senger cars. Calculations are normally based on the engine’s specific consumption
curve at full load. The fuel consumption of the test vehicles is usually also meas-
ured under part load at a series of constant speeds, such as 70, 80 and 95 km/h. For
buses, especially schedule service buses, there are company-specific duty cycle
specifications.

With commercial vehicles there is a goal conflict between road speed and fuel
consumption. One possible evaluation option [5.7] is the efficiency factor:

. . . A
Commercial vehicle efficiency factor = verage speed G

Consump. per unit distance b, - (5.19)

The higher the efficiency factor, the better.

5.3.3 Reducing Fuel Consumption

The transmission affects fuel consumption in two ways. One factor is its own
transmission losses (Sections 2.4.6 and 3.1.7), the other is providing suitable ratios
for fuel-efficient utilisation of engine power. Geared transmissions are now so ef-
ficient that the former offers hardly any prospect of improvement. Transmission
efficiency however remains a significant factor with continuously variable trans-
missions. But the main factor affecting consumption is still the driver!

The main means available for reducing fuel consumption are as follows:

e Optimising the efficiency of the internal combustion engine,
in particular by reducing part-load consumption.

e Appropriate engine performance characteristics, i.e. the vehicle
must be neither over-powered nor under-powered.
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e Reducing driving resistance, for example rolling resistance and drag.

¢ Reducing the power draw of accessories such as servo pumps,
air conditioning etc.

¢ Improving the efficiency of the transmission. This relates principally to
continuously variable transmissions, which includes torque converters.

o Adaptive control of ratio selection by automatic transmissions with various
gear ratios and continuously variable transmissions.

o Traffic management systems to reduce stationary periods.

e Improved driving. Intelligent control systems, which protect the driver
against his own misjudgement. There are many factors involved in
determining how far this “usurping” of control can go.

5.3.4 Continuously Variable Transmissions

Unlike geared transmissions, continuously variable transmissions offer the possi-
bility of selecting engine operating points on the demand power hyperbola accord-
ing to a pre-defined strategy. The operating point is derived from the intersection
of the line 7(P) with the control characteristic curve. In principle any point within
the operating map covered by the overall gear ratio may be selected (Figure 5.13).
In steady-state travel on the level, all the operating points are inside the operating
map.

Transmission efficiency is a decisive factor with continuously variable trans-
missions (which here relates principally to pulley transmissions). It is significantly
worse than that of geared transmissions. This is partly due to the chain itself, but
also the variable displacement and contact pressure pump which the design re-
quires; it is needed to ensure that the taper discs make contact at all power levels.
The efficiency of the engine and the transmission offset each other. You could say
“what the right hand gives the left hand takes away”.

Different control characteristics result, depending on which of the two criteria
is optimised — consumption or performance (Figure 5.13). The control characteris-
tic optimum in terms of fuel consumption is given by the line of minimum fuel
consumption. A control characteristic giving optimum performance gives rise to
high excess traction at every operating point.

The control characteristic chosen is bound to involve a compromise taking into
account driveability. A single control characteristic is not adequate for this pur-
pose. Adaptive strategies are required for changing the ratio in line with the driv-
ing situation. See also Chapter 13.

5.4 Emissions

As with consumption, a distinction can be made in the case of emissions between
those caused directly by the transmission and those which result from the engine
operating point to which the ratio gives rise.
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Fig. 5.13. Engine performance map as shown in Figure 5.2 with exemplary control
characteristics for a continuously variable transmission: consumption oriented,
performance oriented and a compromise solution

The causes and remedies of transmission noise emissions are discussed in Section
7.5 “Developing Low-Noise Transmissions”.

Emissions from internal combustion engines are harmful to the environment.
The chief pollutants are

e carbon monoxide CO,
e nitrogen oxides NOy,
¢ unburned hydrocarbons HC and

with diesel engines also
e soot particulate.

Emissions of the greenhouse gas CO, are proportional to fuel consumption. Emis-
sions for passenger cars are assessed and compared on the test cycles described in
Table 5.4.

In the EU, there have been exhaust gas threshold values for passenger cars
since the beginning of the 1970s and for commercial vehicles since the end of the
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1970s. The threshold values are determined by Directive 98/69/EC. EURO IV has
been valid for passenger cars since 2005 and for light-duty commercial vehicles
(less than 3.5 t) since 2006. Besides the threshold values, the directive also pro-
vides detailed stipulations for the preparations, boundary conditions and test se-
quences necessary for a successful homologation. Table 5.5 shows the example of
exhaust gas threshold values for passenger cars in accordance with EURO IV.

Despite the most modern injection technology and favourable consumption fig-
ures, relatively high NOy and particulate emissions will remain a challenge even in
future diesel engines. One possible solution is the particulate filter. The particle
threshold values for diesel passenger cars are determined with the appropriate
measurement techniques in g/km.

Directive 99/96/EC is valid for heavy-duty commercial vehicles within the EU.
It designates the threshold values EURO IV as of 2005 as well as EURO V as of
2008. Conventional commercial vehicle (larger than 3.5 t) diesel engines are
measured in a stationary test cycle, the European Stationary Cycle (ESC). The
ESC test consists of 13 stationary test phases (13 point test) at varying engine
speeds and load conditions. In these operating points, the pollutant components
are recorded in g/kWh and furnished with a weighting factor. The weighted emis-
sion values of all 13 operating points are then averaged.

Commercial vehicle diesel engines with exhaust gas aftertreatment technology
are, in addition to the ESC, also subject to a dynamic test cycle, the European
Transient Cycle (ETC). The ETC test consists of a series of unsteady, quickly
shifting test phases. For cost reasons, exhaust gas inspection of heavy-duty com-
mercial vehicles is executed on a roller test bench or on engine test benches.

The successful homologation is a first milestone. Of course, the goal is main-
taining low emissions in real operation throughout the vehicle’s entire service life.
One tool for this is “On-Board Diagnostics” (OBD). OBD is a suitable means for
checking emissions by monitoring the functionality of each vehicle component
that is relevant to exhaust gas. If a component fails or shows a malfunction leading
to a decline in exhaust gas values, the MIL (Malfunction Indication Lamp) acti-
vates on the instrument panel and an error code is recorded. The diagnostic func-
tions must be designed such that they are executed frequently, not only during trial
test, but particularly in everyday driving.

The internal combustion engine has the greatest influence on the exhaust gas
behaviour of a vehicle. For this reason, a large part of on-board diagnostics is exe-
cuted in the engine control unit (ECU).

Table 5.5. Exhaust gas threshold values for passenger cars according to EURO IV (limits
for light commercial vehicles are variably higher, depending on the weight of the vehicle)

Passenger cars (6[0) HC HC + NO, NOy Particulate
(g/km) (g/km) (g/km) (g/km) mass
(g/km)
Spark ignition engine 1.0 0.1 - 0.08 -
Diesel engine 0.5 - 0.3 0.25 0.025
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In principle however, every assembly group in the powertrain is relevant to OBD
as soon as it exhibits its own control unit. This brings the transmission into the
OBD’s focus as well. For example, faulty regulation of the torque converter lock-
up clutch of a conventional automatic transmission can have a negative influence
on consumption and exhaust gas. To guarantee proper transmission functions, di-
agnostic routines are constantly running in the transmission control unit that moni-
tor all actuators and sensors for functionality, plausibility and electric faults and, if
necessary, activate replacement or emergency functions. Exhaust gas-relevant in-
formation are also processed and relayed by the program module “OBD manage-
ment” for on-board diagnostics, also causing the MIL to activate. “OBD calibra-
tion” complies with requirements pertaining to both the vehicle and legislation.

The way that the OBD information of the transmission is processed in the con-
trol unit network depends on the vehicle. Figure 5.14 shows an example of the co-
operation of the engine (ECU) and transmission (TCU) control units. Here, “OBD
management” of transmission functions runs independently in the transmission,
while transmission-relevant “OBD calibration” is subdivided between the TCU
and the ECU. MIL activation is controlled solely by the ECU.

In the US, the forerunner with respect to exhaust gas legislation for motor vehi-
cles is CARB, the California Air Resources Board. In the case of California’s
LEV legislation (LEV = Low Emission Vehicle), there are no consistent threshold
values for all new vehicles such as is the case in EU directives. Rather, there are
different threshold values and their gradual implementation. Vehicle manufactur-
ers are obligated to maintain an average fleet emission standard of all vehicles
sold.
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TCU | 0BD calibration [« OBD calibration | ECU

Fig. 5.14. Example of the cooperation of the transmission (TCU) and engine (ECU) control
units during transmission-relevant OBD management. By means of an external diagnostic
tool (scan tool), faults relevant to exhaust gas can be checked and removed
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5.5 Dynamic Behaviour of the Powertrain, Comfort

Customer comfort requirements on the dynamic behaviour of the powertrain are
very high, especially in the case of modern passenger cars and buses. This means
paying particular attention to the vibration and thus, most importantly, the noise
produced by the powertrain. The powertrain is an oscillatory system. The individ-
ual components have different masses, stiffness and damping factors. Mechanical
substitute models of the powertrain can be developed using springs, dampers and
inertial masses (Figure 5.15). The degree of complexity of the model relates to the
purpose of the investigation.

The main source of excitation is the irregular, (considered ideally) sinusoidal
speed profile of the combustion engine (Figure 5.16). The drive torque of the
combustion engine pulsates with the ignition frequency and stimulates these tor-
sional vibrations. It is not the base engine frequency (i.e. engine speed) but rather
its multiple (engine order) that is decisive with respect to torsional vibration. For a
four-stroke combustion engine, the half of the cylinder number comprises the de-
cisive share of torsion oscillation. In the case of a four-cylinder, four-stroke com-
bustion engine for example, the second order is the dominating multiple of the en-
gine speed.
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Fig. 5.15. Simple vibration substitute model of a powertrain
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Fig. 5.16. Internal combustion engine idling. Irregularity of a 1.8 litre four-cylinder diesel
engine during one crankshaft revolution
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With the development of highly dynamic internal combustion engines with better
fuel consumption and emissions performance in recent years, there has been a
sharp increase in the degree of irregularity of engine running. Therefore the vibra-
tion characteristics of the powertrain is becoming more important [5.17-5.18]. See
also Section 7.5 “Developing Low-Noise Transmissions”.

Numerous development and optimisation tasks with respect to consumption and
exhaust gas reduction as well as noise emission guidelines have led to increases in
torsional vibration. This leads in turn, among other things, to further encroach-
ments on passenger comfort due to vibrations and noise in the cabin.

For this reason, measures aimed at minimising these powertrain vibrations are
indispensible. Comfort can be enhanced by tuning and optimising the powertrain
with an eye to reducing torsional vibrations. To this purpose, special significance
is attached to decoupling the combustion engine from the powertrain.

Known measures taken to decouple the internal combustion engine from the
powertrain are:

o torsion dampers in the dry clutch driving plate [5.10],

o dual mass flywheels (DMF) are based on the principle of distributing the
moments of inertia of the flywheel [5.1, 5.5, 5.12],

o hydraulic torsion dampers combine the DMF advantages of mass distribution
with a variable damper system [5.15, 5.16],

o absorber dampers to reduce resonance effects [5.6],

o speed-adaptive dampers allow for a resonance-free compensation of the domi-
nant torques at the crankshaft in the entire speed and load range [5.13, 5.19],

o permanently slipping friction clutch with electronic clutch systems: an elec-
tronically controlled adjusting mechanism filters out vibration peaks by using
controlled slip,

o integrated starter-alternator dampers reduce vibration by arranging an electric
machine on the crankshaft. However, the primary objective of this system is to
provide and to manage electrical energy in motor vehicles [5.14],

o hydrodynamic torque converters with automatic transmissions and

o map-controlled torque converter lock-up clutches [5.4].

Hydrodynamic components in the powertrain (converter, retarder) have very good
damping. For example in vehicles using a torque converter as the moving-off ele-
ment, the torsional vibration of the engine is uncoupled from the transmission. As
soon as the converter is locked-up with a lock-up clutch, the vibration problems
reappear.

The transmission is not just a “passive” component in the powertrain vibration
system. Gearwheel transmissions themselves also cause parametrically excited vi-
brations that lead in turn to noise-creation. These mechanisms are explained in de-
tail in Section 7.5. Vibration is also caused by the power transmission function of
the universal joints as used in drive shafts. Random vibrations are also introduced
to the powertrain (against the direction of power flow) from the road through the
wheel. The complex field of powertrain dynamics is dealt with in greater detail in
the literature [5.8, 5.9].



6 Vehicle Transmission Systems:
Basic Design Principles

The ideal transmission design is determined by the
intended application, systematic thinking and experience

This chapter presents a systematic exposition of basic design concepts for vehicle
transmissions. These principles are related to specific examples in Chapter 12
“Typical Designs of Vehicle Transmissions”.

6.1 Arrangement of the Transmission in the Vehicle

The important decisions at the concept phase of a new vehicle are the type of ve-
hicle (saloon, coupé, sports car etc.) and the type of drive (front-wheel drive, stan-
dard drive etc.). The type of drive has a significant effect on handling, ride com-
fort, economy, safety and space available. There are numerous factors influencing
the design of the transmission, both with front-wheel and rear-wheel and with all-
wheel drive. There are also a lot of known alternatives for the relative position of
the engine, transmission and final drive to each other. These basic configurations
are set out below, based on the classification by transmission and type of use pre-
sented in Table 2.7.

6.1.1 Passenger Cars

The possible engine and drive configurations for passenger vehicles are shown in
Table 6.1.

Table 6.1. Theoretical alternative engine and drive configurations

. Drive
Configuration
Front Rear Front + Rear
Enei Front Front-wheel drive Standard drive All-wheel drive
ngine
& Rear Not feasible Rear-motor drive All-wheel drive

H. Naunheimer et al., Automotive Transmissions, 2nd ed.,
DOI 10.1007/978-3-642-16214-5_6, © Springer-Verlag Berlin Heidelberg 2011
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The dominant technology for road-going passenger cars is currently front-wheel
drive or standard drive. Rear-motor drive used to be common, but is now used
mainly in sports cars. All-wheel drive on the other hand is firmly established in
new designs. Almost every model series now includes an all-wheel drive model.
Because of the variety of designs in use, all-wheel drives for passenger vehicles,

both on-road and off-road, will be treated separately in Section 6.1.3.

The possible combinations of passenger car powertrain components are shown
in the morphological matrix below (Table 6.2). The table also lists design variants

for individual components.

Figures 6.1-6.3 show various configurations of the powertrain and its compo-
nents in the vehicle. Variants commonly encountered in practice are listed below.

Table 6.2. Morphological matrix for passenger car powertrains

Parameter Configurations (passenger cars)
Position of | Front Front Rear Rear
engine — longi- — transverse |— longi- — transverse
tudinal tudinal
Driven Front-wheel |Rear-wheel | All-wheel
axle(s) drive drive drive
Position of | Engine Engine Engine Engine Engine longi-
engine in front of behind above beside tudinal, gear-
relative to gearbox gearbox gearbox gearbox box trans-
gearbox verse (T con-
figuration)
Position of | Engine, Final drive Engine
engine and gearbox and | separate from | separate from
gearbox final drive as | engine and gearbox and
relative to a block gearbox final drive
final drive (standard
drive)
Gearbox/ Final drive Final drive Gearbox and
final drive integrated in | flange- final drive
structurally | gearbox mounted to | separate
combined gearbox
Final drive Spur gears Bevel gears | Bevel gears | Worm gears | Belt drive
— helical — hypoid
bevel drive | bevel drive
Differential | Unlocked Self-locking | Manual Electronic
lock locking locking
Differential | Spur gears Bevel gears | Helical gears | Worm gears
gear
Gearbox Single-stage | Two-stage, Multi-stage,
design e.g. counter- |e.g. three-
shaft gearbox | shaft gearbox
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Fig. 6.1. Front-wheel drive. a Longitudinal engine in front of axle, longitudinal gearbox;
b longitudinal engine behind axle, longitudinal gearbox; ¢ longitudinal engine above axle,
longitudinal gearbox; d transverse engine beside the gearbox; e transverse engine above
the gearbox; f transverse engine behind the gearbox

Front-wheel drive, Figure 6.1:
¢ longitudinal engine in front of the axle, longitudinal transmission (Figure 6.1a),
o transverse engine beside the transmission (Figure 6.1d).

Standard drive, Figure 6.2:

¢ longitudinal engine in the front above/behind the front axle, transmission
flanged to the engine longitudinally, final drive with differential at the rear
axle (Figure 6.2g).

Rear-motor drive, Figure 6.3:

¢ longitudinal engine behind the axle (“rear engine”) (Figure 6.3j),

¢ longitudinal engine in front of the axle (Figure 6.3k).

For rear-motor drive, depending on the position of the engine relative to the axle, a
further distinction is made between rear-engine and mid-engine design.

Fig. 6.2. Standard drive. g (“Standard drive”) Longitudinal engine front-mounted above/
behind the front axle, gearbox flange-mounted longitudinally to the engine, final drive with
differential at the rear axle; 4 longitudinal engine front-mounted above/behind the front
axle, gearbox mounted longitudinally in front of or i behind the rear axle with integral final
drive and differential (transaxle principle)
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Fig. 6.3. Rear-motor drive. j; Longitudinal engine behind axle (“rear engine”);
k longitudinal engine in front of axle; / gearbox and engine in front of axle;
m longitudinal engine in front of axle, transverse gearbox behind the axle

(T configuration); n transverse engine beside the gearbox in front of axle;

o transverse engine beside the gearbox behind the axle

Transaxle design: The term transaxle is a general term for transmission + axle.
This means that the transmission and the axle drive are designed as a combined
unit. The concept accordingly applies to front-wheel drive as well as to transmis-
sions with the final drive mounted at the rear axle. The term as used in Germany is
more closely circumscribed, and relates only to the configuration of front-
longitudinal engine and rear transmission with final drive (Figure 6.2h and Figure
6.21). This incongruity of terms between German and English often leads to mis-
understandings.

6.1.2 Commercial Vehicles

The drive configurations for vans up to approximately 3.5 t gross weight are
closely related to passenger car technology (see Table 2.7). The normal configura-
tions are

¢ front-mounted longitudinal engine in front of/above the front axle,
transmission longitudinally flanged to the engine, final drive with
differential at the rear axle,

e transverse engine beside the transmission.

For trucks with an allowable gross weight of more than 3.5 t, the standard drive
has become almost universal. In this arrangement, the engine torque is transmitted
to the driving axle via a master clutch, gearbox and normally a cardan shaft. Pure
front-wheel drive, i.e. driving the vehicle through the front axle only (steering
axle), occurs only very rarely in some transport vehicle designs and special-
purpose designs. This option is not viable for heavy commercial vehicles because
of the unfavourable front axle load distribution (less than 40% with two-axle vehi-
cles, less than 30% with three-axle vehicles and approximately 25% per front axle
with four-axle vehicles when fully loaded), and the resultant traction difficulties.
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Fig. 6.4. Drive designs for trucks with one or more powered axles.

a 4x2;b 4x2,underfloor engine; ¢ 4 x 4, all-wheel-drive; d 6 x 2, trailing axle;
e 6x2,leading axle; f 6 x 4; g 6 x 6, with drive-through to second rear axle;

h 6 x 6, second rear axle with direct drive; i 8 x 2, trailing axle;j 8 x 4;

k 8 x 6, second front axle driven; / 8 x 6, first front axle driven;

m 8 x 8, with drive-through to first front axle
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With multi-axle vehicles, almost all non-steering axles are driven; in the case of
all-wheel drive (off-road mode) all axles are driven, including the steering axle.
The normal applications for two-axle and three-axle vehicles are shown in Figure
6.4. The designation of the drive variants shown in Figure 6.4 is as follows: over-
all number of wheels (pairs of wheels) x the number of driven wheels (pairs of
wheels). For example: 4 x 2 represents a total of four wheels with two driven
wheels. The engine can be located above or near to the front axle, and in some ap-
plications in the middle of vehicle (underfloor), which gives a favourable weight
distribution.

Buses very often have a rear engine, either longitudinal or transverse. This al-
lows greater freedom for designing the passenger accommodation. Figure 6.5
gives examples of drive configurations for buses. Vehicles for use off-road and on
building sites are almost always equipped with all-wheel drive. The engine is lo-
cated at the front or in the middle of the vehicle, and the drive axles are steering
drive axles at the front, and single or double rigid drive axles at the rear. The drive
is delivered through a transfer gearbox (Section 6.8.5).

Table 6.3. Morphological matrix for commercial vehicle powertrains

Parameter Configurations (commercial vehicles)
Engine and | Front Front Rear Rear Underfloor
gearbox — longi- — transverse |— longi- — transverse
configuration | tudinal tudinal
Number of | One Two Three Four
drive axles
Type of axle |Drive axle Steering axle | Driven Trailing axle |Leading axle
with/without steering axle
drive-through
Drive- Yes No
through to
second axle
Final drive | Bevel gears | Bevel gears | Worm gears | Double bevel | Spur gears
— helical — hypoid gears
bevel drive | bevel drive
Reduction in | Single Spur wheel | Spur wheel | Planetary Planetary
centre drive reduction, reduction, reduction, reduction,
shiftable not shiftable | shiftable not shiftable
Differential | Spur gears Bevel gears | Helical gears | Worm gears
gear
Differential | Unlocked Self-locking | Manual Electronic
locking locking locking
Hub drive, Without hub | Spur gear Spur gear Spur gear Bevel gear
see drive reduction, reduction, planetary planetary
Figure 6.75 external internal reduction reduction
toothed toothed
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Fig. 6.5. Drive designs for buses. a Transverse engine behind axle, transverse gearbox;

b transverse engine behind axle, longitudinal gearbox; ¢ longitudinal engine behind axle,
longitudinal gearbox; d longitudinal engine in front of axle, gearbox flange-mounted
longitudinally to engine; e longitudinal engine in front of axle, longitudinal gearbox;

f longitudinal engine and longitudinal gearbox, trailing axle

In contrast to passenger cars, the drive configuration of commercial vehicles has
little effect on the design of the vehicle transmission. The various possible power-
train configuration options for commercial vehicles can be derived from the mor-
phological matrix (Table 6.3).

6.1.3 All-Wheel Drive Passenger Cars

All-wheel drive technology has established itself increasingly in recent years, for
the following reasons:

e increased climbing performance,

e increased performance (traction) through full utilisation of static friction
(only possible with all-wheel drive),

improved moving-off traction,

more precise handling,

increased payload and trailer load and

identical self-steering properties under different weather conditions

(dry surface, wet, ice and snow).

The principal corresponding disadvantages are greater technical complexity, in-
creased weight (fuel consumption) and increased space requirements.

In addition to dedicated all-wheel drive designs for off-road passenger cars and
special vehicles (e.g. rally vehicles), all-wheel drives have been designed based on
the following drive configurations [6.4, 6.18, 6.31, 6.41, 6.45]:

o front-motor drive with longitudinal engine in front of the axle,
o front-motor drive with transverse engine beside the transmission,



6.1 Arrangement of the Transmission in the Vehicle 147

e standard drive with longitudinal engine over the front axle, longitudinal trans-
mission flanged onto the engine, final drive with differential at rear axle,

¢ rear-motor drive with longitudinal engine in front of the axle (“mid-engine”),

e rear-motor drive with longitudinal engine behind the axle (“rear-engine”).

Figure 6.6 shows these drive configurations. Various alternative all-wheel drive
designs are given in Section 12.4. Figure 6.6 shows that the all-wheel drive design
is very largely dependent on the drive concept of the original vehicle. Further
characteristic features are defined by the objectives when introducing all-wheel
drive. For example a crucial factor for engineering complexity and thus for cost is
whether the purpose of all-wheel drive is to improve handling, or merely to pro-
vide improved moving-off traction. The appropriate type of all-wheel drive can be
selected from the systematic classification of all-wheel drives in Figure 6.7.

The decisive criterion is the type of link between the two axles to be driven.
The power flow between the front and rear axles can be differential controlled or
clutch controlled (“hang-on system”). See also Section 6.8.3 “Differential Gears
and Locking Differentials” and Section 6.8.5 “Transfer Gearboxes”.

1/ Differential-Controlled All-Wheel Drive

In differential-controlled systems, torque is distributed to the front and rear axle
by a planetary gear differential or a bevel gear differential. With planetary gear
differentials, the drive torque can be split to the two drive axles as required, by se-
lecting the ratio. Typical torque distribution ratios between front and rear axle are
50% : 50% to 33% : 66%.
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Fig. 6.6. Drive designs for all-wheel drive passenger cars. ¢ Front-motor drive with
longitudinal engine in front of the axle; b front-motor drive with transverse engine
beside the gearbox; ¢ standard drive with longitudinal engine above the front axle,
gearbox flange-mounted longitudinally to the engine, final drive at rear axle; d rear-
motor drive with longitudial engine behind the axle; e rear-motor drive with longitudial
engine in front of the axle; f* engine and gearbox in front of the axle
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Fig. 6.7. Systematic classification of passenger car all-wheel drives

In bevel gear differentials, the torque distribution is fixed at 50% : 50%. Selecting
a fixed torque ratio between the front and rear axles means the traction distribution
is ideal for only one point, the design point.

The drive torque is thus not split in proportion to the axle load required by the
current driving conditions. If the traction reserves are to be completely exhausted
when there is a high degree of slip (which is theoretically only possible with vari-
able torque distribution between the front and rear axle), the interaxle differential
can be braked or locked. With a locking effect which engages as the speed differ-
ence increases (e.g. visco-lock), handling is not impaired, preventing permanent
distortion of the powertrain such as can occur with positive locks. A TORSEN
transfer differential (TORSEN stands for “torque sensing”) acts in this regard as a
self-locking differential.

2/ Clutch-Controlled All-Wheel Drive

Clutch-controlled all-wheel drives are characterised by the fact that only one axle
is permanently driven. The second axle is engaged manually or automatically as
required. The most inexpensive option for engaging the second axle is to use a
rigid controllable clutch. This system, however, can only be used for moving-off,
since distortion occurs in the powertrain with 100% lock, as in the case of the cen-
tre differential (see Figure 6.76).

The use of a visco-clutch gives another way of linking two axles, building up
the coupling torque between the front and rear axles through viscous friction (slip-
controlled) depending on the speed difference between the front and rear axles.
The transition to all-wheel drive is gradual as the speed difference between the
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front axle (FA) and the rear axle (RA) increases. Permanent distortions in the
powertrain are not possible. The level of coupling torque depends on the clutch
characteristic selected. It can be influenced by the level, viscosity and temperature
of the oil (using silicone oil with low viscosity change with temperature fluctua-
tions). A “soft” coupling characteristic (i.e. low coupling torque with high relative
rotational speed) is desirable to avoid distortions in the powertrain, whereas a
“hard” coupling characteristic (i.e. large coupling torque with small relative rota-
tional speed) is necessary when an axle is spinning. The visco-clutch is protected
against destruction under high load by the Aump effect, i.c. heat-related frictional
engagement between the plates [6.6, 6.33].

The last type of clutch controlled system involves clutches with externally ad-
justable coupling torque (e.g. multi-plate clutches). For this type, the coupling
torque can be selected to match current driving conditions. This enables torque
distribution between the front and rear axles to be adapted to the changes in dy-
namic axle load, i.e. depending on acceleration, gradient, loading etc.

3/ Hybrid Form

A further variant, located between the differential-controlled and clutch-controlled
systems, is all-wheel drive using an “electronically controlled” multi-plate clutch
and a “lockable” differential. This solution gives a high degree of comfort with
identical handling (two-wheel drive) of the basic vehicle. This “traction control
system” however involves a high level of engineering complexity.

Table 6.4. Generations of passenger car all-wheel drives, derived from [6.18].
FA.. Front axle, RA...Rear axle

Generation | Power-split Example of differential- | Example of clutch-
controlled system controlled system
1 FA/RA torque Spur gear transfer
distribution constant | differential
FA/RA torque TORSEN transfer Visco-clutch,
) distribution along differential uncontrolled

system-dependent
characteristic curve

FA/RA torque Transfer differential with | Visco-clutch,
distribution along controlled multi-plate controlled
3
controllable lock
characteristic curve
4 FA/RA torque Vario drive Multi-plate clutch con-
distribution selectable trolled for FA and RA
5 Torque distribution to “Torque-Vectoring”/

each wheel selectable “Torque-Splitting”
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Table 6.5. Morphological matrix for passenger car all-wheel drives

Parameters Configurations (all-wheel drive passenger cars)
Position of | Front Front Rear Rear
engine — longi- —transverse |— longi- — transverse
tudinal tudinal
Concept Manual Automatic Permanent
selection engagement
Torque Rigid clutch |Multi-plate | Centrifugal | Visco-clutch | Transfer
transmission clutch: clutch differential
FA/RA controlled/
uncontrolled

Torque Constant, e.g. | Slip- Controlled
distribution | 50% : 50% | dependent according to

wheel load
Type of Rigid clutch | Self-locking | Visco-lock | Multi-plate | Multi-plate
interaxle dif- differential clutch, clutch,
ferential lock uncontrolled | controlled
Type of Rigid clutch | Self-locking | Visco-lock | Multi-plate | Locking
interwheel differential clutch function
differential activated by
lock brake action
Transfer Spur gear Bevel gear Other
differential | differential | differential
Transfer box | Integrated in | Individual Flange-

gearbox sub-assembly | mounted

onto gearbox
Braking Freewheel Multi-plate
stability clutch

All-wheel drives for passenger cars are often divided into different generations.
Table 6.4 describes the characteristic features of the particular all-wheel drive
generation, giving an example for each. Table 6.5 shows a morphological matrix
for passenger car all-wheel powertrains.

Section 6.8.3 “Differential Gears and Locking Differentials” examines the ne-
cessity, function and design of the various types of differential and differential
lock, including a description of the visco-clutch that acts both as a clutch and as a
differential lock.

6.1.4 Transverse and Longitudinal Dynamics with All-Wheel Drive

Section 6.1.3 lists some of the advantages of all-wheel drive compared to two-
wheel drive. To further illustrate the advantages of all-wheel drive, the longitudi-
nal and transverse dynamics of the vehicle and/or the tyre are examined below.
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Front-wheel or rear-wheel drive All-wheel drive

Kamm circle

Fig. 6.8. Difference between two-wheel drive and all-wheel drive

This requires an understanding of the fundamental connection between circumfer-
ential force and lateral force on the wheel at high lateral acceleration. Wheel load,
wheel load fluctuations, and self-aligning torque and slip angle are ignored for the
sake of simplicity.

Figure 6.8 shows the conditions for a wheel at the friction limit for two-wheel
drive (left) and for all-wheel drive (right). With all-wheel drive the circumferential
force Fu, = Fui/2, given simplified assumptions. The wheel can transmit greater
lateral forces Fs, until it reaches the friction limit at F.

The maximum transmittable circumferential force Fymax is derived from Equa-
tion 3.9 as

Fy max =y R. (6.1)
The maximum lateral force Fg pay 1S

FS,max =py R. (6.2)

When the circumferential force Fy; and the lateral force Fg both occur simultane-
ously, they make up a geometrical sum (see Figure 6.8). To avoid sliding, this
must not exceed Fis = uyg R (Kamm circle). The Kamm circle represents the fric-
tion limit for the rolling wheel transmitting both circumferential and lateral forces
at the same time. The following relationship applies:

Fres:VFlf'i_FSzg/uHR' (63)

6.2 Transmission Formats and Designs

Completed transmissions are distinguished in terms of format and design. Trans-
mission format relates to the morphology or external appearance of the transmis-
sion, or the configuration of input and output.
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Type of vehicle
Drive design

Type of engine
Performance
class

Field of
application

Fig. 6.9. Specification factors for
transmission format and design

The transmission design describes how the main functions of the transmission are
engineered. It relates to the internal configuration. Transmissions can thus have
different designs and share the same format. The format selected for a design de-
pends on various criteria; principally the vehicle design, the type of engine and the
intended use (Figure 6.9).

6.2.1 Transmission Format

The format of the transmission (Figure 6.10) is determined primarily by the posi-
tion of the transmission in the vehicle or in the powertrain (Section 6.1), and any
additional geometrical constraints, such as space limitations. The format is also af-
fected by assembly considerations (both as regards the transmission itself and as
regards its installation in the vehicle), by gearbox housing rigidity and by noise
emissions. Transmissions often comprise several individual gearboxes, which can
also be housed in separate gearbox housings. In this case, the relative position of
the individual housings is an important factor influencing the format of the trans-
mission as a whole.

I H

AN

NN

Coaxial Transmission with Transmission Transmission
transmission flange-mounted with separate with integral
transfer box transfer box axle drive

Fig. 6.10. Examples of different transmission formats
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The format of a transmission concerns the design engineer principally when adapt-
ing or developing existing designs, for example adapting an existing transmission
to a new vehicle with different dimensional constraints.

With standard drive (front-mounted longitudinal engine and transmission, rear-
wheel drive, Figure 6.2g), the coaxial transmission format is used. If there are two
driven rear axles, or if all-wheel drive is used, then a transfer box is needed, which
may be flange-mounted directly onto the gearbox or separate from it.

For front-wheel drive layouts, a transmission format is used in which the axle
drive with the differential is integrated into the gearbox. Input and output are not
coaxial in this case.

6.2.2 Transmission Design

The transmission design is derived from the functional principles applied, to fulfil
the main functions of the transmission. As already indicated in Section 2.3.3, a
vehicle transmission has four main functions: “Moving-off from rest”, “Changing
ratio/rotational speed”, “Shifting/establishing power flow” and “Operating/con-
trolling the gearbox”.

The “Moving-off from rest” function can be carried out mechanically, electro-
mechanically or hydraulically. The “Changing ratio/rotational speed” function can
be carried out using spur gears, planetary gears, hydrodynamic or hydrostatic
transmissions or mechanical continuously variable transmissions. The “Shift-
ing/establishing power flow” function can be divided into the two functional prin-
ciples positive engagement or frictional engagement. The “Operating/controlling”
function can be carried out by manual shifting, automation or an automatic system
with associated control unit.

Their selection depends on the power to be transmitted, considering traction
utilisation and ease of operation. Especially in the case of new developments, the
design engineer has to decide on the design or combination of designs of the
transmission.

Combinations of different designs are, in principle, always an option for carry-
ing out the various main functions. In the last 100 years numerous possible solu-
tions have been proposed for vehicle transmissions. These can be systematically
represented in a morphological matrix (Table 6.6). The main functions are shown
in the four rows of this table, and the associated solution principles applied appear
in the columns. By combining these principles to form a complete transmission,
you get all possible combinations of transmission designs. Not all theoretical
combinations are of significance or relevance in practice.

A preliminary selection can be made by assessing the design under considera-
tion, and other alternatives. This preliminary selection follows on from the con-
cept phase of transmission development.

In multi-range transmissions (Section 6.7.1), these main functions can take dif-
ferent forms for each individual range unit. Each individual range unit must have
the following main functions: “Changing ratio/rotational speed”, “Shifting/
establishing power flow” and “Operating/controlling the gearbox”.
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Table 6.6. Morphological matrix of solution principles for the main functions.
The principles underlying a conventional manual gearbox are highlighted in grey

Principle of operation
Main function
1 2 3 4 5
Enable moving- | Mechanical | Mechanical Electro- Hydro- Hydro-
off from rest Dry Wet mechanical dynamic static
Change ratio/ S Planetary Hydro- Hydro- Mechanical
pur gears . . )
speed gears dynamic static continuous
. Positive- Positive- Frictional- | Frictional-
) ] Positive-
Shift/establish |  epgaged engaged engaged engaged | engaged
power flow . Shifting dog, | Shifting dog, | Multi-plate | Multi-plate
Sliding gears .
synchronized | unsynchron. clutch brake
Operatﬁ;;cont‘rol Manual shift Automated | Automated | Automated | Automatic
- electr./mech. | electr./hydr. |electr./pneum.| electr./hydr.
transmission

Even with multi-range transmissions, only one principle is used for the main func-
tion of enabling “Moving-off”. The number of functional principles and their
physical principles of operation can change as technology advances.

6.3 Basic Gearbox Concept

Geared transmissions are categorised by their technical design or the number of
ratio stages making up the individual gears:

e single-stage transmissions,
e two-stage transmissions and
e multi-stage transmissions.

The term “stage” refers here to a gear pair or the power flow from one gearwheel
to another. A stage generally involves power flow from one shaft to another. Fig-
ure 6.11 shows designs of four-speed countershaft transmissions. The term “coun-
tershaft transmission” is defined in Section 6.4. Single-stage transmissions are
primarily used in front-wheel drive vehicles, since they require no coaxial trans-
mission of the power flow, unlike standard drive vehicles.

In the standard powertrain configuration (engine and transmission in the front,
drive at the rear), the two-stage countershaft transmission with coaxial input and
output shaft is virtually universal.
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Single-stage Two-stage Multi-stage

Input shaft Input shaft Output shaft L_u_l_]'
St | Nl
| e

Output shaft = countershaft | “Intermediate” shaft: countershaft

Fig. 6.11. Configuration of the ratio stages using 4-speed gearboxes as examples

Multi-stage (more than two-stage) transmissions are just as suitable as single-stage
transmissions for front-engine front-wheel drive vehicles. The number of gear
stages they have depends upon the number of gears. The multi-stage design en-
ables short gearboxes to be constructed. Multi-stage coaxial transmissions are
used principally in commercial vehicles with front- or rear-mounted range units
(see Section 6.7.1).

To decide on the type of transmission for a particular application, first the basic
ratio change options need to be defined. The shifting elements involved also by
definition constitute part of the transmission.

6.3.1 Shifting with Power Interruption

The transmission is shifted without load, i.e. the power flow between the prime
mover and the wheels is interrupted during the gear change operation. The vehicle
coasts during the gear change operation. This can entail a loss of speed (Figure
6.12), depending on the difficulty of the terrain (gradient, high rolling resistance).
In order to limit this loss of speed, the shifting operation must not take too long;
the whole gear change operation must therefore be concluded in less than one sec-
ond. For multi-range transmissions this means that the gear change operations in
the individual range units must be carried out within 0.2 to 0.3 seconds (assuming
they are in succession). This is one reason why the number of ranges in a trans-
mission cannot be increased indefinitely, although this would lead to a reduction
in the number of gear pairs needed (see also Section 6.7.1). The requirement for
several individual shifting actions to occur synchronously at the various shifting
points is demanding in engineering terms.

Transmissions with power interruption can be used wherever the application is
such that vehicle speed does not decrease (or on downhill runs increase) signifi-
cantly during the shifting process, and the shifting operation is reasonably practi-
cal for the driver. In addition to manually shifted transmissions, this also applies to
automated transmissions with which the power flow is interrupted by opening the
master clutch when shifting gears.
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Fig. 6.12. Qualitative traction and velocity profile when shifting up with power interruption

In the case of automated countershaft-type truck transmissions, shifting normally
involves power interruption. Vehicle acceleration forces are relatively low, the ve-
hicle mass is high, and ride quality is not the top priority.

6.3.2 Shifting without Power Interruption

As in the case of shifting with power interruption, the transmission ratio is
changed in steps. But in this case, the power flow is not interrupted during the
gear change operation (Figure 6.13).

Such transmissions are known as frictional transmissions or powershift trans-
missions. The transition from one ratio to another is carried out without interrupt-
ing the power flow. The ratios can be engaged under load by means of additional
braking or clutch elements. In this case the gear set which is being shifted out of is
disengaged from the power flow, whilst the new gear set is engaged in the power
flow. There is no reduction in road speed.

A
FZ VE

fg<1s fg<1s
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=

Fig. 6.13. Qualitative traction and velocity profile for upward powershift
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Examples of this type of transmission are automatic transmissions with various
gear ratios (conventional automatic transmissions, countershaft-type automatic
transmissions and dual clutch transmissions, see Figure 1.2).

Powershift transmissions are well suited for fast shifting. Transmissions of this
type are used in heavy vehicles, where vehicles operate in difficult terrain and in
all vehicles where the driver is to be relieved of gearshifting activity. They are fit-
ted both with manual and with automatic gear selection.

6.3.3 Continuously Variable Transmissions without Power
Interruption

Here ratio shifting is no longer in steps, but varies continuously (see also Sections
5.3.4 and 6.6.6). The traction is adapted to the driving resistance without any in-
tervention by the driver (Figure 6.14). This type of characteristic output conver-
sion represents the theoretically ideal solution. Various mechanical variants are
known in the form of friction gears or pulley transmissions which are based on
converting the rotational speed to continuously variable diameters. In addition to
the mechanical variants, there are also hydraulic solutions. The hydrodynamic
converter is the best known example of this.

Hydrostatic transmissions comprising a combination of pump and motor also
provide continuously variable regulation of rotational speed. Usually a hydrostatic
transmission is coupled to a planetary gear to increase the overall gear ratio and to
preselect different operating ranges, some with power-split.

FZ VE

tg<1s fg<1s

— o
-t -

- f
-t o

Fig. 6.14. Qualitative traction and velocity profile for continuously upward powershift
with CVT
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6.4 Gear Sets with Fixed Axles, Countershaft
Transmissions and Epicyclic Gears

Geared transmissions are divided into:

e gear sets with fixed axles and
e epicyclic gears.

These terms relate to the axes of the gearwheels engaged in the transmission. In
the case of gear sets with fixed axles, the positions of the axes of all the gear-
wheels in the transmission are fixed relative to the gearbox housing. In epicyclic
or planetary gear sets, a revolving bar (spider) carries the axes of the planetary
gears.

Countershaft transmissions: The term countershaft transmission [6.30] relates to
a transmission with only one input shaft and only one output shaft, and a counter-
shaft running in a fixed position in the housing (Figure 6.11). Countershaft trans-
missions are thus gear sets with fixed axles. In the case of single-stage counter-
shaft transmissions, the output shaft and the countershaft are combined, so they
could also be called “reduced” countershaft transmissions.

Planetary transmissions: In planetary transmissions there are always three or
more planetary gears on a spider (Figure 6.15) to ensure uniform and lower stress.
The number of planetary gears and the number of teeth on each have no effect on
the transmission ratio; they merely reverse the direction of rotation at this point.
The axes of the planetary gears thus complete a rotational movement around the
main axis of the gearbox.

Gear set with Epicyclic gear
fixed axles

Planetary
gear

G Fixed axles O Rotating axles

Fig. 6.15. Gear set with fixed axles and epicyclic gear
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There are also hybrid designs combining elements of gear sets with fixed axles
and epicyclic gears. Where the location of the spider is fixed, an epicyclic gear by
definition becomes a gear set with fixed axles.

Planetary transmissions provide nine combinations of possible states of motion
in one planetary gear set. These are derived from the fact that in principle the posi-
tion of the ring gear, the spider or the sun wheel can be fixed, to act as a “frame”.
The two remaining transmission components can be used as input or output of the
planetary gear set.

The ratios of the individual states of motion cannot be selected independently
of each other, but are defined by the numbers of teeth on the sun gear and the ring
gear (Table 6.7). This table does not list the three trivial states of motion in which
the transmission rotates as a block. Furthermore, not all transmission ratios are
suitable for use in motor vehicles.

If none of the parts in a planetary gear set is in a fixed position, then it is re-
ferred to as a differential drive, or a summarising gearbox, transfer gearbox or dif-
ferential gear. If several planetary gear sets are linked together, the result is a so-
called coupled gear. This sort of gear makes it possible to achieve different ratios
between input and output, depending on how the individual transmission compo-
nents are linked together and which components are in a fixed position. The com-
ponents are linked together by clutches, and the components are linked to the
housing by brakes.

The great variety of possible ratios available in transmissions with just one
planetary gear set is further substantially increased in coupled gears, but not all the
ratios that can be derived from the transmission are relevant in motor vehicles.
There are other important designs in addition to the simple planetary transmissions
discussed here. You may wish to refer at this point to Section 6.6 and the relevant
literature [6.29-6.30, 6.32].

Table 6.7. States of motion and ratios of a simple planetary gear set [6.29]. The number of
teeth on internal geared wheels is to be entered as a positive value in formula

State of | Type of
motion | gearbox

a)

Planetary step

Input |Output| Frame vatio

b)
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Fig. 6.16. Planetary coupled gear.
a Wilson planetary gear set; b Simpson planetary gear set

Conventional automatic transmissions with various gear ratios are made up of
several individual planetary gear sets. The ratios of the individual gear steps can-
not be freely selected independently of each other, since the same gearwheels are
used for several gear steps. A section from a Wilson transmission and from a
Simpson planetary gear set are shown in Figure 6.16 as an example of such a
planetary transmission.

Planetary coupled gears can also be power-split. Reactive power can also occur
in calculating the power values in the various paths. Reactive power can be envis-
aged as power, flowing in a circuit, which is not detectable from outside. How-
ever, it stresses the components through which it flows, and impairs the overall ef-
ficiency of the transmission. Planetary transmissions can reach very low overall
levels of efficiency, which in extreme cases can even become negative. This
represents transmission interlock, which in certain circumstances can be desirable
if the transmission is not to be moveable from the output side.

6.5 Solution Principles for Part Functions, Evaluation

In the concept phase of developing a transmission, solution principles are estab-
lished; see also Figure 15.13. A large number of transmissions can be created by
combining the individual principles used for the main functions, as shown in the
morphological matrix in Section 6.2 (Table 6.6). The number of viable alternatives
is however significantly reduced when a technical/economic evaluation is carried
out. This can be demonstrated using the example given in Table 6.8 for the main
functions “Enable moving-off” and “Change ratio”. This is given as an example,
and does not claim to be comprehensive.
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Table 6.8. Example of solution principles for the functions “Enable moving-off” and
“Change ratio”. (...not possible; I...very unfavourable; 2...unfavourable; 3...moderate;
4...favourable; 5...very favourable

Solution principles
Function Gear- Pul.ley Friction Fluid Torque Hydfo—
wheel drive clutch clutch converter static

gearbox
Convert torque 5 4 0 0 4
Vary slip 0 0 4 3 3 3
Efficiency 5 4 4 3 3 4
Service life 4 3 3 4 4 2
Reliability 2 3 2 4 4 3
Ease of use 4 2 3 3 3 2
Space demand 5 3 4 4 4 2
Price 5 2 4 2 2 1
Total points 30 21 24 23 27 21

A complete evaluation of all proposed solutions for the main and ancillary func-
tions of the transmission should be carried out after the concept phase. The proper
design phase can begin when this evaluation has been completed.

Table 6.8 suggests that the gear pair commends itself as by far the most cost-
effective element for torque conversion. The disadvantage that this eliminates all
but geared transmissions becomes a secondary consideration. Friction clutches are
still the best available compromise for moving-off and for speed synchronization.
The hydrodynamic torque converter also has many advantages.

6.5.1 Reverse Gear as Example

There are numerous designs for implementing the ancillary function of reverse
gear. Figure 6.17 shows six different variants which can be developed using mor-
phological matrices. Then the possible solutions will be assessed according to dif-
ferent categories.

The required reversal of the direction of rotation of the gearbox output shaft is
usually achieved by inserting an idler gear into the power flow. The general rule
for toothed gearing is that increasing or reducing the number of ratio stages by one
reverses the direction of rotation of the output shaft.

Not all the variants shown in Figure 6.17 are of equal significance in practice.
The following highly simplified assessment in Table 6.9 is intended to highlight
their strengths and weaknesses.

If reverse gear does not use a gearwheel of the forward gears, the cheaper
straight-cut spur gear toothing can be used for reverse, because of the relatively
small proportion of time spent in reverse gear. The resultant increased noise level
is acceptable.
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Fig. 6.17. Alternative reverse gear configurations. a An axial sliding gear is inserted

MS

c)

{i Sprocket
i chain

—iﬁl—cs

between each fixed wheel of the main shaft and the countershaft ; 5 shiftable shaft with
two pinions between a reverse gearwheel of the main shaft and a forward gearwheel of the
countershaft; ¢ the sliding gear is inserted between a fixed wheel of the countershaft and a
toothed sliding sleeve of a synchronizer on the main shaft; d sliding shaft with two pinions
between a forward gearwheel of the main shaft and a forward gearwheel of the counter-
shaft; e reverse gear with intermediate pinion constantly engaged, shifting with sliding
sleeve; f reverse gear using tooth-type chain, shifting with sliding sleeve

Table 6.9. Assessment of various types of reverse gear according to Figure 6.17;

+ advantage, — disadvantage

Solution

Evaluation criterion DD D e D
Easy to synchronize + | +
Can be synchronized at rest + | +

Saves components compared to a) +

No ratio or toothing constraints + + | +
No axial space requirement +

Sufficient shaft clearance to
accomodate the toothing

Reverse gear must be helical cut

Practicability
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6.6 Passenger Car Transmissions

Passenger car transmissions are classified into the following main designs and
formats (see also Figure 1.2):

e manual transmissions (MT),
e automated manual transmissions (AMT),
e automatic transmissions with various gear ratios,
— dual clutch transmissions (DCT),
— conventional automatic transmission (AT) (consisting of a hydrodynamic
torque converter and a rear-mounted planetary transmission),
— countershaft-type automatic transmissions,
e hybrid drives,
¢ mechanical continuously variable transmissions (CVT).

The following will introduce the basic design principles of passenger car transmis-
sions according to the classification above. Table 6.10 shows in summarised form
the transmissions treated in systematic sections 6.6.1 to 6.6.6 and designs sections
12.1.1 to 12.1.6.

Table 6.10. In Sections 6.6.1-6.6.6 as well as Sections 12.1.1-12.1.6 introduced passenger
car gearboxes. FT front-transverse drive; S standard drive; FL front-longitudinal drive;
FLA front-longitudinal all-wheel drive; RL rear-motor longitudinal drive; RT rear-motor
transverse drive; 7CC torque converter clutch; CC converter lock-up clutch

Diagram | Speeds | Characteristics | Configu- | Manu- Name Design No.
Fig.-No. ration | facturer Fig.-No.
6.18a 4 MT, 1-stage FT VW MQ — —
6.18b 5 MT, 1-stage FT VW MQ 12.1 1/
6.19a 4 MT, 2-stage S Getrag | 4-speed — —
6.19b 5 MT, 2-stage S ZF S 5-31 12.2-12.4 2/
6.20a 6 MT, 2-stage S Getrag 286 12.5 3/
6.20b 6 MT, 1-stage FT Opel F28-6 12.6 4/
6.21a 6 MT, 1-stage, FT Getrag 285 12.7-12.8 5/
3-shaft
6.21b 6 MT, 1-stage, FT MB | FSG 300-6 | 12.9-12.10 | 6/
3-shaft
6.22a/b 6 MT, 2-stage S Getrag 217 12.11 7/
6.23a 6 MT, 1-stage FL Audi | ML350-6F 12.12 8/
6.23b 6 MT, 1-stage FLA Audi | ML450-6Q 12.64 8/
6.24 3 AMT, 1-stage, RL VW Built 1967 . o
TCC
6.25a 6 AMT, 1-stage, RT Getrag 431 12.13-12.14 | 9/
multi-range
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Table 6.10. (continued)

6.25b 7 AMT, 2-stage S Getrag 247 12.15-12.16 | 10/
6.26 6 DCT, principle FT VW DSG 12.17-12.20 | 11/
6.27 7 DCT S ZF 7 DCT 50 12.21 12/

6.30— 4 AT, w/o CC FT ZF 4 HP 14 o o
6.31

5 AT, w/o CC S MB WS5A 030 12.22 13/
6.32 5 AT S MB WS5A 580 12.23 14/

6.33 7 AT S MB W7A 700 12.24 15/
6.34 6 AT S ZF 6 HP 26 12.25 16/
6.35 6 AT FT AISIN | TF 80-SC 12.26 17/
6.36 5 Countershaft- FT MB WS5A 180 12.27 18/

type automatic
transmission

6.37— 6 Hybrid, S BMW/ Active 12.28 19/
6.38 parallel ZF | Transmission
6.39 0 Hybrid, FT |Toyota/ P310 12.29 20/

power-split Lexus

6.41 o0 CVT, o - o - o

toroid principle
o0 CVT, FL Audi | Multitronic 12.30 21/
chain variator
o0 CVT, FT MB Autotronic 12.31 22/
chain variator

6.43 o0 CVT, FT ZF CFT 30 12.32 23/

chain variator

6.44 o0 CVT, _ _ _ _ _

geared neutral

6.6.1 Manual Passenger Car Transmissions (MT)

Manual passenger car transmissions include all transmissions in which both the
process of changing gear and the process of engaging the master clutch and mov-
ing-off are carried out manually by the driver. They are all fitted with spur gears.
Transmissions with dog clutch engagement are not available for passenger cars.
They are only offered with synchromesh. To shed light on the basic principles in-
volved, the following will include an historical account of the development of
manual transmissions. The systematics of manual transmissions will be discussed
using examples ranging from the 4-speed transmissions still common in the 1990s
up to the most current designs. As always in this book, all gear numbers refer to
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forward gears. A separate section will be devoted to deriving all-wheel drive vari-
ants from the basic principles.

Manual passenger car transmissions can be subdivided according to number of
stages into further categories (see also Section 6.3). “Stage” is defined here as the
power flow from one shaft to another. This subdivision relates mainly to the for-
ward gears of the main gearbox itself, not to any integral final drives, differentials
and intermediate shafts needed to drive them. This yields the following categories:

e single-stage countershaft transmissions with 4 to 6 gears and integral
final drive (e.g. Figure 6.18a) and

e two-stage (coaxial) countershaft transmissions with 4 to 6 gears
(e.g. Figure 6.19a).

Single-stage countershaft transmissions are used in passenger cars in which the
engine is located next to the drive axle, which is to say in front-wheel drive vehi-
cles with front engines, or in rear-wheel drive vehicles with rear engines. This ap-
plies to both normal engine configurations — transverse and longitudinal. In the
case of single-stage countershaft transmissions, the final drive is usually integrated
into the gearbox housing. If a very short overall transmission length is required for
space reasons, the ratio can occur by means of a third, offset shaft. Figure 6.21
shows such a three-shaft gear unit.

In the transmission diagrams used in this chapter, integral final drives, where
present, and reverse gears of the various transmissions are represented by “grey”
lines for the sake of completeness. It should be noted that in reverse gears the
shafts of the idler gears are located in a different plane to the main shafts (compare
also with Section 6.5). The location and size of the idler gears are intended only to
give an impression of the fundamental design.

Two-stage countershaft transmissions are used in passenger cars with standard
drive. They normally contain no integral final drive components since they are
generally flanged directly onto the front-mounted engine, and linked to the drive
axle by a propeller shaft. An exception is two-stage transmissions mounted on the
rear axle to give more even weight distribution with front-mounted engines (see
also Figure 6.2h/1). Parts of the final drive are integrated in such transmissions.

The synchronizer packs are each allocated to one shift gate, and serve mostly to
shift two neighbouring gears. In each shift gate there is usually first and second
gear, third and fourth gear, fifth and reverse gear, or alternatively fifth and sixth
gear. There are also designs which use a separate shifting element for the fifth and
reverse gear, which can be unsynchronized in reverse gear.

The example of a single-stage 4-speed gearbox is the VW unit, as used for ex-
ample in the early 1990s in the VW Golf (Figure 6.18a). In this gearbox, the gear
pair of the first gear is located directly beside a shaft bearing. The total number of
gear pairs remains the same compared to a two-stage 4-speed transmission, since
although the gear pair of the input constant gear CG (sometimes called head set)
(Figure 6.19) is not required, one is needed for the fourth gear. Single-stage
transmissions have no direct gear. Single-stage 5-speed transmissions (Figure
6.18b) differ from single-stage 4-speed transmissions only in having an additional
gear pair which is “attached onto” the housing side opposite the input side.
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Fig. 6.18. a Single-stage 4-speed gearbox (VW); b single-stage 5-speed gearbox (VW),
production design Figure 12.1

This does not require any design changes in the original gear unit. Often, 5-speed
gearboxes have been developed from existing 4-speed gearboxes.

One example of the two-stage 4-speed gearbox is the Getrag gearbox in Figure
6.19a. In accordance with the design principle of placing gear pairs with high
torque changes near bearings in order to minimise shaft deflection, the gear pair of
the first gear is located on the gearbox output side. The fourth gear is the direct
gear. In the 5-speed gearbox shown on the right in Figure 6.19b, the fifth gear is
the direct gear. Frequently, the fifth gear is speed increasing (overdrive) and the
fourth gear is the direct gear.

In two-stage countershaft transmissions with six gears, as in Figure 6.20a, the
gears of the first and second gear are near a shaft bearing. It should also be borne
in mind that such transmissions are used principally in high-performance passen-
ger cars, and therefore have a high torque design. Figure 6.20b shows a single-
stage countershaft transmission with final drive.
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Fig. 6.19. a Two-stage 4-speed gearbox (Getrag); b two-stage 5-speed gearbox with direct
Sth gear, “sports gearbox” (ZF), production design Figure 12.2
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Fig. 6.20. a Two-stage 6-speed gearbox (Getrag), production design Figure 12.5;
b single-stage 6-speed gearbox (Opel); production design Figure 12.6

Since the mid-1990s, almost all manufacturers have tended towards 6-speed man-
ual transmissions. The existing 5-speed gearboxes are being replaced by new de-
signs with 6 gears, primarily among vehicles with more highly powered engines.
Since the length of the gearbox is of great importance when it is transversely
mounted, corresponding solutions must be found for short gearboxes.

The gears of transmissions with a three-shaft design are distributed among two
output shafts OS1 and OS2 which lie parallel to the input shaft IS. This allows a
very short gearbox, which is necessary for transverse mounting. With this design,
6-speed transmissions have the same overall length as a 4-speed transmission.
Three-shaft transmissions are single-stage countershaft transmissions with integral
final drive.

Figure 6.21a shows a design optimised for minimal overall length. A fixed gear
is allotted to the third and fifth gears and to the fourth and sixth gears respectively
— a so-called “double-use” of the fixed gears for two gears each. The different ra-
tios must thus be entirely effected via the respective ratios of the constants, and
this with the same axial distance of the output shafts to the gearbox input shaft. A
third double-use is realised in the reverse gear. The reverse gear uses the shift gear
of the first gear as a reverse idler gear. This is possible because the reverse gear
shares the short constant gear CG2 with the third and fourth gears. This design is
thus nearly optimal with respect to overall axial length and the number of neces-
sary gear set parts, with a small limitation of ratio selection. As a result of the two
double-uses, only five gears can be selected freely; the sixth gear is the outcome
of the others [6.19].

Figure 6.21b shows a three-shaft transmission which allows all gear ratios to be
freely selected and is comparable to other manual transmissions. In the figure, the
first to fourth gears are on output shaft OS1, the fifth, sixth and reverse gears on
output shaft OS2. Both higher starting torque ratios and higher overall gear ratios
can be achieved. The transmission length is, however, somewhat greater, since
only one double-use is implemented for the fourth and fifth gears. The reverse
idler gear of the reverse gear has its own countershaft.
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Fig. 6.21. a Single-stage 6-speed gearbox with three-shaft design (Getrag),
production design Figure 12.7; b single-stage 6-speed gearbox with three-shaft design
(Mercedes-Benz), production design Figure 12.10

New designs for standard drives have also almost exclusively six gears. These
transmissions are always designed as two-stage transmissions. Examples of such
transmissions, also referred to as in-line transmissions, are shown in Figure 6.22.
Figure 6.22a shows the variant designed for spark ignition engines. The basic de-
sign corresponds to that of Figure 6.20a. Figure 6.22b shows the design for diesel
engines. Since a greater overall gear ratio is required for diesel engines, the fourth
gear was designed as a direct gear instead of the fifth gear, as for petrol engines.
The fifth and sixth gears thus have a ratio smaller than 1. These transmissions are
also referred to as double-overdrive transmissions. In order to receive the same
gear pattern in both cases despite their varying gear configurations, small modifi-
cations of the internal gearshift system are required.
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Fig. 6.22. Two stage 6-speed gearbox (Getrag), production design Figure 12.11.
a Design for spark ignition engines; b design for diesel engines
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Fig. 6.23. Single-stage 6-speed gearbox for front-longitudinal mounting (Audi). a For
front-wheel drive, production design Figure 12.12; b for all-wheel drive with TORSEN
centre differential, production design Figure 12.64 (bevel gear drive rotated 90°)

New designs for longitudinal transmissions with final drive are exclusively 6-
speed transmissions. These are used in front-wheel and all-wheel drive vehicles
(e.g. Audi A6) as well as in rear-motor drive vehicles (e.g. Porsche 911) and have
a single-stage design. The integral final drive consists of a spiral gearing.

Figure 6.23a shows a transmission for front-wheel drive, Figure 6.23b for all-
wheel drive. The gear set is assembled in the same way in both designs. The
power flow for the front-wheel variant goes from the input shaft over the output
shaft to the front axle differential. In the case of the all-wheel drive design, the
flow is from the input shaft over a hollow shaft to an integral TORSEN centre dif-
ferential. There, the power is distributed among the front and rear axles. Power is
transmitted to the front axle via a pinion shaft mounted in the hollow shaft to the
front axle differential integrated into the transmission. Power is transmitted to the
rear axle via the flange-mounted cardan shaft to the rear axle differential.

6.6.2 Automated Manual Passenger Car Transmissions (AMT)

When manual transmissions for passenger cars began to be automated, the term
“Semi-automatic transmission” was used. The term referred to the two operations
“Engaging the clutch/Moving-off” and “Changing gear”. One of these operations
was automated in semi-automatic transmissions (see Table 6.14 “Automation lev-
els of manual transmissions”).

A typical example of an early semi-automatic manual transmission for passen-
ger cars is the VW torque converter clutch transmission (TCCT) (1967). In this
design, there is a mechanical gearshifting clutch mounted behind a hydrodynamic
torque converter (Figure 6.24). The process of engaging the gearshifting clutch
and moving-off is automated, while changing gears is manual.

The torque converter has three main functions to fulfil in this process: to enable
moving-off in any gear, to refine the coarse stepping (three forward gears) of the
manual gearbox and to damp the torsional vibration when engaging the gearshift-
ing clutch.
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Fig. 6.24. Gearbox diagram: 3-speed torque converter clutch gearbox (VW 1967)

The main gearbox is a single-stage three-speed gearbox developed from a 4-speed
transmission by converting what was originally first gear into a reverse gear. In
practice this transmission concept had to contend with high fuel consumption. The
reason for this was the constant power flow through the converter — there was no
lock-up clutch — and the fact that with this transmission it was possible to move-
off in second or third gear. This design therefore never became popular in passen-
ger cars.

Semi-automatic manual passenger car transmissions have never found broad
use. (Fully) automated manual transmissions (AMT) have been available on the
market for passenger cars since the end of the 1990s. In AMTs, both the process
of engaging the master clutch and moving-off as well as changing gears are exe-
cuted by actuators which receive their control signal via shift paddles on the steer-
ing wheel, a gearshift lever or, in the case of fully automated operation, by a
transmission control unit (TCU).

Automated manual transmissions combine the high efficiency of manual trans-
missions with the ease of operation of a fully automatic transmission. The biggest
difference to automatic powershift transmissions for the user is the less comfort-
able gearshifting, which according to the principle of the design is subject to
power interruption, as with manual transmissions. Attempts to transfer residual
power with oversized synchronizing units and an incomplete opening of the clutch
during the shifting process showed positive results in test vehicles, but have not
led to series production.

AMTs with six gears or more and a greater overall gear ratio represent a suit-
able transmission design for vehicle classes and applications with an emphasis on
efficiency and ease of operation, as for small passenger cars and commercial vehi-
cles smaller than 3.5 t. The high level of efficiency of the transmission can be
combined with a shifting strategy optimised for consumption. The shifting strat-
egy of an AMT contributes significantly to reducing fuel consumption.

AMTs are further classified as add-on and integrated systems. Add-on systems
furnish existing manual systems with built-on actuators. In this way, a basic gear
unit can become either a manual transmission or an automated manual transmis-
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sion. Integrated systems are already designed as automated manual transmissions.
They cannot be used as MTs. With integrated systems, the configuration of the in-
dividual gears can be optimised for AMT. They do not have to adhere to the usual
gearshift lever shifting pattern typical of MTs. For this reason, the design of the
internal gearshift system is more flexible. For example, the sliding sleeves can be
activated by a gearshifting drum (only serial shifting — skipping gears is not possi-
ble) or the shifting time (amount of time without power flow) can be shorted by
means of an optimised gear set configuration and individual actuators for each
sliding sleeve.

Systems with gearshifting drums have the advantage of only requiring one ac-
tuator; otherwise at least two actuators are required for the shifting and selecting
motions. With individual actuators, each sliding sleeve is activated by one actua-
tor. This is the most expensive, but also the technically most advanced solution.

Actuators are classified as either electrohydraulic or electromechanical systems.
Hydraulic systems are generally more costly, but have advantages with respect to
the maximum possible gearshift forces and the shorter shifting times associated
with them. Even individual actuators are easy to realise. In hydraulic systems, lin-
ear motions are generally implemented using pistons. See also Chapter 13 “Elec-
tronic Transmission Control”.

Electromechanical systems usually use rotary actuators (electric motors) and
are used primarily for smaller, more cost-effective transmissions with torque ca-
pacities up to 250 Nm. The torque limitation arises from the increasing amount of
power needed for clutch activation and the maximum gearshift forces in conjunc-
tion with the short shifting times. Since electric motors are used as a rule, the
static power of the actuator may increase when larger actuators are used, but the
dynamics of the actuators decreases due to the increased inertia. The load on the
power supply also increases. Even in smaller systems, the light can be observed to
flicker slightly when shifting.

Figure 6.25a shows a single-stage 6-speed gearbox for transverse mounting
with integrated actuator technology developed exclusively as an AMT. This is a
multi-range gearbox with three forward gears and one reverse gear as well as two
selectable output constant gears (High/Low). The first to third gears are activated
with the constant Low (CGy), the fourth to sixth with the constant High (CGy).
The advantage of this design is the small overall length and the use of only three
synchronizing units. Although two sliding sleeves must be activated when shifting
from third to fourth gear, this is not a problem with a gearshifting drum. In the
gear set, shifting proceeds from third to first gear and simultaneously from the
constant Low to High.

Figure 6.25b shows a 7-speed in-line gearbox. This is a two-stage gearbox de-
veloped exclusively as an AMT. This does away with the usual restrictions on
gear set design imposed by the gear pattern of a manual transmission. In order to
shorten the shifting times, sequential gears, with the exception of the sixth and
seventh gears, are not placed on one synchronizing unit. In this way, the shifting
times can be reduced when changing gears by means of the simultaneous activa-
tion of two sliding sleeves (overlapping shifting).
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Fig. 6.25. a Single-stage 6-speed AMT with range-change unit (Getrag), production design
Figure 12.13; b two-stage 7-speed AMT (Getrag), production design Figure 12.15

However, by no means may two gears be engaged simultaneously, since this
would cause the powertrain to be blocked. Since this gearbox is designed for
sports cars, the overall gear ratio is small. The sixth gear is direct drive.

6.6.3 Dual Clutch Passenger Car Transmissions (DCT)

Dual clutch transmissions were already being developed in the 1940s. The original
intention was to furnish heavy commercial vehicles with technology which pro-
vided for driving without power interruption. Serial production was not achieved,
however. In the 1980s, Porsche and Audi took up this transmission concept again
and developed a dual clutch transmission for racing cars. These transmissions
were not suited to serial production because the control quality of the systems was
not yet sufficient.

The first DCT for passenger cars went into production in 2003. The goal of this
model was to combine the advantages of manual transmissions with those of
automatic transmissions. Attributes of manual transmissions are a high level of ef-
ficiency, a gear ratio spread which is freely selectable in broad ranges, as well as
sportiness, driving dynamics and driving pleasure. Conventional automatic trans-
missions are characterised by their ease of handling when moving-off thanks to
the torque converter and by automatic shifting without power interruption.

The principle of dual clutch transmission is based on the idea of two independ-
ent sub-gearboxes each connected to the engine via its own clutch (Figure 6.26).
One sub-gearbox contains the odd gears (1, 3, 5...) and the other the even gears
(2, 4, 6...). By dividing the gears through the dual clutch, the DCT becomes fully
power shiftable. However, the dual clutch is not only implemented in a DCT for
shifting; it also serves as a moving-off element.
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In actual designs, the two sub-gearboxes are not arranged side-by-side, as in Fig-
ure 6.26, but rather one is nested in the other to save space. One of the two gear-
box input shafts is used as a hollow shaft.

The basic functioning of dual clutch transmissions will be explained in the fol-
lowing on the example of the upshift from second to third gear. When a situation
arises during vehicle operation which requires an upshift from the currently en-
gaged second gear (sub-gearbox 2) to third gear, third gear is engaged in the free
sub-gearbox 1. The synchronizing process of the corresponding idler gear is not
noticeable to the driver. In virtue of the overlapping of closing clutch C/ and
opening clutch C2, the power flow is not interrupted. Once C/ has taken over the
torque, the second gear is disengaged in sub-gearbox 2, which is now free, and
another gear can be preselected, if necessary. The basic process is the same for
both upshifting and downshifting. See also Section 9.3.2 for more on overlapping
shifting.
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Fig. 6.27. Two-stage 7-speed DCT (ZF), production design Figure 12.21



174 6 Vehicle Transmission Systems: Basic Design Principles

Figure 6.27 shows a 7-speed DCT for standard drive. Because of its better per-
formance data, the outer clutch CI is generally used for moving-off. In principle,
however, moving-off is also possible with the inner clutch.

Through the use of a short hollow shaft on the countershaft and the multiple use
of the rearmost gear pair in the first and second gear, a gear pair could be spared
[6.28]. To change from first to second gear, the inner clutch C2 only has to be
closed and the outer clutch C/ opened. Thus no gear engagement is necessary for
this gear change.

The main component, i.e. the dual clutch, is classified as either a wet-running
or a dry-running system. See Section 10.3 “Dual Clutches”, in which the structure
and function of dual clutches is explained in detail.

Like conventional automatic transmissions, wet-running systems require a hy-
draulic supply system for clutch activation and cooling the clutches. See also Sec-
tion 11.3 “Oil Supply and Oil Pumps”. An advantage of DCT over AT is that only
one open clutch causes drag losses, even with wet-running dual clutch. Due to the
lacking torque increase of the torque converter, dual clutch systems require a
higher starting torque ratio. For this reason, these transmissions need a higher
overall gear ratio. An additional gear may be required for this reason, i.e. to pre-
vent the gear steps from getting too large.

The greatest advantage and, simultaneously, the greatest disadvantage of a
DCT with dry-running dual clutch is that there is no oil in the area of the clutch.
The advantage of this is a minimal drag torque for the open clutch. The disadvan-
tage is that the frictional work and thus heat arising from moving-off and power-
shifting cannot be discharged by the oil, as with wet-running clutches. The limit
between wet- and dry-running clutches in terms of torque capacity is approxi-
mately 300 Nm. With lower engine torques, the market tends toward dry-running
systems, with higher torques, to wet-running systems.

6.6.4 Automatic Passenger Car Transmissions (AT)

Automatic transmissions with various gear ratios consisting of a torque converter
with a rear-mounted planetary-type gearbox are known as conventional automatic
transmissions (AT) or just “automatic transmissions” (see also the systematic clas-
sification of transmissions according to Figure 1.2).

The principles of planetary transmissions are introduced in Section 6.4 “Gear
Sets with Fixed Axles, Countershaft Transmissions and Epicyclic Gears”. Even in
a single planetary gear set, planetary transmissions already provide a large number
of states of motion possible by combination. The automatic passenger car trans-
missions treated in the following employ several planetary gear sets coupled to-
gether.

A design often used in automatic transmissions is the Ravigneaux planetary
gear set (Figure 6.28). The Ravigneaux set is a so-called reduced planetary gear.
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Fig. 6.28. Ravigneaux planetary gear set. / Common ring gear; 2 narrow planetary gear;
3 broad planetary gear; 4 large sun gear; 5 small sun gear [6.5]

These are planetary transmissions in which the construction resources are “re-
duced” since parts of the individual simple planetary gear sets are grouped to-
gether [6.30]. With this design, there are up to four practically usable forward
gears and one reverse gear available.

Thanks to the distribution of the torque to several gear meshes, planetary gears
have a high power density. Moreover, power transmission is not based merely on
the rolling motion of the gears (rolling contact power), as with countershaft trans-
missions, but also on simple gear synchronization (coupling power), which purely
in relation to the gear mechanism leads to a higher level of efficiency than with
countershaft transmissions. Thus an effective coupling of planetary gear sets al-
lows automatic transmissions with a large number of gears. However, the selec-
tion of ratios is restricted, since the individual gearwheels are used for several
gears. The individual planetary gear sets are arranged in a row like discs. More
planetary gear sets also always means a greater transmission length. This must be
considered in particular in the case of transmissions for front-transverse drives. To
reduce the length by designing a wide transmission, as done with multiple coun-
tershaft transmissions (e.g. Figure 6.21 “Three-shaft gearbox™), is difficult to real-
ise.

Much of the space taken up by automatic transmissions is occupied by the
clutches and brakes required to shift the gears. There are two different types of
brake as standard, the belt brake and the multi-plate brake. In the belt brake, a
metal belt runs once or twice around a brake drum, and brakes the drum by tight-
ening the belt. This braking process is not as easy to control as with multi-plate
brakes, since the braking action is very rapid because of the self-reinforcing
physical principle involved. In view of the increasing requirement for shifting
comfort, the multi-plate brake has become the most popular variant. The multi-
plate brake requires more space than the belt brake (see also Section 9.3 “Layout
and Design of Multi-Plate Clutches”).
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Since in automatic transmissions the hydrodynamic torque converter takes over
part of the ratio change, they theoretically rely on fewer gear steps and a smaller
overall gear ratio than comparable manual transmissions (see also Section 10.4
“Hydrodynamic Clutches and Torque Converters”).

The clutches and brakes discussed above for shifting the various gear steps are
hydraulically controlled by hydraulic fluid. This fluid is supplied by an oil pump.
Oil supply for conventional automatic transmissions is explained in Figure 11.12,
Section 11.3.1 “Oil supply”. An overview of the losses in automatic transmission
is given by the highly simplified block diagram of a conventional automatic trans-
mission in Figure 6.29.

An important, if not the most important, assembly in an automatic transmission
is the control unit. It is responsible for activating the brakes and clutches in the
transmission. Their control has a direct influence on the “shifting quality” of the
transmission as perceived by the driver. Electronic-hydraulic control units have
become the standard since the mid-1990s [6.7]. Put simply, the electronics and
software take care of the required intelligence, the hydraulics take care of the ac-
tuating forces. See also Chapter 13 “Electronic Transmission Control”.

In the following, the functional features of a system based exclusively on a
Ravigneaux planetary gear set will be examined using the 4-speed automatic
transmission illustrated in Figure 6.30. The transmission went into production in
1984. This transmission is designed for use in front-wheel drive passenger cars,
which would become apparent in the transmission diagram only after the planetary
gear set. The components devoted to the final drive are not shown, since they have
no effect on the principle of operation. The components involved in the particular
gear step are shown by heavier lines.

The ZF 4 HP 14 four-speed automatic transmission consists of a torque con-
verter with integral torsion damper 7D. The transmission has no torque converter
lock-up clutch, but works rather with power-split to improve efficiency (see Fig-
ure 10.42). There is also a crescent design oil pump linked to the pump shaft of the
converter (not shown in the diagram) to provide the pressurised oil necessary to
shift the gears.
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Fig. 6.29. Block diagram and power losses in a (conventional) automatic transmission
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Fig. 6.30. Gearbox diagram: 4-speed automatic transmission with Ravigneaux gear set (ZF)
in neutral. 7C Trilok converter: P pump, T turbine, R reactor with freewheel;
TD torsion damper; F' freewheels; B brakes; C clutches

The clutches are multi-plate clutches shifted by oil pressure. The brakes are of
both designs, multi-plate brakes B/ and B3 and belt brake B2.

In 1st gear, the spiders of both planetary gears are retained by the freewheel F2,
by means of which the planetary gear set functions as a gear set with fixed axles
(Figure 6.31). The input power flows through the converter and the engaged clutch
C3 to the large sun gear of the Ravigneaux set, and back out of the planetary gear
set via the ring gear to the output. The effective ratio i = 2.41.

In second gear, the small sun gear rests against the gearbox housing by means
of the freewheel FI and the brake BI. The input power flows through the con-
verter and the engaged clutch C3 to the large sun gear, as in the first gear. The
spider of the planetary gear set now rotates, and the planetary gear set functions as
a reduced planetary coupled gear. The power flows again via the ring gear to the

output, and the effective ratio is i = 1.37.
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Fig. 6.31. 4-speed automatic transmission (ZF); power flow in the gears
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The third gear is the most interesting from the point of view of its function. The
transmission functions with power-split, i.e. a part of the drive power flows
through the torsion damper 7D and the engaged clutch C2 into the planetary gear
set which functions as a differential drive. The second power branch flows from
the converter through the clutch C3 to the large sun gear of the planetary gear set.
Both power branches, or rotational speeds, “overlap” in the planetary gear set, and
are fed to the output at the ring gear. (This operating status of the power-split is
not to be confused with that of a closed torque converter lock-up clutch CC. In the
CC, the impeller P and turbine wheel 7 of the converter are linked together, lock-
ing up the converter.) The transmission ratio in third gear depends to a small de-
gree on the slip in the converter, and is therefore not constant. The ratio in third
gear thus varies between i = 1.0 and 1.09.

In 4th gear the converter runs without load, and power transmission to the
planetary gear set is purely mechanical through the torsion damper 7D and the
clutch C2. The Ravigneaux set functions as a simple planetary gear driven through
its spider, and whose sun gear is supported at the housing through the brake B2.
Output is through the ring gear. The ratio in 4th gear is i = (.74, constituting an
overdrive.

In reverse gear the Ravigneaux set again works as a simple planetary gear re-
versing the direction of rotation. The power flows through the converter and the
clutch C/ to the small sun gear. The spider is supported against the housing
through the brake B3. The output is through the ring gear. The reverse gear ratio is
i=-2.83.

A second example is provided by the 5-speed transmission W5A 580 by Mer-
cedes-Benz [6.38-6.39] (Figure 6.32). This transmission, which went into produc-
tion in 1995, is based on three simple planetary gear sets coupled together.
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1 (®)|(w)| ® e | o |359
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— T1C2 2| (*) . e (219
In C3 1.56
N 3|e|e . 1.41
I I I 1.41
4| e|le|e 1.00
i 1' 1.20

I I 5 oo e (o) 0.83

R1 (o) (o) o|e|e(-316
F1 F2 .

R2| (*) . e |-1.03
—» » Total
N oo 0 | a32

() = in overrun conditions

Fig. 6.32. Gearbox diagram and gearshift pattern of a 5-speed automatic transmission
(Mercedes-Benz), production design Figure 12.23
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The ring gear of the forward planetary gear set is driven by the turbine wheel of
the torque converter. A slip-controlled torque converter lock-up clutch SCC can
lock up the converter completely or with the necessary slip. In first gear, the sun
gear is supported by means of the freewheel F/ and the brake BI. The ratio acts
on the ring gear in the rear planetary gear set via the planet gear carrier. The ratio
is carried out here in a similar way as in the forward planetary gear set. The rear
sun gear rests against the housing by means of the freewheel F2, the multi-plate
clutch C3 and the multi-plate brake B2. A ratio likewise takes place in the middle
planetary gear set. The rear planetary gear carrier drives the ring gear of the mid-
dle planetary gear set, whose sun gear also rests against the housing via the brake
B2. The middle planetary gear carrier is directly connected to the output shaft. The
ratio in first gear reaches a value i = 3.595.

In the second gear, the brake B/ is open and the clutch C/ is closed. This re-
leases the freewheel F/ of the forward sun gear, with the forward set rotating as a
block. The ratio in the rear and middle set is achieved as in first gear. The result-
ing ratio is i = 2.186.

In third gear, the multi-plate clutch C3 is opened and the clutch C2 engaged.
This releases the freewheel F2 of the rear sun gear, with the forward and rear
planetary gear sets rotating as a block. The drive is delivered directly through the
turbine 7 and the clutch C2 to the middle ring gear. The ratio is achieved exclu-
sively through the middle set with i = 1.405.

When shifting to fourth gear takes place, the brake B2 is opened and the clutch
C3 is engaged. Now all three planetary gear sets are locked and rotate with the
speed of the turbine. The ratio of the transmission in direct drive is i = 1.0.

In fifth gear, the forward planetary gear set is shifted as in first gear. The clutch
C1 opens and the brake B/ closes. The rear ring gear now rotates more slowly
than the turbine. Since the middle ring gear and the rear planetary gear carrier con-
tinue to rotate through the clutch C2 with engine/turbine speed, the middle sun
gear and the rear sun gear coupled via the clutch C3 must rotate more quickly than
the turbine. The rotational speed of the middle planetary gear carrier and thus of
the output shaft lies between that of the ring gear and the sun gear. The speed-
increasing ratio in fifth gear is i = 0.831.

In the first reverse gear, the forward planetary gear set is shifted as in first gear.
The rear planetary gear carrier and the middle ring gear are held in place by means
of the multi-plate brake BR. The middle sun gear and the rear sun gear connected
via clutch C3 rotate backwards, and the planetary gear carrier and the output shaft
thus also rotate backwards. A second reverse gear can be engaged in analogy to
the second gear.

The 7-speed automatic transmission W7A 700 introduced in 2003 by Mer-
cedes-Benz is a further development of the gear set design of the 5-speed auto-
matic gearbox illustrated in Figure 6.32. The forward simple planetary gear set
was replaced by an inverse Ravigneaux gear set (one sun gear and two ring gears)
(Figure 6.33). Through the addition of a brake B3 and omission of two freewheels,
seven forward and two reverse gears can be shown according to the gear pattern in
Figure 6.33.
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Fig. 6.33. Gearbox diagram and gearshift pattern of a 7-speed automatic transmission

(Mercedes-Benz), production design Figure 12.24

A widespread gear set concept is that of Lepelletier. This design is based on a sin-
gle planetary gear set with rear-mounted Ravigneaux gear set. In 2001, ZF used
this gear set design to bring the first 6-speed passenger car transmission 6 HP 26

on the market (Figure 6.34) [6.44].

During operation in forward and reverse, the torque converter drives the ring
gear of the forward planetary gear set GS/ through the input shaft. The forward
sun gear remains stationary in all gears. In first gear, the multi-plate clutch 4 is
closed and the power flows over the planetary gear carrier of GS/ to the sun of the
short planetary gears of the rear-mounted Ravigneaux gear set (GS2 and GS3).
The brake D is closed and the planetary gear carrier of the Ravigneaux gear set is

fixed. The ratiois i = 4.171.
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Fig. 6.34. Gearbox diagram and gearshift pattern of a 6-speed automatic transmission,

principle according to Lepelletier (ZF), production design Figure 12.25
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In second gear, the multi-plate brake D is opened and the brake C is closed. The
sun of GS2 stops moving and the planetary gear carrier rotates. The long and short
planetary gears roll on of each other. The total ratio is then i = 2.340. When shift-
ing proceeds from second to third gear, the brake C is opened and the clutch B is
closed (see also Figure 9.33). In the Ravigneaux gear set (GS2 and GS3), both sun
gears are driven with the rotational speed of the planetary gear carrier of GS/. The
Ravigneaux set rotates as a block, and the ratio is i = 1.521.

In fourth gear, the clutch B is opened and the clutch £ is closed. In this way, the
sun of GS3 and the planetary gear carrier are driven, with the ratio reaching
i =1.143. When shifting from 4th to 5th gear clutch 4 is openend and clutch B
closed. In opposition to the fourth gear the sun of GS2 is driven. The resultant
speed-increasing ratio is i = 0.867.

In sixth gear, the clutch B is opened and the brake C is closed, which stops the
sun of GS2. The forward planetary gear set GS/ is locked up. The planetary gear
carrier of the Ravigneaux gear set is directly driven with the speed of the turbine,
with the ratio amounting to i = 0.691.

In reverse gear, the clutch B and the brake D are closed. The ring gear of the
Ravigneaux set now rotates in the reverse direction of the engine with a total ratio
i=-3.403.

The 6-speed automatic transmission for front-transverse drives illustrated in
Figure 6.35 is based, like the transmission described before, on the Lepelletier
gear set principle. Thus the same observations regarding the power flow apply
here, as well. The clutches and brakes have a different spatial configuration and
the first gear has an additional freewheel. One special feature of this design is the
brake C, which is designed as a belt brake [6.24].

- -
Free-
G Clutch Brake - i Gear
c Alele|c|p]| FD step
sec B A uu E FD D 1] ol o | 415
| 2 237 L7
[ ] L] "
I N 152
i - J|e|e 1.56
| E 1.35
' 4| e . 1.16
i = 1.35
i 5 o0 0.86
1.25
s 6 .| 0.69
. _T T Total
R . . -3.39
N 6.05

Fig. 6.35. Gearbox diagram and gearshift pattern of a 6-speed automatic transmission
for front-transverse drive based on the Lepelletier gear set concept (Aisin AW),
production design Figure 12.26
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Fig. 6.36. Gearbox diagram and gearshift pattern of a 5-speed countershaft-type automatic
transmission (Mercedes-Benz), production design Figure 12.27

Countershaft-Type Automatic Transmissions

Countershaft-type automatic transmissions with various gear ratios have the ad-
vantage of allowing free choice of ratio, and comprising standard elements. The
latter can in turn be advantageous with respect to manufacturing technology.

Well known examples are the Honda 4- and 5-speed automatic transmissions
(Hondamatic) and the first generation transmissions of the Mercedes A-Class. In
these transmissions a countershaft transmission is mounted after the converter.
Figure 6.36 shows the Mercedes-Benz transmission as an example. The conven-
tional synchromesh units are replaced by multi-plate clutch packages.

6.6.5 Passenger Car Hybrid Drives

In the context of vehicle prime movers, Section 3.2.4 “Hybrid Drive” discusses
the principles and essential characteristics of hybrid drives. This section also con-
tains a table (Table 3.7) which explains the current classification into micro hy-
brid, mild hybrid and full hybrid. Micro and mild hybrids are designed in most
cases as parallel hybrids. Full hybrids have been designed as parallel hybrids and
power-split hybrids.

1/ Parallel Hybrids

The parallel hybrid described in the following as an example is a full hybrid. It
covers the hybrid functions of supplying on-board power, engine start/stop, elec-
tric driving or manoeuvring, boosting and recuperation.
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Fig. 6.37. 6-speed passenger car hybrid automatic transmission as a parallel hybrid with
one electric machine (BMW, ZF, Continental); basic transmission, see Figure 6.34,
production design Figure 12.28

Implementation via an “add-on” module, consisting of an electric machine EM
with a gearshifting clutch C/ to the internal combustion engine CE and a master
clutch C2 to the gear input, can be used to hybridise different basic gear units. The
operational states described in the following are basic and generally applicable.

The basic gear unit in the “BMW Active Transmission” system shown in Figure
6.37 is the ZF 6-speed automatic transmission 6 HP 26 (see Section 6.6.4 with
Figure 6.34; see also Figure 12.25). The hybrid module — an electric machine with
the two clutches CI and C2 — replaces the hydrodynamic torque converter in the
converter bell and also takes over its function as moving-off element. By being
mounted on the gear input shaft, the electric machine can also use the transmission
ratios for characteristic conversion, like the internal combustion engine, and take
over the drive or generator functions mentioned above with varying power and
torque requirements. The design can be shown to accomodate the same space as a
conventional automatic transmission [6.13].

An superordinate torque and power management, which will not be discussed
in further detail here, must be used to make sure that, given an even charge bal-
ance, vehicle reactions are always reproducible in accordance with different driver
demands. In the process, the vehicle's on-board power supply must also be guaran-
teed.

The hybrid functions mentioned at the beginning of this section are imple-
mented in the different operational states represented in Figure 6.38. The direc-
tions of the arrows always indicate the direction of the power flow.

a/ Cold start of the CE through the electric machine via clutch C7 (the engine
starter may thus be omitted).

b/ The vehicle is stationary, the CE runs and loads the electric energy storage
unit (electrochemical battery or double-layer capacitors) with the electric
machine operated as generator via the closed clutch CI.

¢/ If the charge state of the energy storage permits it, the CE can be
turned off in stationary phases during stop-and-go traffic or at traffic lights (en-
gine start/stop). The on-board power supply is taken over during these
phases by the energy storage.
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Fig. 6.38. Power flow in different operational states

d/ Electric moving-off or manoeuvring (CE is off, clutch C/ is open)

e/ Starting up the CE at higher driving speeds or given a higher performance
demand on the part of the driver via the slipping clutch C1.

f/ When the CFE has been synchronized, the slip at the clutch C/ is reduced
and the CE takes over the drive power. In this operational state, the electric
machine can temporarily overlay its torque with that of the engine, as e.g.
when boosting or when compensating for the torque of the omitted
torque increase of the torque converter.

g/ In coasting situations, e.g. driving downhill, the coasting torque can be
provided by the generator operation of the electric machine. The coasting
energy is thus converted into electric energy and temporarily stored in the
energy storage. With a higher level of power, electric energy can be
recuperated when braking.

h/ The efficiency of the conversion of kinetic energy into electric energy in
coasting situations or when braking can be increased given the fact that,
in these operational states, the CE along with its drag torque can be
uncoupled and switched off due to the opening of the clutch C/ and thus
doesn’t have to be additionally dragged.

2/ Power-Split Hybrid Drives for Passenger Cars

The power-split hybrid powertrain described in the following can fulfill the func-
tions of full hybrid: on-board power supply, engine start/stop, electric driving or
manoeuvring, boosting and recuperation. Unlike the “BMW Active Transmission”
described in the previous example, which has a conventional automatic transmis-
sion as basic gear unit and one electric machine, the Toyota/Lexus P310 power-
split hybrid transmission is an assembly designed specifically for front-transverse
hybrid applications and has two high-performance electric machines.
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The structure of this hybrid transmission is shown schematically in Figure 6.39. A
torsion damper with a flywheel mass is mounted between the internal combustion
engine and the gearbox input to uncouple the powertrain of engine rotation irregu-
larities. The engine acts on the spider shaft of the first power-summing/power-
splitting planetary gear unit (summarising gear) via the gearbox input shaft. Here,
the power of the internal combustion engine is split on the one hand into direct
mechanical drive power for the vehicle (ring gear of the summarising gear) and
into an electric power path (sun gear of the summarising gear) on the other. This
electric power can be further conducted via an electric generator and power elec-
tronics either to an electric energy storage unit or also, via a second electric ma-
chine (the electric motor), to the vehicle drive.

Since the engine can remain switched off during moving-off and at low vehicle
speeds, the spider shaft remains stationary in this case. The drive is then through
the electric motor, which drives the forward gears through the ring gear. At the
same time, the planetary gears of the summarising gear rotating on the stationary
spider shaft set the sun gear connected to the generator in motion. In order to start
the engine at increasing driving speeds, a torque is created at the sun gear though
the generator. The crankshaft of the internal combustion engine begin to turn, and
as soon as the engine begins to work, it transfers its power via the spider shaft
both to the ring gear to drive the wheels and to the sun gear, which drives the
generator (power-split).

In case of high acceleration (boosting), the engine and the electric motor func-
tion as common drive source. The electric energy accumulator makes additional
energy available for the electric motor. As explained in Section 3.2.4, splitting and
combining a mechanical and an electric power branch through the summarising
gear allows for a continuous conversion of torque and speed. This makes the P310
hybrid transmission a continuously variable power-split transmission. However,
when driving with the engine running, the engine's torque must be supported on
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the spider shaft of the summarising gear by the torque of the generator on the sun
gear, which places high torque and power demands on the generator.

The electric motor acts on the output via a reduction gear. This gear has the
function of decreasing the speed of the electric motor and increasing the torque.
This torque ratio allows the electric motor to be designed more compactly. The
mechanical and electric shares of the drive power are transferred to the front axle
differential via the coupled ring gears of the summarising and reduction gears and
an intermediate shaft with two spur gear stages [6.17].

6.6.6 Continuously Variable Passenger Car Transmissions (CVT)

The power available from an internal combustion engine cannot be fully exploited
by the finite number of gears in traditional geared selector gearboxes. With a con-
tinuously variable transmission, the engine can be operated at the ideal operating
point for economy or performance as required (see also Sections 4.4 and 5.3.4).
These transmissions are referred to as CVT (Continuously Variable Transmis-
sions). Figure 6.40 gives an overview of various CVT designs.

The transmission shown in Figure 6.39 served to explain the functioning of an
electric CVT on the basis of a power-split hybrid drive. For more on purely elec-
tric drive, see also Sections 3.2.2 and 3.2.3.

The hydrodynamic torque converter per se is also a continuously variable
transmission. However, it is used as a moving-off element, not as a transmission.

CVT — Continuously Variable Transmission
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Fig. 6.40. Overview of CVT designs
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Work has been done in developing hydrostatic-mechanical powershift transmis-
sions for passenger cars which function in a continuously variable way [6.22-
6.23], but they have achieved no practical significance.

With mechanical power transmission in full and half toroidal transmissions
[6.10, 6.21, 6.42], the continuous variation of ratio is achieved by swivelling the
friction gears (rollers). Figure 6.41 shows, in simplified form, the functioning of a
full toroidal transmission. Toroidal transmissions have a higher torque capacity
than pulley transmissions and lend themselves especially to coaxial powertrains.

The continuously variable transmissions used in mass-produced passenger cars
are almost exclusively pulley transmissions. The following will thus be devoted to
this type. The central component of the pulley transmission is the variator. It con-
sists principally of taper discs and a chain. Power is transmitted frictionally
through the chain, which runs between two axially adjustable taper discs. Through
the axial adjustment of the taper discs, the chain runs on variable diameters, infi-
nitely varying the ratio (Figure 6.42). The torque-related pressure of the taper
discs on the chain requires a lot of attention, since excessive pressure reduces the
efficiency of the chain, leading to increased power consumption, power loss by the
contact pressure pump and above all an increased stress on the transmission. It is
also essential to prevent the chain slipping, since this would inevitably lead to de-
struction of the transmission. This makes the design and reliability of the contact
pressure pump, and its control, a critical factor in these continuously variable
transmissions.

With chains, a distinction is made between tensional link chains and thrust link
chains. Tensional link chains allow for smaller running radii and thus a greater
overall gear ratio with the same centre distance. They are more efficient, since less
power is required to adapt the chain to the ratio radii, and are better suited to
higher torques. The extremely short pitch of thrust link chains (also referred to as
thrust link belts), Figure 6.42, requires more work for this purpose. But the short
pitch has many advantages at the “meshing impact” and in terms of associated
noise generation.
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Fig. 6.42. Elements of a thrust link chain and principle of operation of the variator [6.43]

Figure 6.43 presents a schematic diagram of a CVT for front-transverse drive. A
torque converter with a lock-up clutch serves as moving-off element. During for-
ward driving, the planetary reversing gear set rotates as a block. In the power
flow, the variator is followed by an output stage which facilitates adaption to the
requirements of different vehicles. The overall gear ratio of the transmission
amounts to 6.0.

In order to increase the overall gear ratio of the continuously variable transmis-
sion beyond the normal 6.0 to 6.5 of the variator, selector gearboxes with spur
gears or planetary gears are front- or rear-mounted. Power-splitting is also possi-
ble. The following will describe the functioning of a CVT with power-split
(geared neutral transmission) (Figure 6.44).

The total ratio i of this transmission, when operated with power-split, is derived
from iy and the ratio ig of the planetary gear set functioning as a differential drive,
where the clutch C/ is closed.
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‘}I.h_- Fig. 6.43. CVT for front-transverse drive (ZF),

production design Figure 12.32
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Fig. 6.44. Gearbox diagram: “CVT with power-split” and diagram of the ratio profile
(shown as 1/i since n, = 0 at the geared neutral point)

Depending on the ratio iy, the total ratio i can also become negative, correspond-
ing to reverse gear. The point where the sign changes is the geared neutral point.
Theoretically, the transmission requires no additional moving-off element.

With the clutch C2 engaged, the planetary gear set rotates as a block, and the
equations given below apply. The profile of the total ratio as a function of the ta-
per disc radius ratio iy and the active clutch is shown in the diagram on the right
of Figure 6.44.

The overall total ratio

.o
I=—=1y Igs> (6.4)
ny

(the ratio of the input speed n; to the output speed 7,) of a pulley transmission is
made up of the ratio in the taper disc transmission (variator)

_S52

iy =5 (6.5)
1

(the ratio of the current taper disc radii S2 to S7) multiplied by a possible ratio igs
of a rear-mounted or front-mounted gear stage.

6.7 Commercial Vehicle Transmissions

For transmissions of commercial vehicles up to approximately 3.5 t gross weight
rating, the explanations in the preceding Section 6.6 ‘“Passenger Car Transmis-
sions” apply. The following will discuss basic design principles for commercial
vehicle transmissions for vehicles with gross weight ratings greater than 3.5 t.



190 6 Vehicle Transmission Systems: Basic Design Principles

Table 6.11 lists common types of commercial vehicle transmissions. Depending
on how their idler gears are positively locked to the shafts, manual transmissions
can be subdivided into

e non-synchronized constant-mesh transmissions and
e synchronized transmissions (synchromesh transmissions)

and by the shifting system (see also Section 9.1) into

o direct shifting: gearshift lever at the transmission housing,
o indirect shifting: gearshift lever and transmission physically
separated (remote shift, drive selector).

An important feature of many commercial vehicle transmissions is their multi-
range design including many gear steps. This design is found in commercial vehi-
cles with manual transmission (MT), automated manual transmission (AMT) and
torque converter clutch transmission (TCCT). Because of their robustness, non-
synchronized constant-mesh gearboxes are common in long-distance trucks in
many regions of the world. Their market shares, however, are in the decline. The
market share of synchronized manual transmissions, on the other hand, is as high
as ever. They are used principally in local and long-distance traffic. See also Sec-
tion 2.2.1 “Market Situation and Production Figures” and Chapter 9 “Gearshifting
Mechanisms”.

Constant-mesh and synchronized commercial vehicle transmissions are becom-
ing increasingly automated. This trend corresponds both to an increased desire for
greater ease of operation to reduce driver stress and to the fact that gearshift auto-
mation technology has become available at acceptable costs. This transmission de-
sign is becoming more prevalent worldwide in short-distance and delivery trucks,
in long-distance trucks and in interurban buses and coaches.

Table 6.11. Market shares and applications of commercial vehicle transmissions
(without hybrid and CVT)

Transmission Constant- Synchro- | Automated Torque Automatic
type mesh mesh manual converter trans-
trans- trans- trans- clutch mission
mission mission mission transm.
MT MT AMT TCCT AT
Number of gears| 6-9-12-16 |5-6-9-12-16| 6-10-12—-16 6-16 4-7
Market share, . .
world-wide Decreasing Large Increasing | Very small Small
Applications Long- Local traffic; | Local and de-| Heavy goods | Construction-
distance |long-distance | livery traffic; | transporters; site and
traffic; trafficin | long-distance | construction- |  delivery
vehicles Europe traffic; inter- | site vehicles vehicles;
outside urban buses urban buses
Europe and coaches
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Torque converter clutch transmissions (TCCT) fall under the category of auto-
mated manual transmissions. They are hydromechanical transmissions with power
interruption and can also be fitted with an integral hydrodynamic brake (retarder)
if required. Their use is restricted to heavy special-purpose vehicles.

Conventional automatic transmissions (AT) are hardly used in commercial ve-
hicles because of their higher price, their lower reliability due to the larger number
of parts, and the increase in fuel consumption. But they are common in urban
buses and construction-site/distribution vehicles, where they significantly relieve
driver stress.

Sections 6.7.5 and 6.7.6 discuss commercial vehicle designs for hybrid drives
and continuously variable transmissions. Table 6.12 shows in summarised form
the transmissions treated in systematic sections 6.7.1 to 6.7.6 and designs sections
12.2.1to 12.2.6.

Table 6.12. In Sections 6.7.1-6.7.6 as well as Sections 12.2.1-12.2.6 introduced auto-
motive gearboxes. CS countershaft; 7TCCT torque converter clutch transmission

Diagram |Speeds| Characteristics Manu- Name Design No.
Fig.-No. facturer Fig.-No.
6.45a 4 MT, - o - -
1-range gearbox
6.45b 6 MT, ZF S 6-66 12.33 1/
1-range gearbox
6.46 5 MT,

direct drive/ — — — —
overdrive gearbox

6.47 5 MT, - . . -
output constant gear
6.48-6.50 | MT, o . . o
multi-range gearbox
6.51-6.52 | MT, o o o -
multi-stage gearbox
6.53 9 MT, ZF 9S 109 12.34 2/
2-range gearbox,
direct
6.54 16 MT, ZF 16 S 221 12.35-12.36 | 3/
3-range gearbox
6.55 12 MT, Eaton TSO-11612 12.37 4/
2-range-gearbox,
2CS
6.56 16 MT, Eaton |RTSO-17316A 12.38 5/

3-range-gearbox,
2CS
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Table 6.12. (continued)

6.58 6 AMT, ZF eTronic 12.39 6/
1-range gearbox 6 AS 380 VO
6.59 16 AMT, MB PowerShift 12.40 7/
3-range gearbox G241-16K
6.60 16 AMT, ZF AS-Tronic | 12.41-12.44 | 8/
3-range gearbox, 16 AS 2230
2CS TD
6.61 16 TCCT, ZF WSK 400 + 12.45 9/
3-range gearbox 16 S 221
6.62 12 TCCT, ZF TC-Tronic 12.46 10/
3-range gearbox, 12 TC 2740
2CS TO
6.63 5 AT Allison 2000 12.47 11/
6.64 6 AT, retarder ZF 6 HP 602 C 12.48 12/
6.65 0 Serial hybrid, o . o o
variants
6.66 o0 Serial hybrid ZF EE Drive 1 12.49 13/
6.67 0 CVT,
hydrostatic unit, — — — —
power-split
6.68 0 CVT, ZF Eccom 12.50 14/
hydrostatic unit,
power-split

6.7.1 Manual Commercial Vehicle Transmissions (MT)

The following will describe the structure of constant-mesh and synchronized
transmissions for commercial vehicles with single- and multi-range designs. The
concepts discussed apply equally to automated manual commercial vehicle trans-
missions (AMT) (see Section 6.7.2).

1/ Single-Range Transmissions

In the case of 4-speed to 6-speed gearboxes, the single-range design with input
constant gear is standard (Figure 6.45). They are designed so that the ratio of a
particular gear is derived from the individual ratios of two gear pairs.

The first gear pair, the input constant gear CG, stays engaged in all gears with
the exception of direct gear, and drives the countershaft at a constant ratio. When
shifting into another gear, only the ratio of the second gear pair changes. Such a
single-range transmission with input constant gear is referred to as a two-stage
countershaft transmission, or simply countershaft transmission.
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Fig. 6.45. Single-range design. a 4-speed gearbox; b 6-speed gearbox, production design
Figure 12.33

There are numerous possible gearwheel configurations for any given number of
gears. In general the emphasis is on locating high torque conversion in the vicinity
of bearings, to minimise shaft deflection.

In commercial vehicles, these transmissions are called direct drive gearboxes or
overdrive gearboxes (Figure 6.46), depending on whether in countershaft trans-
missions the top gear is a direct gear with a ratio equal to one or a ratio less than
one (speed increasing ratio).

From a design standpoint, an advantage of the overdrive gearbox is that the po-
tential gearbox input torque is higher in comparison to similarly large direct-drive
gearboxes. With the exception of the different ratio of the constant gear and of the
highest gear, the same gear pairs can generally be used. Moreover, the overdrive
design potentially saves on fuel because of the resulting engine speed reduction.

4th 3rd  2nd 1st S5th3rd  2nd st
CG 5th  __ T CG4th T T
ATTTL 7T T ITTT T
LI rlg il Piu Ll 11l
m m (] P A T m mn
T = 1 Speed” T = 1
Speed T = increasing T —
reducing - -
1 ] L ]
I 1 ) 1
a) Direct drive transmission b) OvéFdrive transmission

Fig. 6.46. 5-speed countershaft transmission. a Direct drive transmission — top gear is
direct drive; b overdrive transmission — top gear is speed increasing
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L Fig. 6.47. 5-speed gearbox with
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Alternatively, such a transmission can also be fitted with an output constant gear
CG,y: (Figure 6.47). This means that the constant ratio is located behind the gear
pairs for the individual gears.

Such a configuration has the following advantages:

e The reduced moment of inertia, which is crucial for synchronizer stress and is a
function of the square of the gear step, is less with transmissions with an output
constant gear.

o There is less deflection of the shafts on which the gear pairs for the individual
gears are mounted.

These advantages have two countervailing disadvantages:

o Gearwheels, countershaft and bearings rotate at higher speeds than in gearboxes
with an input constant gear.

o The output constant gear must be of more robust design, since there are already
high torque levels. Like the input constant gear, it must be designed for en-
durance strength since it is always in the power flow, with the exception of
direct drive.

2/ Multi-Range Transmissions

In the case of multi-speed transmissions the task is to provide as many gear steps
as possible with as few gear pairs as possible. Multi-range design is suitable for
transmissions with more than 6 gears, and can be coaxial or non-coaxial. Multi-
range transmissions are constructed by combining single-stage, two-stage or
multi-stage single transmissions (Figure 6.48).

A single transmission which is self-contained by design is called a range unit.
The system boundaries are, however, floating and cannot always be precisely de-
fined. Both in a front-mounted splitter unit and in a front-mounted range-change
unit, the second constant can also be used as a main gearbox gear pair (see the
power flows in Figure 6.54).
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Fig. 6.48. Combination of two-stage main gearbox with single-stage or two-stage front-
mounted or rear-mounted range units. CGy front-mounted splitter unit constant high;
CGy front-mounted splitter unit constant low; R range; D direct; CGy range constant;
CG i, main gearbox constant; Sy rear-mounted splitter unit high; S; rear-mounted split-
ter unit low

In the splitter unit, a distinction is made between the “High” position (fast) and the
“Low” position (slow):

o The splitter unit can be speed-reducing or speed-increasing.
e The range-change unit is always speed-reducing.

The appropriate design must always be selected for each range unit. It is easy to
arrange to link a countershaft transmission to a planetary gear transmission.
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With front-mounted and rear-mounted range units, a distinction is made between

o splitter unit: compressing the gear sequence and
o range-change unit. expanding the gear sequence.

Figure 6.49 shows the effect of the various ranges on the gear sequence using the
example of the three-range gearbox as shown in Figure 6.54 (see also the traction
diagram of a commercial vehicle with front-mounted splitter unit in Figure 5.6).

The logarithm of the ratio is shown on the right of each graph in Figure 6.49 to
illustrate the geometrical gear steps in multi-range transmissions.

Splitter Unit: Compressing the Gear Sequence

A splitter unit always leads to a compression of the gear sequence (6.49a). The
splitter unit can be fitted before or after the main gearbox (Figure 6.48). The gear
step in the splitter unit is less than that of the main gearbox (Figure 6.49a) (half as
large with geometrical gear steps). The number of gears in the main gearbox is
multiplied by the number of gears in the splitter unit. The splitter unit is normally
fitted with two gears.

In practice, front-mounted splitter units are almost always used. The reason for
this is that front-mounted splitter units only have a small ratio change of approxi-
mately 1.1 to 1.2. This means that the rear-mounted main gearbox is loaded either
with only a slightly higher torque, or in the case of a speed-increasing ratio, even
with a lower torque than without a splitter unit. If the splitter unit is rear-mounted
to the main gearbox (bottom of Figure 6.48), it must be designed for the highest
torque multiplication reached in the main gearbox. That is a more expensive solu-
tion than a front-mounted splitter unit.

Range-Change Unit: Expanding the Gear Sequence

The function of a range-change unit is to expand the gear sequence. This is
achieved by the ratio step in the range-change unit being as big as the range of ra-
tios in the main gearbox, multiplied with the gear step in the main gearbox (Figure
6.49b). The gear sequence with the range-change unit engaged follows smoothly
on from that of the main gearbox. Overlaps in the ratios of individual gears are
avoided by using geometrical gear steps (Section 4.3.2). Range-change units are
always speed-reducing. The torque multiplication in the range-change unit
amounts to approximately ir = 3—4. If the range-change unit was designed to be
front-mounted, the high torque values would pass through the main gearbox. The
range-change unit is therefore always fitted at the output end of the main gearbox.
The range-change unit can be of countershaft design or a compact planetary gear
unit.

Mixed Gear Sequence

Gear sequences can also be created with one or more range units, in which the
gears do not all follow each other with the same gear step (geometrical stepping).
Non-geometrical stepping can lead to part of the gears no longer being useable be-
cause the gear step to a neighbouring gear is too small.
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¢) Gear sequence of the 16-speed 3-range gearbox

Fig. 6.49. Compressing and expanding the gear sequence with splitter unit and range-
change unit. Based on the example of the 16-speed commercial vehicle gearbox
ZF 16 S 221 shown in Figure 6.54. L low (slow); H high (fast)
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Evaluation

Table 6.13 shows various combinations of range units. Splitter units and range-
change units can be used singly or in combination as front-mounted or rear-
mounted range units. However, some of these possible combinations are not vi-
able in practice. A simplified evaluation of these multi-range transmissions was
carried out to determine the most suitable design. This was based on a 4-speed
main gearbox, with the simplifying assumption that the centre distances in each
unit are the same, and that for the torque multiplication in the splitter unit
ispiit = 1.2, in the range-change unit i = 4, and in the main gearbox igy = 3.5.

The characteristic value Kg is determined by the number of gear pairs per range
unit, an investigation of the individual torque conversions, and the total ratio
achievable. The resultant values represent a relative measure of the physical di-
mensions of the transmission, and are not absolute indications of size. They serve
rather to compare the transmissions with each other. The smaller the transmission
characteristic value Kg, the smaller the dimensions of the transmission. Front-
mounted and rear-mounted range units, splitter units and range-change units were
tried in different configurations. The results are shown in Table 6.13. The various
possible configuration variants can be assessed in terms of their dimensions using
this table.

The combinations reviewed can be subdivided into the following three categories:

¢ main gearbox with splitter unit (S7 and S2),
¢ main gearbox with range-change unit (R/ and R2),
e main gearbox with splitter unit and range-change unit (RS/ to RS4).

Table 6.13. Various combinations of range units and their characteristic values K.
F Front-mounted; R rear-mounted; S splitter unit; R range-change unit;
Main main gearbox

o Combination Gearbox characteristic value K
FS | FR [Main| RS | RR 0 ! 2 3 4 5 6
st | X X 3.7 ———
52 X | X 5.63 ——
Rl xX | X 2.89 : : |
R2 X > | 193 ::I
RSl | X | X | X 3.15 ———
RS2 X | X | X 5.74 : : :
RS3 X | X | X | 227 :ﬁ]
RS4 | X X X | 205 :ﬁl
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Fig. 6.50. Conventional configurations with two-range and three-range gearboxes

This reveals the combinations front-mounted splitter unit (S7), rear-mounted
range-change unit (R2) and front-mounted splitter unit with rear-mounted range-
change unit (RS4) as the most favourable in their respective categories in terms of
physical dimensions.

Figure 6.50 shows common configurations of two- and three-range gearboxes.
A high degree of flexibility can be achieved using the modular principle of two or
three individual transmissions flanged together. Multi-range transmissions are in
principle possible in passenger cars as well.

In multi-range transmissions, shifting times become extended, since several
junctions have to be shifted in some gears. The overall shifting time should also be
less than a second under unfavourable conditions.

Multi-speed transmissions can be designed with a small number of gear pairs if
several junctions are shifted simultaneously when changing gear. Theoretically,

22D (6.6)

gears can be produced with p gear pairs.

Equation 6.6 applies when all gearwheels can be shifted and each gearwheel
has its own shaft. Such a transmission, in which the power is transmitted several
times from one shaft to the other in individual gears, is also known as a multi-
stage transmission. In multi-stage transmissions the range units are reduced to in-
dividual gear pairs.
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Fig. 6.51. Gearbox diagrams and power flows of coaxial multi-stage transmissions

In addition to the high level of engineering complexity for the shaft junctions, sev-
eral junctions have to be shifted at the same time when changing gear. Multi-stage
transmissions with up to 5 gear pairs and 16 gears are shown in Figure 6.51. Shift-
ing two or more junctions at the same time can lead to high shifting times.

Depending on the design, the following transmissions can be designed using p = 6
gear pairs (Figure 6.52):

¢ single-range countershaft transmission, Figure 6.52/1: 6 forward gears,
e multi-stage transmission, Figure 6.52/2: 32 forward gears,
e two-range splitter gearbox, Figure 6.52/3.1: 10 forward gears,
e two-range range-change gearbox, Figure 6.52/3.2: 8 forward gears,
o three-range splitter/range-change gearbox,

Figure 6.52/3.3: 12 forward gears.

The multi-stage transmission is of no practical interest because of the many junc-
tions to be shifted. If a splitter unit and a range-change unit are combined with a 4-
speed main gearbox, this results in a 16-speed transmission. Here the overall gear
ratios of the three range units are selected in such a way that all 16 selectable com-
binations of gears are arranged in steps useful for the driver (Section 4.3.2 “Geo-
metrical Gear Steps”) (Figure 6.49c¢).
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3/ Practical Design of Two- and Three-Range Transmissions

The normal designs are two- and three-range transmissions with up to 16 gears
(2 x4 x2)[6.26] (see also Figure 4.2 “Hierarchical structure of the powertrain ra-
tio i,”). A larger number of gears is in principle possible, but in practice no longer
relevant since it involves excessively frequent gearshifting by the driver.

The ZF 9 S 109 9-speed commercial vehicle transmission (Figure 6.53) can
serve as an example of a two-range type gearbox with a 4 x 2 design. The main
gearbox is a 4-speed countershaft-type transmission with an additional moving-off
gear stage, commonly known as a crawler, which is only used for moving-off and
manoeuvring. A two-speed range-change unit in planetary design is mounted on
the gearbox output side.

With a direct-drive transmission, the crawler is designed with a ratio of ap-
proximately 13; with an overdrive transmission, the ratio of this moving-off gear
is at 10.3.

By means of a two-speed splitter unit, a two-range gearbox can be represented
as a 16-speed gearbox with a three-range design of 2 x 4 x 2. The crawler is left
out in this case. The overall gear ratio of this 16-speed transmission is approxi-
mately 13.5 in both the direct drive and overdrive designs.

CG 3rd 2nd 1st C vy
=T I
= I RD
= T||t
a7l Irid by Tl
g plog ol Ll
=] I —
= 1 T
T =+ 1 T
I Il :I: i 77
1 Range-change
4 T unit
1 -‘- ‘ | Ratio
Crawler —=— ——— = 1291
1st gear —»— I 1> 896
2ndgear »=— | 1+ 637
3rd gear 1 I 11— 471
4th gear [ 1+— 353
Sth gear =»— I 2.54
Bthgear »=—— | - 1.81
7th gear -»— I - 1.34
8th gear -= > 1.00
Rgear —»— —{ = 1220

Fig. 6.53. Gearbox diagram, power flows and ratios of a 9-speed two-range gearbox (ZF),
4 x 2 + crawler = 9 speeds in direct drive design [6.48], production design Figure 12.34
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Fig. 6.54. Gearbox diagram, power flows and ratios of a 16-speed three-range gearbox
for heavy-duty commercial vehicles in direct drive design (ZF), 2 x 4 x 2 = 16 speeds,
production design Figure 12.35

The following principle applies to the design of commercial vehicle transmissions:

The transmission must be designed in such a way that the largest pos-
sible number of gear pairs is acted on with a small change in ratio,
and the smallest possible number of gear pairs with a high change in
ratio.
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The planetary design of the range-change unit in particular ensures compactness,
bearing in mind that the range-change unit must have a large gear step, which is
easy to achieve in a planetary design. The short overall length also ensures mini-
mum shaft deflection in range-change units subject to high torques.

Figure 6.54 shows an example of a three-range gearbox with a 16-speed design
(2 x 4 x 2) for heavy-duty commercial vehicles. The ZF gearbox 16 S 221 from
the Ecosplit Series with direct drive design consists of a front-mounted two-speed
splitter unit of countershaft design, a main countershaft gearbox with four gears
and a reverse gear and a rear-mounted two-speed planetary range-change unit.
Thus the transmission has a total of 16 forward gears and two reverse gears. The
main feature of this transmission series is the large overall gear ratio of approxi-
mately 17. The ratios from 16.41 in first gear to 1.00 in direct gear or from 13.80
to 0.84 with the overdrive design allow an optimal exploitation of the power of-
fered by the commercial vehicle engine [6.49].

The countershaft transmissions discussed heretofore had only one countershaft
located in the power flow. The transmission diagram shown in Figure 6.55 of the
Eaton Twin Splitter transmission has a 4-speed main gearbox with two counter-
shafts as well as a three-speed rear-mounted splitter unit also fitted with two coun-
tershafts. The ratio lies between 10.90 and 0.78 in the overdrive design and be-
tween 14.05 and 1.00 in the direct drive design, with a resulting overall gear ratio
of approximately 14 [6.8]. The power transmitted is split between both counter-
shafts of the main gearbox, and flows back to the main transmission shaft. The
power-split enables the gearwheels to be approximately 40% narrower than in a
conventional countershaft transmission. The transmission is physically shorter, but
wider. Short transmissions are advantageous especially in tractors. The shorter the
transmission, the more favourable the proportions (the deflection angle resulting
from the vertical offset and the longitudinal distance to the final drive) for the pro-
peller shaft connected to the transmission.

In order to ensure uniform loading (load compensation) of the gearwheels in
both branches of the power-splitter, the main shaft does not run in radial bearings
but is merely radially guided. It is centred between the two countershafts when
under load. Since the main shaft is not capable of absorbing large axial forces,
straight-cut spur gears are used. To still achieve good running characteristics,
gearwheels with a high contact ratio and high contact gearing are used.

The main gearbox of the twin splitter has four forward gears and one reverse
gear. The rear-mounted splitter unit has three gears: one direct gear ip = 1.0, one
speed increasing gear isy = 0.78 and one speed reducing gear is; = 1.24. This
gives 12 forward gears and three reverse gears. Rear-mounted splitter units are
not usually used, because of the face widths required (see also Table 6.13).

It is nevertheless used in this case because of the low overall face width result-
ing from the power-split. The main gearbox is constant-mesh, the rear-mounted
splitter unit is synchronized.

One example of a three-range manual transmission with two countershafts in
each range is the Eaton S Series transmission shown in Figure 6.56.
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Fig. 6.55. Gearbox diagram, power flows and ratios of the Eaton Twin Splitter gearbox
in overdrive design; 4 x 3 = 12 speeds: 4-speed main gearbox in two-countershaft design;
3-speed rear-mounted splitter unit in two-countershaft design; CG constant gear;

CS countershaft; MS main shaft; S rear-mounted splitter unit constant low; Sy rear-
mounted splitter unit constant high; D direct, production design Figure 12.37

The transmission consists of a front-mounted two-speed splitter unit, a 4-speed
main gearbox and a two-speed rear-mounted range-change unit. Thus the trans-
mission has a total of 16 forward gears and two reverse gears. Because all three
units each have two countershafts, high torque absorption is possible with a short
gearbox. But the transmission is wider than a one-countershaft design. With a ratio
between 17.58 in the first gear with the direct drive design and of 14.45 in first
gear and 0.83 in the highest gear with the overdrive design, the overall gear ratio
reaches a value of 17.4 [6.9].
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Fig. 6.56. Gearbox diagram, power flows and ratios of a 16-speed gearbox (2 x 4 x 2) in
overdrive design (Eaton). Two-countershaft design of all range units: 2-speed splitter unit;
4-speed main gearbox; 2-speed range-change unit; CG constant gear; CS countershaft;
MS main shaft, production design Figure 12.38

This transmission is also the basis for an automated design. In this case, the
4-speed main gearbox is designed without synchronization, with the other two
range units being synchronized. In this design, going under the name of Eaton
SAMT (Semi Automated Manual Transmission), the transmission allows a fully
automated gear change without the intervention of the driver. Depending on the
traffic situation, one can choose between a fully automated or semi-automated
driving mode. The driver only uses the clutch when moving-off, stopping and ma-
noeuvring [6.40].
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6.7.2 Automated Manual Commercial Vehicle Transmissions (AMT)

Manual passenger car and commercial vehicle transmissions can have different
levels of automation. Depending on the design, the moving-off process, the en-
gagement of the gearshifting clutch and gear selection can be automated. None of
these processes is automated in manual transmissions, one is automated in semi-
automated manual transmissions and, in the case of fully automated transmissions,
all of these processes are automated. This results in the breakdown shown in Table
6.14 listing the various degrees of automation of transmissions from manual
transmissions (automation level 0) through to fully automated transmissions (auto-
mation level 4).

1/ Semi-Automated Manual Commercial Vehicle Transmissions:
Automation Level 2

In automation level 2 the driver just engages the desired gear by activating the
gearshift lever, then the clutch engaging action and moving-off take place auto-
matically.

2/ Semi-Automated Manual Commercial Vehicle Transmissions:
Automation Level 3

In automation level 3 the driver selects the gear or follows an automatic shift
(gear) recommendation. By activating the clutch the driver triggers an automatic
shift into the recommended or selected gear. Such systems have become familiar
in the market under the names “Automated Preselectors (APS)” and “Ecoshift”.
Transmissions with an automation level of 3 and lower are no longer designed and
manufactured.

Table 6.14. Automation levels of manual transmissions

Automation level Moving-off Shifting clutch Gear selection
method action method
0 Foot-activated master | Foot-activated clutch | Manual activation of
clutch operation a shift lever
1 Foot-activated master | Automated clutch | Manual activation of
clutch operation a shift lever
) Automated master Automated clutch | Manual activation of
clutch operation a shift lever
Automated master Gear change }mtlated Manugl gear
3 clutch by foot-activated preselection from
clutch operation keypad
Automated master Automated clutch Autg mated sear
4 . selection and engine
clutch operation
management




208 6 Vehicle Transmission Systems: Basic Design Principles

3/ Fully Automated Manual Commercial Vehicle Transmissions:
Automation Level 4

Automated manual commercial vehicle transmissions have had level 4 automation
since the end of the 1990s. This level of automation is characterised by an auto-
mated moving-off element, automated clutch engagement in gearshifting, auto-
mated gear change and data communication between the engine control unit and
the transmission control unit. Through this total clutch automation, the clutch
pedal can be disposed of entirely, thus allowing for a two-pedal system in com-
mercial vehicles with acceleration and brake pedals. In addition to the automatic
mode, a manual mode enables the driver to intervene at any time.

As already discussed in Section 6.6.2 “Automated Manual Passenger Car
Transmissions”, a distinction is made among the actuating elements between add-
on systems for adding onto existing manual transmissions and integrated systems.
In the case of integrated systems, the transmission is developed for purely auto-
mated implementation. The automation of manual transmissions offers many ad-
vantages, the most important of which are:

e a high level of efficiency comparable to a manual transmission,
e improved driving comfort as a result of relieving the driver of engaging the
clutch and shifting,
e improved driver alertness in road traffic,
o reduction of life-cycle costs through:
— decreased clutch wear,
— decreased fuel consumption through the use of an optimised driving strategy
(selection of shift programmes),
¢ increased protection of components through the prevention of shifting misuse
(transmission and clutch protection),
e transmission control without rods and cables by means of a drive selector,
which means:
— reduced noise in the cabin, as there is no mechanical connection between the
gearshift lever and the transmission,
— optimised packaging, as the rod shifting system and the clutch pedal are left
out, which means a more simple and cost-effective assembly.

A disadvantage of automated manual transmissions is power interruption, but
since the shifting times of modern commercial vehicles are short, this is accept-
able for road traffic.

3.1/ Structure of Automated Manual Commercial Vehicle
Transmissions

The structure of manual commercial vehicle transmissions with single- and multi-
range design is explained in Section 6.7.1. The automated clutch engagement and
the automated gear change are facilitated by the use of different actuating ele-
ments (actuators). These are the clutch actuator CA and the transmission actuator
TA. Figure 6.57 shows the system structure of an automated manual commercial
vehicle transmission.
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Fig. 6.57. System structure of an automated manual transmission

The key differentiating factor in the design of the actuating elements is the type of
energy required for their functioning. The following types of actuating elements
are used in automated manual commercial vehicle transmissions:

e clectropneumatic actuators,
e clectrohydraulic actuators and
e clectromechanical actuators.

The selection of actuator essentially depends on the type of energy currently or
potentially available in the vehicle. Electropneumatic actuators are suited to
heavy-duty trucks, as they are equipped with a compressed air system. If no com-
pressed air is present, either an electrohydraulic or an electromechanical system is
used, depending on the required properties of the actuating element.

Actual and reference data are exchanged via the data bus (CAN bus = Control-
ler Area Network) between the engine control unit (ECU) of the diesel engine and
the transmission control unit (TCU), as well as connected sub-systems such as the
drive selector, the display, the ABS/ASR and the sensors. See also Chapter 13
“Electronic Transmission Control”.

Automated manual commercial vehicle transmissions are available on the mar-
ket as “AS-Tronic” (ZF), “eTronic” (ZF), “Telligent EAS” or “PowerShift” (Mer-
cedes-Benz), “Sprintshift” (Mercedes-Benz), “I-Shift/Geartronic” (Volvo), “Op-
ticruise” (Scania) and “SAMT B” (Eaton). The following will explain some
examples of these transmissions.

3.2/ Examples of Commercial Vehicle AMTs

The ZF 6 AS 380 VO eTronic 6-speed automated manual transmission for light-
duty trucks and vans is based on the 6 S 380 VO overdrive manual transmission.
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This single-range transmission has an input constant gear which, except for the di-
rect gear (fifth gear), is always in the power flow (Figure 6.58).

The automation of this transmission is achieved by means of electromechanical
actuators, mounted externally as add-on components on the gearbox housing. An
electromechanical clutch actuator opens and closes the clutch. The electrome-
chanical transmission actuator has two electric motors: one for selecting motion
and one for the shifting motion [6.50].

The PowerShift transmission G241-16K by Mercedes-Benz is an example of a
manual transmission for heavy-duty commercial vehicles which is automated by
electropneumatic actuators. The geometrically stepped 16-speed constant-mesh
gearbox is designed as a three-range transmission (Figure 6.59). A two-speed
splitter unit is located in front of the 4-speed main gearbox. It “compresses” the
gear sequence. The splitter unit and the main gearbox have a single-countershaft
design. The two-speed planetary range-change unit is mounted behind the main
gearbox. It doubles the gear sequence.

The transmission has a brake mounted on the countershaft which is responsible
for adjusting the speed for upshifting. Downshifting is achieved by means of an
increase in engine speed. The electronic transmission control unit is mounted to-
gether with the transmission actuator and the clutch actuator on the transmission
exterior.
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Fig. 6.58. Gearbox diagram, power flows and ratios of the automated 6-speed gearbox
for vans and light-duty trucks in single-range design and electromechanical gearshift
system (ZF), production design Figure 12.39
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Fig. 6.59. Gearbox diagram of an automated 16-speed three-range gearbox 2 x 4 x 2
(Mercedes-Benz); constant-mesh gearbox with electropneumatic gearshift system
and a countershaft brake, production design Figure 12.40

Another automated transmission for heavy-duty commercial vehicles is the ZF
AS-Tronic Series three-range transmission. The unsynchronized 3- or 4-speed
main gearbox has two countershafts. The two-speed splitter unit, which also has
two countershafts, and the two-speed planetary range-change unit are synchro-
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nized. Due to this modular structure, 10-speed, 12-speed and 16-speed transmis-
sions with two reverse gears can be realised [6.15-6.16, 6.25, 6.35, 6.46]. Figure
6.60 shows the gearbox diagram and power flows of the ZF 16-speed transmission
AS-Tronic 16 AS 2230 TD.
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Fig. 6.60. Gearbox diagram and power flows of an automated 16-speed three-range gearbox
in direct drive design (ZF); electropneumatic gearshift system and countershaft brake,
PTO power take-off, production design Figure 12.41



6.7 Commercial Vehicle Transmissions 213

The main gearbox is designed with constant-mesh gearshift and is synchronized
by means of engine control and a gearbox brake. The gearbox brake mounted on
one of the two countershafts is used during upshifting to reduce speed.

Like the gearbox brake, all automation components (clutch actuator and trans-
mission actuator) are activated electropneumatically. In this transmission, the ac-
tuators are combined together into modules and integrated in the gearbox housing.
The transmission has a fully automated dry clutch. This allows for a two-pedal
system in the vehicle.

6.7.3 Commercial Vehicle Torque Converter Clutch
Transmissions (TCCT)

Torque converter clutch transmissions fall under the category of automated man-
ual transmissions. They have a very small market share. The special feature of this
transmission design is the torque converter clutch unit. It consists of a hydrody-
namic torque converter, a torque converter lock-up clutch, a primary retarder and a
dry-running gearshifting clutch.

The torque converter clutch transmission was developed in the 1960s. The goal
was to facilitate difficult moving-off processes for very heavy vehicles while re-
taining the manual gearbox. In Figure 6.61 the ZF 16 S 221 Ecosplit 16-speed
manual transmission is located behind the torque converter clutch 7CC. The mov-
ing-off function in this transmission is taken over exclusively by the torque con-
verter; the gearshifting clutch is foot-activated to interrupt the power when chang-
ing gears.

A further development of the “ZF Transmatic” mentioned earlier is the “ZF
TC-Tronic” with the model name 12 TC 2740 TO. The fully automated transmis-
sion consists of a torque converter clutch unit 7CC and an automated 12-speed
transmission with an electropneumatic shifting system.
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Fig. 6.61. Gearbox diagram of a 16-speed commercial vehicle transmissions with torque
converter clutch TCC (ZF), production design Figure 12.45
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Fig. 6.62. Gearbox diagram of a 12-speed commercial vehicle gearbox in overdrive
design with electropneumatic gearshift system and torque converter clutch (ZF),
production design Figure 12.46

The manual transmission mounted behind the torque converter clutch unit is based
on the automated 12-speed transmission 12 AS 2740 TO with overdrive (Figure
6.62). This transmission is designed as a three-range transmission (2 x 3 x 2). The
two-speed splitter unit and the three-speed main gearbox have two countershafts,
and the two-speed range-change unit has a planetary design.
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While the main gearbox is constant-mesh, the splitter and range-change units are
synchronized. See also Figure 6.60. The transmission and clutch actuators are ac-
tivated electropneumatically, as is the gearbox brake mounted on one of the two
countershafts.

6.7.4 Automatic Commercial Vehicle Transmissions (AT)

Conventional automatic transmissions for commercial vehicles are similar in de-
sign to those made for passenger cars. They are exclusively designed as hydro-
dynamic torque converters with power-shiftable planetary gears. See also Section
6.6.4 “Automatic Passenger Car Transmissions”. Conventional automatic com-
mercial vehicle transmissions differ from those made for passenger cars not only
in terms of their layout and thus their design, but also, depending on the particular
design, because they have additional components, such as retarders or power take-
offs.

An example of an automatic commercial vehicle transmission for light-duty
trucks, distribution vehicles, pickup trucks and small buses is the Allison 5-speed
automatic transmission of the 1000/2000/2400 Series with an input torque up to
750 Nm. Figure 6.63 shows the gearbox diagram and the power flow in the indi-
vidual gears.

The transmission consists of a hydrodynamic torque converter with a lock-up
clutch and a planetary gear system. The so-called Polak planetary gear set is com-
posed of three single planetary gear sets. The planetary gear carriers are respec-
tively connected to the following ring gears. These planetary gear sets are con-
trolled by two multi-plate clutches and three multi-plate brakes (see Section 9.3
“Layout and Design of Multi-Plate Clutches”).

In this transmission, the clutch 4 is closed in the first four gears, while the
clutch B is closed in fourth and fifth gear. The brakes D, E and F' connected to the
ring gears of the planetary gear sets are activated according to the respective gear.
In fourth (direct) gear, clutches 4 and B are closed and planetary gear set III ro-
tates as a block. In fifth gear, the clutch B and the brake D are closed. In reverse
gear, the shifting elements D and F are activated. Theoretically, a sixth gear is
possible if the clutch B and the brake E are closed. With a ratio ranging from 3.51
in first gear to 0.74 in fifth gear, the overall gear ratio of the transmission amounts
to 4.74 [6.1-6.2, 6.20].

The ZF automatic transmission 6 HP 602 C, with an input torque of up to
1600 Nm, is used for urban buses and special-purpose vehicles. Figure 6.64 shows
the gearbox diagram and shifting elements of this double-overdrive transmission.
This is a 6-speed transmission with a torque converter, a lock-up clutch, and inte-
grated retarder and a Wilson planetary gear set consisting of a system of three
coupled single planetary gear sets. The transmission has three multi-plate clutches
and three multi-plate brakes.

In the first four gears, clutch 4 is closed, and in fourth, fifth and sixth gears,
clutch B is closed. The brakes D, E and F connected to the ring gears are activated
according to the gear to be engaged.
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Fig. 6.63. Gearbox diagram and gearshift pattern of a 5-speed automatic gearbox for

light-duty trucks, delivery vehicles, pickup trucks and small buses (Allison), production

design Figure 12.47
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Fig. 6.64. Gearbox diagram and gearshift pattern of a conventional 6-speed automatic

gearbox (ZF), production design Figure 12.48

In fourth (direct) gear, clutches 4 and B are closed and planetary gear set III ro-
tates as a block. Reversing the rotational direction in reverse gear is achieved by
the clutch C and the brake F. With a ratio ranging from 3.43 in first gear to 0.59 in
sixth gear, the overall gear ratio of the transmission amounts to 5.81 [6.11-6.12,

6.27, 6.47].

6.7.5 Commercial Vehicle Hybrid Drives

Serial hybrid powertrains have a practical relevance for commercial vehicles.
They have no mechanical coupling of the engine to the wheels (see Section 3.2.4).
The serial hybrid drive has the advantage of being highly flexible in terms of the

selection of an electrical energy supply source. The following are possible:

o Diesel generator set: This design exhibits the features of the serial hybrid

powertrain described in Section 3.2.4.
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An optional electrical energy accumulator (electrochemical battery or double-
layer capacitors) can be used in the intermediate voltage circuit between the
generator and the traction motor(s). The energy storage unit can be used for
intermediate storage of energy recuperated during braking or for carrying out
purely electric vehicle operation without the combustion engine.

Fuel cell: In this case, the supply of electric power carried out by the traction
motor(s) is taken over by a fuel cell (see Section 3.2.3). A hybridisation with
an additional battery is recommendable to ensure a system capable of recu-
peration.

Overhead contact line: The supply of electric power carried out by the traction
motor(s) can also be taken over by an overhead contact system, e.g. for city bus
applications. With such applications, a small diesel generator may be used to
enable manoeuvring operation without recourse to the overhead contact system.

Basic system components of a serial hybrid drive:

Generator: preferably a permanent-magnet three-phase synchronous motor
(PSM) flanged to the diesel engine; a special design is the transversal flux
motor (TFM).

Feed-in: rectifier for converting the three-phase current of the generator into
direct current.

Intermediate voltage circuit: electrical energy supply for the traction
motors.

Traction inverter: pulse-controlled traction inverter for controlling the three-
phase AC traction motor with either ASM (asynchronous motor) or PSM
design.

Control electronics: driving electronics and hybrid management.

For all the drive configurations named, the electric traction motors can be ar-
ranged as follows:

The central motor acting directly on a conventional axle drive; no ratio range.
Application: city buses (Figure 6.65a). Possible alternative: design with tandem
motors and summarising gearbox (Figure 6.65c).

The central motor acting on a conventional axle drive via a gearbox assembly
for speed adjustment, preferably a planetary gearbox; fixed ratio. Application:
city buses (Figure 6.65b). Possible alternative: design with tandem motors with
two planetary gearboxes and a summarising gearbox (Figure 6.65d).
Single-wheel drive with traction motors in direct proximity to the drive wheels
(wheel hub drive) as final drive with gearbox assemblies for speed adjustment,
preferably planetary gearboxes, often with two-stage design with no ratio
range. Application: city buses, commercial vehicles, special-purpose vehicles
(Figure 6.65¢).

“In-hull drive”: single-wheel drive with traction motors, e.g. mounted at the
centre of the vehicle, which acts on the drive wheels via propeller shafts.
Two-stage selector transmission possible (shifting when stationary or during
operation, with or without powershifting). Application: special wheeled and
tracked vehicles (Figure 6.65f).
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Fig. 6.65. Schematic design types for traction motor applications. a Direct central motor;
b central motor with planetary gear set; ¢ tandem motors with summarising gear;

d tandem motors with planetary gear set and summarising gear; e wheel hub drive with
planetary gear set; / “in-hull drive” with selector gearbox

Figure 6.66 shows the electric drive axle EE Drive | from ZF. A wheel hub drive
was designed for applications in city buses which can be used for all three of the
abovementioned configurations with electric drive: serial hybrid powertrain with
diesel generator set, fuel cell drive and electric drive with a connection to an over-
head contact system. The following will focus on the EE Drive 1 serial hybrid
drive design.
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The diesel generator set serves as a pure power source. Because there is no me-
chanical coupling, the engine torque does not act directly on the wheels. The elec-
tric drive is only responsible for vehicle motion and can principally execute the
functions of driving and braking by reversing the direction of the energy flow. In
the case of braking, kinetic energy of the vehicle can be fed back by means of the
generator activity of the traction motor to the traction battery via the intermediate
direct current circuit (recuperation). Additionally, the motor activity of the genera-
tor against the compression work done by the combustion engine can eliminate
excess braking energy without wear. Finally, the electric energy from the interme-
diate direct current circuit can be converted via a brake resistor into heat (wear-
free permanent brake).

In the schematic diagram of the wheel hub drive in Figure 6.66, one electric
motor mounted concentrically with the wheel axis acts per driven axle on the left
wheel and one on the right wheel, respectively, via a two-stage planetary gearbox.
The drive for each of which is though the sun gear and the output via the spider.
Both ring gears are fixed to the housing (see Section 6.8.4 “Hub Drives for Com-
mercial Vehicles”).

6.7.6 Continuously Variable Commercial Vehicle Transmissions (CVT)

Mechanical continuously variable transmissions are currently not in prospect for
commercial vehicles. Pulley transmissions as used in passenger cars (up to
350 Nm) have neither the necessary torque capacity nor the necessary robustness
for use in commercial vehicles. There are test vehicles with toroidal variators
(friction gear) which have higher torque capacity than chain converters. Especially
with agricultural machines and mobile work machines, however, continuously
variable hydrostatic transmissions in combination with geared transmissions rep-
resent a sensible and thus widespread form of drive.

While continuously variable hydrostatic transmissions boast a simple, comfort-
able operation and high automatability, their overall level of efficiency is moder-
ate at best [6.36].
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Fig. 6.67. Basic designs of continuously variable drives with hydrostatic power-split.
a Input connected; b output connected (according to [6.36])

Purely hydrostatic continuously variable transmissions never became a popular
choice for drives with a large overall gear ratio which transmit the total installed
engine power and/or have high transport shares, as e.g. in agricultural tractors. In-
stead, tractors are increasingly being fitted with continuously variable transmis-
sions based on hydrostatic power-splitting [6.14].

In continuously variable transmissions with hydrostatic power-split, the drive
power of the engine is split into a mechanical branch and a hydrostatic branch and
then combined again. The continuous ratio change is a result of the altered specific
displacement volume of the hydrostatic displacement machine. Transmission de-
signs work predominately with adjustment of the hydrostatic pump (primary ad-
justment). The hydrostatic power fraction is concept-dependent and can reach up
to 100% of the input power; even areas of operation with reactive power flow are
used. Figure 6.67 shows the two most important basic designs of drives with hy-
drostatic power-split. In Figure 6.67a, the power is split with a constant speed ratio
and recombined in a planetary gear with a constant torque ratio. In Figure 6.67b,
the exact reverse is the case. Depending on the basic design and the way the con-
nection shafts of the planetary gearbox are connected, the hydrostatic power frac-
tion takes different paths over the total ratio [6.37].

The transmission system shown in Figure 6.68 is a continuously adjustable hy-
drostatic transmission with power-split. It consists of the following components:
planetary coupled gear, hydrostatic unit, reversing gear, electrohydraulic control,
sensor system and electronic control unit. The total ratio of the transmission can
be continuously adjusted within a range of o to +/—0.58.

This overall range is subdivided into four fixed transmission ranges which are
adjusted via the planetary gearbox and are each transmitted again with the con-
stant gear of the countershaft reversing gear. The planetary gearbox consists of
four planetary gears. The front differential drive is designed as a three-stage cou-
pled gear with five shafts (planetary gears Py, P,, Ps).
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Fig. 6.68. Continuously variable, hydrostatic-mechanical gearbox with power-split for the
use in agricultural tractors (ZF)

Among the five shafts are two input shafts, the engine-speed dependent gearbox
input shaft and the continuously variable hydrostatic input shaft, and three output
shafts which can be connected to the fourth planetary gear set P, via the clutches
C;, C; and C;. The fourth planetary gear set P4 has the function of a range unit act-
ing as reduction step in the first two transmission ranges 1 and 2 and rotates addi-
tionally as a block in ranges 3 and 4 [6.34].

A ratio range can be defined in each transmission range. Within the transmis-
sion range, the continuously variable ratio is merely dependent on the ratio of the
hydrostatic input speed 7, to the gearbox input speed 7, and on the rotational di-
rection of the hydrostatic input shaft n, with respect to the constant rotational di-
rection of the gearbox input shaft n,. The speed ratio n,/n; can have any value be-
tween +1 and —1 in every transmission range.

The final ratio at the end of every transmission range is equal to the initial ratio
of the transmission range which follows. Thus no speed difference arises in the re-
spective shifting elements during the automatic shifting without power interrup-
tion. The drive power is power-split forwards and backwards in all transmission
ranges and transmitted through the hydrostatic unit and through the planetary gear
set. There is a ratio in every range in which the hydrostatic power becomes zero
(ny = 0). In this state, the drive power is transmitted on a purely mechanical basis.
The gearbox efficiency achieves its respective maximum value in this position.
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6.8 Final Drives

Figure 4.2 shows a hierarchical classification of individual ratios in the power-
train. Figure 6.69 shows the components derived from this classification which
fall under the category “final drive”:

e axle drive,

o differential gear, locking differential,

e hub drive (commercial vehicles) and

o transfer gearbox (in case of multiple driven axles).

The different final drive designs result from the position of the engine relative to
the direction of travel, the position of the engine relative to the transmission, and
the ratio allocation between the transmission, transfer box, axle drive and hub
drive.

Because of the major differences in the final drive designs, a distinction is
made below between passenger cars and commercial vehicles. Examples of the
most important production designs are shown in Section 12.3 “Final drives”.
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6.8.1 Axle Drives for Passenger Cars

The basic axle drive designs shown in Figure 6.70 can be derived from the numer-
ous possible configurations of assemblies in the powertrain:

e spur gear axle drive,
e bevel gear axle drive of helical bevel or hypoid design and
e worm gear axle drive.

Other options for the final transmission are belt drives (DAF Variomatic) and
chain drives (motorcycles).

1/ Spur Gear Axle Drive

Spur gear axle drives are now common because of the popularity of vehicles with
transverse front-mounted engines. The axle drive is driven either directly by the
output shaft of the transmission, or by idler gears. It is normally favourable for the
differential cage drive if the engine and transmission are mounted side by side,
with the disadvantage of having drive shafts of unequal length to the wheels. The
reasons for their popularity are the compactness and low production cost of spur
gears, normally helical cut. There are also maintenance advantages in combining
transmission and axle drive, since in most cases the lubrication system is the same.

2/ Bevel Gear Axle Drive

In powertrains where the engine is longitudinally mounted, and in all-wheel
drives, the power flow to the wheels has to be turned through 90°. A bevel gear
axle drive is one of a wide variety of means of achieving this. The axle drive can
be integrated in the transmission housing (transaxle design), or designed as an in-
dependent assembly, as in vehicles with standard drive.

Spur gear axle drive ~ Bevel gear axle drive  Bevel gear axle drive Worm gear
(helical bevel gear)  (hypoid bevel gear) axle drive

Fig. 6.70. Schematic view of the formats for passenger car axle drives
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In the case of bevel gear axle drives a distinction can also be made between helical
bevel drive and hypoid drive, according to the engagement of bevel gear and
crown gear (Figure 6.70). In passenger cars, hypoid drives are usually used, in
which the bevel drive pinion engages below the axial centre of the crown gear.
This offset makes the diameter of the bevel drive pinion larger, and the crown gear
can be smaller for the same load than in helical bevel drives in which the axes in-
tersect. The sliding friction between the tooth flanks, which contributes substan-
tially to reducing noise, creates very high surface pressure forces which demand
pressure-resistant oil (hypoid oil) to lubricate the axle drive (see also Section 11.2
“Lubrication of Gearboxes, Gearbox Lubricants”). The offset also enables the
propeller shaft to be mounted lower, reducing the size of the transmission tunnel.

3/ Worm Gear Axle Drive

There are now no more axle drives with worm gear axle drive in production. This
type of drive was used in some Peugeot models in the 1970s. They are now rarely
used, mainly because of the difficulty and expense of manufacturing the worm and
the worm gearwheel. But the worm gear axle drive does have significant advan-
tages. It offers large multiplications in a compact space. The worm can be located
below or above the worm gearwheel. The former case means a low centre of grav-
ity and low-mounted propeller shaft, eliminating the obtrusive propeller shaft tun-
nel. Mounting the worm above the gearwheel gives the vehicle good ground clear-
ance, a particular advantage for off-road vehicles. If worms are used in multi-axle
drives, then a continuous propeller shaft coupled to the axles can be used. Worm
gear drives are superior to all other types of drive as regards quiet running, be-
cause meshing is sliding, and there is always a film of oil between the frictionally
engaged tooth flanks. Since there are large axial forces with worm gear drives, the
worm bearing requires careful consideration.

4/ Transmission Ratios

The ratio of the powertrain i, in passenger cars is derived from the transmission
ratio ig and the final ratio ig (see also Section 4.1). In most passenger car trans-
missions the transmission ratio ig of the largest gear is fixed at i = 0.7-1.0.

The ratio of the powertrain i, is fixed by selecting the axle ratio ig o to match
the power, the desired maximum final speed etc. For individual passenger car axle
drives the following ratios are typical:

U

e spur gear axle drive  ip=ipa 3.0-5.5,
e bevel gear axle drive ig=iga ~ 2.5-5.0,
e worm gear axle drive ig=iga = 5.0.

The small ratios occur in powerful passenger cars and sports cars, whilst the large
ratios occur in low-powered small passenger cars and all-wheel drive vehicles.
The specification of the axle drives relates to the input torque available, i.e. the
output torque of the transmission.



6.8 Final Drives 225

Table 6.15. Un-weighted evaluation of passenger car axle drive designs.
++ very good; + good; 0 satisfactory; — bad; —— very bad

Axle drive
Feature Spur gear Bevel gear Worm gear
Helical bevel | Hypoid bevel
drive drive
Quiet running 0 0 + ++
Manufacturing cost ++ + 0 __
Bearings ++ 0 0 0
Lubrication ++ ++ 0 0
Efficiency ++ + S+ +
Service life ++ + + ++
Load capacity 0 + + ++
Space requirements + 0 + +
Total 11+ 7+ 6+ 8+

5/ Comparison of Different Designs

Table 6.15 provides a comparison of the main basic designs of passenger car axle
drives: spur gear, bevel gear and worm gear axle drive. The comparison criteria
are quiet running, manufacturing cost, arrangement of bearings, lubrication, effi-
ciency, service life, load capacity and space requirements.

6.8.2 Axle Drives for Commercial Vehicles

In commercial vehicles the axle drive can be of single-stage or multi-stage design.
There are designs in which the ratio of the “axle” is split between the axle drive
(ig.) and the hub drive (igx). In this case, the term centre gearbox is used instead
of axle drive. The commercial vehicle final drive accommodates the axle drive
bevel gears or the worm drive, the differential gear unit and, in the case of multi-
stage axle drives, spur gear sets or planetary sets and the drive-through to the next
axle. As mentioned above, axle drives can be subdivided into single-stage and
multi-stage axle drives. Some designs of axle dives are given in Section 12.3.2.

1/ Single-Stage Axle Drives

Depending on the type of drive, the single-stage axle drive (Figure 6.71) is divided
into:
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Fig. 6.71. Schematic view of the single-stage axle drives for commercial vehicles. a Bevel

gear drive; b double bevel gear drive; ¢ worm gear drive

e bevel gear drive, Figure 6.71a,
o double bevel gear drive (split bevel drive), Figure 6.71b, and
e worm gear drive, Figure 6.71c.

The spur gear axle drive is used only in commercial vehicles of up to 3.5 t gross
weight rating, and will not be discussed further here.
2/ Multi-Stage Axle Drives

In the case of multi-stage axle drives (Figure 6.72) there are several designs:

countershaft, front-mounted, Figure 6.72al,
countershaft, top-mounted, Figure 6.72a2,
two-speed with spur gear countershaft, Figure 6.72c,
two-speed with planetary gear, Figure 6.72d.
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Fig. 6.72. Schematic view of multi-stage commercial vehicle axle drives. @ Countershaft;
al front-mounted; a2 top-mounted
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Fig. 6.72. (continued) b countershaft; ¢ two-speed with spur gear countershaft;
d two-speed with planetary gear (top: engaged; bottom: not engaged)

The term “top-mounted” refers to the fact that the propeller shaft sits higher than
the drive shafts to the wheel hubs. In this design it is easy to arrange a drive-
through to a second driven axle. If the propeller shaft and the drive shafts are at
the same height, the drive of the axle drive is thus directly from the front, hence
the term “front-mounted”.

6.8.3 Differential Gears and Locking Differentials

Single-axle drive is the minimum for passenger cars and commercial vehicles, for
reasons of directional control and traction. The engine power must therefore be
distributed to a left and a right driving wheel, in the simplest case by means of a
non-split wheel drive shaft as shown in Figure 6.73. But when cornering, the outer
wheel covers a greater distance than the inner wheel, which with a rigid drive
causes tyre abrasion and high wear and stress to the powertrain resulting from dis-
tortion.

Tieft = |

Tiet # Tright

Fig. 6.73. Principle of a rigid, non-compensating differential gear.
1 Drive; 2 bevel gear; 3 axle shaft



228 6 Vehicle Transmission Systems: Basic Design Principles

1/ Principles of Differential Gears

In order to avoid distortions in the powertrain and tyre wear due to a lack of speed
compensation when cornering, a transmission is required which, as opposed to a
rigid direct drive without split drive shaft, allows a free speed and force compen-
sation. This transmission must provide a transverse drive torque split 50% : 50%
to the left and right driving wheel. “Transverse” relates to the direction of travel of
the vehicle.

Differential gear units of this type are also necessary between the powered ax-
les of vehicles with more than one powered axle. They are only non-essential
when travelling very slowly or on loose surfaces, or when there is a sufficiently
small gap between the axles concerned. Interaxle compensation can be represented
with asymmetrical torque distribution, depending on the traction potential of the
axles and the handling required. The usual figures for all-wheel drive passenger
cars are ratios of 50% : 50% or 33% : 67% for the front and rear axles respec-
tively.

In automotive engineering, the interaxle differential for restricting the power to
different drive axles is generally referred to as a transfer box (see also Section
6.1.3 “All-Wheel Drive Passenger Cars” and 12.4 “All-Wheel Drives, Transfer
Boxes”). The interwheel differential for splitting the power to the driving wheels
of an axle is also referred to as a differential gear unit. The interwheel differentials
are usually integrated in the final drive of the powertrain. (In normal usage, these
terms refer not only to the differential unit proper, but also to its drive and associ-
ated transmission, and any wheel reduction gears.)

Differential gears are subdivided into

o interwheel differential = differential gear unit:
Transverse split of the power to the driving wheels of an axle,

¢ interaxle differential = transfer box:
Longitudinal split (as seen in the direction of travel) of the power to multiple
driven axles.

According to [6.30], differential drives with two or more degrees of freedom F
can be used for the requirements described. These are generally simple or coupled
planetary gears for overlaying speeds and power. Any epicyclic system with three
freely moveable, coaxial shafts and which is positively actuated by two input or
output movements could be used as a differential for vehicles.

In [6.3] Altmann describes ways of depicting differential gears by means of
gearwheel pairings, of which the following types are common:

e bevel gear differentials,
e spur gear planetary differentials (straight differentials),
e worm gear differentials.

Straight differentials are usually used as interaxle differentials because of the pos-
sibility of asymmetrical torque distribution, and bevel gear differentials are stan-
dard for interwheel compensation. The worm gear differential (TORSEN differen-
tial) is used in both types. Some selected examples are discussed in Section 12.3.3.
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Tieft = Tright

Fig. 6.74. Principle of a rear-axle gear unit with bevel gear differential. / Drive;
2 differential cage; 3 differential bevel gears; 4 axle bevel gears; 5 differential
shaft; 6 axle shafts

In contrast to Figure 6.73, Figure 6.74 shows no rigid drive-through, but rather
split axle shafts with an interposed bevel gear differential. The torque T intro-
duced through the drive /, for example a helical or hypoid bevel drive, is transmit-
ted via the differential cage 2 and the differential shaft 5 to the differential bevel
gears 3 and from there to the axle bevel gears 4. The differential bevel gears act
like a balance beam, establishing a torque equilibrium Tie = Tiighe between the left
and right output sides. The following applies for the rotational speeds:

e rotational speed of the outer wheel when cornering, or the one with less grip:
n,=n+ An,

o rotational speed of the inner wheel when cornering, or wheel with more grip:
n;=n-— An.

where 7 is the input speed of the crown gear and An is the speed difference be-
tween the output speed of the outer wheel when cornering and the input speed of
the differential. When travelling in a straight line, the differential cage 2, the axle
bevel gears 4, the axle shafts 6 which are torsionally locked to the axle bevel
gears, and the differential bevel gears 3 inside the cage rotate as a block. There is
no relative movement between the differential shaft 5 and the differential bevel
gears mounted on it. When cornering, the outer axle shaft has to rotate faster than
the inner one; axle bevel gears and differential bevel gears move on rolling con-
tact. This enables speed compensation between the wheels.

2/ The Need for Differential Locking

The design of conventional differential gears described in the preceding section
has two important advantages for automotive engineering:

o the rotational speeds of the drive wheels can be adjusted independently of each
other according to the different distances travelled by the left and right wheels
and
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o the drive torque is symmetrically distributed to both drive wheels, without any
yawing moment.

These two advantages are however offset by a serious disadvantage. When the
frictional potential of the two drive wheels are different, the propulsive forces
transmitted to the road surface for both drive wheels depend on the smaller fric-
tional potential of the two. This comparison relates in this case to interwheel com-
pensation in the axle drive, but applies analogously to interaxle compensation
between different powered axles. This means, for example, that a wheel standing
on ice will spin and the other wheel standing on asphalt cannot transfer more
torque than the one that is spinning. The vehicle therefore cannot move-off. In or-
der to overcome this disadvantage of conventional differential gears, the compen-
sating action has to be inhibited in critical driving conditions. This can be effected
in different ways:

e By means of a differential lock. It can be activated manually or automatically
by mechanical, magnetic, pneumatic or hydraulic means, and blocks any
compensating action 100% by locking the differential unit. This makes the axle
rigid again, with all the consequent advantages and disadvantages. The use of
such a traction control system is thus appropriate where there is inadequate
traction for one wheel or one axle, and should preferably be automatic and
temporary.

¢ By using self-locking differentials, also known as limited-slip or locking
differentials. These are differentials with a compensating action that is
deliberately tight and restricted. This enables them to transmit torque to one
wheel or axle even when the other wheel or axle is spinning because of poor
grip. This means losing the advantage of power transmission without yawing
moment. The free adaptation of both wheel speeds to the different distances
travelled by the two tracks is restricted. The axle shafts are more stressed
because of the torque redistribution. Locking differentials are divided into load
or torque controlled, and speed or slip controlled. The former lock the differen-
tial action as a function of the torque applied, the latter as a function of the
speed difference of two out of three of the differential gear shafts.

e Using externally activated differential brakes. These systems are usually
processor-controlled and hydraulically or electromechanically activated, and
the degree of locking can be varied within a wide range, often from 0 to 100%,
as a function of the driving conditions, normally being unlocked or only
slightly locked. The advantage of such systems is that the control can inhibit
the compensating function to match the driving conditions. This largely avoids
negative effects on handling in situations in which a locking differential
produces an unwanted locking effect.

¢ By combinations of the above solutions.
3/ The Interlock Value

The interlock value S is a key design variable, representing the degree of inhibi-
tion of the compensating action.
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The interlock value for the degree of inhibition of the interwheel compensation
Steans 1S defined as follows:

Locking torque Ty~ Tright — Tieft

S rans . = . .
" Propulsive torque T Tiign + Tien ©.7)

The interlock value for the degree of inhibition of the interaxle compensation
Slongitudinal 18 derived analogously thus:

Locking torque Ty Tgone — Trear

Slongitudinal = (6 . 8)

Propulsive torque 7 Tyope + Tocar

rear

By definition the interlock value S is in the range 0 to 1, and is often expressed as
0% to 100%. An interlock value of 0% describes a loss-free, non-locking differen-
tial gear; a figure of 100% represents a rigid direct drive.

In front-wheel drive passenger cars the interlock values must be kept low
(maximum 17%), because of undesirable effects on the steering. The interlock
values of locking differentials in rear-wheel drive passenger cars are between 25%
and 50%, and in commercial vehicles up to 75%. If a locking differential with
fluid clutch is used, the interlock value can reach 100% with large differences in
rotational speed and high thermal stress, the so-called “hump effect”.

The way the interlock works is that with a locking differential where S = 50%,
a maximum of 75% of the drive torque can be fed to the wheel with the better
grip, with at least 25% going to the wheel which is tending to spin. The difference
between these two figures is S = 50%; the interlock value is as it were the “distri-
bution figure” related to the total torque transmitted, i.e. Ties + Tign. In other
words, the higher the interlock value, the more torque is channelled through the
differential brake as braking torque or locking torque 7§y rather than distributed by
the differential. The interlock value is thus also a measure of the power distribu-
tion between the differential and differential brake.

An example is set out below to illustrate the limited use of locking differentials
as a traction control system. The example relates to a vehicle standing on a surface
which is slippery on one side where fien < trigh, €quipped with a locking differen-
tial with an interlock value Sy, = 0.3. A maximum of 7. = 25 Nm can be trans-
mitted to the road surface with the left wheel. It follows from Equation 6.7 that:

1+Strans . (6 9)
1-S '

trans

right = Tieft

Thus a torque of Tiign = 46.4 Nm can be transmitted to the right wheel regardless
of the engine torque available. The total torque transmitted amounts to only
T=71.4 Nm. This calculation shows the limited potential of locking differentials,
since depending on the driving resistance (gradient etc.) this torque could be insuf-
ficient for propulsion.
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Interlock values of slip-related and load-related locking differentials have to be re-
garded differently: a purely load-related self-locking differential has a fixed, un-
changing interlock value. This means that whatever the amount of input torque,
the percentage determined by the nominal interlock value is always “diverted”.

A purely slip-dependent locking differential produces a braking torque inde-
pendent of the input torque, as a function of the speed difference arising. This
gives rise to higher transient interlock values with small input torque, and smaller
transient interlock values with large input torque. The effects of such locking dif-
ferentials on performance and traction can thus only be controlled by the braking
torque profile, which depends only on the difference in rotational speed.

There are many designs and principles of operation for locking differentials and
self-locking differentials. Examples of some of these designs are given in Section
12.3.3. The main types currently in use are:

load-dependent self-locking differential with multi-plate clutches,
load-dependent self-locking differential with worm gears (TORSEN),
slip-dependent self-locking differential with fluid clutch,
electronically controlled (automatic) locking differentials with
pressurised multi-plate clutches and

e cam self-locking differentials.

4/ Alternatives to Self-Locking Differentials

Self-locking differentials can always only represent a compromise between im-
proving traction and driving stability on the one hand, and disadvantages in terms
of steering responsiveness and possible distortions of the powertrain on the other
hand. The main purpose in developing further systems is therefore only to lock a
differential when absolutely necessary.

Through the use of electronically controlled multi-plate clutches, the drive
torque can be freely selected and distributed between the axles and, where appli-
cable, the individual wheels according to demand (ToD — Torque on Demand).
This allows a selective influence on the driving dynamics and handling of the ve-
hicle. Section 12.4 describes an example of such an all-wheel drive system intro-
duced under the rubric “torque vectoring”.

An economical means which makes intervening with the differential unneces-
sary is brake intervention. If a wheel begins to spin, it is slowed down through its
service brake, which necessary causes more torque to be transmitted through the
standard differential to the other wheel. This system allows for improved traction
when moving-off and cornering without compromising driving stability, espe-
cially on road surfaces with highly variable friction coefficients for each wheel.

6.8.4 Hub Drives for Commercial Vehicles

The necessary ratio of the “axle” in commercial vehicles can be distributed either
just in the axle drive, or between the axle drive and the hub drive.
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Fig. 6.75. Schematic view of the hub drives. ¢ Without wheel hub drive;

b spur gear countershaft with external toothing; ¢ spur gear countershaft with internal
toothing, above the wheel axis; d spur gear countershaft with internal toothing, below the
wheel axis; e spur gear planetary drive, double planetary drive; f* spur gear planetary drive;
g bevel gear planetary drive
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By increasing the torque directly at the hub drives, the axle drive and drive shafts
to the wheel hubs can be smaller. The hub drives include the following designs:

o without wheel hub drive, Figure 6.75a,

o with external toothed spur gear countershaft with drive above, below or at the
same height as the wheel axis, Figure 6.75b,

o with internal toothed spur gear countershaft, Figure 6.75c, d,

e spur gear planetary drive, Figure 6.75¢, f,

o with bevel gear planetary gear (fixed at igy = 2 ), Figure 6.75g.

Figure 6.75 shows a schematic view of possible hub drives. In combination with
the single-stage axle drive, which is small because of the additional ratio, an ex-
ternal toothed spur gear countershaft with drive above the wheel axis (Figure
6.75b) creates a gantry axle. It is mainly used for off-road vehicles that require a
lot of ground clearance beneath the axles. Mounting the drive below the wheel
axis is favourable for low-frame vehicles.

6.8.5 Transfer Gearboxes
As explained in the preceding section, in the case of vehicles with several driven

axles (all-wheel drive passenger cars and commercial vehicles), the engine power
must be longitudinally distributed to the individual drive axles.
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Transfer gearboxes
[

e ) Bevel gear  Spur gear planetary Worm gear
Rigid Shiftable differential differential differential
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Speed Torque allocation Torque Torque Locking
allocation: when open: allocation: allocation: differential,
50% : 50% 0% : 100% equal unequal, e.g.: eg.

Speed allocation 50% : 50% 33% : 67% 50% : 50%
when closed:

50% : 50%

Fig. 6.76. Transfer gearboxes categorised by their design

In order to get by the selector gearbox (cf. Figure 6.69) and, where applicable, the
engine by means of the propeller shaft, a centre distance must be created between
the input and output shafts. Transfer gearboxes can be classified structurally into
five groups (Figure 6.76).

To avoid serious distortion in the powertrain when cornering, rigid power dis-
tribution can only be used for axles that are close together (tandem axles). Front-
axle drives (or rear-axle drives) that can be engaged as required are in use in vehi-
cles which require all-wheel drive only part of the time, in poor traction condi-
tions. The distortions are partly offset by wheel slip.

For passenger cars and commercial vehicles with permanent all-wheel drive,
the only viable option is a transfer box with differential. The differential makes it
possible to equalise the speed and the forces between the power axles. With a
bevel gear differential, the torque is split equally between the front and rear axles.
In straight differentials the split is unequal.

All-terrain passenger cars and commercial vehicles are also fitted with transfer
boxes including a range-change unit. In the transfer box there is a choice between
off-road and on-road modes. The high torque multiplication of the off-road gear
thus only comes into effect after the main gearbox. For heavy-duty commercial
vehicles there are also main gearboxes with integral transfer box. Existing transfer
box designs are shown and discussed in Section 12.4.

6.9 Power Take-Offs

In commercial vehicles there is often a need for power to supply auxiliary units.
The power flow can either be switched entirely to a power take-off, or can be split
into a vehicle drive branch and a power take-off branch.
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Power take-offs are commonly used for pumping water or mud or for driving hy-
draulic pumps, winches, fire-fighting ladders, crane superstructures, or sweepers
(see also Figure 11.18 and Section 12.2.2, 8/). Power take-offs can be divided into
three groups:

o clutch-controlled power take-offs,
e engine-controlled power take-offs and
e drive-controlled power take-offs.

1/ Clutch-Controlled Power Take-Offs

In clutch-controlled power take-offs the power-split to the auxiliary unit is located
after the master clutch. Power flows to the auxiliary unit only when the master
clutch is engaged. They are for example coupled to the countershaft of the main
gearbox by means of a dog clutch. Clutch-controlled auxiliary units can be oper-
ated with the vehicle stationary (transmission in neutral), or with the vehicle mov-
ing. Since they are connected to the countershaft, they constitute an additional
load on the transmission, and especially the synchronizers.

The power take-off can be in the form of an axial extension of the countershaft
(Figure 6.77, variant 1), or an additional gear stage at another point in the trans-
mission housing (Figure 6.77, variant 2).

2/ Engine-Controlled Power Take-Offs

Engine-controlled power take-offs are located on the engine side of the clutch,
viewed in the direction of power flow (Figure 6.78). This is achieved using a hol-
low shaft through which the main transmission drive-shaft passes. The power
take-off is thus independent of frictional engagement of the drive clutch.

Master clutch
T N\
[
_ Ly
11
=
— E_||' Variant 1

Fig. 6.77. Clutch-controlled power take-off
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Fig. 6.78. Engine-controlled power take-off

Since the power flow does not go through the main gearbox, a much greater power
flow can be achieved with an engine-controlled power take-off than with a clutch-
controlled one. This design can function equally with the vehicle stationary or
moving.

3/ Drive-Controlled Power Take-Offs

Drive-controlled power take-offs are connected to the output shaft of the gearbox
and are thus active as soon as the drive wheels rotate.



7 Design of Gearwheel Transmissions for
Vehicles

Gearwheel calculation: Global standard — much empiricism and some theory

The declared aim of this book is to present a complete picture of the development
process for vehicle transmissions. Chapters 3 to 5 showed how the ratios are se-
lected — the fundamental design decision. In Chapter 6 some basic design concepts
were introduced. Chapters 7 to 11 consider the layout and design of important
components.

This does not involve the use of sophisticated calculations such as the German
standard DIN 3990 gearwheel calculation, but an attempt is made to present the
fundamentals of calculation methodology and calculation procedures. The aim is
to equip the design engineer to quickly design important gear components “by
hand”. Such an approach is required for example for feasibility studies, where a
quick draft is needed. For this purpose “flow charts” are displayed at suitable
points throughout the following chapters, with algorithms for manual calculation.

By far the greatest proportion of vehicle transmissions are gearwheel transmis-
sions. They still deliver the highest power-to-weight ratio for converting speed and
torque and the best efficiency. The transmission flow is normally between parallel
shafts, using straight-cut or, most commonly, helical-cut spur gears. The questions
of centre distance, transmission mass (largely determined by face width), service
life and noise have already been examined in Section 2.4 “Fundamental Perform-
ance Features of Vehicle Transmissions”. Formulae are given below relating to
these points, including measures for reducing transmission noise.

7.1 Gearwheel Performance Limits

The starting point for gearwheel design calculations is their performance limits,
i.e. causes of failure, as well as noise considerations and bearing forces. The per-
formance limits of a gear pair are basically determined by four different types of
damage:

tooth failure,

macropitting and micropitting,
gear scuffing (hot scuffing) and
wear (cold scuffing).

H. Naunheimer et al., Automotive Transmissions, 2nd ed.,
DOI 10.1007/978-3-642-16214-5 7, © Springer-Verlag Berlin Heidelberg 2011
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These damage types limit the load capacity of the gearwheels (Figure 7.1). The
major factors affecting the performance limits indicated above are:

e operating conditions (type of load, tooth forces and additional forces, circum-
ferential speed, temperature),

selection of materials,

gear geometry,

manufacturing accuracy,

surface treatment and surface roughness and

selection of lubricant (chemical and physical characteristics).

Fig. 7.2. Brittle
overload failure of
a helical-cut spur
gear [7.40]
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Fig. 7.3. Vibration
fatigue failure of a
straight spur gear [7.40]

7.1.1 Causes and Types of Damage

1/ Tooth Failure

Tooth failure is where the whole tooth or part of a tooth breaks off. A distinction
is made between overload failure and vibration fatigue failure (fatigue fracture).
Overload failure is the result of a brief, drastic overload of the gear pair as shown
in Figure 7.2.

The tooth of a gearwheel is normally subject to pulsating load. Intermediate
gears are an exception, being exposed to alternating load. The maximum bending
stress occurs at the tooth root. If the level of stress is frequently or occasionally in
excess of the vibrational resistance of the gearwheel, this can lead to fatigue fail-
ure.

The vibrational resistance of the gearwheel is to a large extent determined by
the tooth root design, surface roughness, surface strengthening in the tooth fillet,
and heat treatment. Figure 7.3 shows vibration fatigue failure in a straight spur
gear.

2/ Macropitting

Damage to the tooth flank by pitting is indicated by the appearance of pin holes
and extended flank spalling, mostly below the pitch circle. It is a symptom of ma-
terial fatigue at the tooth flanks. Depending on the assumption made, the causes
can be surface cracks resulting from slip/roll stress or incipient cracks resulting
from high shear stresses in the area below the tooth flank surface.

Hertzian stress is used to assess pitting load capacity, and is the basis for calcu-
lating surface stress. It is an important characteristic value for tooth flank meshing
stress. But it is no more the sole cause of pitting than is the corresponding shear
stress occurring below the surface [7.5].
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Fig. 7.4. Macropitting
with tip fracture due to
flank surface fatigue
[7.40]

Pitting only occurs in lubricated transmissions. Resistance to pitting is affected by
hardness, oil viscosity, oil temperature, specific sliding, flank profile defects, sur-
face roughness and circumferential speed. An area of spalling with pittings of dif-
ferent sizes is shown in Figure 7.4.

3/ Micropitting

In the case of micropitting, visual inspection indicates grey zones on the worn
tooth flank. Observation with a scanning electron microscope shows that these are
fine surface pittings caused by fatigue (Figure 7.5). Micropittings are influenced
by oil viscosity, oil additives and the surface structure of the flank. As a rule, it
does not lead to gear failure; however continual material removal from the flank
can lead to deterioration in transmission behaviour (noise).

Fig. 7.5. SEM-image
of a micropitting zone.
Scale-like surface
pittings [7.18]
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4/ Scuffing (Hot Scuffing)

Two different types of failure can occur when tooth flank lubrication fails, de-
pending on the circumferential speed — wear (cold scuffing) and scuffing (hot
scuffing). Wear occurs mostly at low circumferential speeds below 5 m/s and
when unsuitable lubricants are applied. It is purely wear, and seldom occurs in ve-
hicle transmissions.

Hot scuffing arises when the lubricant film breaks down because of high tem-
peratures or excessive stress. This leads to metal-to-metal contact, local welding,
and flaking of the tooth flanks. This gives rise to damage such as that shown in
Figure 7.6. This is due to both physical and especially chemical processes. The
physical phenomena are describable by elasto-hydrodynamic lubrication theory.
The chemical processes occur in extremely thin layers and under high pressures,
and are very complex [7.26]. A distinction must therefore be made between two
different types of lubricant film: elasto-hydrodynamic lubricant film and chemical
protective film resulting from the chemical reactions of rim zone material and the
additives. On this subject see also Section 11.2 “Lubrication of Gearboxes, Gear-
box Lubricants”. We differentiate between two levels of scuffing:

e Scoring:
Individual scoring or clusters of scoring appear in the sliding direction of
the tooth flanks, varying from minor to serious. Typical of additive-treated
oils and circumferential speeds < 30 m/s and

o Scuffing:
This occurs as individual fine lines (scuffing lines), as clusters (heavy
scuffing) or as areas across the full face width (scuffing zones). The main
feature of the scored areas is a matt appearance. Typical for non-additive-
treated and additive-treated oils at circumferential speeds > 30 m/s.

The scuffing process is critically affected by the gearwheels heating up, the criti-
cal temperature being the “tooth flank constant temperature” (tooth mass tempera-
ture), that is, the temperature which the tooth flank is constantly exposed to even
when not engaged.

Fig. 7.6. Scuffing across the whole
contact pattern of a straight-cut spur
gear [7.40]
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Gearwheels run more frequently in the mixed friction range, but the proportion of
hydrodynamic lubrication along the contact path is high. With run-in gearwheels
and circumferential speeds > 4 m/s, it is more than 60% even with high stress lev-
els and often even 80-95% [7.25] (see also Figure 11.7).

The scuffing process is started by a breakdown of the protective chemical film
on the tooth flank. The strength of this protective film depends on the temperature
of the tooth flank. Stressing of the protective chemical film is determined by
Hertzian stress. A thicker film of lubricant produced by higher lubricant viscosity
can prevent scuffing. EP (Extreme Pressure) additives in oil to improve bearing
capacity are of particular significance.

Gearwheels for vehicle transmissions are now almost without exception designed
so that the “pitting” performance limit is critical. The design loads are now well
established, so module and face width can be precisely selected so as to eliminate
tooth failure, which is particularly serious since it causes immediate transmission
failure. Gear scuffing is prevented by using suitably additive-treated gear oil.

Gearwheels are in principle case-hardened. Exceptions are ring gears and
planetary gears in planetary gear units for passenger cars. Some of these are car-
bonitrided. For price reasons, the gearwheels are often shaved and possibly honed
after hardening; ground gearwheels are used especially in low-noise gear units.
Corrections in the form of profile bearing and transverse crowning, tip/root reliefs
or flank line angle corrections are now state of the art. On the subject of manufac-
turing methods see also Section 16.3.

The outline calculations for tooth failure, pitting and scuffing to German stan-
dard DIN 3990 are set out below. A procedure for approximating centre distance
and face width is then presented in Sections 7.2 and 7.3, based on the pitting load
capacity calculation.

Conventionally, a component or assembly is calculated in three steps. The first
step is to carry out an initial calculation determining all the principal dimensions.
Correctly selecting the safety factor is of great significance here. When the dimen-
sions have been determined, a more exact calculation for a particular type of load
can be made. The final step is an operational fatigue strength calculation taking
into account the actual load profile encountered.

Newer methods in automotive transmission manufacturing proceed as follows
[7.2]: depending on the route, vehicle and driver, varying stresses result for each
gear. For versatile operation, the transmission must be designed such that there is
sufficient service life for all gears on all road types. That is, the transmissions re-
spectively the individual gears must have tolerance for the respective unfavourable
or statistically relevant stresses.

The load profile for transmission testing is also designed for these stresses.
Generally, the testing time of a single-stage load profile test for case-hardened
gearwheels is determined by the Wohler curve for pitting.

Figure 7.7 provides an illustrative example of a particular design strategy: if the
damage D for a specific gear load profile is calculated, the acceptable boundary
stress or compression stress can be computed with the corresponding Woéhler
curve. For this, a suitable toothing must be designed.
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Fig. 7.7. Calculation of the damage D using the load profile according to [7.2]

In this way, a toothing of optimal weight that is perfectly suitable for the load pro-
file can be designed, within short development times and without iteration loops.

7.1.2 Calculating the Tooth Root Load Capacity

To calculate the tooth root load capacity, the maximum (local) stress of the root
area must be checked. The tooth is most at risk when the normal force F), along
the line of action (with its components F; and F?) acts at the tooth tip or the tooth’s
outer contact point (Figure 7.8) (see also Figure 8.7 “Forces acting at the tooth
flanks”). The tooth forces cause compression stress, bending stress and shear
stress in the tooth. Investigations have shown that bending stress is generally the
only stress that is critical for calculation purposes (o, = o,). The tooth cross-
section to which the bending stress relates is the product of the face width » and
the root thickness chord sg,. The root thickness chord sg, is determined by two
tangents at the tooth root fillet at an angle of 30°. The effective root bending stress
or is determined in German standard DIN 3990 [7.5] from a nominal value multi-
plied by various parameters

F,

bn; Yo Yoo Yo Y K Ky K Ky (7.1)

O-F:

n

where:
F.  nominal circumferential force at the reference circle in N,
b face width in mm,
m, standard module in mm,
Yr. form factor to DIN 3990, Part 3, Page 13,
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stress correction value

(notch stress concentration factor)

DIN 3990, Part 3, Page 2,

Y,
Ys  helical overlap to DIN
K, application factor,

Ky dynamic load factor to
Krp longitudinal load distri
KFa

contact ratio to DIN 3990, Part 3, Page 38,

3990, Part 3, Page 39,

DIN 3990, Part 1, Page 16-17,
bution factor to DIN 3990, Part 1, Page 19 and

transverse factor to DIN 3990, Part 1, Page 45.

The permissible tooth root strength ogg is determined in accordance with German

standard DIN 3990 as
OFG =OFjim YsT INT Yo reir

where:

Yx, (7.2)

or;im tooth root endurance strength value to DIN 3990, Part 5, Pages 4—10,

YST

stress correction factor to DIN 3990, Part 3, Page 4,

Ynr service life factor to DIN 3990, Part 3, Page 40,

Y5 rerr relative support figure
rx

(=1(Ysa) ) to DIN 3990, Part 3, Page 44,

tooth root size factor to DIN 3990, Part 3, Page 50.

The quotient of tooth root strength org and existing root bending stress or forms

the safety factor Sg

OFG
Sp =G (73)
OF
o
(oS
o
s
Ft
- F: 6 hp4 cOS o
[ t Fa a
= —= (74
© Fr b b sgp?cos a (7.4)
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Fig. 7.8. Bending stress at the tooth root with force acting on the tip
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Fig. 7.9. Stresses at the tooth flank

7.1.3 Calculating the Pitting Load Capacity

The bases for the calculation of pitting are the equations developed by Hertz to
calculate the compression stress of two cylindrical rollers (Figure 7.9). If two roll-
ers in contact along their common contour lines are subjected to the normal force
F,, they undergo flattening at the contact line. The distribution of contact pressure
is unequal, peaking in the centre of the flattened surface. The Hertzian equation of
roller pressing applies only for purely elastic deformation with rollers at rest.
Equation 7.5 from Figure 7.9 gives only an approximation of the actual compres-
sion relations at the tooth.

Resistance to pitting is derived in accordance with German standard DIN 3990
[7.5] as the quotient of the tolerable surface stress oy and the existing Hertzian
stress oy. Both values are in turn derived from a nominal value and the corre-
sponding parameters

F (u+1)
o =Zyp Zy Z; Z, Zy /‘dT VKA Ky Ky Kygg (7.6)
1

where the terms in Equation 7.6 have the following meanings:
Zpp single pinion contact factor Zg, wheel contact factor Zp DIN 3390,
Part 2, Page 8,
Zy  zone factor to DIN 3990, Part 2, Page 6,
Zg elasticity factor to DIN 3990, Part 2, Page 8,
Z.  contact ratio to DIN 3990, Part 2, Page 8,
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Zg  helical overlap to DIN 3990, Part 2, Page 10,

F.  nominal circumferential force in N,

b contact face width in mm,

d, reference circle diameter of the pinion (small gearwheel) in mm,

u  gearratio z,/z;; | z/zy | > 1,

K, application factor to DIN 3990, Part 1, Page 55,

Ky dynamic factor to DIN 3990, Part 1, Pages 16—17,

Kyp longitudinal load distribution factor for surface stress to DIN 3990,
Part 1, Page 19,

Ky, transverse factor to DIN 3990, Part 1, Page 45.

The pitting boundary strength oy is derived from
OHG = OHjlim ZNT 2L ZR Ly Zw Zx» 7.7

where the expressions in Equation 7.7 have the following meanings:
ouim endurance strength value to DIN 3990, Part 5, Pages 4-9,
Znt service life factor to DIN 3990, Part 2, Pages 11-12,
Zy  lubricant factor to DIN 3990, Part 2, Page 13,
Zr  roughness factor to DIN 3990, Part 2, Page 15,
Zy  velocity factor to DIN 3990, Part 2, Page 14,
Zw material mating factor to DIN 3990, Part 2, Page 16,
Zx  size factor for surface stress to DIN 3990, Part 2, Page 1.

The numerical safety factor for surface stress (against pitting) is determined ac-
cordingly from Equations 7.6 and 7.7 as

(e
S — HG .
H _H (7.8)

7.1.4 Calculating the Scuffing Load Capacity

Based on the hypothesis that the lubricant film is broken down by high surface
temperatures caused by high stresses and high sliding speeds, two methods of cal-
culation are proposed in German standard DIN 3990:

o The Flash Temperature Method:
This describes varying local contact temperature along the contact path.
o The Integral Temperature Method:
This gives a weighted average of surface temperature along the contact path.

The calculation is specified in German standard DIN 3990 (with reference to spe-
cial considerations for vehicle transmissions see [7.19]). The permissible bound-
ary temperature for the lubricant used is determined in a standardised scuffing test
following DIN ISO 14635 [7.19]. Scuffing safety is defined as temperature safety
and is calculated from the ratio of permissible integral or flash temperature to the
occurring temperature.
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7.2 Estimating Centre Distance

Besides the face width, the centre distance is the crucial parameter in automotive
transmissions. It is important to obtain an approximation of this value at the start

when designing gearwheel transmissions.

Pitting is the critical performance constraint. In order to derive an equation for
calculating the centre distance «, it is therefore necessary to start with Hertzian

stress at the pitch circle oy; (Equation 7.6)

o =Zpp OHo \/KA Ky Kyp Kpo -

With the base surface stress oy

fF (u+1
Ono=Zn Zp Z; Zy —td by
1

the torque to be transmitted at the pinion shaft 7;

_Fd,

=73

and the face width diameter relationship b/d, the following results

oy =Zgp Ly Zg Z, Zﬁ

The diameter d; in Equation 7.12 is replaced by

_ 2a
l+u’

1

(7.9)

(7.10)

(7.11)

(7.12)

(7.13)

the surface stress oy is replaced by the permissible compression stress oy perm

Onjim ZNt 2L Zr Zy Ly Zx
Sy '

Gl—Lperm -

Now this can be solved for the centre distance a, giving

2
4—y (O'H,limZNTZLZRZVZwZX)

d,

(7.14)

2
Ty (u+1)* (ZB/D ZuZpZ, 2, sH)
3 3K\ Ky Kyg Ky, -
b ADB v HHE B Ho (7.15)
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Fig. 7.10. Face width diameter relationship b/d; of existing 5- and 6-speed passenger car
and commercial vehicle selector gearboxes

The estimate is made for the gear with the highest torque multiplication. For the
face width diameter ratio b/d; an established practical value is to be used. In order
to minimise uneven face wear, a different ratio is selected for each gear. An
evaluation of existing vehicle transmissions in respect of the ratio b/d; is shown in
Figure 7.10.

For the individual factors in Equation 7.15, the following values should be used
to arrive at an estimate:

b/id, = 0.65,

Kn = 0.65 for passenger cars to DIN 3990, Part 41, Page 28,
Kx = 0.85 for trucks to DIN 3990, Part 41, Page 28,

Ky, Ky, Kip =1,

Zy = 225 (fora,=20° B=15° (x;+x2) / (z;+22) = 0.015),
Zgp = 1,

Zy = 4J0.175 E =189.8 Y N/mm? for steel/steel,

Z, = 0.95,

Zg = 095,

Int, 21, 2y, Ly, Zyy, Zx = 1,
ongim = 1800 N/mm? DIN 3990, Part 41, Page 29 (material 16 MnCr5),
SH = 1.2.

Calculating the centre distance with first gear engaged, this gives the following
approximation equation (centre distance @ in mm; torque 77 in Nmm)
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Fig. 7.11. Comparison of theoretical and actual gearbox centre distances

a=K, %/M . (7.16)
u

K, = 0.255 for passenger cars,

K, = 0.278 for trucks,

T, torque at the shaft on which the pinion of the first gear is mounted;
e.g. for a two-stage countershaft transmission 7 = icg TG, where icg
is a constant ratio; 7 transmission input torque,

u  gear ratio of the first gear pair, | u | > 1.

Figure 7.11 shows a comparison of the theoretical centre distance calculated using
Equation 7.16, with the centre distance of actual transmissions.

7.3 Estimating Face Widths

Having estimated the centre distance it is possible to derive the pinion diameter d,
from Equation 7.13, and given the transmission ratio, the wheel diameter d,. The
face width b, of the pinion of first gear is calculated from the preselected face
width/diameter ratio of 0.65 as

by =0.65d, - (7.17)
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Table 7.1. Endurance or fatigue strength o iy im, face width constant X,

Gear 1st gear 2nd gear Other gears/constant
Onjim N/mm?) | 1800 1600 1500
Face width Passenger car Truck Passenger car Truck
constant Kj, - 0.108622 0.142044 0.123588 0.161614

For the remaining gears n = 2, ..., z the required face width b, , of the pinion is de-
rived by equating Equation 7.12 with Equation 7.14

27 (u, +1)Slzi Kp Ky Kyg Ky

bln:(ZB/DZHZEZsZB)2 2 2 2"
dl,n Uy OH lim (ZNT Zy Zy Ly Zy ZX)

(7.18)

With the factors determined as shown in Section 7.2 for the estimate, it is possible
to arrive at the following simplified equation (7 in Nmm; d, , in mm; b, , in mm)
T +1
by, =427800K 21(“—) (7.19)

dl,n U, GH,lim

assuming the endurance strength value oy, as shown in Table 7.1, and using
Ka =0.65 (passenger car) or K, = 0.85 (truck) as the application factor.

The pinion face widths b, , for the second and subsequent gears can be calcu-
lated from Equation 7.19 and the values in Table 7.1 using the following unit
equation (T, in Nmm; d, , in mm; b, , in mm)

LG, +D)

bl,n =Kb P
dl,n Uy

(7.20)

K, from Table 7.1,
T, torque at the shaft on which the pinion is mounted;
e.g. in the case of a two-stage coaxial countershaft transmission:
case 1: constant: 77 = Tg;
case 2: pinion on countershaft: 7} = icg Tg;
case 3: pinion on main shaft (igeer < 1): T = icg ip Ta;
icg constant gear; ip gear pair; 7 transmission input torque,
u, gear ratio of the gear pair of the n-th gear, |u| > 1.

7.4 Operational Fatigue Strength and Service Life

The goal of an automotive transmission design that has operational fatigue
strength is reliably to calculate that fatigue strength for a certain period of use in
accordance with the expected load. Economy throughout the entire period of use
must also be considered as a boundary condition. This requires utilisation of the
material that is as strong as possible with respect to fatigue, as well as low manu-
facturing and operational costs.
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Fig. 7.12. Proportion of time the various gears of a 5-speed passenger car and an §-speed
commercial vehicle transmission are engaged when travelling on a mountainous rural road
(example)

The service life of a vehicle transmission depends on the service life of the indi-
vidual components and their collaboration. With transmissions with various gear
ratios, where the respective gears are engaged in the power flow for varying peri-
ods of time (Figure 7.12), individual useful/service life calculations must be made
proportionally. The load and hence the stress on and service life of all transmis-
sion components depends essentially on the driver, the vehicle and the road. Con-
sidered over time, we see individually variable load curves. These lead ultimately
to wear and fatigue failures at different times. Predicting the corresponding service
life is the subject-matter of operational fatigue strength calculation [7.4].

If we want to estimate quantitatively the service life of a component, we must
compare stress with its resistance to stress. This can be done in two ways: mathe-
matically by using so-called damage accumulation hypotheses or experimentally.

Computational service life estimation can only be executed for so-called A-
components as they are defined in Section 17.2.2 “Qualitative Reliability Analy-
sis”. Figure 7.13 shows the basic method. The input values in the calculation are
the load in the form of load profiles and the stress resistance in the form of Wohler
curves. Since the Wohler curves usually are determined for a constant ratio of
maximum to minimum stress, i.€. a fixed stress ratio R, for stress curves with vari-
able stress ratios R these stresses have to be transformed to oscillations with the
same damage but with the stress ratio R of the Wohler curve [7.15, 7.24]. Damage
theory assumes that, the increase in load cycles is associated with progressive
damage to the component. In damage accumulation, every load cycle is assigned a
defined consumption of service life. If the service life supply of the component is
used up, it fails, i.e. its service life has ended. Because of statistical spread of the
input data, deviations caused both by the transference of Wdohler curves to compo-
nents of different geometries under different load conditions as well as by un-
sharpness associated with damage accumulation, we designate the process of
computational service life prediction and the result as service life estimation.

Experimental evidence of the operational fatigue strength of components and
vehicle transmissions comes from test machines and transmission test benches in
the laboratory, presented in Section 17.3 “Testing to Ensure Reliability”.
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Fig. 7.13. Components required to calculate operational fatigue strength

The most expensive, yet closest to reality are road tests on test roads. Figure 7.14
shows a service life determination from a test bench parallel to a mathematical
calculation. The starting information is the load/time function, which is classified
or utilised directly to control the test bench. Frequently, the test program is ob-
tained by retransformation of component load from the frequency range into the
time range. By accelerated lifetime tests, the acceptable number of vibration cy-
cles and as a result the test times can be reduced. The original damage effect must
be preserved and the multi-stage routine sufficiently mixed in the test sequences.

The acceptable number of stress oscillation cycles until failure can be directly
compared with the computational values. The results gained from the test bench
are also the basis for the relative service life calculation. If load profiles are used
which correspond in their distribution to real loads but have different stress levels,
the computational and experimental result is the service life curve [7.15].

7.4.1 The Wohler Curve

The load capacity of a component is contingent on the material and its condition,
the shape and surface of the component as well as on environmental conditions. It
is determined by boundary conditions specified in DIN 50100 [7.7] in a single-
stage test; the result is represented in the form of a Woéhler curve. In the single-
stage test, the stress ratio R is held constant for all stress levels.
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Service life

The simplest test parts are bar-shaped. The influence of notches is investigated on
notched test bars. In the case of gearwheels, experiments are made with standard-
ised test gearwheels.
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Fig. 7.15. Wohler curve of permissible material stress

The Wahler curve describes the acceptable number of vibration cycles N, up to the
point of test part failure for different stress amplitudes. The typical curve shape is
shown in Figure 7.15.

The resulting numbers of oscillation cycles to failure are random variables, i.e.
they are spread around an average value. The most common are Wohler curves for
10% failure probability. However, 1% and 50% curves are also common. The
Wohler curve for 10% failure probability allows us to estimate the By service life
of a component. This is the service life at which on average 10% of the compo-
nents have already failed.

The fatigue zone of the Wdohler curve can be described as a straight line in the
log co-ordinate system with the following equation

—k
N,=Np (—) . (7.21)

The exponent & determines the gradient for the fatigue strength zone. The expo-
nent k for gearwheels depends on the failure under consideration and the surface
hardening process, and has values ranging from k£ =4 to k = 16 (Figure 7.16). As
the exponent rises, the characteristic graph becomes flatter. Even small differences
in stress have a great influence on service life, which leads to a wide spread of
component service life in practical use.

7.4.2 Load Profile and Counting Procedure
The starting values for determining the load profile is the load, which attacks a

component as force or torque in one or more directions. To determine operational
loadings, a load/time or a load/distance chart is needed.
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Fig. 7.16. Wohler curves (10% probability of failure) for various materials and failures
(examples)

The loadings can be determined by

1/ road tests on defined routes and
2/ numerical driving simulation.

By means of various classification methods (which could also be called counting
procedures), the load curve is converted to a frequency distribution of load cycles.
In all methods, the load amplitude range is divided into classes and the occurring
loads assigned to a specific class according to the counting procedure employed.
Information such as sequence and frequency of the load/time function are lost in
the process. However, such information has no formal importance since such
quantities have no influence on the subsequent service life calculation using dam-
age accumulation.

In practice, single-parameter and two-parameter classification methods are used
[7.39]. Single-parameter methods are applicable when the load can be sufficiently
described by one parameter, e.g. in the case of purely alternating or pulsating load.
Figure 7.17 shows the level crossing counting described in DIN 45667 [7.6] as an
example of a single-parameter counting procedure. Here, crossings of the class
limits in the positive or negative direction are counted and added. The level cross-
ing counting provides an overview of the extreme values of the load/time function,
but not of their averages and amplitudes. Further single-parameter procedures are
the range counting and range pair counting methods as well as time at level and
level distribution counting. The last two procedures are especially suitable for
gearwheel and bearing service life calculation.

In the time at level counting method, the number of associated rotations is
counted in the individual torque classes. If the torques and speeds at the transmis-
sion input or output are determined, the values can be converted to the individual
gearwheels by means of the ratios. The dynamic behaviour of the transmissions is
generally not taken into consideration in this context. A pulsating load thereby re-
sults for every tooth at every revolution. Intermediate gears are loaded alternately.
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Fig. 7.17. Example of single-parameter counting procedure: level crossing counting accord-
ing to German standard DIN 45667 [7.6]

In the case of level distribution counting, the signal value is scanned and counted
at equal intervals. The frequency of counts per class is a measure for the resting
time in this class. For small intervals, the result of the count practically corre-
sponds to that of time at level counting.

Two-parameter procedures consider two quantities in load profile formation,
e.g. the average value and the amplitude or the minimum and maximum value in
the load/time curve [7.3]. The result is accordingly put into a matrix. Two-
parameter load profiles are required, for example, for service life calculations of
gearbox shafts. Procedures that are of interest in praxis are from-to counting and
especially the Rainflow method. In from-to counting, the beginning and end of
each load cycle flank is stored in the transition or Markov matrix, which gives an
overview of the characteristics of the load/time function. In the preferred Rainflow
counting method, closed hysteresis loops are formed from the load cycles, provid-
ing a good representation of the damage process. Open hysteresis loops are stored
as residuum. The hysteresis loops are recorded in a matrix, for which there are
various forms of represenation. In the Rainflow procedure, even small oscillations
are registered. They can also be simply filtered out.

Simple algorithms allow for online classification of fast load cycles. The results
of most single-parameter counting procedures can be derived from the easily man-
ageable Rainflow matrix. This is necessary when, as is common, only Wohler
curves with a constant stress ratio R exist (Figure 7.13). Conversion to a single-
parameter profile with the stress ratio of the Wohler curve takes place on the basis
of the Haigh’s endurance strength diagram [7.15, 7.24]. The goal is to obtain
equal-damage oscillation cycles.

Load profiles allow us to ascertain loads in the form of varying stresses at dif-
ferent component locations. To determine the stresses, the geometry and deforma-
tion behaviour of the component, among other things, must be known. For ma-
chine components such as gearwheels, the occurring stresses are often ascertained
by means of so-called nominal stresses and additional corrective factors — compo-
nents of more complex design require FE methods. FEM programs supply (as do
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measurements with strain gauges) direct local stresses of the component. These
stresses are used with the Wohler curve to calculate service life by means of dam-
age accumulation.

In order to design powertrain components with operational fatigue strength,
representative load profiles are required [7.28] that have been obtained from
load/time functions reflecting real driving operation. They can be obtained from
road tests and numerical driving simulation.

1/ Road Tests

Road tests should be representative for later customer use of the vehicle. The test
routes are characterised by their height profiles, their gradient and road speed dis-
tributions. The level of load involved in road tests provides as a rule an “acceler-
ated testing effect”. Customer surveys are also used to decide the types of road
and loadings used in these tests. The influencing variables impinging on a trans-
mission load profile can be divided into three groups [7.28]:

1. Vehicle: Engine performance map, loading, transmission ratios,

2. Driver: Driving style, characterised by frequency of shifting, gearshift
engine speed and accelerating and braking behaviour,

3. Road type: Distribution of total mileage over motorways, main roads, rural
roads, urban and local traffic, mountain roads, typical gradients
and maximum speeds (see also Tables 2.9 and 2.10).

The costs of directly measuring a component can be reduced by determining the
load at one location in the power flow of the powertrain. Thus, the vehicle’s
torque and speed are often measured at the transmission input as well as recording
the gear in use. These values are then transferred by calculation to the components
of the powertrain.

2/ Determining Load Profiles by Computational Driving Simulation

Since transmission stress depends on many different stochastic variables, substan-
tial resources are required for statistically validated road tests. Road tests have to
be repeated whenever design changes are made to the powertrain. One way of lim-
iting the number of costly road tests is computational driving simulation (see also
Chapter 14 “Computer-Aided Transmission Development”).

Standardised load profiles such as CARLOS-PTM/PTA (Car Loading Standard
for Powertrain with Manual/Automatic Transmission, see Table 2.10) or tests spe-
cific to the individual manufacturers offer other test alternatives [7.21].

7.4.3 Damage Accumulation Hypothesis

Vibrational loads damage the material as soon as that stress exceeds a certain
limit. The damage accumulation hypothesis describes the effect of damage on a
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component proceeding from the load capacity described by the Wdohler curve and
the stress based on the load profile.

Miner’s [7.27] linear damage accumulation hypothesis assumes that, in the case
of vibrational stress, the ratio of actual work absorbed w to the maximum possible
work absorbed # until failure is a measure for the degree of the damage thus far
incurred. This ratio is equal to the ratio of the number of load cycles n to the ulti-
mate number of cycles N in the single-stage test:

w n
N (7.22)
Every load cycle on the same load level thus causes a constant portion-damage,
i.e. the damage sum increases linearly with the number of load cycles. According
to the hypothesis, the same work W until failure must be exerted above the endur-
ance strength limit at all load levels. Then the portions of work or damage portions
of different load levels can be accumulated.

Practically speaking, this means that the individual frequencies #; of the oscilla-
tion amplitudes o; (divided into j classes with an classification method) are corre-
lated with the maximum number of oscillation cycles permissible at this amplitude
N; (Figure 7.18). The resultant damage portions are summarised as damage sum.

J
wy Wy WJ ny ny n; n;

L+ 2y L=+t —. (7.23)

W, W, Wi N, N, N &N,

In accordance with the Palmgren-Miner [7.27, 7.31] service life calculation, the
damage sum Dy of a load profile generated from accumulation of the damage
portions is obtained with

Dprof = ZF] ' (724)
i=1 i

According to Palmgren-Miner, a component will fail if the damage sum becomes
Dot = Dy = 1. This allows us to compute service life with Equation 7.24. In order
to obtain an accurate estimate, knowledge of the actual damage sum D, before
component failure is required. In 90% of all cases, the actual damage sum is under
Dy =1 (up to D, = 0.1). Service life is overestimated if there are large fluctua-
tions in mean load. Service life is underestimated if there is compressive stress due
to mean load or residual compressive stress in the component. Accurate results
can be obtained with the help of the relative service life calculation.

In the case of repeating load cycles with cycle number #;, the damage sum is
obtained by multiplying 4; with the number of passes z. This corresponds, for ex-
ample, to the z-th time passing through the test route used to determine the load
profile.
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Fig. 7.18. The Palmgren-Miner damage accumulation hypothesis

Here,

i

1

Dot =2 ZV . (7.25)

i=1" "1

The permissible number of load cycles N, assigned to the individual frequencies 7;
is determined by means of the Wohler curve equation (Equation 7.21). Inserting
Equation 7.21 into Equation 7.25, the following results

zh

j
= ( o, J‘k ' (7.26)

Op

D prof —

Solving this equation for z with the actual damage sum D, we obtain
D act

<—k’
ZJ: hi (o) (7.27)
Np (op

i=1

the number z of possible load cycle passes that the component can withstand until
failure based on the load profile. In addition, observe the subsequent calculation
example [7.17]. Inserting Equation 7.27 into Equation 7.25, we finally obtain the
component service life Ny, in load cycles for Dy = Dyyror = Dy = 1

—.

(7.28)
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It is therefore sufficient in Equation 7.28 if the load cycle numbers of a load cycle
are inserted. For z =1, i.e. if no repeating load cycles are used, n; = A;.

The Miner-Haibach Damage Accumulation Hypothesis

It has been shown in practice that even stresses below the endurance strength limit
must not be ignored where there are previous damage portions. The Miner-
Haibach damage accumulation hypothesis assumes that stresses in the endurance
strength range also cause damage. The Wohler curve with the gradient exponent k&
in the fatigue strength range continues with the gradient (2k-1) below the endur-
ance strength limit (Figure 7.19). The continuation results approx. as angle bisec-
tion line between the extended fatigue strength and the endurance strength line.
For stress amplitudes above the endurance strength limit o; > op, Equation 7.21
applies where i = 1, ..., j; below the endurance limit o; < op the following applies:

5 D
N;=Np (—‘J fori=j+1...,j+n. (7.29)
9p

The Miner-Haibach service life calculation is carried out as above, but taking into
account the stresses below the endurance strength limit

j+n
h;
i=1
Ny =Np Vo porm (7.30)
2 ( J +Zhi( J
i=1 Op i=j+ Op
\k
[e3
1 N N; = Np (7‘)
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Fig. 7.19. The Miner-Haibach damage accumulation hypothesis with W&hler curve
modified according to Haibach
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Relative Service Life Prediction

In practice, the prediction of service life by calculation is frequently unreliable.
This is partly due to a marked spread of the damage sum on failure. Prediction
quality can normally be made more accurate by complementing purely computa-
tional methods with experimental analyses.

When designing components in automotive and aeronautical engineering the
Relative Palmgren-Miner Rule is frequently used. Here, the load cycle Ny, at the
end of the service life is determined by means of practical experiments staying
close to expected conditions. The actual damage sum D, is determined from
Nexper, as obtained experimentally, and the calculated values (Neae = Ny) as fol-
lows

N,

Dy =— (7.31)
“ Ncalc (Dth 210)

From this we obtain the component service life in load cycles with the Relative
Palmgren-Miner Rule

Nact = Dact Ncalc (Dth =10) . (732)

In this way, experiences and analogies of the previous model or of transmissions
with similar operational conditions can be exploited. False conjectures with re-
spect to the Wohler curves effect the result much less than when service life is de-
termined with pure computation. However, uncertainties concerning how much
the calculated load profile corresponds to the actual test load profile still remain.

Whereas the relative Palmgren-Miner rule makes use of operational fatigue
strength tests, the Modified Relative Palmgren-Miner Rule makes use of opera-
tional experience [7.4]. This involves determining the actual service life achieved
in operation. The ratio of actual to computationally predicted service life then
represents the actual damage sum D,, by which the service life predicted by cal-
culation with Equation 7.32 for a similar component (a new design, for example)
must be corrected.

Example of Service Life Calculation for a Gear Pair
in a Vehicle Transmission

The record of the transmission input torque TG =f(t) is available for a 6-speed
commercial vehicle transmission (Figure 7.20), from which the number of revolu-
tions Ug in the various classes of the transmission input torque can be determined
(see Table 7.2). On the 1 km reference route, the 5th gear under observation was
only used once. It accounts for 21.5% of the distance travelled.

I The gearwheel load profile of the pinion of 5th gear is calculated from the
gearbox input load profile, ignoring the dynamic behaviour of the transmis-
sion.

1.1 Converting the transmission input load profile into the load profile of the
wheel SMSW-
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Fig. 7.20. Diagrammatic view of a two-stage 6-speed countershaft-type commercial
vehicle transmission. MS main shaft; CS countershaft; MSW main shaft wheel;
CSW countershaft wheel
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Gear ratios: constant ratio ucg = E , gear pair 5 Us = E

This gives the torque at the countershaft: Tcg = ucg 7g.

1.2 For a reference torque T,s = 1400 Nm at the countershaft, the contact
pressure at gear pair 5 has been calculated for the driving flank in accor-
dance with German standard DIN 3990: oy e = 978 N/mm?. Conversion to
any required torque

TCS )
Tef

I«

oy ~VT andthus oy =0y

1.3 Converting the transmission input speeds into revolutions of the wheel
Smsws 1-€. into load cycles

Ug us

US,MSW =
Ucs

2 The service life of the driving flank of pinion Sysw of 5th gear as regards pit-
ting is calculated using the Miner-Haibach damage accumulation hypothesis,
Equations 7.24 and 725 with Dprof = D[h =1.0 and h{ = U5quw,'

Dor = Zj“”n iZUvaSWI:.O

i= 1 i= 1

whereby
1 B 1

Zj: US,]t;SWi

i=1 i

z= .
Damage sum per cycle
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Table 7.2. Initial values (shaded grey) and results of the calculation

Class Ts Tes Us | Usmsw N,

%H oot Us msw
i (Nm) (Nm) | (N/mm®) Figure 7.21 E—

N.

i

1500-2000 | 3310 | 1504 4 3.6 6.3x10° 5.71x107
1000-1500 | 2482 | 1302 21 18.8 | 3.2x10" | 5.88x107
200-1000 | 1655 | 1063 251 | 2250 | 33x10° | 6.82x107

0-500 828 752 67 | 60.1 | 1.0x10 | 6.01x10™"

—_ N W

2.1 The acceptable load cycles are derived from the Wohler diagram modified
after Haibach, Figure 7.21 (see Table 7.2).

2.2 Calculating the number of load cycles. The number of load cycles is de-
rived from the damage factors calculated in Table 7.2 as

1

2= . . - - =543165.
5.71x107 +5.88x107 +6.82x10”7 +6.01x10"

2.3 The mileage life of 5th gear is then

LSth gear <zx Stef X PI‘OpOI‘thIl 5th gear *

For a reference route s..r of 1 km and a proportion of 21.5% in 5th gear, the resul-
tant mileage life is Lsg gear = 116 780 km. The mileage lives of the gear pairs
needed in the reference route must be known to determine the service life of the
transmission.

2000 | | | |
N/mm? AN Wohler curve |
& NU — — — - Modified using the
» 1600 Haibach method
w
[(H]
£ 1400 ™
2 N
1200
X
@ 1000 =T~
800 Sl
600 ! i

108 107 108 10¢ 10" 10" 10"
Load cycle

Fig. 7.21. Woéhler curve for pitting. 10% probability of failure.
(Ordinate simplified, not logarithmic)
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7.5 Developing Low-Noise Transmissions

Noise reduction is an important objective when developing vehicles. Vehicle noise
not only impairs the wellbeing and health of driver and passengers, but also sub-
jects the environment to traffic noise. With respect to statutory exterior noise lev-
els for accelerated passage, the transmission is, besides the engine (including in-
take and exhaust systems) and tyres, a significant source of noise only in the case
of commercial vehicles. In cars, the transmission contributes only indirectly to ex-
terior noise (DIN ISO 362 [7.8]) through engine speed as a result of a longer or
shorter transmission ratio, hardly ever as an independent source of noise. Table
7.3 shows the development of legal limits on noise emissions for various types of
motor vehicle.

As noise reduction measures relating to other sources within the vehicle have
proved successful, so there has been increasing pressure to reduce transmission
noise. It is generally not so much the absolute level of noise, as its particular char-
acter that distinguishes transmission noise from the other sources of noise in the
vehicle. Some transmission noise phenomena do not in themselves constitute too
great a source of noise pollution since they are only audible under certain operat-
ing conditions, like rattling and clattering. But they often lead to complaints, since
the customer (wrongly) believes the vehicle to be defective. Non-specialists often
mistake transmission noise for engine noise. When seeking to reduce transmission
noise, it is not sufficient just to make improvements to the transmission itself. As
with all vehicle noise problems, the body and other components involved in
transmitting and radiating sound have to be taken into account. See also Section
5.5 “Dynamic Behaviour of the Powertrain, Comfort”.

Table 7.3. European vehicle noise emission limits in dB(A) for accelerated passage
according to DIN ISO 362 [7.8]

Noise emission limits in dB(A)
since
Type of vehicle 1970 1977 1994 1995
Passenger cars 82 80 77 74
Vans, hght_ <2t 84 81 78 76
duty trucks >21;,<35t 84 81 79 77
>3.5t, <75kW 89 86 81 77
Trucks >75t <150 kW 89 86 83 78
> 150 kW 91 88 84 80
<150 kW 89 82 80 78
Buses
> 150 kW 91 85 83 80
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7.5.1 Transmission Noise and Its Causes

Sources of transmission noise can be divided into four categories (Table 7.4). The
noise phenomena are considered below in the order of their significance as sources

of noise in modern vehicle transmissions.

1/ Whine

The rolling contact noise of gear pairs under load — transmitting power — can be
described as whine (howling, squealing or singing) [7.29]. This running noise has

several causes:

o Meshing impact:

Meshing impact is the consequence of pitch errors or geometrical errors like
concentricity deviations between shaft and toothing as well as variations from
the Law of Gears due to deformation of gears, shafts or the housing under load

(Figure 7.22). The profile corrections made to avoid these meshing impacts are

however only effective for a certain load range.

o Parametrically excited vibration:

Parametrically excited vibration arises from tooth rigidity changing with the
meshing position (Figure 7.23). The amount of this vibration depends on
gearing geometry and speed. If the stimulation frequency (speed multiplied by

number of teeth and harmonic) is
the resonance creates particularly

close to a natural frequency of the gear pair,
large oscillation amplitudes, and hence

particularly loud noises. These vibrations arise even with perfect gear teeth.

Table 7.4. Transmission noise and its causes

Transmission noise

Cause

1/ Whine

Vibration of gearwheels under load:

— meshing impact,

— parametrically excited vibration and
— rolling contact noise.

2/ Rattling/Clattering

Vibration of loose parts, caused by torsional
vibration of the powertrain:

— idler gears and

— synchronizer rings.

3/ Clonk

Knocking noise during beginning loading of
components with clearance (gearwheels, joints,
shaft-hub connection etc.)

4/ Shifting noise

Scraping and grating of the selector teeth when
the synchromesh is not functioning properly

5/ Bearing noise

Running noise of rolling bearings; especially
when they are damaged
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Fig. 7.22. Mesh-

] ing impact
& ; resulting from
%.3"9?" \ deformed teeth
[7.29]

o Rolling contact noise:
Rolling contact noise occurs due to the “washboard effect” arising from
inadequate surface quality. Even where production tolerances are adhered
to, noise can occur if vibration is generated by certain tooth flank surface

structures arising in production.

Reverse gear in many vehicles still uses straight-cut gearwheels, which are not op-
timised in terms of noise generation; rolling contact noise is particularly notice-
able in this case.

Classical transmission noise can be reduced with modern technology to the
point that it can barely be heard inside the vehicle if at all. The enormous manu-
facturing cost associated with increased expectations is however a problem.
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a) Turning travel b) Turning travel

Fig. 7.23. Overall tooth rigidity pattern c,, meshing rigidity ¢, (average value of ¢, over
time). a Straight spur gearing; b helical gearing [7.29]
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2/ Rattling/Clattering

Gearwheels and gearshift components vibrating within permitted functional and
production limits when not under load produce rattling and clattering noises [7.30,
7.37-7.38], caused by torsional vibration in transmission shafts. If the amplitude
of the torsional vibration exceeds a certain value, the idler gears that are not cur-
rently engaged lift away from their driving flank, and vibrate backwards and for-
wards within their backlash. This amplitude depends on the moment of inertia of
the idler gear, the drag torque, which has a decelerating effect on this part, and the
level of the torsional acceleration causing the stimulation. Torsional vibration can
also be induced in synchronizer rings and sliding sleeves within their clearance.
The real cause of this noise is the impacts when the loose parts encounter the
clearance limits. If they occur in the transmission’s neutral position, the phenome-
non is called gear rattle at idling speed, and if they occur in motion in a gear, it is
called traction or coast rattle or clattering. Figure 7.24 shows the possible vibra-
tion elements in form of gearwheels based on the example of two 5-speed trans-
mission.

Torsional vibration in the transmission shafts, which gives rise to these noises,
is caused by irregularities in engine speed due to the finite number of cylinders.
(See also Figure 5.16 “Internal combustion engine idling”.) Almost all measures
to improve fuel consumption and emission standards in internal combustion en-
gines cause irregular running. Noise from loose parts occur only under certain op-
erating conditions.

Gear-rattle at idling speed is particularly pronounced with direct-injected diesel
engines due to high excitation. Gearboxes rattle under power at low speeds. Be-
yond a certain degree of irregularity, coast rattle also occurs.

Neutral I 0 D D O Neutral
l_ == == |2

LAl

O /3 [ = —|:| D

Direct |E| D 5th gear _ O |:|
drive #

0

LN

5th gear |E| D I:l . )

Fixed gear Idler gear meshing
with fixed gear

Stationary Idler gear meshing

part with idler gear

77 Source of rattle

Fig. 7.24. Sources of rattle and clatter in coaxial and non-coaxial gearboxes
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The flanks of the gearwheels and the engaging gears of the current gear and of the
axle drive can also lift with very small traction or thrust loads, causing rattling
noise.

Rattling and clattering are kept to an acceptable level by minimising the back-
lash and restricting centre distance tolerances [7.11] as well as by measures to
unlink the torsional vibration of the engine from the transmission. But here again
economic constraints are soon encountered. A decisive factor in minimising rattle
and clatter is powertrain tuning [7.13, 7.32, 7.35], especially correct design of tor-
sion dampers in the clutch plate, dual mass flywheels and dampers, to keep the
torsional vibration amplitudes of the powertrain within certain limits in all operat-
ing situations.

3/ Clonk

In addition to low-frequency longitudinal jerking (about 2—8 Hz) of the vehicle as
a reaction to a sudden load change (load reversal, tip in — back out), higher fre-
quency, metallic-sounding noises (about 300-6000 Hz) occur, known as “clonk”,
that arise when the flanks of active components knock against each other [7.36].
For analysis, the complete powertrain from flywheel to hub must be taken into
consideration. Since the significant parameters — torsional backlash, moments of
inertia, rigidity and dampings — are either difficult or impossible to change, usu-
ally an optimisation is attempted by means of the diameter of the drive shafts, ri-
gidity characteristics of the engine mount or the clutch damper. Clonk can also be
positively influenced with the help of engine calibration, yet this results in some-
what less agile vehicle response characteristics.

4/ Shifting Noise

If the synchronizer is not functioning correctly, engagement noise will be audible
when shifting [7.14]. Torsional vibrations, especially from torsional backlashes in
the powertrain, can cause the sliding sleeve to mesh in the engaging gears of the
idler gear prematurely, before speeds have been synchronized. This then causes
grating or scraping noises. Other possible causes of this type of noise include con-
centricity deviation, pitch errors, tooth profile abnormalities and the shifting style
of the driver [7.1]. Engagement noises can, objectively speaking, be seen as a
mere comfort problem; however they can give customers the impression of lower
product quality.

5/ Bearing Noise

Bearing noise is normally barely perceptible. Noise only arises with tightly fitted
or damaged rolling bearings, increasing rapidly as the damage increases. The
character of these noises can provide evidence for an early structure-borne noise
damage diagnostics, which is being used more and more often in industrial trans-
missions. This noise phenomenon should thus be regarded rather in a positive
light, since a timely discovery helps to avoid secondary failures.
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6/ Specific Noises in Automatic and Continuously Variable
Transmissions

In the case of both automatic transmissions with various gear ratios and continu-
ous variable transmissions, we again encounter the same basic types of noises. Be-
cause of the high damping of the torque converter in a non lock-up condition, the
torsional vibrations of the engine penetrate to the corresponding gear pairs only in
a very weakened state, exciting them only slightly, so that audible rattling does not
occur. If the lock-up clutch is closed on the other hand, traction or coast rattling
can occur.

One noise phenomenon that often appears in automatic transmissions is oil
pump whine. Whine sounds coming from the actual gearbox toothing can even be
masked by this, only becoming noticeable if the pump level is reduced. The mask-
ing potential of whine sounds can be determined by formula or from diagrams
[7.41].

One of the main causes of noise in continuously variable transmissions is the
striking of the input belt against the discs, predominantly audible as whine. Exten-
sive research on designing the thrust link belt, the discs and their surfaces as well
as on the influence of speed and load are described in [7.20]. However, the oil
pump is also a dominant source of noise in the case of this gearbox design as well.

Idle drumming is another automotive noise phenomenon, not directly linked
with the transmission, that is often accompanied by strong vibrations in the vehi-
cle. This occurs if the gear selector lever is in the “D” or “R” position while this
vehicle is stationary. Because of the already relatively high torques transmitted
from the torque converter, the elastic rubber bearings of the engine mount can al-
ready reach their progression range, which leads to correspondingly high forces
being introduced into the car body. These forces can themselves excite structural
areas or sheet metal areas like the tailgate or the spare wheel trough, so that
strong, very unpleasant pressure fluctuations of 20 — 40 Hz occur inside the vehi-
cle [7.23]. Measures directed at transmission design include the implementation of
a so-called “neutral idle”, which reduces the initial loads on the engine mount by
partially opening the clutch. Other measures, such as increasing or reducing idle
speed if possible, or still other measures directed at the car body or involving the
use of dampers, are also in use. Regarding mechanical dampers for torque con-
verters, see Figures 10.37 and 10.38.

7.5.2 How Noise Reaches the Ear

The main source of noise is the flanks of the gearwheels. The level and character
of this noise is influenced in many different ways by the path it then takes to reach
the ear.

The high-level airborne noise generated within a normally sealed gearbox pro-
duces no significant level of noise outside since it does not have enough energy to
excite the housing significantly. The vibration of the gearwheel bodies is transmit-
ted to the shafts of the gearbox as structure-borne noise — directly in the case of
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fixed gears, and through the respective bearings in the case of idler gears. The in-
put and output shafts transmit the vibrations outside the gearbox. But most of this
vibration is transmitted to the housing through the shaft bearings. The bending vi-
brations of the shafts in particular excite the housing.

If the excitation frequency is close to a natural frequency of the housing, the vi-
brations are further amplified, and correspondingly high noise levels occur. Part of
the noise from the gearbox housing is radiated as airborne noise, and the rest is
transmitted as structure-borne noise to the body via the gearbox mounting (Figure
7.25). Drive shafts can also play an important role in transferring structure-borne
sound from the gearbox via the axle into the body. For this reason, they should not
be neglected in any noise path analysis, i.e. a calculation of the interior vehicle
noise to be expected including excitation and transfer paths.

The noise radiated by the gearbox is further influenced by the insulating char-
acteristics of the body, or, more rarely, by a special sound reduction shell. The dy-
namic behaviour of the engine-gearbox unit, the gearbox mounting and the car
body as a whole also have a significant effect on the intensity with which struc-
ture-borne noise is transmitted or damped. “Modal alignment” plays an especially
important role here, i.e. frequency-adjustment of the components among them-
selves with their system resonances while separating them as much as possible
from the excitation frequencies.

When developing new transmissions or improving existing vehicles, not only
the transmission itself has to be taken into account, but also the various routes the
noise takes and the ways of controlling this.

7.5.3 Assessment Criteria

The subjective perception of this noise by the driver, passengers and people out-
side the vehicle is crucial in assessing transmission noise.

When a vehicle is under development, improvement measures are frequently
evaluated by trained test drivers subjectively rating particular noise phenomena
[7.12]. One rating scale frequently used is the “ATZ Evaluation” (Table 7.5).

S

Body

) Xﬁ Source of noise
oooao QPassenger » Structure-borne
compartment noise
IZ> Airborne noise
oooon
Environment

Fig. 7.25. Passage of airborne and structure-borne noise




7.5 Developing Low-Noise Transmissions 271

Table 7.5. Evaluation table for transmission noise according to ATZ

Grade 1| 2 | 3 | 4 5 6 | 7| 8 | 9 |10
AttrlbuFe not acceptable border acceptable
evaluation case

slightly very .
Cu§tom§r very dissatisfied dissatis- pretty satis- outstgndmgly
satisfaction fied satisfied fied satisfied

The evaluation team must repeatedly compare their ratings to ensure reasonably
uniform and consistent evaluation. To this end, it is best to select a reference con-
dition or a reference vehicle with which one can always orient oneself. Noise can
also be recorded digitally with an “artificial head” to be replayed at a later time for
examination purposes.

Subjective judgement is, however, insufficient for a detailed analysis of causes.
Objective data is required to evaluate and exactly to compare developmental
measures for transmissions. Usually noise or vibration data is used, which can be
measured both under operational conditions as well as with synthetic stimulations.
Depending on stimulation and detection, the data can be further processed in mo-
dal, operational vibration or noise path analyses etc., thus providing valuable in-
formation.

It is helpful for many investigations to carry out a CAE-based analysis, e.g.
with FEM. The effect of improvements can be gained in a significantly faster way
than with prototype experiments. The requirement is that one owns a model that
has been experimentally validated. Because of the existence of many non-
linearities such as backlash, friction etc., this is not always the case. The applica-
bility and validity of CAE-models must therefore be carefully tested from case to
case.

Human hearing is sensitive not only to the energy level of the source, but also
very much to the frequency distribution of the noise. The frequency sensitivity of
hearing has been comprehensively studied for pure sounds (sinusoidal sound pres-
sure profile over time). The “A evaluation filter” is based on the results of these
investigations. The lower frequency range is given a lower weighting since hear-
ing is less sensitive to lower frequencies (Figure 7.26).

This evaluation function has been agreed internationally, and is very easy to
use, particularly since it is incorporated in all standard sound ranging equipment.
But unlike pure sound, transmission noise contains a mixture of many frequencies.
The A evaluation is therefore not necessarily applicable. More complex methods
of evaluation are needed, which, although known, are not widely used because of
their complexity in use. But if similar noises (i.e. noises with a similar spectral
distribution) are measured under the same conditions, the A evaluation levels can
be meaningfully compared.

The decibel unit is so configured that 1 dB roughly corresponds to the differ-
ence threshold of human hearing. When adding up the levels of several sound
sources, it is necessary to add the sound intensities of the individual sources,
which are proportional to the acoustic power.



272 7 Design of Gearwheel Transmissions for Vehicles

10 l/‘—\\
\ D
dB
I
0 —
T -10 yd - RN
3 KK N
g 1 ¢ B+C
2 20 < /
LS
©
5 -30
[e]
3/
B
-40
- A
-50
10 20 50 100 200 500 1000 2000 5000 Hz 20000

Frequency

Fig. 7.26. Frequency evaluation for sound pressure level. Curves for evaluation filters
A,B,Cand D

The total of two levels of equal volume is thus 3 dB more than that of the individ-
ual levels. The result is that when two levels with a difference of more than 6 dB
are added, the quieter one has practically no effect, since the total is less than 1 dB
more than the louder source alone.

Airborne sound is often measured in special chambers. A distinction is made
between anechoic chambers and reverberation chambers, which are used to suit
the particular measuring task. Anechoic chambers are used to simulate free field
conditions, reverberation chambers to simulate a sound field that is as equally dif-
fuse as possible.

Structure-borne sound is measured as well as airborne sound. Acceleration sen-
sors are usually used for this purpose, since they are simple to use and to attach to
the desired point on the gearbox. Of particular interest in the investigation of the
propagation of structure-borne sound are usually accelerations at interfaces, e.g.
the elastic mounting.

Frequency analysis is an important tool for analysing transmission noise, espe-
cially when allocating a noise component to a particular transmission component.
The gear pairs responsible for particular peaks in the noise spectrum can easily be
identified from the speeds of rotation and number of teeth. If the amplitude fre-
quency curves recorded at various fixed speeds are plotted sequentially over the
whole speed range of the transmission in the form of a waterfall or Campbell dia-
gram, natural vibrations can easily be distinguished from speed-related vibration.
This characteristic is clearly apparent in Figure 7.27.
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Fig. 7.27. Frequency analysis of noise from a truck gearbox. @ Maximum and mean noise
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It is clear that for example at frequencies of 1096 Hz (Figure 7.27c: X) and
1490 Hz (Figure 7.27c: Y) vibrations occur that are unrelated to rotational speed,
whereas the vibration patterns marked (1) and (2) are speed-related. Figure 7.27b
shows the noise level of the two salient lines 1 and 2, the “order cut” as a function
of speed. The curve shape is obtained by cutting along the order of particular in-
terest in the waterfall diagram and then looking vertically upon this sectional
plane. Along with maximum noise, the total level gives an indication of how
dominant the contribution of individual orders is. Figure 7.27a shows the maxi-
mum or average noise level as a function of frequency. From the wealth of infor-
mation provided by the measured time signals, we obtain, besides a frequency and
order analysis, parameters that describe certain signal characteristics [7.16].

Such signal parameters are normally used also for transmission quality control
as well as for monitoring transmission test benches [7.10, 7.33]. For this purposes,
structure-borne sound signals are almost always evaluated that can be measured
with acceleration sensors on the housing. Evaluation is performed in both time and
frequency ranges and is concentrated mostly on analysing the gear orders and their
harmonics. A combination of parameters leads to an accurate diagnostics.
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7.5.4 Countermeasures

The development objective “low-noise transmission” has to be considered right
from the planning and design stage of a new transmission, because it is considera-
bly more difficult and expensive effectively to reduce the noise emissions of an
existing unit [7.22]. For this reason, so-called target setting is carried out already
in the concept phase. Here, target values both for excitation and for transfer are set
in order to obtain a certain level of interior vehicle noise. There is also an analo-
gous process for exterior noise or vibrations perceptible to the driver. This is

shown schematically in Figure 7.28.

A distinction can be made between active measures to reduce the generation of
noise, and passive measures affecting its propagation (Table 7.6). Active measures

thus only ever affect a particular type of vibration or noise.
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Noise & vibrations
transfer functions

- Body modes
(global & local)
- Local rigidities

Forces on bearings
powertrain & chassis

- Powertrain modes
- Chassis modes
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Fig. 7.28. Target setting process in concept phase of vehicle development
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Active measures to reduce the vibrations of power-transmitting gear pairs affect
the geometry and production quality of the toothing. A large transverse contact ra-
tio and overlap ratio (high-contact gearing and helical gearing) reduces the irregu-
larity of the resultant tooth rigidity and moderates the meshing impact.

The meshing interferences due to load and consequent deformation are reduced
firstly by profile corrections (tip relief, transverse crowning), and secondly by
making gear bodies, shafts, bearings and housings as rigid as possible and separat-
ing their natural frequencies to prevent excessive dynamic deformation. The pro-
duction quality of the toothing is the main factor in rolling contact noise. The
speed the transmission runs at has a major effect on the noise emitted by the gear-
wheels under load, but the load itself has little effect. But neither of these operat-
ing parameters can usually be changed.

Table 7.6. Active and passive measures for reducing transmission noise

Active measures/reduction of noise generation
Internal | External

Vibration of gearwheels under load

Toothing geometry: Operating status

— Helical gears (g, + e3> 2.5) (cannot generally be changed):
— High contact gearing (g, > 2, not: 2.5) — Speed

— Profile correction (tip relief) — Torque

— No integral gear ratios

Toothing quality:

— Tolerances (IT 7 to IT 4)

— Machining processes:
grinding, shaving, honing (surface)

Loose part vibration

— Backlash constriction Reduce transmission shaft torsional

— Arrangement of idler gears vibration:

— Synchronizer type — Decouple engine: torsion damper in

— Drag torque increase clutch plate or dual mass flywheel

— Direct measures: — Reduction of resonance rise by
bracing idler gears or synchronizer dampers

rings (e.g. mechanical or magnetic)

Passive measures/reduction of sound propagation

Reduce structure-borne sound within the transmission:

— Bearings and bearing support

Reduce housing vibration:

— Housing design (ribbing)

— Housing material

Reduce transmission of structure-borne sound to bodywork:

— Concept of transmission and engine mounting

— Separation of excitation frequencies and natural system frequencies

— High isolation using a very flexible mounting and a high dynamic connection
stiffness to bodywork

Encasing the transmission
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The extent of loose part vibration is affected by three parameters in the transmis-
sion itself. The backlash and the moments of inertia should be as small as possible,
and the drag torque on the individual loose parts should be as large as possible.
Since there are many functional constraints, like functioning of the transmission at
low ambient temperatures, high efficiency etc., there is little potential for noise re-
duction here. Rattling and clattering can be significantly reduced, or even elimi-
nated, if the amplitude of the torsional vibrations of the transmission shafts is re-
duced accordingly. If engine irregularity is decoupled, this creates great potential
for noise reduction.

It is not yet possible to offer an universal prescription as to how to reduce shift-
ing noise; each transmission requires individual matching and tuning. Apart from
synchronization components themselves, the dynamic behaviour of the whole
powertrain during gearshifting must be considered.

Passive measures in the gearbox relate in particular to the transmission of struc-
ture-borne sound through the shafts from the gear teeth to the housing. An isola-
tion element (rubber) as soft as possible should be used as low-pass filter for the
high-frequency vibrations, without there being any unacceptable deformation un-
der load. The design of the gearbox housing is of particular importance. Noise-
intensive forms of natural vibration in the transmission walls must be avoided.
Stiffening measures should involve tak